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Demand for the use of energy systems, entailing high efficiency as well as availability to
harness renewable energy sources, is a key issue in order to tackling the threat of global
warming and saving natural resources. Organic Rankine cycle (ORC) technology has
been identified as one of the most promising technologies in recovering low-grade heat
sources and in harnessing renewable energy sources that cannot be efficiently utilized by
means of more conventional power systems. The ORC is based on the working principle
of Rankine process, but an organic working fluid is adopted in the cycle instead of steam.

This thesis presents numerical and experimental results of the study on the design of
small-scale ORCs. Two main applications were selected for the thesis: waste heat re-
covery from small-scale diesel engines concentrating on the utilization of the exhaust gas
heat and waste heat recovery in large industrial-scale engine power plants considering
the utilization of both the high and low temperature heat sources. The main objective
of this work was to identify suitable working fluid candidates and to study the process
and turbine design methods that can be applied when power plants based on the use of
non-conventional working fluids are considered. The computational work included the
use of thermodynamic analysis methods and turbine design methods that were based on
the use of highly accurate fluid properties. In addition, the design and loss mechanisms in
supersonic ORC turbines were studied by means of computational fluid dynamics.

The results indicated that the design of ORC is highly influenced by the selection of the
working fluid and cycle operational conditions. The results for the turbine designs in-
dicated that the working fluid selection should not be based only on the thermodynamic
analysis, but requires also considerations on the turbine design. The turbines tend to be
fast rotating, entailing small blade heights at the turbine rotor inlet and highly supersonic
flow in the turbine flow passages, especially when power systems with low power outputs
are designed. The results indicated that the ORC is a potential solution in utilizing waste
heat streams both at high and low temperatures and both in micro and larger scale appli-
cations.

Keywords: organic Rankine cycle, working fluid selection, waste heat recovery, turbine
design, supersonic flow
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1 Introduction

This thesis work has been carried out as a part of the research projects on organic Rankine
cycle (ORC) technology at Lappeenranta University of Technology (LUT). The labora-
tory of Fluid Dynamics at LUT has a long history of the research on high-speed turboma-
chinery. Several research projects and test setups have been realized during the years on
high-speed turbines, compressors, refrigeration machines, and ORC power plants. The
high-speed technology concept allows the design of compact and maintenance free pro-
cesses that are completely hermetic. Several dissertations and research papers have been
published in the field of high-speed technology, presenting the main findings on the nu-
merical and experimental work done on turbine and compressor research for different
applications. The results presented in this thesis are a continuation of the research on
ORC power plants adopting high-speed turbogenerator technology.

The growing concerns on the negative environmental impacts of energy production sys-
tems based on the use of fossil fuels have been increasing during the last decades. The use
of renewable energy sources and the production of carbon neutral energy can be identi-
fied as potential solutions, in tackling the problems related to the threat of global warming.
Systems based on ORC have been identified as a potential candidate in small-scale and
low-temperature energy systems in producing electricity with minor environmental im-
pacts. The working principle of ORC power plants is based on the conventional Rankine
process, but an organic substance is adopted in the cycle instead of steam. The ORC tech-
nology has been proven successful in geothermal power, small biomass power plants, as
well as in small-scale and low-temperature waste heat recovery applications, such as the
exhaust gas heat recovery from reciprocating engines and gas turbines and in the utiliza-
tion of low grade industrial waste heat (Schuster et al., 2009; Tchanche et al., 2011).

This thesis presents the main findings of studies on implementing the ORC technology
to recover waste heat streams of existing prime movers. Two main applications were se-
lected for the study: the exhaust gas heat recovery from small-scale diesel engines that can
be found in numerous applications such as remote stationary power systems and mobile
vehicles and the heat recovery from industrial-scale power plant engines. The selection
of the studied applications was based on the literature review and knowledge gained from
the industrial partners that have been participating in the research projects. The objectives
of this study can generally be divided into four parts:

1) To identify potential working fluid candidates for the studied waste heat recovery appli-
cations and to discuss the effect of working fluid selection on the design and optimization
of ORCs.

2) To study the design of micro-scale ORCs adopting high-speed turbogenerator technol-
ogy.

3) To study the design and loss mechanisms of supersonic radial turbines, adopting high



16 1 Introduction

molecular complexity working fluids.

4) To study the potential of the exhaust gas and charge air heat recovery in industrial scale
power plant engines.

The structure of the thesis is as follows: Chapter 2, Organic Rankine Cycle, describes the
main principles and features of ORC power systems and shortly presents the most com-
mon ORC applications, cycle configuration options, as well as the special features related
to the design of ORC turbomachinery based on a literature review. Chapter 3, Numeri-
cal methods, presents the numerical methods used in this thesis work in the design and
modelling of ORC power systems, as well as the methods used in the turbine design and
computational fluid dynamics (CFD) flow analysis. Chapter 4, Study on dry ORC work-
ing fluids, presents the main results of a study on special features related to the use of
fluids from different fluid groups that have been identified as suitable in ORC systems as
well as discusses the effect of critical temperature of the fluid on the ORC design. In addi-
tion, the main results of a simplified radial turbine design with different working fluids as
a function of turbine power are presented. Chapter 5, Siloxanes as working fluids in mini
ORC systems, discusses the use of siloxanes as working fluids in micro-scale ORC pro-
cesses adopting high-speed turbogenerator technology for waste heat recovery in small
diesel engines. Chapter 6, Radial turbine design for a micro-ORC test setup, presents
a detailed design and flow analysis of a supersonic small-scale ORC turbine, adopting
working fluid with high molecular complexity. Chapter 7, Waste heat recovery of large
scale reciprocating engine, presents the main results of a work aiming to study the heat
recovery potential in industrial scale reciprocating engines as well as presents the experi-
mental results for the charge air heat utilization by means of an experimental ORC setup.
Chapter 8, Summary and recommendations, summarizes the main findings presented in
this thesis as well as contains recommendations and suggestions for the future research.

The literature review has been carried out solely by the author. The numerical work pre-
sented in this thesis has been carried out by the author, including the thermodynamic
calculations, turbine design calculations, and the CFD calculations. The thermodynamic
analysis tool and the turbine design tool have been developed at LUT, and they were fur-
ther modified for the current study by the author. The measurements presented in Chapter
7 were carried out at the Technical Research Centre of Finland (VTT) and were not made
by the author. The post processing of the experimental results has been carried out by the
author and Juha Honkatukia.

The first scientific contribution of this work is to provide knowledge on the selection
of suitable working fluids for small-scale ORCs adopting turbine technology and high-
light the most important aspects in the design of small-scale high-expansion ratio radial
turbines for ORC applications. The second scientific contribution of this work is the nu-
merical and experimental work on studying the utilization of different waste heat streams
by means of ORC in industrial-scale engine power plants.
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2 Organic Rankine Cycles

2.1 Working principle

Power conversion systems based on the conventional Rankine process are a widely im-
plemented technology in different types of power plants. However, the use of steam as
the working fluid may not be feasibe if the power level is low or if the temperature level
of the process is low, mainly due to the difficulties related to the turbine design and ob-
tainable efficiency with steam (Larjola, 1995). When adopting organic fluids instead of
steam the low temperature heat streams can be utilized more efficiently, if the turbine inlet
temperature level is below approximately 400 oC or if the power level is below 1 MW -
2 MW(Angelino and Moroni, 1973; Larjola, 1995; Hung et al., 1997). Working fluids
can be divided into three categories, based on the shape of the saturated vapor line in a
temperature-entropy diagram. Fluids having a positive slope (dT /ds) can be identified as
dry fluids, fluids with a nearly infinitely large slope as isentropic fluids, and fluids having
a negative slope as wet fluids (Hung et al., 1997). Examples of the saturation vapor line
of a wet, an isentropic, and a dry fluid are presented in Figure 2.1.

Figure 2.1: Examples of a wet, an isentropic, and a dry fluid in a T ,s-diagram.

The main components of a simple ORC are the evaporator, expander, condenser, and a
feed pump. The ORC expander can be a turbine (Angelino et al., 1984; Larjola, 1995)
or an expander classified as a volumetric expander, namely a screw (Wang et al., 2011),
a piston (Seher et al., 2012), or a scroll expander (Lemort et al., 2009; Quoilin et al.,
2010). If a working fluid having a dry expansion is used in the process, and thus, the
working fluid vapor exits the expander at a superheated state, a recuperator can be used to
improve the cycle efficiency. The recuperator is an internal heat exchanger in which the
liquid working fluid entering the evaporator can be preheated by using the superheated
vapor exiting the expander (Angelino et al., 1984). A simplified process flow diagram
of a typical ORC process, having a recuperator, is presented in Figure 2.2. A simplified
T ,s-diagram of a subcritical ORC process, having a saturated expander inlet state, is pre-
sented in Figure 2.3a, a slightly superheated ORC process is presented in Figure 2.3b and
a supercritical process in Figure 2.3c.
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Figure 2.2: Simplified ORC process flow diagram.

(a) (b) (c)

Figure 2.3: Examples of a subcritical saturated (a), subcritical and slightly superheated (b), and
supercritical (c) ORC process in a T ,s-diagram.

2.2 Literature review

The most common ORC applications, most relevant studies on ORC working fluids, cycle
configuration options, and the special features related to the design of ORC turbomachin-
ery are presented and discussed in this section based on a literature review on the ORC
technology.
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2.2.1 Applications

Probably the first commercial ORC applications were designed for remote power stations
(Bronicki, 1988) in the 1960s. These units were based on high speed turbogenerators
having a power output of only a few kW (Bronicki, 1988). Following the small power
stations, large-scale geothermal power plants using organic fluids were becoming more
popular and commercially successful, and currently there are about 1000 MW installed
geothermal power based on ORC technology or on a combination of ORC and steam pro-
cess (Bronicki, 2008). In the recent years, the largest number of installed ORC power
plants have been biomass power plants, having a power output in a range from 0.5 MW
to 2.5 MW, and in Europe, over 100 biomass ORC power plants are currently operating
(Bini et al., 2010). Combined heat and power (CHP) plants are common solutions in
biomass ORC applications (Bini and Manciana, 1996). Based on the reviews on ORC
technology carried out by Tchanche et al. (2011) and Schuster et al. (2009), biomass
and geothermal power plants are the most commercially mature ORC applications. Other
potential ORC applications can be found in the solar power (Tchanche et al., 2011) and
waste heat recovery applications, such as the heat recovery of gas turbines (Invernizzi
et al., 2007; Chacartegui et al., 2009) and reciprocating engines (Bombarda et al., 2010;
Vaja and Gambrotta, 2010) as well as the waste heat recovery in the energy intensive oil
and gas, steel, cement, and glass industry (Campana et al., 2013). The relevant literature
related to the waste heat recovery of gas turbines and reciprocating engines will be dis-
cussed in more detail later in this section.

More novel applications implementing ORC technology can also be identified. Angelino
and Invernizzi (1993) studied the possibility of using the ORC technology in space power
cycles. Angelino and Colonna (2000a and 2000b) studied and discussed the use of ORCs
in recovering the waste heat of molten carbonate fuel cells. Khristenko (1961) studied the
possibility of using organic fluids as the working fluid in nuclear reactors. Another inter-
esting idea, which has been studied more recently, is related to the ocean thermal energy
conversion (Straatman and van Sark, 2008; Bombarda et al., 2013; Yang and Yeh, 2014).
The system working principle is based on the utilization of the temperature gradient be-
tween the ocean surface and bottom to produce electricity by means of a Rankine cycle.
This type of power system can be identified as a source of clean energy, but on the other
hand, the system represents a very low electric efficiency, due to the small temperature
difference between the heat sink and the heat source (Tchanche et al., 2011). In addition,
recently published research papers by Bracco et al. (2013) and Qui et al. (2012) show
increasing interest towards the use of small-scale ORCs as domestic power units. The use
of micro-scale Rankine cycles in utilizing the exhaust gas and the heat from the engine
cooling system in automotive applications, such as heavy duty trucks, has been recently
studied, and different technical solutions, working fluids, and cycle configurations have
been suggested(Wang et al., 2011; Seher at al., 2012; Lang et al., 2013; Sprouse and De-
pcik, 2013).
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2.2.2 Working fluid selection and process design considerations

Several studies have been carried out to study the use of different working fluids and
optimal working parameters for different ORC applications. Hung et al. (1997) studied
several working fluid candidates for recovering waste heat. They concluded that the shape
of the saturation vapor curve of the fluid has a large effect on the system design and per-
formance. They also concluded that the cycle efficiency is a weak function of the turbine
inlet temperature, but an increase of superheating at the turbine inlet will not result in a
significant increase in the cycle efficiency in all the cases. Saleh et al. (2007) studied the
use of 31 working fluids for low-temperature organic Rankine cycles including alkanes,
fluorinated alkanes, ethers, and fluorinated ethers. They studied the use of different work-
ing fluids in a low-temperature application, concentrating on temperature levels typical
to geothermal heat power plants, and the maximum temperature of the working fluid was
limited to 100 oC in their study. Both subcritical and supercritical pressure level processes
were studied. They concluded that when using fluids having a dry expansion, a decrease
in the process thermal efficiency can be observed by superheating the fluid.

Liu et al. (2004) studied the influence of using different working fluids in ORCs. Their
results showed that the cycle thermal efficiency for various working fluids is a weak func-
tion of the critical temperature of the fluid and the use of fluids having a hydrogen bond in
certain molecules, such as water, ammonia, and ethanol, results in a wet expansion and are
regarded as inappropriate for ORC systems. Chen et al. (2010) studied 35 working fluids,
including wet, isentropic, and dry fluids for ORCs including supercritical cycles. They
concluded that the selection of working fluid has a significant impact on the obtainable
cycle performance, and their study indicated that the fluids categorized as isentropic or
dry are preferred in ORCs. According to their study, the working fluids can be evaluated
based on several criteria, such as the thermodynamic and physical properties, stability
and compatibility, environmental impacts, safety, and availability, as well as cost. Their
conclusion was that no single fluid could be identified that would meet all the discussed
criteria for cycles utilizing different heat sources with different temperature levels.

Angelino and Colonna (1998) studied the use of siloxane mixtures as working fluids in
ORCs. They concluded that by using a working fluid mixture instead of single fluid the
working fluid can be better matched to the heat source in the evaporator and to the heat
sink in the condenser because of the non-isothermal phase change. Schuster et al. (2010)
carried out a study on supercritical ORCs. Their results showed that by using supercritical
fluid conditions a higher cycle efficiency can be obtained when compared to a subcritical
cycle. Karellas et al. (2012) studied the design of heat exchangers for supercritical ORCs.
They presented a method to calculate and design heat exchangers for supercritical fluid
conditions and concluded that experimental studies are necessary to validate the presented
method because the heat transfer mechanisms with fluid conditions near the critical point
are relatively unknown.

Quoilin et al. (2011) studied both the thermodynamic and economic optimization of a
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small-scale ORC for an application recovering waste heat. The studied working fluids
were R245fa, R123, n-butane, n-pentane, R1234yf, and Solkatherm. Their results showed
that using different objective functions, mainly optimizing with respect to the economics
or cycle thermodynamic efficiency, will lead to different optimal working conditions for
the same fluid. They concluded that a thermodynamic optimization can give a good idea
of the best working fluids for the application, but the thermodynamic optimization will
not necessarily lead to the selection of the optimal working fluid in terms of economics.
Madhava Hettiarachi et al. (2007) studied the use of ammonia, HCFC123, n-pentane, and
PF5050 as potential working fluids for a geothermal application. They suggested a design
criteria based on the ratio of heat transfer area needed in the process to the net power
produced since they suggest that this ratio can be used as a suitable measure in evaluating
the total power plant cost. Their results show that the selection of working fluid has a sig-
nificant impact, not only on the power output but also on the power plant cost. Branchini
et al. (2013) presented six ORC performance indexes that they suggested being benefi-
cial when designing ORC systems. The presented performance indexes were namely the
ORC cycle efficiency, ORC specific work, volumetric expansion ratio over the turbine,
ORC working fluid to heat source fluid mass flow ratio, and recovery efficiency, as well
as the heat exchanger surfaces of the ORC. They suggested that these indexes could be
used in the design of ORC processes in terms of both the performance and economics.

One interesting working fluid group can be identified as siloxanes. Fernandez et al. (2011)
studied the use of siloxanes in high-temperature ORC applications. The analysis in-
cluded saturated and superheated, subcritical, and supercritical cycles adopting linear and
cyclic siloxanes as the working fluids. They concluded that the simple linear siloxanes
MM (hexamethyldisiloxane, C6H18OSi2) and MDM (octamethyltrisiloxane, C8H24O2Si3)
show high efficiencies and ensure the thermal stability of the working fluid in the saturated
and regenerative cycles. They also concluded that the low condensing pressure, when us-
ing siloxanes D5 (decamethylcyclopentasiloxane, C10H30O5Si5), D6 (dodecamethylcyclo-
hexasiloxane, C12H36Si6O6), and MD2M (decamethyltetrasiloxane, C10H30O3Si4), makes
these fluids more suitable in cycles having high condensing temperatures. In most of
the biomass ORC processes, siloxane MDM is used as the working fluid (Drescher and
Brüggeman, 2007). The use of siloxanes as working fluids have also been considered in
several studies for different applications including space power cycles (Angelino and In-
vernizzi, 1993), the heat recovery in molten carbonate fuel cells (Angelino and Colonna,
2000a; Angelino and Colonna, 2000b) and the exhaust gas heat recovery from micro-gas
turbines (Invernizzi et al., 2007).

Despite a large number of studies concerning the working fluid selection for ORC cycles,
no single fluid can be identified as the most suitable one for all the ORC applications.
The working fluid selection is highly dependent on the considered application, power
scale, heat source temperature level, and the heat sink temperature level. The objective
of the optimization can result in the selection of different optimal fluids depending on
whether the fluid selection is based on maximizing the cycle power output, environmental
considerations, or economics.



22 2 Organic Rankine Cycles

2.2.3 Studies on waste heat recovery by means of ORC from diesel and gas engines
and gas turbines

Sprouse III and Depcik (2013) reviewed the literature related to studies on heat recovery
of diesel engines by means of Rankine cycles. They summarized that the Rankine pro-
cesses using steam or organic fluids have been more attractive in the waste heat recovery
applications when compared to the Brayton, Stirling, Kalina, and supercritical CO2 cycles
because the Rankine cycles are relatively simple, representing comparably high efficiency
and low component costs. They concluded that the high fuel prices and concerns about the
environmental impacts led to the first studies on using the ORC technology in improving
the energy efficiency in cars and long haul trucks. They also concluded that the recently
published research papers, sponsored by large companies, are showing a renewed interest
towards the use of this type of waste heat recovery systems(Sprouse III and Depcik, 2013).

Angelino and Moroni (1973) made one of the first studies on recovering waste heat of
different prime movers. They concluded that by using an organic fluid instead of steam,
a larger amount of heat can be extracted to the waste heat process when a relatively low-
temperature exhaust gas stream is used as the heat source. They estimated that by using
the ORC as a bottoming cycle it is possible to generate 12 % additional power, and their
results showed that the combined cycle efficiencies around 47 % could be achieved from
low-speed diesel engine when a waste heat recovery system was added.

More recent studies on utilizing waste heat from large-scale engines have been carried
out by Bombarda et al. (2010) as well as by Vaja and Gambrotta (2010). These stud-
ies have concentrated mainly on the utilization of the exhaust gas heat. Bombarda et al.
(2010) carried out a study comparing ORC and Kalina processes utilizing exhaust gas heat
streams from two 8.9 MW diesel engines. Their results showed that the ORC technology
has certain advantages in this kind of applications due to lower pressure levels, simpler
turbine, and less corrosive fluids when compared to Kalina cycles. The thermodynamic
efficiencies of the Kalina and ORC processes obtained from the simulations were compa-
rably similar. The electrical power produced using the Kalina cycle was 1615 kW, while
using the ORC, a power output of 1603 kW was achieved. The electrical efficiency of
the studied diesel engine was 46.0 % without a bottoming cycle, and the electrical effi-
ciencies of 50.2 % and 50.1 % were obtained when using the Kalina cycle and the ORC
as the bottoming cycle, respectively. The working fluid used in the ORC was siloxane
MM, and a recuperator was used. According to their study, also the heat streams from
jacket cooling water, charge air, and lube oil system are available, but no further analy-
sis utilizing these low-temperature heat sources was conducted. The waste heat recovery
from a natural gas-fired medium-speed engine was studied by Vaja and Gambrotta (2010).
The electrical power of the studied engine was 3 MW, the exhaust gas temperature was
about 470 ◦C, and the rated electrical efficiency of the studied engine was 41.8 %. It was
evaluated that there was a capacity of 1700 kW available by cooling the exhaust gases
to 120 ◦C and approximately 1000 kW from the engine cooling water. Three different
ORC cycle configurations were adopted to utilize the waste heat streams. First, using a
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simple ORC cycle utilizing exhaust gases only; second, using a simple ORC cycle with
the engine cooling water implemented to preheat the organic fluid; and third, using an
ORC cycle with a recuperator utilizing exhaust gases only. Also three different working
mediums were studied; namely benzene, R11, and R134a. They concluded that it was
possible to achieve a significant efficiency increase using the ORC as a bottoming cycle.
The highest electrical efficiency, 47.1 %, was achieved using benzene as a working fluid,
and using the ORC cycle with a recuperator or the ORC cycle with preheating. Another
conclusion was that the use of preheating leads to a simpler heat exchanger compared to
the use of a recuperator.

The waste heat recovery in small-scale engines has been studied recently as well. Wang
et al. (2012) studied a dual-loop ORC process having two waste heat recovery cycles.
The studied engine was a four stroke gasoline engine having a power output of 130 kW.
First, using the exhaust gas heat in high temperature ORC loop using R245fa as working
fluid, and second, utilizing the low-temperature heat of the engine coolant by using R134a
as the working fluid. Their results indicated that 9.6 kW net power output was obtained
from the exhaust gas heat and 26.4 kW was obtained from the engine cooling system.
Srinivasan et al. (2010) studied the exhaust gas heat recovery using ORC. They used test
data available from a 1-cylinder dual-fuel test engine where supercharging was simulated
using compressed air and exhaust gas pressure regulation. A simple ORC cycle (without
a recuperator) was studied using R11 as a working fluid. Simulations were performed
using different injection timing and exhaust gas recirculation levels, and an average of
20 % increase on the total power output was noticed when using the ORC. Seher et al.
(2012) presented a study on the exhaust gas heat recovery system for commercial vehi-
cles and considered the potential working fluids and expander types. Both the production
of the mechanical power and the electrical power were considered, and an experimental
study was conducted for a system having a piston expander and for a system having a
turbine. Based on their results they concluded that the most favorable system consists
a piston expander using water or ethanol as the working fluid or a turbine using ethanol
as the working fluid. They considered the use of siloxane MM, toluene, and R245fa as
unfeasible in the system when using a piston expander because the volumetric flow rate
of these fluids is high and would lead to a large sized and low efficiency piston expander.

Waste heat recovery of high efficiency gas turbines by means of ORCs was studied by
Chacartegui et al. (2009), and their results showed that the ORC technology is a potential
technology in utilizing the exhaust gas heat from gas turbines, especially if the exhaust
gas temperature is relatively low. They considered toluene and cyclohexane as the most
potential fluids based on the obtained cycle efficiency. The study estimated that this type
of combined cycle would be economically interesting for medium- and large-scale power
plants if the capital cost of gas turbine would be under 350 C/kW and the capital costs
of ORC system would be under 2000 C/kW. Waste heat recovery from a micro-scale gas
turbine was studied by Invernizzi et al. (2007). The electric power output of the studied
micro gas turbine was 100 kW, and the exhaust gas temperature level was in range from
250 ◦C to 300 ◦C. Several fluids were considered, including siloxanes and hydrocarbons.



24 2 Organic Rankine Cycles

They noticed that the thermodynamic efficiency of the ORC increased as the molecular
complexity of the working fluid increased, but on the other hand, the higher molecular
complexity led to higher exhaust gas outlet temperatures, and thus, a lower amount of heat
could be extracted from the heat source. Therefore, it was recommended to use working
fluids with a rather low molecular complexity. Invernizzi et al. (2007) also discussed the
preliminary design of an ORC turbine for the heat recovery application. The designed
turbine was a 40 kW two-stage axial turbine, and hexamethyldisiloxane (MM) was used
as the working fluid. It was also roughly estimated in their study that by adding the ORC
as a bottoming cycle, the specific cost of the system increased from 1200 C/kW to 1600
- 1800 C/kW when the specific cost of the ORC was estimated to be in the range from
2500 C/kW to 3000 C/kW.

2.2.4 Studies on micro-scale ORC power cycles

The interest towards small-scale ORC systems has been increasing in the recent years.
Wang et al. (2011) carried out a study on a 10 kW ORC system having a screw expander
and designed for a waste heat recovery application. They considered eight different fluo-
rocarbons and butane as potential working fluid candidates. Based on their study, R245fa
and R245ca were considered as the most suitable working fluids for the studied systems,
if in addition to the cycle performance, safety aspects as well as environmental issues
are considered. They estimated the ORC system cost based on existing air conditioning
systems and relevant engine components of a passenger car and concluded that a specific
price of less than 100C/kW can be achieved in a case of mass production and a simple
cycle configuration. Leibowitz et al. (2006) discussed the use of screw expanders in small
scale ORCs having a power output in the range from 20 kW to 50 kW. They suggested
that the use of screw expanders can bring certain benefits when compared to small scale
turbines, such as lower rotational speed, the availability of directly coupling the expander
into a generator, as well as a higher efficiency in small scale applications. They also con-
cluded that the specific price of the commercial system would be in the range from 1500
$/kW to 2000 $/kW.

Kang (2012) carried out an experimental study on an ORC having a high speed radial
turbine and high speed generator coupled directly into one shaft without a gear box and
having a rotational speed of 63 000 rpm. The system used refrigerant R245fa as working
fluid, and the evaporation temperature of the working fluid was in the range from 70 oC
to 90 oC. The measured power output of the system was 32.7 kW, and the achieved tur-
bine efficiency of 78.7 % was rather high for a small-scale ORC system. More recently,
Borsukiewicz-Gozdur (2013) and Klonowicz et al. (2014) carried out an experimental
study on a small-scale ORC system using refrigerant R227ea as the working fluid, and
the system utilized low-temperature district heating water as a heat source. The system
included a hermetic turbogenerator having a power output of 9 kW-10 kW and the de-
signed turbine was a partial admission axial turbine. Based on the measurements, the
electric efficiency of the turbogenerator of less than 60 % was achieved including the
losses in the turbine and in the generator.
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Qiu et al. (2012) carried out an experimental study aiming at designing a domestic-
scale ORC process using biomass as a heat source and producing both thermal power
and electricity. They used HFE7000 and HFE7100 as working fluids in the experimental
setup and the process expander was modified from a vane type compressor. The system
produced 900 W electric power and 47 kW of thermal power showing a CHP efficiency
of 78.7 %. The main reasons for the low electric power output were the low efficiency of
the expander, alternator, and boiler, and the large losses in the other process components.
More recently, Brocco et. al (2013) carried out an experimental study on a small-scale
ORC for domestic power production. The working fluid was R245fa, and the system had a
scroll expander, which was derived from a commercial compressor, and an electric boiler
was used instead of an external heat source to evaporate the liquid. The system reached
a global electric efficiency of 8 % despite the fact that most of the process components
were not optimized.

2.2.5 Special features of ORC turbines

In this study, ORC processes adopting turbines are mainly considered. The low enthalpy
drop over the turbine and a large volumetric flow rate at the turbine outlet enable the use
of turbines with relatively simple geometries when compared to conventional steam tur-
bines (Macchi, 1977; Verneau, 1987; Larjola, 1995). Another advantage is that the most
of the organic fluids remain at superheated state along the expansion, and therefore, there
is no risk of liquid drops damaging the turbine (Liu et al., 2004). The turbines used in the
existing ORC power systems are typically axial turbines (Jokinen et al., 1998; Colonna
et al., 2006a) or radial inflow turbines (Larjola, 1995; van Buijtenen et al., 2003; Kang,
2012). Studies on the possibility of using multistage radial outflow turbines have been
carried out recently, for example by Pini et al. (2013) since the multistage radial outflow
arrangement allows to have lower rotational speeds when compared to the conventional
axial and radial inflow flow arrangements. Another advantage related to the use of radial
outflow arrangement is that the flow remains subsonic if a large number of turbine stages
are adopted and large pressure ratios over the turbine can be achieved (Pini et al., 2013).

Macchi and Perdichizzi (1981) carried out a study on the design principles of axial tur-
bine stage when nonconventional working fluids are adopted. They proposed that the
efficiency of the turbine stage can be predicted based on three parameters, namely the
ratio of volumetric flow rate at the inlet and outlet of the turbine, which takes into account
the compressibility effects, the relation between the volumetric flow at the turbine outlet
and isentropic enthalpy change in the turbine, √qv,out/∆h

1/4
s , which takes into account

the actual turbine dimensions, and the turbine specific speed Ns. Their results indicated
that the effects of compressibility become very important for stages having a high pressure
ratio and the stage efficiencies are low when adopting high pressure ratios. The turbine
volumetric flow rate ratio between the outlet and inlet of the turbine can vary largely,
depending on the selected fluid and the temperature level. According to Macchi (1977),
values for volumetric flow rate ratio as low as five can be found in low-temperature ORC
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applications and values as high as 200-300 can be found in high-temperature ORC appli-
cations. The two main difficulties related to turbines having high expansion ratios are the
high relative Mach numbers at the turbine rotor inlet as well as large rotor blade height
variations between the rotor inlet and outlet (Macchi, 1977). In ORC processes adopting
high pressure ratio over a single turbine stage, zero reaction turbines are not feasible be-
cause of the large pressure ratio over the turbine stator, highly supersonic flow, and large
relative Mach number at the turbine rotor inlet (Macchi, 1977). If 50% reaction turbines
are considered, significant changes in the turbine rotor blade height and flow area are
needed because of the large change in the volumetric flow rate from the turbine rotor inlet
to rotor outlet (Macchi, 1977). Thus, the degree of reaction r is recommended to be 0 <
r < 0.5. The degree of reaction can be defined by dividing the isentropic enthalpy change
in the turbine rotor by the total isentropic enthalpy change over the turbine stage.

Verneau (1987) presented experimental results for two 50 kW ORC turbines, using FC
75 as the working fluid. The total pressure ratio of the turbine was about 150, and the
first design was a supersonic two-stage axial turbine. The second design was a single
stage turbine having a pressure ratio of 150. Their test results showed that relatively high
total to static efficiencies in the range from 70 % to 80 % were achieved for both the
two-stage and single-stage turbine. The turbine design presented by van Buijtenen et al.
(2003) showed reasonably good performance in test runs, despite the large pressure ratio
of about 120 over a single-stage radial turbine.

In many ORC systems adopting turbines, despite the moderate flow velocities in tur-
bine flow passages, the flow tends to be supersonic since most of the organic fluids are
characterized by a low speed of sound. This leads to losses related to the occurrence
of oblique shock waves and their reflections in the turbine flow passages (Hoffren et al.,
2002; Colonna et al., 2006a; Harinck et al., 2010). Methods to improve the design of
supersonic ORC stators have been developed in the recent years, for example by Harinck
et al. (2013), presenting a turbine optimization method based on automated CFD design.
Their results indicated that by bending and turning the stator flow channels the losses
caused by the occurrence of oblique shock waves can be reduced significantly (Harinck
et al., 2013).

One important parameter when designing turbine flow channels using organic fluids with
high molecular complexity can be identified as the fundamental derivative of gas dynam-
ics. The fundamental derivative of gas dynamics relates to the molecular complexity of
the fluid and can be used to classify the gas dynamic behavior during the expansion (Har-
inck et al., 2009; Guardone et al., 2013). The fundamental derivative of gas dynamics
is a quantitative measure of variation of the speed of sound to the specific volume in an
isentropic expansion and can be defined as

Γ = 1− v

a
(
∂a

∂v
)s. (2.1)

Fluids having Γ > 1 and hence (∂a/∂v)s < 0 in the vapor region can be classified as low
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molecular complexity (LMC) fluids, which are made of molecularly simple molecules.
For low molecular complexity fluids real-gas effects are limited to quantitative deviations
with respect to ideal-gas fluid dynamics behavior. Fluids having 0 < Γ < 1 in a fi-
nite thermodynamic region and hence (∂a/∂v)s > 0 can be identified as high molecular
complexity fluids (HMC). For HMC fluids also qualitative differences in fluid dynamics
behavior can be observed in the real-gas region. Most notable is the increase in the speed
of sound upon isentropic expansion, possibly leading to a local decrease in the Mach
number, which instead increases monotonically for an isentropic ideal-gas expansion in
the turbine (Harinck et al., 2009).

In the study by Colonna et al. (2006a) it was reported that when using molecularly com-
plex working fluids, such as siloxane MDM, significant deviations when compared to
ideal gas behaviour, including the increase in the speed of sound along the expansion,
were noticed with reduced inlet pressure pt,in/pcrit = 0.56 and with reduced inlet temper-
ature Tt,in/Tcrit = 0.95, especially at the first part of the expansion in a supersonic axial
turbine stator. Thus, the design of ORC turbines requires the use of accurate thermody-
namic models to predict the real gas effects of the flow, especially when adopting working
fluids having a high molecular complexity or when the expansion occurs relatively close
to the critical point of the fluid, in order to design turbines with a high efficiency and
desired performance (Colonna et al., 2006a; Turunen-Saaresti et al., 2006; Harinck et al.,
2010).

Despite several studies on the use of high-expansion ratio radial inflow turbines for ORC
systems, general guidelines to design such expanders, especially for small power output
systems, are lacking in the literature at the moment. In addition, only a few studies have
been published presenting and discussing experimental results related to the operation and
performance of high expansion ratio ORC turbines.

2.2.6 Conclusions and discussions based on the literature

Based on the literature review, the following conclusions were made:

• The most technologically mature ORC applications can be found in large-scale geother-
mal power plants and biomass power plants having the power range from 0.5 MW to 5
MW. In addition, the applications in the field of waste heat recovery have been commer-
cially succesfull in a smaller scale.

• Several relatively new applications such as waste heat recovery in mobile applications
and domestic scale ORCs have been studied recently.

• The working fluid selection and the achieved efficiency varies significantly depending
on the selected application, power scale, temperature levels, cycle configuration, and the
expander type.
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• Despite several efforts aiming to identify the most suitable working fluids, no single
working fluid can be identified as the best for all applications and temperature levels.
Thus, a detailed working fluid selection study has to be carried out when designing new
ORC systems for different applications.

• The working fluid selection and the cycle working parameters are highly affected by
the selected objective function; in other words, whether the selection of working fluid
and process design is based on maximising the system power output, maximising the eco-
nomical profitability, optimizing the size of the process equipment, or on environmental
considerations.

• Most of the small-scale ORC systems are designed for low-temperature applications,
presenting low cycle efficiencies and small expansion ratios over the expander. Thus, a
volumetric expander is considered in most of the cases.

• Only few studies have been published discussing the design of small-scale ORC tur-
bines and presenting experimental results for high-expansion ratio ORC turbines.

2.3 ORC process based on high-speed turbogenerator technology
One interesting technical solution in the field of ORC technology is based on the use
of high-speed turbogenerators. High-speed turbogenerator concept consists of a turbine,
generator, and a feed pump coupled onto a single shaft having a high rotational speed of
typically more than 10 000 rpm (Larjola, 1988; Larjola, 1995; van Buijtenen et al., 2003).
A schematic process flow diagram of an ORC process based on high-speed technology is
presented in Figure 2.4, and a cut-off of a typical high-speed turbogenerator is shown in
Figure 2.5.

The advantages in using high-speed turbogenerators are the compact size, when compared
to turbines having a low rotational speed and a gear box; no need for external lubrication
circuit; availability for hermetic design; and the reliability of the turbogenerator system
(Larjola, 1988; Larjola, 1995; van Buijtenen et al., 2003). A separate pre-feed pump can
be added to the system to prevent cavitation at the inlet of the main feed pump, which is
connected to the turbogenerator shaft.

Few prototypes based on this concept have been built and tested for heat recovery appli-
cations (Larjola, 1988; Larjola, 1995; van Buijtenen et al., 2003) and for recharge station
of deep sea submersibles (Jokinen, 1998), as well as considered for distributed biomass
power plants (Heinimö, 2004). A heat recovery unit having a power output of 160 kW
and using toluene as working fluid has been successfully commercialized (van Buijtenen,
2009).
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Figure 2.4: Schematic process flow diagram of an ORC process based on high-speed turbogener-
ator technology.

Figure 2.5: Cut-off of a typical high-speed turbogenerator.
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3 Numerical methods

In this section, the numerical methods used in this thesis are presented. First, the methods
and equations used in the process design and in the thermodynamic analysis are presented.
Second, the turbine design method is described. Third, the numerical methods used in the
computational fluid dynamics (CFD) are described.

3.1 Thermodynamic analysis and process design methods

The ORC process modelling and the thermodynamic analysis was based on the well-
known calculation principles of a Rankine cycle. The thermodynamic and transport prop-
erties database Refprop (Lemmon et al., 2010) was used for determining the working fluid
thermodynamic properties. The solved properties were temperature T , pressure p, spe-
cific enthalpy h, specific entropy s, density ρ, specific volume v, and speed of sound a.
The process condensing temperature, heat source values, and the degree of superheating,
as well as the process component efficiencies were used as an input for the computation.
The evaporation pressure was used either as an input parameter or was optimized based
on the heat source values. The saturated liquid and the saturated vapour thermodynamic
state in the condenser and in the evaporator were determined based on the evaporation
pressure and the condensing temperature. The parameters given as the input values in
the process design are presented in Table 3.1. The unknown thermodynamic states were
solved by using the equations of states implemented in Refprop in which two input prop-
erties are used to determine other thermodynamic properties in the same process node.
The cycle power output, efficiency, thermodynamic states of the working fluid at the in-
let and outlet of each component, and the saturated states inside process components, as
well as the working fluid mass flow rate were obtained as a result of the simulation by
solving the continuity and energy equation for each process component. The calculation
procedure for solving the unknown thermodynamic properties in different process nodes
is presented in Table 3.2.

Processes having subcritical evaporation pressures were studied, and thus, a limit for the
evaporation pressure compared to the fluids critical pressure pev/pcrit was used in the ther-
modynamic analysis. Another constraint used for optimizing the evaporation pressure
was based on the minimum pinch-point temperature difference in the evaporator, ∆Tpp,
which is the smallest temperature difference between the heat source and the working
fluid. An example of the evaporator temperature diagram, presenting the definition and
the location of a typical pinch-point temperature difference in the evaporator, is presented
in Figure 3.1. In some of the simulations, the minimum temperature difference between
the heat source and the working fluid occurred at the cold end of the evaporator, where the
heat source exits the evaporator. A feature was added to the process design tool by using
a simple linear search algorithm to optimize the evaporation pressure to reach the target
minimum temperature difference in the evaporator with the given heat source values and
given working fluid. A small degree of superheating was used in the simulations because
a flow-through type evaporator was considered which requires superheating in the process
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Table 3.1: Input parameters used in the process design.

Working fluid side
working fluid
evaporation pressure pev
degree of superheating ∆Tsh

condensing temperature Tc

recuperator effectiveness ε
pressure losses
Heat source side
heat source mass flow rate qm,hs

heat source inlet temperature Ths,in

heat source outlet temperature Ths,out

heat source isobaric heat capacity c̄p,hs
Components
turbine efficiency ηt
generator and mechanical efficiency ηgm
feed pump efficiency ηfp
feed pump motor efficiency ηfp,m
miscalleneous power consumption Pmis/Pe

Table 3.2: Calculation procedure for solving the unknown thermodynamic properties.

Process node input solved
Turbine inlet p,T h,s,v
Turbine outlet, isentropic p,s T,h
Turbine outlet p,h T,s,v
Recuperator inlet (vapor side) p,T h,s,v
Condenser inlet p,T h,s,v
Condenser (saturated vapor) T p,h,v
Condenser (saturated liquid) T p,h,v
Pump outlet p,h v
Evaporator inlet p,h T
Evaporator (saturated liquid) p T,h
Evaporator (saturated vapor) p T,h

to prevent liquid droplets entering the turbine (Talonpoika, 1996).

The heat rate extracted from the heat source to the ORC process was defined as

ϕev = qm,hs(hhs,in − hhs,out) ≈ qm,hsc̄p,hs(Ths,in − Ths,out). (3.1)
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Figure 3.1: Example of an evaporator temperature diagram and the pinch-point temperature dif-
ference.

The working fluid mass flow rate is calculated by using the heat rate to the evaporator and
the working fluid enthalpy at the evaporator inlet and outlet, and is defined as

qm,wf =
ϕev

hev,out − hev,in

. (3.2)

The turbine outlet state was defined by calculating the enthalpy after isentropic expansion
and solving the enthalpy after the turbine ht,out from the definition of turbine isentropic
efficiency. The turbine isentropic efficiency is defined as

ηt =
ht,in − ht,out

ht,in − ht,s,out

. (3.3)

The turbine power is calculated as

Pt = qm,wf(ht,in − ht,out). (3.4)

A parameter recuperator effectiveness was used in evaluating the vapor temperature at the
recuperator outlet. The recuperator effectiveness is defined as

ε =
Tv,in − Tv,out

Tv,in − Tl,in

. (3.5)

When the vapor temperature at the recuperator outlet was solved, the liquid state at the re-
cuperator outlet was calculated by using the energy balance of the recuperator. It should
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be noticed that this simplified calculation approach for the recuperator effectiveness is
based only on the use of temperatures and does not take into account the possible signif-
icant changes in the heat capacity on the vapor side, which should be taken into account
in a more detailed design of the recuperator.

The enthalpy change in the feed pump can be defined as

∆hfp =
v(pfp,out − pfp,in)

ηfp
. (3.6)

The feed pump power is defined as

Pfp = qm,wf
v(pfp,out − pfp,in)

ηfp
. (3.7)

The temperature rise in the feed pump can be defined as

∆Tfp = (1− ηfp)
hfp,out − hfp,in

cp
. (3.8)

The net electric power from the system can be calculated as

Pe,net = (Pt − Pfp)ηgm − Pmis, (3.9)

if the feed pump is located on a turbine shaft.

The net electric efficiency of the ORC process was defined by dividing the net electric
power output by the evaporator heat rate

ηe,net =
Pe,net

ϕev

. (3.10)

The pressure losses between the turbine and condenser were estimated in the simulations
presented in Chapter 5. The pressure loss was estimated based on the turbine outlet ve-
locity and working fluid density at the turbine outlet. The pressure loss after the turbine
depends mostly on the flow velocity. The pressure loss between the turbine outlet and the
condenser is estimated by

∆ppl = 0.5ρt,outc
2
t,outCd. (3.11)

The drag coefficient Cd in Equation 3.11, is estimated based on the experience gained
from measurements in a larger-scale commercial ORC power plant. It should be noted
that an accurate estimation for the pressure losses would require detailed information
about the geometry of the components, pipeline lengths, and the size of the flow passages.
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In the simulations presented in Section 7.1, the obtained electric power output from the
ORC was compared to the theoretical heat transfer areas needed in the processes by using
a ratio Atot/Pe,net to make a simplified evaluation on the feasibility of the process with
different fluids and operational parameters. The theoretical heat transfer areas required
in different processes were evaluated based on the temperature profiles of the heat ex-
changers. The evaluation of theoretical heat transfer areas were based on the log mean
temperature difference in the heat exchangers and estimated overall heat transfer coeffi-
cients. The overall heat transfer coefficients used in the analysis for organic fluids were
evaluated either based on reference (VDI, 1988) or values obtained from heat exchanger
manufacturers. The theoretical heat transfer area was defined as

A =
ϕ

U∆TLMTD

. (3.12)

The logarithmic temperature difference can be defined as

∆TLMTD =
∆Tin −∆Tout

ln ∆Tin

∆Tout

. (3.13)

The total theoretical heat transfer area is defined as

Atot = Aev + Aco + Are. (3.14)

The used heat tranfer coefficients are presented in Table 3.3.

Table 3.3: Overall heat transfer coefficients.

Heat exchanger U [W/m2K]
evaporator:

organic fluid - heat source 20
recuperator:

organic vapor - organic liquid 40
condenser:

organic vapor - liquid cooling fluid (desuperheating) 60
condensing organic vapor - liquid cooling fluid 900

3.2 Turbine design methods
The turbine design method used in this thesis is presented in the following. The turbine
1-D design was performed with an ORC turbine design tool developed at LUT. The cal-
culation application calculates the main dimensions and velocity triangles of the turbine.
The turbine type selected in this work is a radial inflow turbine because radial inflow
turbines represent a relatively simple geometry with single stage and can be designed to
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operate with high pressure ratios over a single turbine stage. In addition, radial turbines
have been proven successful in small-scale high speed ORC turbogenerator prototypes,
designed and tested at LUT. The turbine inlet and the outlet conditions were obtained as
a result from the process design, presented more in detail in the previous section. The
preliminary evaluation of the turbine rotational speed, n is carried out by using the nondi-
mensional parameter, turbine specific speed Ns defined as

Ns =
ωqv,out

0.5

∆hs
0.75 (3.15)

where the ω is the angular speed. The angular speed is defined as,

ω = 2πn. (3.16)

According to the performance diagram for radial turbines operating with compressible
fluids, presented by Balje (1981), the highest efficiencies are obtained with a specific
speed in the range from 0.4 to 0.8. Another nondimensional design parameter, specific
diameter Ds, defined as

Ds =
D∆hs

1/4

qv,out0.5
(3.17)

, was used in evaluating the turbine rotor diameter. According to the diagram by Balje
(1981), the highest efficiencies are obtained with a specific diameter in the range from 2
to 6.

The input parameters used in the turbine design are presented in Table 3.4. The ratio of

Table 3.4: Input parameters used in the turbine design.

total inlet pressure ptot,in
total inlet temperature Ttot,in

working fluid mass flow rate qm,wf

static pressure at stator outlet pst,out
total pressure at rotor outlet prot,out
ratio of rotor diameters D2,t/D1

ratio of rotor outlet diameters D2,h/D2,t

stator efficiency prediction ηst
turbine efficiency prediction ηt
stator exit flow angle or blade height α1 or t1
specific speed or turbine rotational speed Ns or n

diameters at the rotor inlet and rotor outlet D2t/D1, the ratio of the blade tip and hub
diameters D2h/D2tip at the rotor outlet, as well as the suitable stator exit flow angle α1

were determined by following the design guidelines presented by Rohlik (1975) and by
monitoring the velocity triangles and blade heights at the inlet and at the outlet of the
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Figure 3.2: Schematic example of radial turbine rotor dimensions.

rotor. An example of radial turbine rotor dimensions and the used indexes are presented
in Figure 3.2, while Figure 3.3 presents an example of a supersonic ORC stator, in which
the flow channel consists of three main parts: a convergent section, a throat section, and a
divergent section.

Figure 3.3: Example of a supersonic ORC turbine stator flow channel.

Velocity calculations were based on the continuity equation and on the Euler’s equation.
The velocity vectors were solved at the turbine stator outlet and at the rotor outlet. The
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solved velocity vectors are the absolute velocity c⃗, relative velocity w⃗, and the peripheral
velocity u⃗. The sum of velocity vectors w⃗ and u⃗ forms the absolute velocity vector c⃗

c⃗ = w⃗ + u⃗. (3.18)

The tangential component of the absolute velocity c⃗u was used in monitoring the shape
of the velocity triangle at the rotor inlet by using a velocity ratio cu/u while the radial
component of the absolute velocity c⃗r was used in the continuity equation. Examples of
velocity triangles at the rotor inlet are presented in Figure 3.4a and Figure 3.4b and at the

(a) (b)

Figure 3.4: Examples of velocity triangles at the turbine stator outlet (a) having a relative flow
angle β1=0 and (b) having a relative flow angle β1 >0.

outlet of the turbine rotor in Figure 3.5. The velocity triangle at the outlet was calculated
at the mean line of the blade and at the blade hub and shroud in order to determine the
blade setting angles at the rotor outlet.

Figure 3.5: Example of a radial turbine rotor outlet velocity triangle.

If the velocity triangle at the turbine rotor inlet is as presented in Figure 3.4a, straight
blades at the rotor inlet can be used because the angle of the relative velocity is β1=0. If
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the velocity at the rotor inlet is as presented in Figure 3.4b and the angle of relative veloc-
ity β1 >0, curved blades can be considered at the rotor inlet to prevent flow separation at
the rotor inlet caused by the high incidence angle. Examples of straight and curved rotor
blades are presented in Figure 3.6a and Figure 3.6b.

(a) (b)

Figure 3.6: Examples of turbine inlet (a) with straight blades and (b) with curved blades.

A suitable static pressure at the stator outlet was selected by using the definition of the
degree of reaction, which can be defined by dividing the isentropic enthalpy change in the
turbine rotor by the total isentropic enthalpy change in the turbine

r =
∆hs,rot

∆hs,tot

. (3.19)

The absolute flow velocity c1 at the stator outlet was solved from the estimated enthalpy
change between the stator inlet and stator outlet by using the equation

c1 =
√
2(htot,in − h1,st). (3.20)

The stator outlet enthalpy, h1,st was solved by using the turbine inlet enthalpy and the
estimated total-to-static state efficiency of the stator

h1,st = htot,in − ηst(htot,in − h1s,st). (3.21)

The turbine power was determined from the velocity triangles based on the Euler’s equa-
tion

Pt = qm(cu1u1 − cu2u2). (3.22)

The turbines were designed to have the rotor outlet flow exiting in the axial direction, and
thus, the velocity vector cu2 = 0. The peripheral velocity u1 was calculated by using the
equation

u1 = ∆ht/cu1. (3.23)

The turbine diameter can be solved when the peripheral velocity and the rotational speed
of the turbine are known by using the equation

D1 = u1/(πn). (3.24)
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The rotor inlet blade height was solved by using the equation

t1 =
qm,wf

ρ1πD1cr1
. (3.25)

Diameter ratios D2t/D1 and D2h/D2t were given as inputs, and the rotor outlet diameters
at the blade hub and tip as well as the blade height at the rotor outlet were calculated by
using the diameter ratios. The axial outlet velocity c2 was solved as

c2 =
qm,wf

ρ2(πr22t − πr22h)
. (3.26)

In this thesis, two approaches to design the diverging section of the supersonic stator
nozzles were used. Most of the studied stator nozzle diverging section geometries were
designed by using the throat width and the exit flow area of the nozzle, based on the result
of 1D-turbine design, and the method of characteristics was not used in these designs.
One of the studied nozzle diverging section geometries was designed by using a nozzle
design tool developed at Politecnico Di Milano employing the method of characteristics,
which was extended to real gas flows according to Zucrow and Hoffman (1977). In this
design method, the transonic potential equation was solved in the throat section by means
of the approximate solution procedure of Sauer (1947), which is applicable to real gas
flows without significant modifications. The transonic flow solution provides the initial
data curve for the method of characteristic. The expansion through the divergent section
to the designed exit pressure is achieved via an initial circular profile followed by the so-
called turning region, in which the nozzle upper wall geometry is determined by imposing
the conservation of the mass flow at each section.

When comparing the nozzle geometries obtained from a design based on a real gas model
or ideal gas assumption, a large difference can be observed in the nozzle length and width,
especially if the expansion process occurs in a thermodynamic region in which the funda-
mental derivative of gas dynamics Γ is always lower than the corresponding perfect gas
value (Guardone, 2013). The perfect gas assumption leads to a shorter nozzle and smaller
exit flow area when compared to the design based on real gas models. The nozzle length
and the nozzle exit flow area are found to increase with the increasing molecular complex-
ity of the fluid, due to the non-ideal dependence of the speed of sound on density along
the isentropic expansion with organic fluids (Guardone, 2013). The nozzle design method
has been used in previous works for designing an organic vapor wind tunnel (Guardone,
2013) and supercritical CO2 nozzles (Guardone, 2010). The nozzle divergent section ge-
ometry is designed by giving the total state of the fluid at the turbine inlet and the nozzle
throat width as the input values. The design method based on the method of characteris-
tics results in a minimum-length nozzle, in which the desired nozzle outlet pressure and
uniform Mach number distribution are achieved at the nozzle outlet.

The design of the turbine for the experimental ORC setup was an iterative process in
which the turbine design, efficiency prediction, and the geometry were changed, based
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on the flow field predicted by the CFD simulations as well as on the changes made in the
process design. The constraints that were used in the radial turbine design for the experi-
mental setup in evaluating feasible turbine dimensions and working parameters are listed
in Table 3.5. The relative velocity at the turbine rotor inlet was limited to be subsonic to
reduce the losses related to the supersonic flow as well as to simplify the rotor design. In
addition, a subsonic absolute velocity was designed at the turbine rotor outlet to reduce
the losses. The stator throat width was designed to be more than 1 mm and the blade
height at the rotor inlet and in the stator flow channel was designed to be more than 1.5
mm because smaller dimension were estimated to lead in difficulties in manufacturing the
turbine wheel and stator flow channels as well as to low turbine efficiency.

Table 3.5: Constraints used in the design of radial turbine for the ORC prototype.

bst > 1 mm
Maw1 < 1
t1 > 1.5 mm
Mac2 < 1

3.3 Computational fluid dynamics
The turbine CFD simulations presented in this study were performed for a small-scale,
high expansion ratio radial turbine that was designed for an experimental setup. The CFD
simulations were carried out by using the Navier-Stokes flow solver Finflo, which is a
multi-grid solver developed at the Aalto University School of Science and Technology,
and some modifications and additions have been implemented to the code at the Lappeen-
ranta University of Technology. More detailed information about Finflo and different
numerical methods can be found for example in a paper of Siikonen (Siikonen, 1995).

Finflo has been used as a flow solver in the modelling of different types of turbomachinery
flows, such as in the flow modelling of centrifugal compressors (Turunen-Saaresti, 2004;
Tang, 2006; Jaatinen, 2009), ORC turbines (Hoffren et al., 2002; van Buijtenen et al.,
2003), and supersonic axial turbines (Grönman, 2010; Grönman et al., 2013). Grönman
et al. (2013) modelled a transonic turbine cascade and demonstrated the reliability of the
modelling with Finflo in a case where shock waves occur. In addition, the results ob-
tained by using Finflo were compared to the results obtained by two other flow solvers in
modelling high-expansion ratio real-gas flows in supersonic ORC turbine stator (Harinck,
2010). In general, the results obtained with different flow solvers were in a good agree-
ment showing small differences mainly in a predicted shock wave strength as well as on
the wake dissipation. It should be noted, that due to the lack of available experimental
data on real gas flows occurring in the so-called dense gas region, the used CFD code has
not been validated with real gas flow measurements. Based on the experimental results
obtained in the measurements for a commercial 160 kW ORC, a reasonably good perfor-
mance prediction for the turbine was estimated by using Finflo in the turbine design (van
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Buijtenen et al., 2003; van Buijtenen, 2009). However, detailed experimental results on
the turbine flow field and performance are lacking in the literature and thus, no validation
of the accuracy of the solver has been carried out. Finflo was selected as a flow solver
since it has been extended to allow for real-gas simulations, by using a real gas models
based on accurate polynomial fittings.

Finflo employs the finite-volume method for spatial discretization, and Roe’s flux differ-
ence splitting (Roe, 1981) was used as an approximate Riemann solver. The second order
upwind-method was used as a spatial discretization method in the presented simulations.
The turbine simulations were performed by using the Chien’s k − ϵ (Chien, 1982) and
k − ω SST-turbulence model (Menter, 1993), and the results obtained by the different
turbulence models were compared to discuss the effect of the turbulence model on the
predicted flow field and losses. The turbine stator flow channel and the turbine rotor were
modelled separately, and the used boundary conditions and the methods are presented in
more detail in the section Stator and nozzle simulations as well as in the section Rotor
simulations.

3.3.1 Real Gas Model

The accurate real gas model was implemented in a CFD-flow solver to predict the flow
field in the designed turbine. The real gas model is based on the polynomial fitting of
the fluid properties in a superheated gas region, and the method has been described pre-
viously by (Tang, 2006; Turunen-Saaresti et al., 2006). In the real-gas model used in
this study, temperature and pressure are independent variables, and the model is based on
the polynomial fitting of the fluid properties in the superheated gas region at subcritical
pressure levels. Density, internal energy, dynamic viscosity, speed of sound, and thermal
conductivity are functions of temperature and pressure.

The applied polynomial is of fourth order, and an example of fourth order polynomial for
density, ρ, as a function of temperature, T , and pressure, p, is defined as

ρ(T, p) = a1 + a2T + a3p+ a4T
2 + a5Tp+ a6p

2 + a7T
3 + a8T

2p+ a9Tp
2

+a10p
3 + a11T

4 + a12T
3p+ a13T

2p2 + a14Tp
3 + a15p

4.
(3.27)

Multivariable non-linear regression was used in determining the coefficients a1-a15 by
using nonlinear least square fitting. The minimum sum of relative values was aimed in
the regression instead of minimum sum of absolute values since the minimum sum of
the relative difference provides more accurate polynomials in the studied superheated gas
region. The objective function of minimizing the sum of relative difference between the
values calculated by the polynomial fitting and the values calculated by Refprop can be
defined as

min(f) = minΣ(
ρpolynomial − ρRefprop

ρRefprop

). (3.28)

The used polynomial reconstruction allows to implement accurate thermodynamic prop-
erties of the fluid for the solver. The relative difference between the results for speed
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of sound, density, viscosity, and thermal conductivity, obtained with the polynomial and
Refprop, are presented in Figure 3.7 showing the data points of the superheated gas re-

(a) (b)

(c) (d)

Figure 3.7: Relative difference on the results of speed of sound (a), density (b), viscosity (c), and
thermal conductivity (d) between the polynomial and Refprop.

gion, into which the polynomial fitting is applied. The average relative difference in the
speed of sound (a) is 0.02 %, in viscosity (µ) 0.04 %, in density (ρ) 0.03 %, and in ther-
mal conductivity (k) 0.00009 %, when comparing the results of polynomial and results
of Refprop in the studied superheated gas region. The equation of state of MDM imple-
mented in Refprop is reported to predict superheated vapor density within 2% accuracy
in respect to measurements (Colonna, 2008). Thus, the accuracy of the polynomial fit-
tings is significantly higher than the reported accuracy between the results of Refprop and
measurements.
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3.3.2 Stator and nozzle simulations

The simulations were performed for a convergent-divergent nozzle and for different stator
geometries. The studied geometries were 2D-geometries. In the nozzle simulations, the
total enthalpy and momentum were used as the inlet boundary conditions, and the zero-
gradient outlet boundary was used in the simulations since the outlet flow velocity, normal
to the outlet boundary, is supersonic in the nozzle simulations. In the stator simulations,
one 2D stator flow channel geometry was modelled, and the periodic boundary conditions
were used in the inlet block and outlet block. Total enthalpy and momentum were used as
the inlet boundary conditions, and uniform static pressure distribution was defined as the
outlet boundary in the stator flow channel simulations, because the flow velocity, normal
to the outlet boundary, is subsonic. The stator and nozzle blades were treated as solid
walls. Structured grids were used in the modelling and the computational grids were
generated to have the nondimesional wall distance y+ close to unity at the cell adjacent
to the solid walls, in order to solve the boundary layer accurately. An example of a 2D
convergent-divergent nozzle geometry is presented in Figure 3.8, and a 2D stator flow
channel presenting the used boundary conditions and an example computational grid are
presented in Figure 3.9.

Figure 3.8: Example geometry and computational grid of a supersonic nozzle.

3.3.3 Rotor simulations

Rotor geometries were studied by modelling one 3D rotor flow channel by using the im-
plemented real gas model. The rotor blades, hub, and shroud were treated as rotating solid
walls and the grids were generated to have the nondimesional wall distance y+ close to
unity at the cell adjacent to the solid walls. Structured grids were used and no tip clear-
ance was modelled in the rotor simulations. Periodic boundary conditions were used in
the inlet and outlet blocks. An example of a structured computational grid and the bound-
ary conditions used in the rotor flow channel simulations are presented in Figure 3.10.

The inlet conditions of the rotor simulations were based on the area averaged results of
the stator simulations and by assuming an uniform flow distribution at the rotor inlet. The
velocity vectors at the inlet block were turned into the same flow angle α1 as obtained
as the area averaged result in the stator flow channel simulations. It should be noted that
the flow field at the stator outlet was predicted to be highly non-unifrom and thus, more
accurate rotor inlet conditions would be achieved if the stator and rotor geometry would
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Figure 3.9: Example of 2D stator flow channel boundary conditions and example of a computa-
tional grid used in the stator simulations.

Figure 3.10: Example of a computational grid used in the turbine rotor simulations.

be simulated together. The static pressure was used as the outlet boundary condition in
the simulations.
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Figure 3.11: Example of simulation convergence monitoring in stator simulations.

3.3.4 Convergence monitoring

The convergence of the simulations was monitored by following the stabilization of inlet
and outlet mass flow rates and the L2-norm residuals. An example of the simulation
convergence presenting the L2-norm of energy residual in a stator simulation is presented
in Figure 3.11. The simulations were considered to be converged when the inlet and outlet
mass flows were stabilized and the relative difference was in the range from 0.5 % to 3
% in the stator simulations. The relative difference between the mass flow rate at the
inlet and outlet was slightly higher in the rotor simulations when compared to the stator
simulations. In addition to monitoring the inlet and outlet mass flow rates, the stabilization
of L2-norm density, momentum, and energy residuals were monitored in the simulations.
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4 Study on dry ORC working fluids
The objective of this chapter is to perform a preliminary evaluation of suitable working
fluid candidates for small-scale ORC systems adopting high-speed turbines. First, a ther-
modynamic analysis was carried out to highlight and discuss the special features related
to the use of working fluids from different fluid groups, as well as to study the dependence
of the critical temperature and molecular weight of the fluid on the most important pro-
cess parameters. All the selected working fluids have a dry expansion to prevent droplets
occurring in the turbine. In addition, the use of dry working fluids enables the use of a
recuperator in the cycle. Second, a preliminary radial turbine design was carried out for
several working fluids to evaluate and compare the availability for designing small-scale
turbines with different fluids, as well as to investigate the main turbine dimensions and
rotational speeds as a function of turbine power output. The selected turbine power output
range is from 10 kW to 200 kW.

4.1 Thermodynamic analysis

A thermodynamic analysis of subcritical processes adopting evaporation pressure slightly
lower than the critical pressure of the fluid were carried out with two different condensing
temperatures of 50 oC and 100 oC. The results were obtained by using the evaporation
pressure of pev/pcr=0.9 for each fluid, in order to study processes having the evaporation
pressure close to the critical pressure of the fluid and thus representing cycle efficiencies
relatively close to the maximum efficiency that can be obtained with a subcritical process.
It should be noted that this kind of approach was evaluated being suitable in the prelim-
inary evaluation and in the comparison of working fluids, but in a more detailed design
of ORC systems, the evaporation pressure of each fluid is highly dependent on the heat
source temperature level as well as on the process optimization method. A more detailed
thermodynamic analysis taking into account the temperature profiles in the heat exchang-
ers is presented later in Chapter 5 and Chapter 7 for the studied applications.

The vapor was superheated by 10 oC with all the fluids because a flow through type of
evaporator was considered, which requires a superheating in the process (Talonpoika,
1996). Recuperator effectiveness of 0.6 was used which, enables the use of a recuperator,
where the flow arrangement can also differ from the pure countercurrent flow configu-
ration; and a feed pump efficiency of 60 % was used in the simulations. The turbine
isentropic efficiency of 75 % was used in the simulations, which was evaluated as a real-
istic value for the turbine efficiency when considering small-scale ORC turbines (Verneau,
1987; van Buijtenen et al., 2003; Kang, 2012).

The thermodynamic analysis is structured as follows. First, the relation between the
molecular weight and the critical temperature and the critical pressure is studied. Sec-
ond, the relation between the cycle efficiency and the critical temperature is studied and
discussed. Third, the relation between the critical temperature and the condensing pres-
sure, the expansion ratio, and the enthalpy drop over the turbine are studied and discussed.
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Fourth, the relation between the critical temperature and the speed of sound at the turbine
inlet is studied. The studied working fluids can generally be divided into three categories:
i) hydrocarbons that consist of hydrogen and carbon atoms; ii) siloxanes that consist of
silicon, hydrogen, carbon, and oxygen atoms; and iii) fluorocarbons that consist of carbon,
fluorine, and hydrogen atoms. The studied working fluids and their classification, molec-
ular weight, critical pressure, and critical temperature, as well as the literature reference
used for the equations of state in Refprop are listed in Table 4.1.

Table 4.1: Studied working fluids

Fluid Chemical Classification M Pcrit Tcrit Reference
formula [kg [bar] [oC]

/kmol]
Hydrocarbons
dodecane C12H26 linear alkane 170.3 18.2 385.0 (Lemmon and Huber, 2004)
decane C10H22 linear alkane 142.3 21.0 344.6 (Lemmon and Span, 2006)
nonane C9H20 linear alkane 128.3 22.8 321.4 (Lemmon and Span, 2006)
octane C8H18 linear alkane 114.2 25.0 296.2 (Span and Wagner, 2003)
heptane C7H16 linear alkane 100.2 27.4 267.0 (Span and Wagner, 2003)
toluene C7H8 aromatic hydrocarbon 92.1 41.3 318.6 (Lemmon and Span, 2006)
hexane C6H14 linear alkane 86.2 30.3 234.7 (Span and Wagner, 2003)
isohexane C6H14 branched-chain alkane 86.2 30.4 224.6 (Lemmon and Span, 2006)
cyclohexane C6H12 cycloalkane 84.2 40.8 280.5 (Penoncello et al., 1995)
benzene C6H6 aromatic hydrocarbon 78.1 49.1 288.9 (Thol et al., 2012)
pentane C5H12 linear alkane 72.1 33.7 196.6 (Span and Wagner, 2003)
isopentane C5H12 branched-chain alkane 72.1 33.8 187.2 (Lemmon and Span, 2006)
neopentane C5H12 branched-chain alkane 72.1 32.0 160.6 (Lemmon and Span, 2006)
cyclopentane C5H10 cycloalkane 70.1 45.2 238.5 (unpublished)
butene C4H8 linear alkene 56.1 40.1 146.1 (Lemmon and Ihmels, 2005)
isobutene C4H8 branched-chain alkene 56.1 40.1 144.9 (Lemmon and Ihmels, 2005)
cis-butene C4H8 acyclic alkene 56.1 42.3 162.6 (Lemmon and Ihmels, 2005)
trans-butene C4H8 acyclic alkene 56.1 40.3 155.5 (Lemmon and Ihmels, 2005)
butane C4H10 linear alkane 58.1 38.0 152.0 (Buecker and Wagner, 2006)
isobutane C4H10 branched-chain alkane 58.1 36.3 134.7 (Buecker and Wagner, 2006
Siloxanes
MD4M C14H42O5Si6 linear siloxane 459.0 8.8 380.1 (Colonna et al., 2006c)
D6 C12H36Si6O6 cyclic siloxane 444.9 9.6 372.6 (Colonna et al., 2008)
MD3M C12H36Si5O4 linear siloxane 384.8 9.5 355.2 (Colonna et al., 2008)
D5 C10H30O5Si5 cyclic siloxane 370.8 11.6 346.1 (Colonna et al., 2006c)
MD2M C10H30Si4O3 linear siloxane 310.7 12.3 326.3 (Colonna et al., 2008)
D4 C8H24O4Si4 cyclic siloxane 296.6 13.3 313.3 (Colonna et al., 2006c)
MDM C8H24O2Si3 linear siloxane 236.5 14.2 290.9 (Colonna et al., 2008)
MM C6H18OSi2 linear siloxane 162.4 19.4 245.5 (Colonna et al., 2006c)
Fluorocarbons
R365mfc C4H5F5 hydrofluorocarbon 148.1 32.7 186.9 (unpublished)
RC318 C4F8 fluorocarbon 200.0 27.8 115.2 (Platzer et al., 1990)
R134a C2H2F4 hydrofluorocarbon 102.0 40.6 101.1 (Tillner-Roth and Baehr, 1994)
R227ea C3HF7 hydrofluorocarbon 170.0 29.3 101.8 (unpublished)
R236ea C3H2F6 hydrofluorocarbon 152.0 35.0 139.3 (Huber and Ely, 1994)
R245ca C3H3F5 hydrofluorocarbon 134.0 39.3 174.4 (Huber and Ely, 1994)
R245fa C3H3F5 hydrofluorocarbon 134.0 36.5 154.0 (Lemmon and Span, 2006)

The following abbreviations are used for different working fluid groups in the figures
presenting the results of the analysis: LA represents linear alkanes, AA acyclic alkenes,
BCA branched-chain alkanes, AH aromatic hydrocarbons, CA cycloalkanes, CS cyclic
siloxanes, LS linear siloxanes, and FC fluorocarbons.
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4.1.1 The relation between the molecular weight and the critical temperature and
critical pressure

The relation between the molecular weight of the fluid and the critical temperature, as
well as the relation between the molecular weight and the critical pressure of the working
fluid, are presented in Figure 4.1a and Figure 4.1b. There is a clear relation between the
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Figure 4.1: Relation between the molecular weight and the critical temperature (a) and critical
pressure (b) with different fluids.

molecular weight and the critical temperature and critical pressure of the fluid, especially
with the studied hydrocarbons and siloxanes. In general, when the molecular weight of
the fluid increases, the critical temperature increases and the critical pressure decreases.
In the hydrocarbon group, the fluids classified as linear alkanes, branched-chain alkanes,
and acyclic alkenes represent lower critical temperatures and lower critical pressures with
respect to the molecular weight of the fluid when compared to the studied cycloalkanes
and aromatic hydrocarbons. With siloxanes, only slight differences in the relation of the
molecular weight to the critical temperature or critical pressure can be observed when
comparing a cyclic siloxane and a linear siloxane having the molecular weights relatively
close to each other. With the studied fluorocarbons, a clear correlation between the molec-
ular weight and the critical temperature cannot be identified. This can be mainly explained
by the variation in the molecular structures of the studied fluorocarbons. However, a rela-
tion between the molecular weight and the critical pressure can also be observed with the
studied fluorocarbons.

4.1.2 Cycle efficiency

The results for the relation between the critical temperature of the fluid and the obtained
ORC process electric efficiencies for a subcritical process adopting the evaporation pres-
sure of pev/pcrit=0.9 are presented in Figure 4.2a, Figure 4.2b, and Figure 4.2c. Figure
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Figure 4.2: Relation between the critical temperature and the process electric efficiency with
Tc=50 oC with a recuperator (a), Tc=50 oC without a recuperator (b), and Tc=100 oC with a
recuperator (c).

4.2a represents the results for an ORC process with a recuperator and when the con-
densing temperature of 50 oC is used. Figure 4.2b represents an ORC process without a
recuperator and when the condensing temperature of 50 oC is used. Figure 4.2c repre-
sents an ORC process with a recuperator and when the condensing temperature of 100 oC
is used. In general, the results indicate that there is a relatively strong correlation between
the obtained cycle efficiency and the critical temperature of the fluid. The fluids with a
high critical temperature represent the highest cycle efficiencies in the range from about
20 % to 26 % in a case when the lower condensing temperature and recuperator are used
while the fluids with lower critical temperature represents efficiencies in the range from
about 5 % to 15 % for the same case. This can be mainly explained by the higher turbine
inlet temperatures with fluids having a high critical temperature when compared to the
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fluids having a lower critical temperature, and thus, the temperature difference between
the turbine inlet and condenser is higher resulting to higher cycle efficiencies.

The low critical temperature hydrocarbons and fluorocarbons represent comparably sim-
ilar efficiencies, and only slight differences can be observed between the different fluid
groups. However, when using fluids with higher critical temperatures, more notable dif-
ferences in the cycle efficiency can be observed when comparing fluids from different
groups, namely the siloxanes, high critical temperature linear hydrocarbons, and aromatic
hydrocarbons, as well as the cycloalkanes. The cycloalkanes and aromatic hydrocarbons
represent higher cycle efficiencies when compared to the linear alkanes having a relatively
similar critical temperature. With siloxanes, the cycle efficiency increases only slightly,
or even slightly decreases with some fluids, when a siloxane with higher critical temper-
ature is adopted to the cycle.

The results for a cycle without a recuperator indicate that the cycle efficiencies obtained
with hydrocarbons and especially siloxanes are significantly lower when compared to the
processes equipped with a recuperator, and the deviation in the cycle efficiencies of differ-
ent fluid groups is more pronounced in the process without the recuperator. A significant
reduction in the simulated cycle efficiency can be observed also with the fluorocarbons
having the highest critical temperatures when comparing the results of the processes with
and without a recuperator. The results presented in Figure 4.2a and Figure 4.2c show that
the condensing temperature has a significant impact on the cycle efficiency and a higher
cycle performance is achieved when adopting a lower condensing temperature.

4.1.3 Condensing pressure and expansion ratio over the turbine

The process condensing pressure, pc, and the expansion ratio over the turbine, vt,out/ vt,in,
were studied because these parameters were evaluated as important, especially when con-
sidering the turbine design and type, as well as in evaluating the size of the process heat
exchangers. The relation between the critical temperature and the condensing pressure is
presented in Figure 4.3a, Figure 4.3b, and Figure 4.3c.

The results indicate that a clear relation between the critical temperature and the condens-
ing pressure can be identified. In general, the higher the critical temperature of the fluid,
the lower the simulated condensing temperature when compared to another fluid of the
same working fluid group. Siloxanes and high critical temperature hydrocarbons repre-
sent significantly low condensing pressures, having values well below the atmospheric
pressure, especially in the case of a low condensing temperature of 50 oC. The studied
fluorocarbons represent condensing pressures above the atmospheric pressure, both with
the high condensing temperature and the low condensing temperature. The use of fluids
representing the lowest condensing pressures might lead to technical difficulties in the
condenser design when a low condensing temperature is used, and thus, these fluids can
be considered to be more potential for ORC systems that have relatively high condensing
temperatures.
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Figure 4.3: Relation between the critical temperature and the process condensing pressure with
hydrocarbons (a), siloxanes (b), and fluorocarbons (c). Two different condensing temperatures of
50 °C and 100 °C were considered.

The results for the relation between the critical temperature and the expansion ratio,
vt,out/vt,in, over the turbine are presented in Figure 4.4a, Figure 4.4b, and Figure 4.4c.
The results indicate that the expansion ratio over the turbine is higher when a fluid with
a higher critical temperature is used, compared to the use of a fluid from the same fluid
group having a lower critical temperature. The high expansion ratios over the turbine
are observed especially when adopting hydrocarbons with high critical temperatures or
siloxanes as working fluids. The high expansion ratio over the turbine results in a con-
figuration where a large change in the flow area between the turbine inlet and outlet is
needed. In addition, the use of fluids having a high expansion ratio over the turbine and a
low condensing pressure leads to a large volumetric flow rate at the turbine outlet caused
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Figure 4.4: Relation between the critical temperature and the process expansion ratio with hydro-
carbons (a), siloxanes (b), and fluorocarbons (c). Two different condensing temperatures of 50 °C
and 100 °C were considered

by the low vapor density at the low pressure side of the process. The volumetric flow rate
is closely connected to the sizing of the heat exchangers at the cycle low-pressure side,
namely on the sizing of the recuperator and condenser. Therefore, a large volumetric
flow rate is estimated to lead to the use of large-sized heat exchangers on the process low
pressure side when compared to the fluids having a low volumetric flow rate.

4.1.4 Enthalpy change over the turbine

The results of the relation between the critical temperature and the enthalpy change over
the turbine are presented in Figure 4.5a and Figure 4.5b. The enthalpy change over the
turbine is important parameter because it has a large impact on the turbine design, mainly
on the selection of the number of turbine stages and on the turbine rotational speed. The
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Figure 4.5: Relation between the critical temperature and the enthalpy change over the turbine,
Tc=50 oC (a) and Tc=100 oC (b).

results presented in Figure 4.5a and in Figure 4.5b indicate that the relation between
the critical temperature of the fluid with the enthalpy change over the turbine is almost
linear inside each working fluid group, and the highest enthalpy changes in the range form
about 100 kJ/kg to 200 kJ/kg can be observed with the hydrocarbons having a high critical
temperature while the lowest enthalpy changes below 50 kJ/kg can be observed with the
studied fluorocarbons and low critical temperature hydrocarbons. This can be mainly
explained by the fact that the fluids having a high critical temperature have a higher turbine
inlet temperature in the simulations when compared to the fluids having a lower critical
temperature, and thus, the temperature difference between the turbine inlet and condenser
is higher. However, the results indicate that the enthalpy change over the turbine is highly
dependent not only on the temperature difference between the turbine inlet and condenser,
but is highly affected by the group of the working fluid as well. The results show that the
hydrocarbons represent a higher enthalpy change over the turbine when compared to a
siloxane or a fluorocarbon having a comparably similar critical temperature.

4.1.5 Speed of sound

The results of the relation between the critical temperature of the fluid and the speed of
sound at the turbine inlet are presented in Figure 4.6. The results indicate that all the stud-
ied fluids have a relatively low speed of sound (< 170 m/s). The hydrocarbons represent
slightly higher speed of sounds when compared to fluorocarbons and siloxanes. The re-
sults indicate that a relation between the critical temperature of the fluid and the speed of
sound can be observed, and the high critical temperature leads into a low speed of sound,
especially with linear hydrocarbons and siloxanes. The speed of sound of the fluid is an
important feature to consider, especially when designing turbomachinery for ORC sys-
tems with the aim to decrease the losses related to the supersonic flows in ORC turbines.
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Figure 4.6: Relation between the critical temperature and the speed of sound at the turbine inlet.

When adopting fluids having a low speed of sound, rather complex turbine geometries
have to be considered in a case when the flow velocity is limited to be subsonic, because
the flow becomes supersonic even at low or moderate flow velocities.

4.2 Turbine design considerations with different working fluids

Preliminary evaluation of turbine dimensions and rotational speeds with different work-
ing fluids as a function of turbine power output was carried out to evaluate the suitability
of different fluids in small-scale ORCs adopting turbine technology. The studied turbine
type is a full admission radial inflow turbine, and the studied turbine power is ranging
from 10 kW to 200 kW. The results for the turbine geometries with different fluids were
obtained by using the non-dimensional design parameter specific speed Ns. The specific
speed was set to 0.5 in the cases because this value enables the design of radial inflow
turbines with relatively high efficiency according to the design charts by Balje (1981) and
design guidelines by Rohlik (1975). The turbine isentropic efficiency of 75% and a tur-
bine stator isentropic efficiency of 85 % were used for each fluid. The turbine efficiencies
used in the simulations were estimated based on the previous studies on small ORC tur-
bines by Verneau (1987), van Buijtenen et al. (2003), and Kang (2012). The absolute flow
angle at the rotor inlet (α1) was set to 75o based on the optimum flow angle corresponding
to the selected specific speeds according to Rohlik (1975). The design method results in a
radial turbine having the non-dimensional parameter specific diameter of about 3.2, which
enables high efficiency according to the Ns/Ds design charts by Balje (1981). The use
of Ns and Ds can be used in the preliminary evaluation of suitable rotational speed and
geometry of the turbine and in comparing different fluids. However it should be noted,
that the use of Ns and Ds do not take into account the significantly large expansion ratios
over the turbines when organic fluids are adopted. Thus, more accurate design of the tur-
bine geometry and turbine efficiency predictions should be carried out by using accurate
numerical methods, such as CFD simulations.
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First, the turbine designs were carried out by using six hydrocarbons, three fluorocarbons,
and two siloxanes to evaluate the turbine dimensions and rotational speed with different
working fluids and turbine power levels. The fluids representing the highest expansion
ratios over the turbine, mainly the siloxanes and hydrocarbons with the highest critical
temperatures, were excluded from this analysis because a single stage turbine is consid-
ered. A slightly lower reduced pressure of pt,in/pcrit=0.8 was adopted at the turbine inlet
in this assessment when compared to the previous section in order to reduce the expan-
sion ratio over the turbine. The condensing temperature of 50 oC was used, and the vapor
was superheated by 10 oC in this comparison. The pressure at the rotor inlet was set to
prot,in=(pt,in·pt,out)0.5 to have an equal pressure ratio over the stator and rotor, leading to
the degree of reaction close to 0.5. Diameter ratios D2t/D1=0.6 and D2h/D2t=0.35 were
used to estimate the blade height at the rotor outlet. Second, the results on the effect of
degree of reaction and the effect of the turbine inlet pressure on the turbine design are
presented and discussed.

4.2.1 Turbine design as a function of turbine power output

The results of the turbine design with different working fluids are presented in the follow-
ing. The design results that are independent from the turbine power are presented in Table
4.2, and the results for the cycle mass flow rate and volumetric flow rate as a function of
turbine power are presented in Figure 4.7a, Figure 4.7b, and Figure 4.7c and in Figure
4.8a, Figure 4.8b, and Figure 4.8c.

Table 4.2: Input data from the process design used as input values in the turbine design and the
main results of the turbine design that are independent from the turbine power scale.

Working pt,in Tt,in ηe ∆h vt,out/ Ma1 c1 u1 t2/t1
fluid [bar] [oC] [%] [kJ/kg] vt,in,[-] [-] [m/s] [m/s] [-]
toluene 33.0 310.6 23.6 167.9 364.9 2.1 436.0 398.8 25.6
octane 20.0 290.1 21.2 144.9 439.3 2.1 400.7 374.4 28.1
cyclohexane 32.6 272.7 21.02 141.3 128.0 1.9 395.3 370.1 15.5
cyclopentane 36.1 231.6 18.4 117.5 46.6 1.7 359.9 338.0 9.8
isohexane 24.3 219.5 17.0 98.8 48.2 1.7 327.0 312.8 9.9
pentane 27.0 192.1 15.0 86.46 23.3 1.5 305.6 292.9 7.2
R365mfc 26.1 184.0 14.3 43.2 25.2 1.5 215.8 207.3 7.5
R245ca 31.4 171.5 13.1 38.8 17.7 1.4 204.2 196.5 6.4
R245fa 29.2 151.7 11.4 30.8 10.9 1.3 182.8 174.7 5.2
MDM 11.3 286.1 18.6 80.2 776.0 2.2 297.1 279.3 37.5
MM 15.5 241.2 17.3 74.3 126.9 1.9 285.0 270.1 15.8

The results presented in Table 4.2 show that the designed turbines have a supersonic flow
at the rotor inlet. The highest absolute Mach numbers can be found when using siloxanes
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Figure 4.7: Working fluid mass flow rate as a function of turbine power with different (a) hydro-
carbons, (b) siloxanes, and (c) fluorocarbons.



58 4 Study on dry ORC working fluids

0 50 100 150 200
0

1

2

3

4

5

6

7

8

V
ol

um
et

ri
c 

fl
ow

 r
at

e 
at

 th
e 

tu
rb

in
e 

ou
tle

t, 
[m

3 /s
]

Turbine power, [kW]

 

 

cyclohexane
cyclopentane
toluene
octane
pentane
isohexane

(a)

0 50 100 150 200
0

5

10

15

20

V
ol

um
et

ri
c 

fl
ow

 r
at

e 
at

 th
e 

tu
rb

in
e 

ou
tle

t, 
[m

3 /s
]

Turbine power, [kW]

 

 

MDM
MM

(b)

0 50 100 150 200
0

0.2

0.4

0.6

0.8

1

V
ol

um
et

ri
c 

fl
ow

 r
at

e 
at

 th
e 

tu
rb

in
e 

ou
tle

t, 
[m

3 /s
]

Turbine power, [kW]

 

 

R365mfc
R245fa
R245ca

(c)

Figure 4.8: Volumetric flow rate at the turbine outlet as a function of turbine power with different
(a) hydrocarbons, (b) siloxanes, and (c) fluorocarbons.

or hydrocarbons having the highest critical temperatures while the lowest Mach numbers
are obtained with the studied fluorocarbons. In addition, the high critical temperature
hydrocarbons and siloxanes represent the highest expansion ratios over the turbine and
the largest variation in the turbine blade height between the rotor inlet and outlet. The
large variation in the blade height between the inlet and outlet might cause flow separa-
tion in the rotor, which will have a negative impact on the turbine efficiency. The highest
flow velocities and the highest peripheral speed can be found with turbines operating with
hydrocarbons, and the lowest velocities can be found in turbines operating with fluoro-
carbons. The results presented in Figure 4.7a, Figure 4.7b, and Figure 4.7c show that the
fluids with a high critical temperature have a lower mass flow rate through the turbine
when compared to fluids having a lower critical temperature. The highest mass flow rates
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were simulated with fluorocarbons and the lowest mass flow rates with hydrocarbons.
According to the results presented in Figure 4.8a, Figure 4.8b, and Figure 4.8c, the high
critical temperature fluids represent the highest volumetric flow rates at the turbine outlet,
and the lowest volumetric flow rates were obtained with fluorocarbons and low critical
temperature hydrocarbons.

The results of the turbine rotational speed are presented in Figure 4.9a, Figure 4.9b, and
Figure 4.9c. Based on the results, the studied hydrocarbons represent the highest tur-
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Figure 4.9: Turbine rotational speed as a function of turbine power with different (a) hydrocar-
bons, (b) siloxanes, and (c) fluorocarbons.

bine rotational speeds, and the studied siloxanes represent the lowest turbine rotational
speeds. The calculated rotational speed is above 100 000 rpm with most of the studied
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hydrocarbons when the turbine power is in the range from 10 to 20 kW and the studied
fluorocarbons represent only slightly lower rotational speeds. The turbine rotational speed
decreases significantly when a higher turbine power level is considered. The lowest rota-
tional speeds were calculated for turbines operating with siloxane MDM and the highest
rotational speeds with hydrocarbon cyclopentane.

The results of the blade height at the rotor inlet are presented in Figure 4.10a, Figure
4.10b, and Figure 4.10c. The studied siloxanes and fluorocarbons represent turbines with
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Figure 4.10: Turbine blade height at the rotor inlet as a function of turbine power with different
(a) hydrocarbons, (b) siloxanes, and (c) fluorocarbons.

higher blade heights at the rotor inlet when compared to the studied hydrocarbons, espe-
cially when compared to the hydrocarbons with the highest critical temperature, namely
toluene or octane. The hydrocarbons represent blade heights below 1 mm at the low-
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est turbine power range, and only slightly higher blade heights were obtained with the
siloxanes and fluorocarbons. Significantly higher blade heights at the rotor inlet can be
observed when turbines having a power output in the range from 50 kW to 200 kW are
designed. The largest blade heights were calculated for turbines operating with fluorocar-
bon R245fa, and the smallest blade heights were calculated for turbines operating with
hydrocarbon toluene. The small blade heights at the rotor inlet are estimated to lead to
difficulties in manufacturing the turbine flow channels, as well as to reductions in the tur-
bine efficiency, caused by the tip clearance loss and relatively thick boundary layers when
compared to the height of the flow channel. Shrouded impellers could be considered to
reduce the tip clearance losses related to the small blade height. On the other hand, the ef-
fect of the tip clearance at the rotor inlet on the radial turbine efficiency has been reported
to be smaller when compared to the axial turbines(Dambach et al., 1999).

The results of the turbine rotor diameters are presented in Figure 4.11a, Figure 4.11b, and
Figure 4.11c as a function of turbine power. The largest turbine wheels are obtained with
the studied siloxanes and with high critical temperature hydrocarbons, representing the
highest volumetric flow rates at the turbine outlet, while the smallest turbine wheels are
obtained with fluorocarbons and with low molecular weight hydrocarbons, representing
the lowest volumetric flow rates at the turbine outlet. The largest turbine wheels were
calculated for turbines operating with siloxane MDM, and the smallest turbine wheels
were calculated for turbines operating with hydrocarbon cyclopentane and fluorocarbon
R245fa.

4.2.2 Effect of the degree of reaction on the turbine design

The results on the effect of the degree of reaction on the turbine blade height at the rotor
inlet are presented Figure 4.12a, the effect on the blade height ratio t2/t1 in Figure 4.12b,
the effect on the velocity ratio cu1/u1 in Figure 4.12c, and the effect on the absolute Mach
number at the rotor inlet in Figure 4.12d. These turbine designs were carried out by using
toluene, MDM, and R245fa as working fluids and a turbine power output of 100 kW was
used. The degree of reaction was varied by changing the static pressure between the tur-
bine rotor and stator. Based on the results a low degree of reaction allows to have a larger
blade height at the rotor inlet when compared to a higher degree of reaction. In addition,
lower variations between the rotor inlet and outlet blade height were observed based on
the rotor blade height ratio t2/t1 when a low degree of reaction was adopted. However,
the low degree of reaction changes the velocity ratio cu1/u1 at the rotor inlet and leads to
higher Mach number at the stator outlet as well as results in higher relative velocities at
the rotor inlet. If the velocity ratio cu1/u1=1, the velocity triangle is as presented in Figure
3.4a and is typical for radial turbines in which straight blades are used at the rotor inlet. If
the velocity ratio is higher, the velocity tringle at the rotor inlet is as presented in Figure
3.4b, and if straight blades are used at the turbine inlet, the incidence angle of the relative
velocity increases and might cause flow separation at the rotor inlet. Thus, curved blades
could be considered at the rotor inlet in this case. In addition, the higher Mach number at
low degrees of reaction introduces additional losses related to highly supersonic flow at
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Figure 4.11: Turbine diameter as a function of turbine power with different (a) hydrocarbons, (b)
siloxanes, and (c) fluorocarbons.

the stator outlet.

4.2.3 Effect of the turbine inlet pressure on the cycle efficiency and on the turbine
design

The turbine inlet pressure of pt,in/pcrit=0.8 was used to obtain the turbine design results
presented in the previous sections and was evaluated to be a suitable method in the pre-
liminary comparison of different working fluids in terms of a turbine design. The effect
of the turbine inlet pressure on the turbine design is studied and discussed in this sec-
tion because the turbine inlet pressure highly influences the expansion ratio and enthalpy
change over the turbine, as well as the cycle mass flow rate. The turbine inlet pressure
has also a singnificant effect on the cycle efficiency. The effect of turbine inlet pressure
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Figure 4.12: Effect of the degree of reaction on the turbine blade height at the rotor inlet (a),
blade height ratio t2/t1 (b), velocity ratio cu1/u1 (c), and Mach number at the stator outlet (d).
The turbine power is 100 kW in the calculated cases.

on the cycle efficiency with working fluids toluene, MDM, and R245fa is presented in
Figure 4.13 showing that the higher the turbine inlet pressure, the higher the simulated
cycle effciency.

The results of turbine diameter are presented in Figure 4.14a, the results of the blade
height at the rotor inlet are presented Figure 4.14b, the results of the blade height ratio
t2/t1 in Figure 4.14c, and the results of the rotational speed in Figure 4.14d. The turbine
power is 100 kW in all the calculated cases. The results indicate that the lower the turbine
inlet pressure, the higher the blade height at the rotor inlet, the larger the turbine wheel,
and the lower the rotational speed of the turbine. In addition, when a lower turbine inlet
pressure is selected, the rotor blade height ratio t2/t1 is lower. Thus, it can be estimated
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Figure 4.13: Cycle efficiency as a function of turbine inlet pressure.

that higher turbine efficiency could be achieved with radial turbines when a lower pressure
ratio is adopted over the turbine when compared to higher pressure ratios. On the other
hand, the increase in the turbine efficiency should justify the lower cycle efficiency caused
by the use of lower turbine inlet pressure. It is recommended to take into account both the
thermodynamic cycle performance and the turbine design considerations when selecting
the operational parameters and working fluid for the cycle.

4.3 Conclusions and discussion

The aim of this chapter was to investigate and highlight the specific features related to
the selection of the working fluids for ORC power systems from different working fluid
groups that have been identified as suitable candidates for ORC systems and to study the
preliminary design of small-scale turbines with different working fluids. The results show
that the most important working fluid properties and ORC process parameters, namely the
evaporating and condensing pressure, cycle efficiency, enthalpy change, and the expan-
sion ratio over the turbine, are closely related to the group of the working fluid as well
as to the critical temperature of the fluid. In general, when comparing different fluids of
the same working fluid group, the higher the critical temperature of the fluid, the higher
the obtainable process efficiency. On the contrary, the high critical temperature leads to
a high expansion ratio over the turbine and to low condensing pressures, especially with
siloxanes and heavy hydrocarbons, which are influential parameters on the process heat
exchanger and expander design. The following conclusions were made based on the ther-
modynamic analysis.

-Hydrocarbons: 1) High cycle efficiency can be obtained with the high critical tempera-
ture and high molecular weight fluids. 2) Higher condensing pressures and lower expan-
sion ratios over the turbine are obtained when adopting lower critical temperature fluids,
compared to the higher critical temperature hydrocarbons. 3) Higher enthalpy drop over
the turbine is obtained when compared to a siloxane or a fluorocarbon having a compa-
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Figure 4.14: Effect of the turbine inlet pressure on the turbine diameter (a), blade height at the
rotor inlet (b), blade height ratio t2/t1 (c), and turbine rotational speed (d). The turbine power is
100 kW in the calculated cases.

rably similar critical temperature. 4) Cycloalkanes and aromatic hydrocarbons represent
higher efficiencies when compared to a linear hydrocarbon having a relatively similar crit-
ical temperature.

-Siloxanes: 1) High cycle efficiencies can be achieved when a fluid with a high critical
temperature and recuperated cycle is used. 2) High expansion ratios and low condensing
pressures are obtained in applications having a relatively low condensing temperature. 3)
The enthalpy drop over the turbine is lower when compared to hydrocarbons. 4) Rel-
atively small differences in the cycle performance and process design parameters were
observed when comparing a cyclic and a linear siloxane with a comparably similar criti-
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cal temperature.

-Fluorocarbons: 1) Comparably similar cycle efficiencies are obtained when comparing
a fluorocarbon and hydrocarbon having comparably similar critical temperature. 2) A
higher condensing pressure and a lower expansion ratio over the turbine is obtained when
comparing a fluorocarbon and hydrocarbon having comparably similar critical tempera-
ture. 3) A lower enthalpy drop over the turbine is obtained when compared to the hydro-
carbons.

The turbine design calculations were coupled together with the thermodynamic process
design tool. As a result, a preliminary assessment on the design of supersonic radial tur-
bines for the power level from 10 kW to 200 kW was carried out with six hydrocarbons,
two siloxanes, and three fluorocarbons. The turbine main dimension and rotational speed
as a function of turbine power level were solved by using a comprehensive comparison
based on the use of nondimensional parameter specific speed. The studied siloxanes rep-
resented larger turbine wheels and lower rotational speeds than the fluids from other fluid
groups. The largest blade heights are obtained with the studied fluorocarbons and silox-
anes. In general, the results indicate that the design of ORC turbines with a very low
power output is difficult, because the turbine wheels tend to be small and fast rotating and
especially due to the small blade height at the turbine rotor inlet. The small blade height
at the rotor inlet is estimated to lead to difficulties in manufacturing the turbine flow chan-
nels, as well as is estimated to lead to reductions in the turbine efficiency, caused by a tip
clearance loss and relatively thick boundary layers when compared to the height of the
flow channel. In addition, with fluids having the highest expansion ratios a significantly
large blade height ratio between the rotor inlet and outlet was observed and might lead
to efficiency reductions due to flow separation in the rotor. Thus, the use of multistage
turbines could be considered with these fluids. The high rotational speeds over about 100
000 rpm are estimated to lead to practical difficulties in the design of the turbogenerator
shaft, generator, and bearings.

The results indicated that by selecting a low degree of reaction or low turbine inlet pres-
sure, larger blade heights were obtained at the turbine inlet. However, the low degree of
reaction leads to higher Mach number at the stator outlet, which increases losses, and the
reduction in the turbine inlet pressure leads to lower cycle efficiency. As a conclusion, the
selection of the working fluid highly influences not only the thermodynamic performance
of the cycle, but in addition it has a significant impact on the turbine dimensions and
rotational speed. Thus, it is recommended to take into account both the thermodynamic
cycle performance and the turbine design considerations when selecting the operational
parameters and working fluid for the cycle.
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5 Siloxanes as working fluids in mini ORC systems

This chapter presents a study aimed at evaluating the use of siloxanes as the working fluid
of a small-capacity (approximately 10 kWe) ORC turbogenerator based on the “high-
speed technology” concept, combining the turbine, pump, and electrical generator on one
shaft, whereby the whole assembly is hermetically sealed, and the bearings are lubricated
by the working fluid. The selected application for the ORC in this chapter is the exhaust
gas heat from a turbocharged diesel engine having a shaft power output of approximately
120 kW. The application was identified as an interesting one for mini-scale ORC based
on the literature and when taking into account the large number of small diesel engines
installed in stationary and mobile applications worldwide. Siloxanes were identifed as po-
tential candidates for mini-scale ORCs based on the results presented in Chapter 4 when
both the thermodynamic process design and the turbine design were considered. The
effects of adopting different siloxane working fluids on the thermodynamic cycle config-
uration, power output, and on the turbine and component design are studied by means
of simulations. Toluene is included in the analysis as a reference fluid in order to make
comparisons between siloxanes and a suitable hydrocarbon.

As was concluded based on the results presented in Chapter 4, one of the most challenging
features when designing small-capacity ORC systems is the design of an efficient turbine.
The turbine efficiency can vary widely, and it is affected by many factors, like the oper-
ational point, size, and turbine type. The maximum efficiency of the turbine is usually
obtained using complex design techniques and turbine configurations, such as multistage
turbines. From the economic point of view, it might be beneficial if the turbine had a rel-
atively simple geometry especially in mini-scale ORC systems. However, the choice of
the configuration is highly dependent on production economy and market conditions, as
well as on the selected application. The sensitivity of the net power output to the turbine
efficiency is therefore included in the analysis. A preliminary study on realizing a rela-
tively efficient, simple, single-stage radial turbine with different working fluids and the
preliminary design of turbine geometries for the selected application are presented and
discussed in this chapter.

The diesel engine and exhaust gas parameters are presented in Table 5.1. The exhaust gas
enters the evaporator at the temperature of Ths,in = 431 ◦C, and it is cooled down to Ths,out

= 210 ◦C. The outlet exhaust gas temperature is selected based on the assumption that the
sulfur content of the exhaust gas is high and that the acid dew point of sulfur occurs at the
temperature of about 180 ◦C. A safety margin of 30 ◦C is adopted.

For the preliminary thermodynamic cycle analysis of the ORC system, the component
efficiencies were set to specified fixed values for all selected working fluids in order to
compare the thermodynamic cycle performance associated with the considered fluids.
The main component efficiencies and process values used in the thermodynamic analysis
are presented in Table5.2



68 5 Siloxanes as working fluids in mini ORC systems

Table 5.1: Diesel engine and exhaust gas parameters.

Psp qm,hs Ths,in Ths,out ϕev Tad

[kW] [kg/s] [◦C] [◦C] [kW] [◦C]
120 0.227 431 210 55.4 180

Table 5.2: Component efficiencies and process specifications.

ηt ηmg ηinv ηfp ct,out Cd Tc, Case1/Case2 Tt,max ∆Tsh εmax

[%] [%] [%] [%] [m/s] [-] [◦C] [◦C] [◦C] [-]
80 92 96.5 50 60 3.2 50/90 325 20 0.68

The cycle calculations were carried out by constraining the working fluid maximum tem-
perature at the turbine inlet with Tt,max ≤ 325 ◦C, well below the fluids’ thermal stability
threshold (Colonna, 1991; Angelino and Invernizzi, 1993; Angelino and Colonna, 1998).
The selected maximum temperature at the turbine inlet allows for the optimal coupling of
the thermodynamic cycle and the heat source. Another constraint adopted in the calcu-
lations is that the temperature difference between the heat source fluid and the working
fluid within the evaporator is not smaller than 20 ◦C. In most of the considered cases, the
minimum temperature difference between the heat source and the working fluid occurs
at the cold end of the evaporator. Here, the evaporator is assumed to feature countercur-
rent flow arrangement, and therefore, the cold end of the heat exchanger refers to the heat
source fluid outlet and working fluid inlet. A small degree of superheating (∆Tsh = 20 ◦C)
is also specified as a safety margin to prevent liquid droplets from entering the turbine.
An example of an evaporator temperature–transferred thermal power diagram is shown in
Figure 5.1.

The thermodynamic cycle calculations are performed with the two condensing tempera-
tures of Tc = 50 ◦C (Case1) and Tc = 90 ◦C (Case2). The ORC system is considered as a
power-only application in Case1, and as a combined heat and power (CHP) application in
Case2. A recuperator is employed to preheat the liquid working fluid entering the evap-
orator. The working fluid temperature at the recuperator outlet is calculated based on the
turbine outlet temperature, feed-pump outlet temperature, and recuperator effectiveness.
In this study, the maximum value of the recuperator effectiveness is limited to εmax ≤
0.68, which enables the use of a recuperator, where the flow arrangement can also differ
from the pure countercurrent flow configuration. However, lower recuperator effective-
ness is specified in case of some of the working fluids considered here if the temperature
difference at the evaporator cold end, between the heat source and working fluid, does not
allow to obtain the maximum recuperator effectiveness. By varying the recuperator effec-
tiveness, the heat rate to the ORC evaporator can be kept the same for each fluid. It would
also be possible to set the maximum recuperator effectiveness for each fluid and vary
the outlet temperature of the heat source. This approach would lead to slightly different
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Figure 5.1: Temperature diagram of the evaporator. The working fluid is siloxane D4.

results, especially for those fluids having the highest turbine outlet temperatures.

5.1 Results

5.1.1 Design point results

The values of the net electric power outputs, Pe,net, and net electric efficiencies, ηe,net,
resulting from the cycle calculations are presented in Figure 5.2 and Figure 5.3. The re-
sults are presented for calculations with pressure losses(PL) and without pressure losses.
Based on the results, the electric power output calculated with siloxanes as working fluid,
and by considering also the pressure losses, varies from 9.5 kW - 10.9 kW for Case1
(power-only application) and from 6.5 kW - 7.7 kW for Case2 (CHP application). In
Case1, the lowest power output and efficiency are achieved with siloxane MM and the
highest power output and efficiency with siloxane D4. In Case2, the highest cycle per-
formance is also achieved with siloxane D4 while D6 gives the lowest cycle performance.
Relatively high cycle performance is achieved also with siloxanes D5 and MD2M. In both
Case1 and Case2, the toluene process provides a higher power output (Case1 13.1 kW,
Case2 10.5 kW) and efficiency (Case1 23.6 %, Case2 19.0 %) than the siloxane processes.

The results of Case1 and Case2 indicate that the condensation temperature has a signifi-
cant impact on the cycle performance. Also the pressure losses between the turbine outlet
and the condenser should be taken into account because the pressure losses raise the tur-
bine outlet pressure and thus decrease the performance of the cycle. In turn, the pressure
losses reduce the volume and pressure ratio over the turbine, which might have a positive
impact on the turbine design. In these calculations, the turbine outlet velocity wt,out was
assumed to be 60 m/s in each case. A more accurate pressure loss evaluation can be per-
formed after the turbine outlet velocity and component geometries are known.
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Figure 5.2: ORC process net electric power, Pe,net.
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Figure 5.3: ORC process net electric efficiency, ηe,net.

The enthalpy drop over the turbine, working fluid mass flow rate, volume flow at the tur-
bine outlet, and recuperator effectiveness associated with the various working fluids are
presented in Table 5.3. The fluid state at the turbine inlet and the condensation pressure
at the corresponding condensation temperature of 50 ◦C (Case1) and 90 ◦C (Case2) are
shown in Table 5.4.
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Table 5.3: Working fluid mass flow rate, volumetric flow rate, specific enthalpy drop over the
expansion, and recuperator effectiveness, for the studied working fluids.

Case1 Case2
qm,wf qv,out ∆ht ε qm,wf qv,out ∆ht ε
[kg/s] [m3/s] [kJ/kg] [-] [kg/s] [m3/s] [kJ/kg] [-]

MM 0.148 0.16 81.1 0.68 0.174 0.04 53.5 0.68
MDM 0.149 0.84 83.6 0.68 0.169 0.16 57.3 0.66
MD2M 0.152 4.07 84.5 0.68 0.152 0.47 59.3 0.54
MD3M 0.147 18.84 80.6 0.64 0.147 1.38 55.6 0.51
MD4M 0.154 88.95 77.6 0.62 0.154 3.84 52.3 0.49
D4 0.161 2.10 82.0 0.68 0.167 0.28 57.3 0.57
D5 0.165 7.20 75.3 0.65 0.165 0.71 52.5 0.51
D6 0.158 30.57 72.6 0.62 0.158 1.89 49.4 0.49
toluene 0.087 0.25 183.2 0.68 0.099 0.07 135.2 0.68

Table 5.4: Working fluid state at the turbine inlet, and condensation pressures for Case1 and
Case2.

Case1 Case2
pt,in Tt,in pt,in/pcr pc pt,in/pc pc pt,in/pc
[bar] [◦C] [-] [bar] [-] [bar] [-]

MM 18.50 263 0.95 0.175 106 0.743 25
MDM 12.00 300 0.85 0.022 548 0.137 88
MD2M 8.75 325 0.71 0.003 2674 0.029 299
MD3M 4.40 325 0.46 0.0005 8395 0.007 641
MD4M 2.55 325 0.29 0.0001 26410 0.002 1425
D4 11.85 325 0.89 0.007 1695 0.056 210
D5 6.20 325 0.53 0.002 4050 0.016 396
D6 3.30 325 0.34 0.0003 11698 0.004 820
toluene 34.7 325 0.84 0.123 282.4 0.543 64

For siloxanes, the enthalpy drop over the turbine is comparably small, and varies from
73 kJ/kg to 85 kJ/kg for Case1 and from 49 kJ/kg to 59 kJ/kg for Case2. The enthalpy
drop over the expansion affects the turbine design, leading to lower rotational speeds. A
single-stage turbine can be considered, if the enthalpy drop over the turbine is small. For
siloxanes, the mass flow rates vary from 0.14 kg/s to 0.17 kg/s. The enthalpy drop over
the turbine is significantly higher with toluene (183 kJ/kg for Case1 and 135 kJ/kg for
Case2) and the mass flow rate is lower than in the siloxane processes. MM, MDM, D4

and toluene feature pressures relatively close to the critical pressure at the turbine inlet,
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while MD4M and D6 provide relatively low pressures compared to the critical pressure.

The recuperator effectiveness varies from 0.49 to 0.68, in order to maintain sufficient
temperature difference between the heat source and the working fluid. Siloxanes MD4M
and D6, the fluids featuring the highest molecular weight, imply cycles with the smallest
recuperator effectiveness, while fluids with low molecular weight, toluene and MM, en-
tail cycles with the maximum recuperator effectiveness of 0.68, both for Case1 and Case2.

The volume flow rate at the turbine outlet is significantly high with siloxanes D6, MD3M,
and MD4M, having high molecular weights and critical temperatures, especially in Case1,
where low condensation temperature is adopted. In order to achieve subsonic flow at the
turbine outlet, a relatively large flow area would be needed. As can be noticed from the
results, most of the selected working fluids demand for low values of the condensation
pressures in both Case1 and Case2. The lowest practical limit for the pressure in the
condenser is considered to be 0.03 bar - 0.05 bar, according to some previous studies con-
cerning larger scale ORC systems (Angelino and Colonna, 1998; Fernàndez et.al, 2011;
Drescher and Brüggemann, 2007). MM and toluene exhibit feasible condensation pres-
sures, both in Case1 and Case2. Also MDM and D4 processes feature feasible condenser
pressures, with condensing temperatures typical of CHP applications. The use of the
other siloxanes implies significantly lower condensing pressures and higher pressure ra-
tios pt/pc between the turbine inlet and the condenser. The high pressure ratio might have
a negative impact on the design of efficient turbines if a single-stage turbine is consid-
ered. Low condensing pressure and high pressure ratio would lead to a complex turbine
with multiple stages due to the large change in the flow area between the turbine inlet and
outlet.

Based on the results from Case1 and Case2, toluene and siloxanes MDM and D4 are con-
sidered as the most suitable fluids due to the high cycle efficiency and power output, and
comparably high condensing pressure. Also siloxane MM can be considered as a suitable
candidate due to the high condensing pressure and low process pressure ratio, but the ef-
ficiency and power output of the cycle is rather low compared to that obtained with other
siloxanes, especially for Case1. It should be noted that these results are obtained based on
the assumption that the turbine operates at a relatively high efficiency of 80 % with each
selected fluid.

Siloxanes D5, D6, MD2M, MD3M, and MD4M, with a high molecular weight and high
critical temperature, have significantly low condensing pressures and high volume flow
rates at the turbine outlet. These issues might lead to practical problems in the turbine and
condenser design. These fluids can be considered more suitable in applications needing
higher condensing temperatures than those selected in this study. In addition, the use of
multistage turbines must be considered.
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5.1.2 Effect of the condensing temperature on the cycle performance and process
design

As shown by the results of Case1 and Case2, the low condensation temperature gives bet-
ter cycle performance but leads to practical problems in the turbine and condenser design,
due to the needed high degree of vacuum in the condenser and the high volume ratio over
the turbine expansion. It is therefore essential to study the effect of different condensing
temperatures on the previously mentioned parameters. The effect of the condensing tem-
perature, ranging from 45 ◦C to 95 ◦C, on the cycle performance and component design
with fluids MM, MDM, D4, and toluene is studied and discussed in the following. The
results presented in this section help in evaluating the suitable condenser temperature and
comparing the cycle performance depending on various condensation temperatures. It
should be noted that pressure losses are not included in the calculations. The effect of
the condensation temperature, Tc, on the net electric power output, Pe,net is presented in
Figure 5.4a and on the net electric efficiency in Figure 5.4b.
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Figure 5.4: The effect of the condensation temperature, Tc, on the net electric power output, Pe,net

(a) and on the net electric efficiency, ηe,net (b) (pressure losses are neglected).

Based on the results presented in Figure 5.4a and in Figure 5.4b, toluene gives the high-
est and MM the lowest power output and efficiency, with both high and low condensing
temperatures. D4 provides a higher performance than MDM with low temperatures in the
condenser, but similar power outputs with high condensing temperatures. The net elec-
tric power output and efficiency display a linear trend as a function of the condensation
temperature, if other process parameters are kept constant. In ORC processes with D4

and MDM as working fluid, the increase in condensing temperature lowers the recupera-
tor effectiveness, so that a sufficient temperature difference at the evaporator cold end is
maintained. This causes a reduction in the system power output, especially with D4, if
high condensing temperatures are imposed. Figure 5.4a and Figure 5.4b show this effect,
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resulting in the slope change, visible for the lines associated with siloxanes D4 and MDM.

The effects of the condensing temperature on the volume ratio over the turbine expansion
vt,out/vt,in, process pressure ratio pt/pc, and the condensing pressure are presented in Fig-
ure 5.5, a, b, and c.
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Figure 5.5: The effect of the condensing temperature, Tc on the turbine volume ratio vt,out/vt,in
(a), on the pressure ratio pt/pc (b), and on the condensing pressure, pc (c).

As can be noticed from Figure 5.5a, Figure 5.5b and Figure 5.5c, the condensing temper-
ature has a significant impact on the process volume ratio, pressure ratio, and condensing
pressure. MM and toluene processes lead to relatively low volume and pressure ratios
compared to D4 and MDM at both high and low condensing temperatures. High volume
ratio over the turbine might have a negative impact on the turbine design due to large
change in the flow area needed between turbine inlet and outlet.



5.1 Results 75

The condensing pressure calculated for the toluene and MM processes is above the con-
sidered minimum practical limit of 0.03 bar - 0.05 bar, at both high and low condensing
temperatures. The condensing pressures are slightly below the mentioned technological
limit if D4 and MDM with low condensing temperatures are considered. High condens-
ing temperature should therefore be selected with these two fluids. However, in small-
capacity applications, it might be possible to adopt a slightly lower condenser pressure,
due to smaller surfaces exposed to the pressure difference with the environment.

5.1.3 Turbine design considerations

In all the process calculations (Case1 and Case2), the turbine efficiency was assumed to
be 80 %, independently of the working fluid. It should be noted that an isentropic turbine
efficiency of 80 % might not be achievable with small-capacity turbomachinery, and that
achieving high turbine efficiency with some of the selected fluids would require complex
turbine geometries with multiple stages. It is therefore relevant to study the sensitivity of
overall conversion efficiency depending on turbine efficiency. The effect of the turbine
efficiency on the net electric power output for Case1 is presented in Figure 5.6.
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Figure 5.6: The effect of the turbine efficiency, ηt on the electric power output, Pe,net.

As can be noticed from Figure 5.6, the net power output varies linearly with the turbine
efficiency, if other process parameters are kept constant. High power outputs are achieved
with toluene even with relatively low turbine efficiencies when compared to the selected
siloxanes. The selection of the working fluid should be based on the overall performance,
rather than solely on the optimization of the turbine efficiency. Small improvement in the
turbine efficiency might not be economically feasible if more complex turbine geometry is
required to achieve the increase in the turbine efficiency. Thus, the use of a simple turbine
geometry might be well justified since the power output seems to be rather insensitive to
small reductions in the turbine efficiency. However, it should be noted that with lower
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turbine efficiencies the working fluid mass flow rate and the heat rate to the condenser is
slightly higher, leading to larger heat transfer areas for the heat exchangers.

Preliminary and simplified single-stage radial turbine designs were performed, using the
values from the process design calculations (Case1 and Case2) for MDM, D4, MM, and
toluene. The main results are presented in Table 5.5. The turbine geometry was de-
termined by assuming full-admission, by setting the turbine specific speed equal to 0.6
and by assuming the same isentropic enthalpy change over the rotor and stator leading
to turbine design having a degree of reaction of about 0.5. The turbine diffuser was not
accounted for in this preliminary turbine assessment.

Table 5.5: Main results of the preliminary radial turbine rotor design.

MDM D4 MM toluene
Case1 Case2 Case1 Case2 Case1 Case2 Case1 Case2

n [rpm] 36400 63400 22700 47200 82500 114000 119000 182300
Din [mm] 156 74 243 99 67 40 71 40
Dout,tip [mm] 109 52 170 69 47 28 50 28
tin,rot [mm] 1.2 1.4 1.1 1.3 1.1 1.3 0.7 0.8
tout,rot [mm] 37.1 17.6 57.8 23.6 15.9 9.4 16.9 9.5
Pt [kW] 12.4 9.7 13.2 9.6 12.0 9.3 16.0 13.3

As was shown in Table 5.5, comparably larger rotor wheel diameters, larger blade heights
at the rotor outlet, and lower rotational speeds are achieved with fluids MDM and D4,
which have a high molecular weight. Comparably smaller wheel diameters and higher ro-
tational speeds are required with toluene and MM, having lower molecular weights than
D4 and MDM.

As can be noticed from Table5.5, the blade heights at the rotor inlet are significantly small
with all the selected fluids. Toluene requires the smallest blade height, between 0.7 mm
- 0.8 mm, while MDM allows for the largest blade height, between 1.2 mm - 1.4 mm. A
small blade height in the turbine stator and rotor inlet might lead to low turbine efficien-
cies and practical problems in turbine manufacturing and operation. To increase the blade
height at the rotor inlet and in the stator, lower turbine inlet pressures, lower degree of
reaction, or partial admission turbines could be considered. However, the lower turbine
inlet pressure would lead to lower cycle efficiency, lower degree of reaction would lead to
higher Mach number at the rotor inlet, which would lower the efficiency, and in general,
partial admission turbines represent lower effciency when compared to full admission tur-
bines. The evaluation of the achievable turbine efficiency would require a more detailed
analysis, due to the lack of practical experience with this type of small-capacity ORC
turbomachinery.



5.2 Conclusions and discussion 77

A significant difference in the turbine geometry can be observed between the results of
Case1 and Case2. Larger wheel diameters and lower rotational speeds are achieved in
Case1, where low condensing temperature of 50 ◦C is used. In Case2, where the higher
condensing temperature of 90 ◦C is imposed, the turbine wheels are smaller and the ro-
tational speeds are higher. The higher condensing temperature also results in a slight
increase of the blade height at the rotor inlet.

5.2 Conclusions and discussion
The suitability of eight siloxanes as working fluids for a small-capacity ORC system based
on high-speed turbogenerator technology is presented and analyzed. Toluene is included
in the analysis as a reference fluid to make comparisons between siloxanes and a suitable
hydrocarbon having a lower molecular weight than siloxanes. The considered application
is the heat recovery from the high-temperature exhaust of a 120 kW turbocharged diesel
engine. The thermodynamic process calculations were performed assuming a condensa-
tion temperature of 50 ◦C and also with an higher condensing temperature of 90 ◦C. The
most suitable fluids were evaluated based on the net power output, condensing pressure,
volume flow rate at the turbine outlet, and pressure ratio between the turbine inlet and
condenser. Preliminary radial turbine designs were presented and analyzed for four se-
lected fluids.

The highest simulated power output of 13.1 kW was achieved with toluene. Among the
siloxanes, D4 gives the highest simulated power output of 10.9 kW. Comparably high
conversion performances were achieved also with siloxanes D5 and MD2M. It should be
noted that these results were obtained based on the assumption that the turbine operates
at a relatively high efficiency of 80 % with each considered working fluid.

One remarkable feature is that siloxanes MD2M, MD3M, MD4M, D5, and D6, having a
high molecular weight, and therefore high values of critical temperature and low values
of the critical pressure, demand for significantly low condensing pressures, which leads to
high pressure and volume ratios over the turbine and to large volume flows at the turbine
outlet. Based on the process calculations and on the turbine preliminary designs, as well
as on the feasibility evaluation, D4, MM, MDM, and toluene were considered as the most
suitable working fluids.

The results show that the net electric power output of the analyzed small-capacity ORC
systems is rather insensitive to small changes of the turbine isentropic efficiency. There-
fore, the selection of the working fluid should be based on the optimization of the overall
performance of the ORC system, rather than only on the optimal design of the turbine.
The turbine type considered in this study was a single-stage full-admission radial turbine.
The results from the preliminary radial turbine design calculations show that a larger
wheel diameter, larger blade heights at the rotor outlet, and lower rotational speeds are
achieved with fluids MDM and D4, having relatively high molecular complexity. The use
of toluene and MM as working fluids would require smaller turbines with high rotation
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speeds (80 000 rpm-180 000 rpm). The blade heights at the rotor inlet are significantly
small, 0.7 mm-1.4 mm with all the selected fluids, which might have a negative impact on
the turbine efficiency, manufacturing, and operation. Lower turbine inlet pressures, lower
degree of reaction, or partial-admission turbines should be considered in order to increase
the blade height at the rotor inlet.

It should be noticed that the aim of this study was to provide preliminary information
concerning the use of siloxanes as working fluids in small-capacity ORC turbogenerators.
The evaluation of the achievable turbine efficiency and thus of the achievable power out-
put of the ORC system would require experimental information on small ORC turbines,
which is lacking at the moment.
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6 Radial turbine design for a micro-ORC test setup

In this chapter, the design of a small-scale radial turbine designed for an ORC experi-
mental setup based on high speed turbogenerator technology is presented and discussed.
Based on the turbine design consideration and on the thermodynamic analysis for differ-
ent fluids presented in the previous chapters, MDM was selected as the working fluid for
an experimental setup, designed to recover exhaust gas heat from a diesel engine. The
estimated power output of the turbine is about 13 kW and a high speed turbogenerator
is used in the system. The selection of the working fluid was a compromise taking into
account the cycle efficiency, process design, and turbine design. MDM was selected since
it allows to design a turbine with a significantly lower rotational speed and larger tur-
bine wheel, when compared to the hydrocarbons and fluorocarbons and siloxane MM. In
addition, the blade height at the rotor inlet is higher with MDM when compared to the
hydrocarbons. The disadvantages of using MDM as the working fluid are the relatively
high expansion ratio over the turbine, which leads to a large variation on the rotor blade
height between the rotor inlet and outlet; the high volumetric flow rate at the turbine out-
let, which leads to the use of large sized heat exchangers and process piping at the low
pressure side of the process; low speed of sound; and moderate cycle efficiency when
compared to more complex siloxanes, such as D4 or hydrocarbons, with a high critical
temperature.

6.1 Design and flow analysis of the turbine

In this section, the design and CFD-simulation results for the turbine are presented. The
simulations were performed for different stator and rotor geometries. The design data
used as an input in the turbine design are presented in Table 6.1 and the main specifi-
cations of the designed turbine in Table 6.2. The velocity triangles obtained in the 1D
turbine design at the turbine rotor inlet and rotor outlet are presented in Figure 6.1. The
design was an iterative process in which several changes were made into the process de-
sign according to the changes made in the turbine design and the input data used in the
turbine design was changed according to the changes made in the process design and me-
chanical design. The final turbine geometry was a compromise between the aerodynamic
design and mechanical design, taking into account the limitation for mechanical stresses
and vibrations, as well as the limitations for the axial force caused by the pressure differ-
ence over the turbine wheel. In addition, the process design set limitations, such as the
condensing pressure, was limited to be above 0.03 bar. Thus, the turbine outlet pressure
of 0.07 bar is used in the turbine design because slightly higher condensing temperature
is adopted in the experimental setup when compared to the condensing temperature used
in the Case1 in Chapter 5. In addition, the pressure losses between the turbine and the
condenser increase the turbine outlet pressure and were taken into account in the turbine
design. The degree of reaction lower than 0.5 and the turbine inlet pressure significantly
lower than the fluids critical pressure were used in the final turbine design to increase the
blade height at the rotor inlet and in the stator flow channels. In additon, the turbine rotor
have curved blades at the rotor inlet instead of straight blades. The used turbine design
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methods and the methods used in the CFD simulations are presented in more detail in
Section 3.2 and Section 3.3.

Table 6.1: Design data used as an input in the turbine design.

Working fluid MDM
Working fluid mass flow rate 0.2 kg/s
Estimated turbine power 13.0 kW

p [bar] T [oC]
Turbine inlet 7.9 265.3
Turbine outlet 0.07 218.7

Table 6.2: Main specifications of the designed turbine.

Evaluated turbine efficiency 76 %
Degree of reaction 0.39
Specific speed 0.49
Specific diameter 3.45
Rotational speed 31455 rpm
Rotor diameter 144 mm
Stator blade height 2 mm
Blade height at the rotor outlet 28.5 mm
Mach number at the rotor inlet 2.18
Relative Mach number at the rotor inlet 0.81
Flow angle at the rotor inlet 69.4 deg
Mach number at the rotor outlet 0.78

First, a working fluid expansion in a converging-diverging nozzle was studied in de-
sign and off-design conditions in order to study the design and fluid expansion in the
converging-diverging part of the stator flow channel. In addition, these simulations were
performed to test the implemented real gas model with supersonic flow and with a rela-
tively simple geometry. Second, flow analyses of supersonic ORC stators are presented,
and the results obtained by using different stator geometries are compared. The simula-
tion results are presented for five different stator geometries having small variations in
the nozzle setting angle as well as in the nozzle diverging part geometry and in the dis-
tance between the stator trailing edge and rotor blade leading edge. The flow field in one
stator geometry was also simulated and studied in off-design conditions. The selected
off-design conditions correspond to the cases where a lower heat rate is introduced to the
ORC process. In off-design conditions adopting lower turbine inlet pressures, the working
fluid mass flow rate is lower than in the design condition because of chocked flow con-
ditions at the stator throat restrict the mass flow rate. Third, CFD-simulation results for
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Figure 6.1: Velocity triangles of the designed turbine.

three slightly different turbine rotor geometries at the turbine design working condition
are presented and discussed.

6.1.1 Expansion in a converging-diverging nozzle

The fluid expansion in one of the designed converging-diverging nozzles was studied by
using turbine design and off-design conditions. These simulations were performed in or-
der to study the expansion ratio over the convergent-divergent nozzle as well as the Mach
number and the flow velocity at the nozzle outlet. The nozzle simulations were performed
by using the k−ω SST-turbulence model. The velocity contours in the nozzle flow chan-
nel are presented in Figure 6.2. The main results obtained in the nozzle simulations are
presented in Table 6.3. The pressure change and flow velocity in the mean line of the
nozzle flow channel from the nozzle throat to the nozzle outlet are presented in Figure
6.3a and Figure 6.3b.

Figure 6.2: Velocity magnitude contours in the throat and in the diverging part of the supersonic
nozzle.

As presented in Table 6.3 and in Figure 6.3a and Figure 6.3b, the pressure ratio over the
nozzle and the outlet Mach number are slightly higher in off-design conditions than in the
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Table 6.3: Nozzle simulation results.

Case pin, [bar] pin/pout, [-] qm/qm,des, [-] cout, [m/s] Ma, [-]
design point 7.6 19.5 1.00 312.0 2.36

80 % off-design 6.0 19.9 0.79 311.3 2.37
60 % off-design 4.6 20.2 0.61 309.3 2.39
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Figure 6.3: Static pressure change (a) and velocity magnitude (b) along the mean line of the nozzle
divergent section at design conditions and at 80% and 60% off-design conditions.

design condition. The simulated nozzle outlet velocity is slightly lower in the off-design
conditions compared to the simulated result of design point. In general, the simulation
results indicated that the real gas model was successfully implemented in the flow solver
and uniform velocity and Mach number distribution were achieved at the nozzle outlet.

6.1.2 Stator simulations

Different supersonic stator geometries were designed and simulated at the turbine design
conditions and the results obtained with different geometries were compared to the results
of 1D-turbine design values. The simulations were performed by using Chien’s k− ϵ and
k − ω SST-turbulence models. The results obtained with the two different turbulence
models were presented and compared. In addition, one of the designed stator geometry
was studied at off-design working conditions by using k−ω SST-turbulence model in the
simulations.

The computational grid dependency was studied with one of the designed stator geome-
tries in order to minimize the error in the simulation results due to grid spacing. The
solutions were computed for the stator flow channel geometry with three different struc-
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tured grids: coarse grid having 6 480 cells, medium grid having 27 648 cells, and dense
grid having 55 728 cells. The simulations were performed by using k−ω SST-turbulence
model. The grid dependency is assessed by monitoring two parameters: the flow velocity
in the mean line of the flow channel and the pressure distribution on the longer wall of the
nozzle. Figure 6.4a presents the results of flow velocity in the mean line of the flow chan-
nel and Figure 6.4b the results of pressure distribution on the longer wall of the nozzle.
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Figure 6.4: Grid dependency study. Flow velocity in the mean line of the flow channel (a) and
pressure distribution on the longer wall of the nozzle (b).

The results show that the velocity magnitude and pressure distribution agree reasonably
well when using medium and fine grid, and the solution is close to grid independency
when using medium and fine grid. The general shape of the pressure peak, in a location
where an oblique shock wave from blade trailing edge hits the longer wall, is similar be-
tween the two densest grids even if the position is slightly different. This difference is
considered to be acceptable, and hence, results calculated with the same grid but at dif-
ferent operating conditions can be compared. Therefore, computational grids having the
number of cells comparable to the number off cells used in the medium grid were used in
the simulations for the studied stator geometries presented in the following sections.

Different stator geometries having a similar throat width and blade height were simulated
in turbine design operation conditions. The studied geometries represent slightly differ-
ent nozzle setting angles, distances between the stator and rotor, and slightly different
shapes of the diverging part of the nozzle. The design condition results for the studied
stator geometries are presented in Table 6.4. In general, the simulated results show rea-
sonably good agreement with the results obtained in the 1D turbine stator design. The
stator outlet velocity and the Mach number predicted in the CFD simulations are slightly
higher than the values used in the turbine 1D design. Based on the results presented in
Table 6.4, the k − ω SST-turbulence model predicts higher flow outlet velocities when
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Table 6.4: Stator simulation results with different stator geometries

Case pin pt pout cout Ma αout ηtot−st

[bar] [bar] [bar] [m/s] [-] [deg] -ηrel, [%]
1D design 7.9 5.1 0.4 289.7 2.18 69.4 0

Geometry 1 k − ω SST 7.6 4.5 0.38 309.3 2.33 71.1 + 11.1
Geometry 1 k − ϵ 7.6 4.5 0.38 292.6 2.17 69.8 + 0.7
Geometry 2 k − ω SST 7.6 4.5 0.40 304.5 2.30 71.7 + 9.8
Geometry 2 k − ϵ 7.6 4.5 0.41 297.9 2.23 71.8 + 6.6
Geometry 3 k − ω SST 7.6 5.0 0.41 300.9 2.27 71.7 + 8.1
Geometry 3 k − ϵ 7.6 5.0 0.41 295.9 2.22 71.6 + 5.4
Geometry 4 k − ω SST 7.7 4.5 0.40 306.8 2.32 71.9 + 11.1
Geometry 4 k − ϵ 7.7 4.5 0.40 298.1 2.24 71.2 + 5.7
Geometry 5 k − ω SST 7.8 5.0 0.43 305.7 2.31 73.1 +12.3
Geometry 5 k − ϵ 7.8 5.0 0.43 300.8 2.27 73.1 + 9.6

compared to the results obtained by using k − ϵ-turbulence model. The inlet pressure
ranges from 7.6 bar to 7.8 bar in the simulations while the inlet pressure used in the 1D
turbine design was 7.9 bar. The CFD simulations predict slightly larger flow angles at
the stator outlet when compared to the 1D design. The total-to-static state efficiency of
the stator was calculated by using the area averaged velocity at the stator outlet, and the
results shows that a higher effciciency is predicted by the CFD-simulations with all the
studied geometries when compared to the estimation in the preliminary turbine design.
The k−ω-turbulence model predicts higher total-to-static efficiencies with all the studied
geometries when compared to the results obtained by using the k − ϵ-turbulence model.
Experimental results are needed in order to further evaluate the accuracy of the used tur-
bulence models. In general, only small differences in the obtained results can be observed
when comparing the results obtained with stators in which the divergent section of the
nozzle is not designed by using MOC (Geometry 1-Geometry 4) and the results obtained
with a stator Geometry 5 adoptiong the nozzle divergent section designed by using MOC.
It should be noted that the stator simulations do not take into account the losses related to
the stator-rotor interaction(Rinaldi et al., 2013) and to the reflection of shock waves from
the rotor blades, and thus, the actual efficiency of the stator is estimated to be slightly
lower than the one predicted with steady CFD-simulations.

The studied stator geometries and the velocity contours obtained by using k − ω SST-
Turbulence model are presented in Figures 6.5a-6.5e. Based on the results, all the studied
geometries have a relatively similar flow field upstream the stator trailing edge. The most
significant differences between the studied geometries can be obsereved in the direction
of the shock waves and the viscous wake leaving from the trailing edge. The wakes and
the oblique shock waves results in non-uniformity in the pressure, velocity magnitude,
and flow angle at the stator outlet with all the studied geometries.
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(a) (b) (c)

(d) (e)

Figure 6.5: The studied stator geometries and the velocity magnitude contours predicted by using
k − ω SST-Turbulence model: (a) Geometry 1, (b) Geometry 2, (c) Geometry 3, (d) Geometry 4,
and (e) Geometry 5.

The simulation results for Geometry 5 are presented and discussed in more detail in the
following. The pressure distribution on the long wall of the stator nozzle of Geometry
5 predicted by the two turbulence models are presented in Figure 6.6. The predicted ve-
locity and pressure contours of Geometry 5 are presented in Figure 6.7 and Figure 6.8.
The results of pressure distribution on the nozzle long wall indicate that both turbulence
models predict similar shock wave locations, but slight differences can be noticed on the
pressure peak presented in Figure 6.6. As it can be noticed from the velocity magnitude
and pressure contours presented in Figure 6.7 and Figure 6.8, the stator blade trailing edge
has a significant effect on the flow field at the stator outlet because of the occurrence of
oblique shock waves and the presence of a viscous wake leaving the trailing edge. The
oblique shock wave from the blade trailing edge is reflected from the nozzle longer wall
further disturbing the flow. The k− ϵ turbulence model predicts slightly wider wake from
the blade trailing edge and thicker boundary layer on the long wall of the nozzle, caused
by the oblique shock wave from the blade trailing edge.

The velocity magnitude, speed of sound, and Mach number of the flow during the ex-
pansion of stator Geometry 5 are presented in Figure 6.9a and Figure 6.9b. As it can be
observed from the results presented in Figure 6.9a and Figure 6.9b, the flow velocity in-
creases rapidly after the nozzle throat section and decreases in a section where the oblique
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Figure 6.6: The results of pressure distribution on the nozzle long wall by using k − ε-turbulence
model and k − ω SST-Turbulence model.

(a) (b)

Figure 6.7: Velocity magnitude in the stator:(a) k − ε-turbulence model and (b) k − ω SST-
turbulence model.

shock waves and the viscous wake from the blade trailing edge affect the flow. The speed
of sound of MDM increases near the throat section from 96 m/s to 132 m/s during the
expansion. The increase in the speed of sound during the expansion, representing oppo-
site behavior compared to an expansion when adopting ideal gas laws, can occur only
for fluids having a high molecular complexity and if the expansion occurs in a certain
thermodynamic region representing pressure or temperature relatively close to the fluids
critical values (Harinck et al., 2009; Colonna and Guardone, 2006b). Similar results for
the increase of the speed of sound of MDM were obtained by Colonna et al. (2006a) for
expansion in a supersonic axial turbine stator with comparably similar turbine inlet state.
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(a) (b)

Figure 6.8: Pressure distribution in the stator: (a) k − ε-turbulence model and (b) k − ω SST-
turbulence model.
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Figure 6.9: Speed of sound and flow velocity (a) and Mach number (b) in the mean line of the
stator flow channel, k − ω SST-turbulence model.

The flow field of the stator Geometry 5 was studied in off-design conditions by using
k − ω SST-turbulence model. The area averaged results for flow field in the stator in 80
% and 60 % off-design conditions are presented in Table 6.5 and the contours of velocity
magnitudes in Figure 6.10a and Figure 6.10b.

The pressure and velocity at the stator outlet and the pressure ratio of the stator are lower
in the off-design conditions than in the design condition. It should be noted that the pres-
sure ratio over the stator and the stator outlet velocity are lower when compared to the
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(a) (b)

Figure 6.10: Velocity magnitude at 80 % (a) and 60 % (b) off-design condition with k − ω SST-
turbulence model.

Table 6.5: Stator off-design condition results.

Case pin, [bar] pin/pout, [-] qm/qm,des, [-] cout, [m/s] Ma, [-]
80 % off-design 6.1 16.5 0.79 298.5 2.28
60 % off-design 4.5 12.4 0.61 274.8 2.12

results obtained in the nozzle simulations or in stator design condition simulations. This
can be mainly explained by the occurrence of shock waves and by the presence of the vis-
cous wake from the blade trailing edge as well as by the stator outlet pressure restricted
by the turbine rotor. As it can be noticed from the velocity magnitude contours presented
in Figure 6.10a and Figure 6.10b the viscous wake turns into more tangential direction
in the off-design conditions. The results also indicate that the location of the shock wave
hitting the long wall of the nozzle moves upstream in off-design conditions. This can be
seen as a pressure rise on a nozzle long wall presented in Figure 6.11 presenting the pres-
sure distribution on the nozzle long wall. In 60 % off-design condition, a flow separation
is predicted to occur on the nozzle long wall and can be seen in the velocity magnitude
distribution presented in Figure 6.10b. In Figure 6.10a and Figure 6.10b, a weak shock
wave reflection from the outlet boundary can be seen, which has an effect on the predicted
flow field near the stator outlet boundary.

The flow angle distribution at the stator outlet in design and off-design conditions is pre-
sented in Figure 6.12. Based on the results for flow angle distribution at the stator outlet,
the stator exit flow angle is higher in off-design conditions and the fluctuation caused
mainly by the two oblique shock waves in the flow angle increases in off-design condi-
tions. This is important due to the large incidence and the large fluctuation of a flow angle
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Figure 6.11: Pressure distribution on the long wall of the nozzle at 60 % and 80 % off-design
conditions and at the design condition.

at rotor inlet might cause flow separation and low loading at the turbine rotor blades. The
non-uniform flow field and high flow angles at off-design conditions should be taken into
account when designing supersonic ORC turbines for applications having a non-constant
heat rate to the process. The stator geometry could be improved in the future by bending
and turning the stator blades as suggested by Harinck et al. (2013) to reach more uniform
flow angle and velocity distribution at the stator outlet in design and off-design conditions.
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Figure 6.12: Flow angle (α) distribution at the stator outlet at 60 % and 80 % off-design condi-
tions and at the design condition.

As discussed in the previous, the occurrence of oblique shock waves from stator blade
trailing edge has a significant influence on the flow field. The position of the oblique
shock wave was calculated analytically by using the theory from Anderson (1991) and
compared to the results obtained in the CFD simulations. The CFD results of flow static
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pressure, temperature, flow velocity, and Mach number in the nozzle before the oblique
shock wave as well as the angle of the wake θ were used as the pre-shock state for the
Hugoniot jump conditions for oblique shocks. CFD quantities are averaged over the noz-
zle section at the trailing edge. The shock wave angle β1 from the trailing edge and the
shock wave angle of the reflection from the long wall of the nozzle β2 were obtained ana-
lytically and are presented in Table 6.6. The analytically solved shock wave and the wake
positions are illustrated in Figure 6.13, and a comparison of the analytically solved shock
wave directions and CFD results, for the stator design condition is presented in Figure
6.14.

Table 6.6: Wake angles and analytically solved shock wave angles.

Case θ β1 β2

design condition 8.5 30.3 23.9
80 % off-design 12.1 32.9 24.0
60 % off-design 16.2 35.9 24.7

Figure 6.13: Analytically solved oblique shock wave directions and wake directions at 60 % and
80 % off-design conditions and at design condition.

The results obtained by using the analytical method for solving the direction of the oblique
shock waves, agrees well with the results obtained by CFD showing similar behavior of
the shock wave location hitting the longer wall of the nozzle moving upstream in off-
design conditions. The difference between the results of the shock wave angles were
estimated to be in the order of magnitude of 1-3 degrees when comparing the analytically
solved results and the results obtained with CFD.

6.1.3 Rotor simulations

Three different rotor geometries with different blade angle distributions representing dif-
ferent meridional lengths of the flow passages but similar diameters, blade angles at the
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Figure 6.14: Analytically solved oblique shock wave directions compared to the CFD results at
design condition.

rotor inlet and outlet, and blade heights were studied by means of CFD. The studied rotor
geometries are presented in Figure 6.15, and the 3D geometries were generated by using
a design tool for centrifugal impellers developed at LUT. The blade angle at the rotor
inlet and the blade angles at the hub and shroud of the rotor outlet were determined based
on the velocity triangles by using the angle of relative velocity. The blade angles, blade
heights and rotor diameters were given as an input to generate the 3D geometries. The
rotor simulations were performed by using the k − ϵ turbulence model. One rotor blade
channel was modelled and grids having about 1 200 000 cells were used in these simula-
tions for each geometry.

Figure 6.15: The studied rotor geometries: Geometry 1 is presented on the left, Geometry 2 is
presented in the middle, and Geometry 3 is presented on the right.

The main CFD results for the different geometries are presented in Table 6.7. In general,
there is a reasonably good agreement between the results obtained in the CFD simulations
when compared to 1D turbine design values. Based on the results, the CFD simulations
predict slightly higher pressure ratio over the rotor with all the studied geometries when
compared to the pressure ratio evaluated in the turbine 1D design. In addition, the tem-
perature drop in the turbine rotor is predicted to be higher in the CFD simulations when
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Table 6.7: Rotor simulation results

Case pin pin/pout ∆Trot cin Mac win Maw ηst−st

[bar] [-] [oC] [m/s] [-] [m/s] [-] -ηrel, [%]
1D design 0.40 6.2 12.7 289.7 2.18 107.4 0.81 0

CFD Geometry 1 0.42 8.6 19.4 240.4 1.81 98.4 0.74 + 4.1
CFD Geometry 2 0.38 7.9 18.1 255.9 1.93 110.7 0.83 + 1.4
CFD Geometry 3 0.37 7.0 16.2 253.8 1.91 114.16 0.86 + 1.6

compared to the prediction of 1D turbine design. It should be noted that based on the
simulated results, the rotor inlet velocity is lower at the rotor inlet when compared to the
results obtained in the stator simulations as well as in the rotor 1D design. This has an
effect on the predicted rotor flow field mainly due to the slight differences in flow angle
and velocity triangle at the rotor inlet, when compared to 1D design and to the results
obtained in the stator simulations. In addition, as presented in the stator simulations the
flow angle distribution is non-uniform at the rotor inlet unlike the one that was used in
the rotor simulations. The results indicate that the relative Mach number and relative ve-
locity at the rotor inlet predicted in the CFD simulations agrees well with the 1D turbine
design. A slightly higher rotor static to static state efficiency is predicted by the CFD-
simulations when compared to the efficiency prediction used in the 1D turbine design.
The CFD simulations do not take into account the rotor tip clearance loss or the losses re-
lated to the shock waves from the stator trailing edge causing flow separation at the rotor
blades(Rinaldi et al., 2013) and thus, the rotor efficiency is estimated to be slightly lower
than the one predicted in the CFD simulations.

The pressure distribution in the mean line of the rotor blade pressure and suction side
are presented in Figure 6.16a, Figure 6.16b and Figure 6.16c. Based on the results, the
location of the flow separation on the blade pressure and suction side can be observed
as the increase in the static pressure in Figure 6.16a, Figure 6.16b and Figure 6.16c. An
example of the simulated rotor static pressure, static temperature, and velocity contours of
rotor Geometry 3 is presented in Figure 6.17a, Figure 6.17b and Figure 6.17c. Based on
the simulated contours, a flow separation occurs at both the pressure side of the blade near
the rotor inlet and especially at the blade suction side. The flow separation in the rotor
flow channel can be clearly observed in Figure 6.17b as a region of higher temperature
and in Figure 6.17c as a region of low flow velocity especially at the suction side of the
blade. According to Rohlik (1975), the flow separation on the blade suction side can be
prevented by increasing the number of blades and by optimizing the angle of the relative
velocity. The flow separation on the pressure side of the rotor blade is estimated to be
caused by the slightly incorrect flow velocity and absolute flow angle at the rotor inlet in
the simulations, and thus, the relative flow angle differs from the 1D design as well. Based
on the obtained results, it is recommended to make simulations in which the stator and
rotor are coupled together to study the rotor inlet conditions in more detail. In addition,
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Figure 6.16: Simulated wall pressure on pressure and suction side with the studied rotor geome-
tries, a) Geometry 1, b) Geometry 2, and c) Geometry 3.

the effect of the number of rotor blades and the effect of relative flow angle on the flow
separation on the blade suction side should be studied in the future.

In general, there were difficulties in the rotor simulations mainly related to the conver-
gence of the simulations and despite several efforts the rotor inlet conditions equal to the
ones gained as a results in the stator simulations and used in the turbine 1D design were
not reached. The rotor Geometry 2 was later selected for the experimental setup because
it was evaluated as the most suitable geometry when evaluating the issues related to the
mechanical design, such as vibrations and stresses.
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(a) (b)

(c)

Figure 6.17: Example of simulation results of static pressure contours (a), static temperature
contours (b) and velocity contours (c) of rotor Geometry 3.

6.2 Conclusions and discussion

The main results of the design and flow analysis of a turbine having a power output of
about 13 kW and designed for an experimental setup adopting siloxane MDM as the
working fluid was presented in more detail. The flow field in different stator geometries
representing slightly different nozzle setting angles, distances between the stator and ro-
tor, and slightly different shapes of the diverging part of the nozzle were predicted. In
general, the results indicated that the designed stator geometries represented comparably
similar results for pressure ratio, outlet velocity, and flow angle when compared to the
results estimated in the 1D design. The results show that convergent divergent nozzles
introduce uniform flow at the straight part of the nozzle in a region before the stator trail-
ing edge. However, the stator blade trailing edge has a significant effect on the flow after
the two oblique shock waves, their reflections, and the viscous wake. The shock waves
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and viscous wake cause a non-uniform flow field and fluctuations on the flow angle at
the stator exit. The flow expansion in one of the designed stator geometries was studied
in off-design conditions corresponding to the cases when lower heat rate is introduced
to the ORC process. The results show that the flow is more tangential in the off-design
conditions and the fluctuation in the flow angle increases due to non-uniform flow field.
This might cause flow separation and low loading at the turbine rotor blades in off-design
conditions and is an important feature when designing supersonic ORC turbines for ap-
plications having a non-constant heat rate to the process.

Three different turbine rotor geometries were studied by means of CFD simulations. In
general the results agreed relatively well with the results obtained in the 1D turbine de-
sign. The CFD simulations predicted slightly higher pressure ratio over the turbine and
slightly higher efficinecy for all the studied geometries when compared to the rotor 1D
design. In addition to the higher pressure ratios, the temperature drop in the turbine rotor
is predicted to be higher by the CFD simulations when compared to estimation of 1D
turbine design. A flow separation region at the rotor blade suction side was predicted
with all the studied geometries. In addition, the angle of relative velocity at the rotor inlet
and the flow velocity at the rotor inlet were slightly different when compared to the 1D
design and the results obtained in stator simulations, causing flow separation at the blade
pressure side at the rotor blade leading edge.

It is recommended to perform additional simulations in the future in which the stator
and rotor are coupled together to study the rotor inlet conditions in more details. The
turbine stator could be improved in the future by bending and turning the stator blades
to reach more uniform flow angle and velocity distribution at the stator outlet in design
and off-design conditions. In addition, the effect of the number of rotor blades and the
effect of relative flow angle on the flow separation on the suction side of the rotor blade
should be studied in the future. The flow field in the turbine rotor should be studied
in off-design conditions as well. Unsteady simulations for similar turbines should be
carried out in the future to study the loss mechanisms related to the interaction between
the turbine stator and rotor blades. The performance of the designed turbine will be
measured with experiments that will take place in 2014-2015 and the used design method
will be validated based on the experimental results.
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7 Waste heat recovery of large scale reciprocating engine
In this chapter, waste heat utilization in large-scale reciprocating engines is studied by
means of thermodynamic analysis. In large reciprocating engines, the most significant
waste heat stream can be identified as exhaust gas heat. There are also lower temperature
waste heat streams, mainly heat in the pressurized charge air after the turbocharger, as
well as heat in engine jacket cooling water and lubrication oil cooling circuit. The aim
of this computational study is to investigate the potential of waste heat recovery from ex-
haust gases (EG) and charge air (CA) by means of ORC. Despite previous studies related
to the utilization of waste heat of large-scale reciprocating engines, studies analyzing the
possibility of utilizing the charge air heat are lacking at the moment. This study repre-
sents and discusses the possibility of replacing the charge air cooler (CAC) of a large
turbocharged engine with an ORC evaporator, utilizing the heat from about 180 ◦C to 220
◦C charge air in additional power production. Additionally, the aim is to study the overall
power production improvement potential by means of heat recovery. The studied engine
combined cycle is presented in Figure 7.1. The utilization of the heat from engine jacket
water cooling and lubrication oil cooling was excluded from this study, due to the low
temperature level of about 90 ◦C.

Reciprocating 

engine

EG ORC

Exhaust gas Exhaust gas

CA ORC

Hot charge air

Cooled charge air

Turbocharger

Air

Figure 7.1: The principle of the studied engine combined cycle. Exhaust gases (EG) and charge
air (CA) heat are utilized by means of ORC.

The ORC simulations were performed with several heat source temperatures, and the
minimum pinch-point temperature difference in the ORC evaporator was limited to 15
◦C, and a condensing temperature of 50 ◦C was used in most of the simulations. In addi-
tion, the effect of minimum pinch-point temperature difference in the evaporator, as well
as the effect of condensing temperature on the process performance was included in the
analysis. The evaporation pressure of the process was optimized based on the criteria that
the minimum allowed pinch-point temperature difference in the evaporator was reached,
or in case the temperature difference in the evaporator remained sufficient, the limit of
pev/pcr=0.95 was used for the evaporation pressure. The main process specifications and
component efficiencies used in the thermodynamic analysis are shown in Table 7.1. Pres-
sure losses were excluded from the thermodynamic analysis.
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Table 7.1: Component efficiencies and process specifications used in the process calculations.

turbine isentropic efficiency 80 %
generator and mechanical efficiency 90 %
feed pump efficiency 60 %
feed pump motor efficiency 85 %
degree of superheating 10 ◦C
recuperator effectiveness 0.6 -
miscellaneous power consumption 2 %

Toluene, n-pentane, R245fa, and cyclohexane were selected as the working fluids. The
fluid selection was based on the suitable thermodynamic characteristics of the fluids, in-
cluding dry expansion in the turbine, relatively high cycle performance, and the critical
temperature close to the studied waste heat source temperatures. A simplified feasibil-
ity evaluation was included by comparing the ratio of the theoretical heat transfer areas
needed and the obtained power output of ORC processes, as suggested by Madhava Het-
tiarachchi et al. (2007). A case study of waste heat utilization for a 16.6 MW gas-fired
engine was carried out. Finally, experimental results of charge air heat utilization are
presented.

7.1 Results of thermodynamic analysis

7.1.1 Exhaust gas heat utilization

The exhaust gas heat utilization analysis was performed using exhaust gas temperatures
of 300 ◦C, 350 ◦C, and 400 ◦C, typical for large-scale turbocharged engines. The re-
sults of the ORC process power outputs are presented in Figure 7.2a, Figure 7.2b and
Figure 7.2c. The results indicate that the fluids with higher critical temperature, namely
toluene and cyclohexane, represent a significantly higher performance than lower critical
temperature fluids, n-pentane and R245fa. The highest power output Pe,net/qm,EG = 71.6
kW/kg/s was achieved with toluene for EG inlet temperature of 400 ◦C and Pe,net/qm,EG

= 51.8 kW/kg/s and 34.8 kW/kg/s with cyclohexane for EG inlet temperatures of 350
◦C and 300 ◦C. As can be observed from the results, the obtained power output increases
as the exhaust gas outlet temperature decreases or exhaust gas inlet temperature increases.
This can be explained by a larger amount of heat utilized in the evaporator. The power
outputs for the selected fluids represent a linear behavior with different exhaust gas outlet
temperatures if a sufficient temperature difference is maintained in the evaporator with
the highest allowed pressure pev/pcr=0.95 of the fluid. With the exhaust gas inlet tem-
perature of 300 ◦C or low exhaust gas outlet temperatures, the evaporation pressure has
to be lowered with fluids toluene and cyclohexane, to maintain a sufficient temperature
difference in the evaporator. This can be observed as a change in the slope of the curve in
Figure 7.2a, Figure 7.2b and Figure 7.2c. The fluids with a high critical point, toluene and
cyclohexane, can be better matched to the exhaust gas temperature than the fluids R245fa
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Figure 7.2: The effect of exhaust gas temperature at the outlet of the evaporator on the ratio of net
power output to exhaust gas mass flow rate for different organic working fluids with exhaust gas
inlet temperatures of (a) 300 ◦C, (b) 350 ◦C, and (c) 400 ◦C.

and n-pentane, which are restricted by the lower critical point. With reference to this, an
example of the temperature profiles of the selected working fluids in the evaporator are
shown in Figure 7.3.

The results for the ratios of theoretical heat transfer area compared to the net electric
power output are shown in Figure 7.4a, Figure 7.4b and Figure 7.4c. The higher the ex-
haust gas inlet temperature or the exhaust gas outlet temperature, the more economically
feasible processes are obtained based on this ratio, due to larger temperature differences
between the working fluid and exhaust gas. The lowest exhaust gas outlet temperatures
lead to the highest power output of the cycle, but rather large heat transfer areas are
needed, especially with fluids cyclohexane and toluene. This can be explained by smaller
temperature differences in the evaporator and larger heat rate in the evaporator, if the
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Figure 7.3: An example of temperature profiles in the evaporator in 350 ◦C exhaust gas utilization.

maximum power output is desired. The working fluids with lower critical point, namely
R245fa and n-pentane, introduce smaller ratios with low EG inlet temperatures and low
EG outlet temperatures when compared to toluene and cyclohexane.

It should be noted that if a fuel with relatively high sulfur content is used in the reciprocat-
ing engine, the exhaust outlet temperature should be limited above the acid dew point of
the exhaust gases, to prevent the corrosive effects from occurring in the ORC evaporator
and in the exhaust smoke stack.

7.1.2 Charge air heat utilization

In modern industrial diesel and gas engines, high pressure ratios are typically adopted
for the turbocharger to improve the engine efficiency and increase the power output. The
turbocharger pressure ratio highly affects the charge air outlet temperature after the tur-
bocharger compressor, and thus, the turbocharger pressure ratio has a major impact on
waste heat recovery potential from the charge air. The charge air temperature range used
in this study is 180 ◦C-220 ◦C, which corresponds to the engine turbocharger pressure
ratios in the range from 3.5 to 4.5. The results for ORC net power outputs are presented
in Figure 7.5a, Figure 7.5b, and Figure 7.5c. The highest power outputs of Pe,net/qm,CA

= 16.2 kW/kg/s, 11.6 kW/kg/s, and 7.7 kW/kg/s with CA inlet temperatures of 220
◦C, 200 ◦C, and 180 ◦C were obtained with working fluid R245fa. Based on the results,
R245fa and n-pentane introduce the highest performance with low CA outlet tempera-
tures and toluene and cyclohexane with high CA outlet temperatures. The peak value for
the power output can be found for different working fluids with different charge air outlet
temperatures. The working fluid R245fa reaches the pressure limit of pev/pcr=0.95 with
high charge air outlet temperatures. With low charge air outlet temperatures the evapora-
tor pressure level is lower to maintain a sufficient pinch-point temperature difference in
the evaporator. This can be observed as a change in the slope of the curve with R245fa in
Figure 7.5a, Figure 7.5b, and Figure 7.5c.
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Figure 7.4: The effect of exhaust gas temperature at the outlet of the evaporator on the ratio of
theoretical heat transfer area to net power output for different organic working fluids with exhaust
gas inlet temperatures of (a) 300 ◦C, (b) 350 ◦C, and (c) 400 ◦C.

An example of the evaporator temperature profiles in 200 ◦C charge air utilization is
shown in Figure 7.6. With working fluids toluene and cyclohexane a larger portion of the
heat is needed for the fluid evaporation than with fluids R245fa and n-pentane. This can
be explained by the lower evaporation temperature and pressure levels compared to the
critical temperature and pressure of the fluid. Figure 7.6 also indicates that the pinch-point
temperature difference occurs closer to the cold end of the evaporator with fluids toluene
and cyclohexane, and only small portion of the heat is used for preheating the fluid, when
compared to n-pentane and especially R245fa.

The results for the ratios of theoretical heat transfer areas compared to net electric power
output are shown in Figure 7.7a, Figure 7.7b and Figure 7.7c. Based on the results, ap-
proximately 2-4 times larger ratios of heat transfer area to the process power output are



102 7 Waste heat recovery of large scale reciprocating engine

80 100 120 140
0

5

10

15

T
CA,out

, [oC]

P e,
ne

t/q
m

,C
A
, [

kW
/k

g/
s]

 

 

toluene
n−pentane
R245fa
cyclohexane

(a)

80 100 120 140
0

5

10

15

T
CA,out

, [oC]

P e,
ne

t/q
m

,C
A
, [

kW
/k

g/
s]

 

 

toluene
n−pentane
R245fa
cyclohexane

(b)

80 100 120 140
0

5

10

15

T
CA,out

, [oC]

P e,
ne

t/q
m

,C
A
, [

kW
/k

g/
s]

 

 

toluene
n−pentane
R245fa
cyclohexane

(c)

Figure 7.5: The effect of charge air temperature at the outlet of the evaporator on the ratio of net
power output to charge air mass flow rate for different organic working fluids with charge air inlet
temperatures of (a) 180 ◦C, (b) 200 ◦C, and (c) 220 ◦C.

needed in the charge air heat utilization compared to the exhaust gas heat utilization,
leading to economically more unfeasible processes. The large heat transfer areas in CA
utilization can be mainly explained by the smaller temperature differences between the
heat source and the working fluid in the evaporator, as well as by the lower cycle effi-
ciency when compared to the EG utilization, due to the lower evaporation temperatures.

It should be noted that the charge air outlet temperatures corresponding to the highest
power outputs of ORC are relatively high compared to typical charge air temperatures
after the engine CAC. Thus, an additional cooling for charge air would be required after
the ORC evaporator. This heat could be used for preheating the ORC working fluid thus
replacing the recuperator or cooled down with the engine cooling loop. Also the pressure
losses in charge air should be minimized because the pressure loss has a negative effect on
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Figure 7.6: An example of temperature profiles in the evaporator in 200 ◦C charge air utilization.

reciprocating engine performance, and this should be taken into account when designing
the ORC evaporator for charge air utilization.

7.1.3 The effect of the condensing temperature and the minimum pinch-point tem-
perature difference on the ORC performance

The previously presented results were obtained by using the condensing temperature of
50 ◦C, and the minimum pinch-point temperature difference was set to 15 ◦C. The effect
of minimum pinch-point temperature difference and condensing temperature on process
performance in exhaust gas utilization and charge air utilization is presented in Figure
7.8a, Figure 7.8b, Figure 7.9a, and Figure 7.9b. The selected working fluids are toluene
for EG heat recovery and n-pentane for CA heat recovery.

The results show that the minimum pinch-point temperature difference and condensing
temperature have a significant effect on the process performance. If a low condensing
temperature and small temperature differences are used, a greater electric power output
is achieved, compared to the higher condensing temperatures and larger temperature dif-
ferences in the ORC evaporator. Based on the results, the relative effect of condensing
temperature and minimum pinch-point temperature difference on system power output
is more significant in the CA heat utilization than in the EG heat utilization, due to the
smaller temperature difference between the condenser and the evaporator. Thus, espe-
cially the potential to produce electric power from charge air heat is highly related to
these above mentioned cycle operating parameters.

7.1.4 Case study

A case study of available additional electric power output was performed for engine com-
bined cycles utilizing EG and CA heat. The used computational method is as presented
in the previous sections. The minimum pinch-point temperature difference in the ORC
evaporator was limited to 15 ◦C and the condensing temperature of 50 ◦C was used. The
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Figure 7.7: The effect of charge air temperature at the outlet of the evaporator on the ratio of
theoretical heat transfer area to net power output for different organic working fluids with charge
air inlet temperatures of (a) 180 ◦C, (b) 200 ◦C, and (c) 220 ◦C.

case study was performed for a large industrial gas-fired diesel engine having an electric
power output of 16.6 MW. The EG temperature after the turbocharger of the engine is 395
◦C and the EG mass flow rate is 27.0 kg/s. The CA temperature after the turbocharger is
210 ◦C and the CA mass flow rate is 26.2 kg/s. The selected working fluids for the anal-
ysis were toluene in EG heat recovery and R245fa in CA heat recovery. The main results
are presented in Table 7.2. The results show that by utilizing the EG heat, a maximum
increase of 11.4 % in the electric power output was obtained for the selected engine. The
CA heat utilization increases the power output of the engine system by 2.4 %.
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Figure 7.8: The effect of pinch-point temperature difference (a), and condensing temperature (b)
on ORC power output. The working fluid is toluene and the exhaust gas inlet temperature is 350
◦C
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Figure 7.9: The effect of pinch-point temperature difference (a), and condensing temperature (b)
on ORC power output in charge air heat utilization. The working fluid is n-pentane and charge
air inlet temperature is 200 ◦C

7.2 Experimental results for charge air utilization

7.2.1 Description of the experimental setup

The utilization of the charge air heat by means of ORC was tested with an experimental
setup. The experimental setup is located at VTT Technical Research Centre of Finland in
Espoo, and the test runs were carried out in the VTT engine laboratory. The selection of
the main ORC process spefications and the design of the heat exchangers was carried out
at LUT. The experimental setup consists of a 1.6 MWe diesel engine and an ORC having
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Table 7.2: Case study results.

EG heat recovery 395 ◦C-130 ◦C
heat rate to evaporator 7921 kW

ORC power output 1895 kW
ORC electric efficiency 23.9 %

increase in power plant electric power output 11.4 %
CA heat recovery 210 ◦C-85 ◦C

heat rate to evaporator 3333 kW
ORC power output 394 kW

ORC electric efficiency 11.8 %
increase in power plant electric power output 2.4 %

the turbine replaced with a pressure reduction system, and thus, no power was extracted
from the system. The main technical data of the test engine is presented in Table 7.3.

Table 7.3: Technical data of the test engine.

Electric power output 1640 kW
Rotational speed 750 rpm

Number of cylinders 4
Cylinder inner diameter 320 mm

Power/cylinder 410 kW
Mean effective pressure 22.97 bar

Charge air mass flow rate 3.14 kg/s
Compressor pressure ratio 3.43

Compressor efficiency c. 80 %
Charge air temperature at compressor outlet 185 ◦C

The aim of the tests was to study especially the performance of the evaporator acting as
a charge air cooler, and thus, to validate the simulated potential on producing additional
power from the charge air heat.

A layout of the experimental setup is presented in Figure 7.10 and a schematic process
diagram in Figure 7.11, presenting the main components of the system as well as the
locations of pressure, temperature, and mass flow measurements. The evaporator was
located inside the engine hall near the engine turbocharger, and the intercooler of the en-
gine was installed after the evaporator to further cool down the charge air before it enters
the engine. The rest of the experimental setup; namely the expansion valve, recuperator,
condenser, condensate tank, and the feed pumps; were located outside the engine hall.
Commercial heat exchangers of plate and shell type were used in the experimental setup.
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Figure 7.10: Layout of the experimental setup.

Figure 7.11: Schematic process diagram and main components of the experimental setup including
the working fluid side measurements.

The thermodynamic design of the ORC experimental setup was based on the use of
R245fa as a primary working fluid. In addition, the requirements of using other work-
ing fluids; namely R245ca, isopentane, and pentane; was considered in the design. The
test runs were carried out by using R245fa and isopentane as working fluids. The exper-
iments were carried out at engine full load with R245fa and isopentane and at 50 %, 75
%,and 90 % engine load with R245fa. R245ca was omitted from the test runs due to the
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(a) (b)

Figure 7.12: Experimental setup under construction, a) recuperator, condenser, condensate tank
and pre feed-pump and b) evaporator (Pictures by Jaakko Larjola).

problems related to the availability of the fluid and high price, which appeared when the
amounts of the working fluids were purchased. Later, n-pentane was also omitted from
the test runs due to lack of time and resources to perform the test runs with the third fluid.
However, the results obtained with isopentane are well comparable with the results ob-
tained with n-pentane, since these two fluids posses comparably similar properties from
the thermodynamic point of view.

The main test results for full engine load with working fluids R245fa and isopentane are
presented first, and they are followed by the presentation of the results with engine part
load with working fluid R245fa.

7.2.2 Condensing conditions

From the test results, it was observed that the condensing temperature in the condenser
with R245fa is 10.5 ◦C-12.5 ◦C and with isopentane 10.2 ◦C-10.9 ◦C lower than the
saturated temperature corresponding to the condenser pressure. On the other hand, with
R245fa the condensing pressure is 0.76 bar-0.88 bar and with isopentane 0.40 bar-0.45 bar
higher than the saturated pressure corresponding to the measured condenser temperature.
This can be caused by the presence of non-condensable gases in the system, such as air
or small amounts of water. These condensing pressure deviations when compared to the
saturated conditions in the condenser were taken into account in the analysis of the test
run results.

7.2.3 Experimental results at 100 % engine load

The test runs at 100 % engine load were carried by using R245fa and isopentane as work-
ing fluids. Four different evaporation pressures were used for both fluids in order to study
the performance of the evaporator with different working fluid conditions. The results for
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charge air and working fluid temperature profiles at the evaporator are presented in Figure
7.13a and Figure 7.13b. The results of the heat rate introduced in the evaporator with
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Figure 7.13: Measured working fluid and charge air temperature profiles in the evaporator. a)
presents the measured temperature profile with R245fa with the evaporator outlet pressure of 15.3
bar and b) presents the measured temperature profile with isopentane with the evaporator outlet
pressure of 10.39 bar

different evaporation pressures are presented in Figure 7.14a, the measured charge air
temperatures at the evaporator outlet in Figure 7.14b, and measured working fluid mass
flow rates in Figure 7.14c.

The results indicate that a larger heat rate was introduced to the working fluid when low
evaporation pressures were used. This can be mainly explained by the fact that with
higher evaporation pressures, the charge air exits the evaporator at higher temperature
to maintain a sufficient temperature difference between the working fluid and the charge
air, when compared to the charge air temperatures at the evaporator outlet when lower
evaporation pressures are adopted. In additon, the working fluid mass flow rates are lower
when high evaporation pressures are adopted.

7.2.4 Experimental results at engine part load

The test runs for engine part load operation were carried out by using R245fa as working
fluid. The engine part load measurements were carried out at 50 %, 75 %, and 90 %
engine loads. The measured charge air inlet and outlet temperature at engine part load
are presented in Figure 7.15a, the results for measured heat rate into the evaporator at
engine part load operation are presented in Figure 7.15b, and the pinch-point temperature
difference in the evaporator is presented in Figure 7.15c.

Based on the results presented in Figure 7.15a, Figure 7.15b, and Figure 7.15c the charge
air temperatures and the heat rate into the evaporator are significantly lower at engine part
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Figure 7.14: Measured heat rate to the evaporator (a), charge air temperature at the evaporator
outlet (b), and working fluid mass flow rate (c) with different evaporator outlet pressures at full
engine load.

loads, when compared to engine full load conditions. The pinch point temperature differ-
ence in the evaporator increases as the evaporation pressure and the engine load increases,
mainly due to the higher flow rates at the charge air and working fluid side at higher en-
gine loads. The measured working fluid mass flow rate and the evaporator outlet pressure
are presented in Figure 7.16a and Figure 7.16b.

The results indicate that significantly lower working fluid mass flow rate and low evap-
orator outlet pressure are obtained at engine part loads, showing almost linear behaviour
as a function of engine power. As a conclusion the results indicate that the availability
to produce additional power from charge air at engine part loads is significantly lower
when compared to full engine loads caused by the lower amount of heat introduced to
the evaporator resulting to low working fluid mass flow rate and lower temperature level
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Figure 7.15: Measured charge air temperature at the evaporator inlet and outlet (a), heat rate
to the evaporator (b), and pinch-point temperature difference in the evaporator (c) at engine part
loads and at full engine load.

of the charge air leading to lower cycle efficiency. This is important to take into account
especially when considering the use of charge air heat utilization in engines operating
frequently at part load conditions.

7.2.5 Process with pressure reduction system replaced with a turbine

Based on the measured results, the power output of the system was estimated in a case
when the pressure reduction system is replaced with a turbine-generator having the tur-
bine with an isentropic efficiency of 80 % and other process values were evaluated based
on the measurement results. If the process would be equipped with a turbine-generator,
power would be extracted from the expansion leading to lower vapour temperature at
the recuperator inlet as well as to lower liquid temperature at the evaporator inlet, when
compared to the measured values with process with the pressure reduction system. If a
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Figure 7.16: Measured working fluid mass flow rate (a), and evaporator outlet pressure (b), at
engine part loads and at full engine load.

process equipped with a turbine would be used, the charge air temperature at the evapora-
tor outlet would be slightly lower than the measured charge air outlet temperature, since
the temperature difference between the charge air and working fluid at the evaporator cold
end would be higher. The measured charge air temperature at the evaporator outlet and
estimated charge air temperatures at the evaporator outlet, if a turbine were adopted to
the system instead of the pressure reduction system, are presented in Figure 7.17. The
performance of the process heat exchangers in a case if the turbine were adopted to the
system were evaluated based on the measured values and by using conductances evalu-
ated from the measurement results. The influence of mass flow rates affecting the heat
transfer coefficients was taken into account in the evaluation of conductances.

The power output of the system was calculated by using the condensing temperature of
about 30 ◦C, which was measured in test runs, and by using higher condensing tempera-
ture of 40 ◦C which was used in the design of the experimental setup components. The
calculated results for electric power output from the ORC are presented in Figure 7.18a
and the electric power output divided by the charge air mass flow rate in Figure 7.18b. The
increase of the engine power is presented in Figure 7.18c and the results of the estimated
ORC net electric effciency are presented in Figure 7.18d.

Based on the results presented in Figure 7.18a with isopentane, the maximum electric
power output of 31.5 kW would be achieved if the measured condensing temperature of
about 30 ◦C is used, as in the test runs, and the electric power output of 27.0 kW would
be achieved with a condensing temperature of 40 ◦C, which was used as a condensing
temperature in the experimental setup design. With R245fa, the maximum electric power
output of 30.4 kW would be achieved if a condensing temperature of about 30 ◦C is used,
and the electric power output of 26.7 kW would be achieved with a condensing temper-
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Figure 7.17: Measured charge air temperature at the evaporator outlet and estimated charge air
temperature at the evaporator outlet if a turbine were adopted in the cycle instead of the pressure
reduction system.

ature of 40 ◦C. The results of the power output divided by the charge air mass flow rate
presented in Figure 7.18b are well comparable to the results obtained in the thermody-
namic analysis presented in Figure 7.5a and Figure 7.5b representing comparably similar
charge air temperatures but slightly higher condensing temperature and neglecting pres-
sure losses. The highest power output of Pe,net/qm,CA = 10.1 kW/kg/s and Pe,net/qm,CA =
8.7 kW/kg/s were achieved with both fluids with the condensing temperatures of 30 ◦C
and 40 ◦C, respectively.

The maximum power outputs from the ORC correspond to 2 % and 1.7 % power increase
in the whole engine system, and in general, only small differences in the power output
can be observed when comparing results obtained with both fluids. The power increase is
slightly lower when compared to the simulated result presented in the case study for 16.6
MW gas-fired engine in Section 7.1.4, since the charge air temperature of the test engine
was approximately 25 ◦C lower than the one used in the case study due to the lower
turbocharger pressure ratio of 3.43 when compared to modern engines. In addition, the
pressure losses were excluded from the case study, and lower charge air temperatures at
the evaporator outlet were used in the case study when compared to the measured charge
air temperatures at the evaporator outlet. As can be observed from Figures 7.18a - 7.18d,
the points having the lowest evaporator outlet pressures represents the highest turbine
power and the obtained power decreases if the highest evaporation pressures are adopted
in the system. On the contrary, the highest cycle net electric efficiencies are obtained
with the highest evaporation pressures. The estimated ORC net electric efficiencies vary
between 9.6 %-12.8 % with R245fa, depending on the condensing temperature as well as
on the evaporator outlet pressure. Slightly higher efficiencies in the range of 11.1 %-15.2
% are obtained with isopentane. The decrease on the obtainable power output as well
as the increase in the net electric efficiency as the evaporator outlet pressure increses, is
more significant with isopentane, when compared to the results obtained with R245fa.
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Figure 7.18: Estimated power (a), power output divided by the charge air mass flow rate (b),
estimated increase of the engine power output (c), and estimated net electric efficiency (d) if the
expansion valve would be replaced with a turbine. The results are presented for different evapo-
ration pressures at full engine load.

7.3 Conclusions and discussion

The aim was to study the potential for electricity production from the waste heat of large
reciprocating engines with the ORC process technology, and hence, to increase the effi-
ciency of the engine power plant. A thermodynamic analysis was carried out for working
fluids toluene, n-pentane, R245fa, and cyclohexane, and the effect of different process pa-
rameters on the cycle performance was studied. The highest potential is related to exhaust
gas heat recovery, but also charge air heat can be identified as a potential for additional
power production. A case study was performed for a 16.6 MW gas-fired diesel engine
and the results show that the power output of the selected engine can be increased by 11.4
% by utilizing exhaust gas heat and by 2.4 % by utilizing the charge air heat.



7.3 Conclusions and discussion 115

Fluids with higher critical temperature, toluene, and cyclohexane, introduced the high-
est power outputs in exhaust gas heat recovery. Fluids with lower critical temperature,
R245fa and n-pentane, introduced the highest performances in charge air heat utilization,
especially with low charge air outlet temperatures. The ORC process performance is also
highly dependent on the heat source temperature, pinch-point temperature difference in
the evaporator, and the condensing temperature used in the process. The power output
increases if a smaller temperature differences are allowed in the heat exchangers, but on
the other hand, larger heat transfer areas are needed in the processes. The results show
that the selection of the working fluid and the process parameters should not be based
only on maximizing the power output of the ORC system, but also considering the eco-
nomic feasibility of the process, by evaluating the ratio of heat transfer area needed and
the power output of the process. The results for the ratio between theoretical heat transfer
areas and power output show that the exhaust gas utilization would give approximately
2-4 times smaller heat transfer area per produced kW when compared to charge air heat
utilization. In charge air heat utilization, relatively large heat transfer areas are needed
compared to the electric power output achieved, leading to economically more unfeasible
processes. A more detailed analysis should be carried out by taking into account more
accurate heat transfer coefficients for each fluid and adopting the effects of using different
heat exchanger types. In addition, a cost function based on the estimated heat exchange
area could be used in the future studies to evaluate the economic feasibility of the pro-
cesses in more detail.

The utilization of charge air heat was studied with an experimental setup. R245fa and
isopentane were adopted as working fluids in the test runs. The test runs indicated that
the measured performance of the evaporator and other process components had a good
agreement in respect to the thermodynamic cycle design. Based on the measurements
and calculations for the ORC power output with a system having the pressure reduction
system replaced with a turbine-generator, achievable power increase in the engine system
of 2.0 % was evaluated when a condensing temperature of 30 ◦C was used and 1.7 %
was evaluated when a condensing temperature of 40 ◦C was used. The results for power
output are comparably similar with both R245fa and isopentane.
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8 Summary and recommendations

Demand for the use of energy systems, entailing high efficiency as well as availability to
harness renewable energy sources, is a key issue in tackling the threat of global warming
and saving natural resources. ORC technology has been identified as one of the most
promising technologies in recovering low-grade heat sources that cannot be efficiently
utilized by means of more conventional power systems. The ORC is based on the work-
ing principle of Rankine process, but an organic working fluid is adopted in the cycle
instead of steam.

In this thesis, the design and working fluid selection in small and micro-scale ORCs based
on turbine technology were studied. The effect of adopting different working fluids on the
process design and performance was studied first by means of thermodynamic analysis,
and the effect of the critical temperature and the group of the working fluid on the fluid
selection was highlighted. In addition to the working fluid selection and cycle design
by thermodynamic analysis, this thesis investigated the design of high-speed turbines for
small-scale ORCs. Two main applications were selected for the study. First, the exhaust
gas heat recovery from small-scale diesel engines, which can be found in numerous appli-
cations, such as in remote stationary power systems and in mobile vehicles, concentrating
mainly on the working fluid selection and turbine design, and second, the heat recov-
ery from industrial-scale power plant engines, concentrating mainly on the utilization of
charge air and exhaust gas heat as well as on the optimization of the waste heat recovery
processes.

The results obtained from the preliminary thermodynamic analysis with various working
fluids for processes having the evaporation pressure close to the critical pressure of the
fluid indicated that the critical temperature, molecular weight and the group of the work-
ing fluid highly influences the obtainable cycle efficiency, process operational parameters,
and turbine design. The studied fluids can be divided into three categories; hydrocarbons,
siloxanes, and fluorocarbons. The studied parameters were the cycle efficiency, condens-
ing pressure, process expansion ratio, enthalpy change over the turbine, and speed of
sound. In general, when comparing different fluids of the same working fluid group, the
higher the critical temperature and molecular weight of the fluid, the higher the obtain-
able process efficiency. On the contrary, the high critical temperature leads to a high
expansion ratio over the turbine and to low condensing pressures well below atmospheric
pressure, especially with siloxanes and heavy hydrocarbons. Low critical temperature
hydrocarbons and fluorocarbons represented higher condensing pressures and lower ex-
pansion ratios over the turbine. The highest cycle efficiencies were simulated when using
high critical temperature hydrocarbons and siloxanes and the lowest efficiencies when us-
ing low critical temperature hydrocarbons and fluorocarbons.

The preliminary designs of radial turbines in the power range from 10 kW to 200 kW were
studied with several working fluids and different working parameters. The results indi-
cated that the turbine geometry and rotational speed are closely connected to the selection
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of the working fluid. In general, the results indicate that the design of ORC turbines with
a very low power output is difficult, because the turbine wheels tend to be small and fast
rotating and especially due to the small blade height at the turbine rotor inlet. The results
indicated that by selecting a fluid with a high molecular weight and high critical temper-
ature leads to larger turbine wheels and lower rotational speeds when compared to the
fluids having a low molecular weight and low critical temperature. On the other hand, the
use of fluids having a high critical temperature results in a large increase in the rotor blade
height between the rotor inlet and outlet and is estimated to have a negative impact on the
turbine efficiency, if single stage turbines are considered. The studied siloxanes repre-
sented larger turbine wheels and lower rotational speeds than the fluids from the other
fluid groups. The largest blade heights at the rotor inlet were simulated with the studied
fluorocarbons and siloxanes. The results indicated that the flow in the turbine stator is
highly supersonic in this kind of ORC turbines, representing additional losses caused by
the occurrence of oblique shock waves in the turbine. Based on the results, by selecting
a low turbine inlet pressure or a low degree of reaction, the blade height at the rotor in-
let can be increased, rotor blade height ratio can be decreased, and larger turbine wheels
and lower rotational speeds can be obtained. The results indicated that the fluids repre-
senting the highest thermodynamic performances are not necessarily the optimal fluids
when taking into account the turbine design. Thus, when selecting the working fluid it is
recommended to take into account both the thermodynamic performance of the cycle and
availability to design a turbine with a relatively high efficiency.

The exhaust gas heat recovery of small-scale diesel engine was studied and the consid-
ered ORC application had the power output of about 10 kW. Siloxanes were considered
as suitable working fluids based on the results from the preliminary thermodynamic anal-
ysis and turbine design study. Toluene was included in the analysis to compare the results
obtained with siloxanes and a suitable hydrocarbon. The cycle design and a preliminary
turbine designs were carried out. The results from the radial turbine design calculations
show that the largest wheel diameters, largest blade heights at the rotor outlet, and lowest
rotational speeds were achieved with fluids MDM and D4, having relatively high molec-
ular complexity. The use of toluene and MM as working fluids, would require smaller
turbines with high rotation speeds (80 000 rpm-180 000 rpm). The blade heights at the
rotor inlet in the preliminary turbine design were found out to be significantly small, 0.7
mm-1.4 mm, with all the studied fluids, which was estimated to have a negative impact
on the turbine efficiency, manufacturing, and operation. The results showed that the net
electric power output of the analyzed small-capacity ORC systems is rather insensitive
to small changes of the turbine isentropic efficiency. Thus, it is recommended that the
selection of the working fluid and process operational parameters should be based on the
overall performance of the cycle, rather than only on the optimal design of the turbine.

A more detailed turbine design and flow analysis were presented for the turbine designed
for an experimental setup using MDM as the working fluid. The selection of the working
fluid was a compromise taking into account the cycle efficiency, process design, and tur-
bine design. An accurate thermodynamic real-gas model was implemented into the CFD
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solver to have a prediction on the flow field in the stator and rotor. The results obtained
with different supersonic stators indicated that convergent-divergent nozzles introduce
uniform flow at the straight part of the nozzle in a region before the stator trailing edge.
However, the stator blade trailing edge has a significant effect on the flow after the oc-
currence of two oblique shock waves, their reflections, and the viscous wake. The shock
waves and viscous wake causes a non-uniform flow field and fluctuations on the flow an-
gle at the stator exit. The results showed that the flow is more tangential in off-design
conditions, and the fluctuation in the flow angle increases due to non-uniform flow field.
This might cause flow separation and low loading at the turbine rotor blades in off-design
conditions. Different stator design methods could be studied and further developed in the
future in order to reach more uniform flow angle and velocity distribution at the stator
outlet in design and off-design conditions.

The CFD simulations for different turbine rotors predicted slightly higher pressure ratio
over the turbine when compared to the pressure ratio in the rotor 1D design. In addition to
higher pressure ratios, the temperature drop in the turbine rotor is predicted to be higher
by the CFD simulations when compared to the estimation of 1D turbine design. A flow
separation region at the rotor blade suction side was predicted with all the studied geome-
tries. In addition, the angle of relative velocity at the rotor inlet and the flow velocity at the
rotor inlet were slightly different when compared to the 1D design and the results obtained
in stator simulations, causing a flow separation at the blade pressure side at the rotor blade
leading edge. It is recommended based on the results obtained in this study to perform
additional simulations in the future in which the stator and rotor are coupled together in
order to study the effect of rotor inlet conditions on the flow field and performance in more
details. The effect of the number of rotor blades on the flow separation in the rotor could
be studied in the future. In addition, the flow field in the turbine rotor should be studied in
off-design conditions as well. Unsteady simulations for similar turbine should be carried
out in the future in order to study the loss mechanisms related to the interaction between
the turbine stator and rotor blades. The performance of the designed radial turbine will be
measured with experiments that will take place in 2014-2015 to provide more informa-
tion on the design and performance of small-scale and high expansion ratio ORC turbines.

The potential for electricity production from the waste heat of large-scale reciprocating
engines was studied in this thesis as well. The results showed that the highest potential
is related to the exhaust gas heat recovery, but also the charge air heat was identified as
a potential for additional power production. The fluids with a high critical temperature
represented the highest performances in the exhaust gas heat recovery and the fluids with
a lower critical temperature represented the highest performances in the charge air heat
recovery. A case study was performed for a 16.6 MW gas-fired diesel engine, and the
results showed that the power output of the selected engine can be increased by 11.4 % by
utilizing exhaust gas heat and 2.4 % by utilizing the charge air heat. The results also in-
dicated that the charge air heat utilization would give approximately 2-4 times larger heat
transfer area per produced kW when compared to the exhaust gas heat utilization leading
to economically more unfeasible processes. A more detailed analysis should be carried
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out in the future by taking into account more accurate heat transfer coefficients for each
fluid and adopting the effects of using different heat exchanger types. In addition, a cost
function based on the estimated heat exchange area could be used in the future studies to
evaluate the economic feasibility of the processes in more detail. The utilization of charge
air heat was studied with an experimental setup, and R245fa and isopentane were adopted
as working fluids in the test runs. The test runs indicated that the measured performance
of the evaporator and other process components had a good agreement in respect to the
thermodynamic cycle design. Based on the measurements and calculations for the ORC
performance, a power increase in the test engine system of 2.0 % was achievable when a
condensing temperature of 30 ◦C was used, and a power increase in the engine system of
1.7 % was estimated when a condensing temperature of 40 ◦C was used.

As a result of this study, suitable working fluid candidates for small-scale ORCs were
identified and the availability to design ORC turbines for the selected applications was
evaluated. In addition, important aspects of designing ORC systems were highlighted.
Based on the current study the author would suggest that more experimental work on
ORC turbines should be carried out to provide knowledge on the performance and design
guidelines for small-scale ORC systems based on turbine technology. In addition, the
different working fluids should be evaluated not only by taking into account the thermo-
dynamic performance and turbine design but taking into account the thermal and chemical
stability limits of the fluid, price, flammability, toxicity, as well as ozone depletion and
global warming potential. ORC systems adopting working fluid mixtures, supercritical
fluid conditions, or having multiple pressure levels could be investigated to better match
the working fluid temperature with the heat source and further increase the power output
obtainable from the ORC systems.
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