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Cooling is a significant part of any power generation cycle. An ACC (Air Cooled Condenser) 

is used to condense steam vapors from the steam turbine, lower heat rejection temperature 

and increase the power generation efficiency. Traditional evaporative cooling towers, evap-

orate a fraction of the recirculating water to take away its latent heat of evaporation, thereby 

cooling the rest of the volume of water. Even if only a small fraction of the recirculating 

water is evaporated, a large amount of make-up water is required. This imposes a huge re-

quirement of water which adds to the global water crises. Further, many projects become 

unfeasible due to water shortages. On the other hand ACCs are dry cooling towers that do 

not require any water for cooling as they dissipate the waste heat directly into the ambient 

air. On the contrary, ACCs have a lower thermal performance than water based cooling tow-

ers and their performance is adversely affected by local weather fluctuations. Further ACCs 

are known for poor performance during the peak summer months which increases the turbine 

back pressure, thereby decreasing the overall power output of the turbine. This leaves the 

designers with a very narrow margin for performance optimization with respect to their cap-

ital and running costs. In this thesis the heat transfer characteristics of ACCs are evaluated 

based on computer simulations and theoretical formulations. For a given set of operating 

conditions and parameters, it is possible to design ACCs in different types and configura-

tions. A comprehensive thermal design software package, Aspen EDR from Aspen Technol-

ogies has been used to simulate specific property methods and models to obtain the most 

effective design. Further design optimization has been carried out by varying the tube and 

fin diameters, their numbers, number of bays and fan diameters. The knowledge and results 

from the thesis will help design thermally optimized ACCs. The research has be done for a 

cooling tower manufacturing company, North Street Cooling Towers P Ltd which is based 

in India, that currently does not manufacture ACCs but would like to start manufacturing 

them in the near future. The knowledge and results from the research will help the company 

to design thermally optimized ACCs which will have performance advantages over what is 

currently available in the mainstream market. 
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1 INTRODUCTION 

 

 

Cooling is a significant part of any power generation cycle. A cooling tower is used to con-

dense steam vapors from the steam turbine, lower heat rejection temperature and increase 

the power generation efficiency. For the thesis, the research is carried out on ACCs (Air 

Cooled Condensers) for steam power plants. 

 

In the past the hydrosphere has been used as a heat sump where, cold water from river, lakes 

or ocean has been used for cooling purposes. Hot process water used to be directly dis-

charged back into the water bodies, which has detrimental environmental effects. As per new 

regulations around the world, industries now cannot return heater water into the water bodies 

Therefore every industry has to have a cooling tower. (Kröger 2004, p. 1.) 

 

Traditional evaporative cooling towers, evaporate a fraction of the recirculating water to take 

away its latent heat of evaporation, thereby cooling the rest of the volume of water. Even if 

only about 2 to 4% of the recirculating water is evaporated, a large amount of make-up water 

is required. Typically about 30 m3/hr of make-up water is required per MWe of the installed 

capacity. This imposes a huge requirement of water which adds to the global water crises. 

Further, many projects become unfeasible due to water shortages. (Mendrinos, Kontoleontos 

and Karytsas 2006, p. 1.) 

 

ACCs on the other hand do not require any water for cooling as the ambient air is used as a 

heat sump. As a result ACCs eliminate the need for blowdown disposals, water- freezing 

problems in cold conditions, water vapor plumes and governmental water pollution re-

strictions (Larinoff, Moles and Reichhelm 1978, p. 2). On the down side, ACCs require 

higher capital costs, larger areal foot prints and offer lower cooling efficiencies than their 

wet cooling tower counterparts. Further for a given set of operating conditions and parame-

ters, it is possible to design ACCs in different types (rectangular, A-frame and V-frame). For 

these reasons, thermal optimization of ACCs becomes a bit more challenging and powerful 

simulations tools are required. An isometric view of an A-frame ACC is shown in Figure 1. 

The figure shows a single bay unit with one fan.  
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Figure 1. Isometric view of an A-frame ACC (Wurtz 2008). 

 

The purpose of a turbine steam condenser is to condenser the outlet turbine steam into water 

but at the highest possible temperature. This helps in energy saving because the condensate 

then can be re-boiled in the boiler to produce high quality steam with a high energy density. 

 

Although, ACCs incur higher capital and running costs, this may not be always the case 

when taken into account the costs related to providing suitable water. This in many cases 

offsets all the costs of the prior, over the expected lifecycle of the system. Further to this in 

most arid and semi-arid regions, heat dissipation into the ambient air is the only option avail-

able. (Kröger 2004, p. 12.) 

 

This thesis looks at using computer based simulation tools for the optimization of heat trans-

fer characteristics in ACCs. The results from computer simulations are then verified through 

theoretical formulations.  

 

1.1 Motivation for the thesis 

Since ACCs do not require water for cooling, they can be used in areas with water shortages 

without exhausting the local water sources. The research project has been carried out for 
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North Street Cooling Towers P Ltd, a cooling tower manufacturing company based in India. 

Since, the company takes a great interest in developing sustainable technologies, the devel-

opment of thermally optimized ACCs fall perfectly into their area of interest. As a researcher, 

I personally take a keen interest in sustainable development and aim to develop and design 

product with a minimal ecological footprint. 

 

The research is aimed at evaluating the heat transfer characteristics of ACCs based on com-

puter simulations. For a given set of operating conditions and parameters, it is possible to 

design ACCs in different types (rectangular, A-frame, V-frame). A comprehensive software 

package, Aspen EDR is used to simulate property packages and calculation models, specific 

to the application. Further based on a number of suitable design outputs from the software, 

design optimization is performed which is verified through theoretical formulations. Such 

optimization techniques are currently not being used in the mainstream industry and there-

fore, research is required in this area. The knowledge and results from the research will help 

the company to design thermally optimized ACCs which will have performance advantages 

over what is currently available in the mainstream market.  

 

1.2 Objectives 

The aim of the project is to obtain a thermally optimized ACC design for a power plant, 

based on the process parameters given by North Street Cooling Towers P Ltd. The design 

simulations are performed on Aspen EDR. The final design is optimized for both capital and 

running costs. Design optimization is achieved by varying the most important input design 

parameters including the tube and fin diameter and their numbers. The design obtained from 

the software is then validated through theoretical formulations. The project also aims at un-

derstanding the theoretical background of ACCs with respect to their various types and con-

figurations. Then it looks at the theoretical design principles and condenser design method-

ologies.  

 

1.3 Delimitations 

ACCs are a particular type of ACHEs (Air Cooled Heat Exchangers). ACHEs are a broader 

classification of heat exchangers that use ambient air as a cooling medium. They can be 

constructed in various configurations depending on their application. They can be used for 

a broader range of applications and industries, including the electronics industry, vehicles, 
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air conditioning, chemical plants and refrigeration (Kröger 2004, p. 2). ACCs on the other 

hand are only used for the condensation of a vapour stream. This projects focuses only on 

ACCs even though the basic operating principle and mechanical design remains the same as 

ACHEs.  

 

In the report, design challenges faced with the presence of non-condensable gasses in the 

incoming steam have been reported briefly. Since the process data obtained from the com-

pany does not have any non-condensable gases, no provisions for their elimination have been 

provided in the final ACC design.  
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2 THERMAL DESIGN PRINCIPLES OF AIR COOLED CONDENSERS 

 

 

Most ACCs when used for steam turbines in power plants, function as vacuum condensers, 

that is, their operating pressure is lower than the atmospheric pressure. This is because, a 

steam turbine uses a pressure difference between its entry and exit ports. Having a vacuum 

at the exit port of the turbine increases its efficiency. The exit steam from a turbine can only 

be reused in two ways. One way is to use compressors to compress the steam and pass it 

through super heaters before feeding it back to the turbine. Compressing steam would take 

a large amount of energy and therefore the power plant will not be efficient. An effective 

way to reuse the steam is to condense it into a liquid at the highest possible temperature that 

is, isothermally condense, using a condenser. Isothermal condensation takes place when 

there is no temperature drop but a phase change from vapor to liquid takes place. A typical 

power plant turbine is shown in Figure 2 where the outlet steam is reused within the system 

and therefore passed through an ACC for condensation.  

 

 

Figure 2. Power plant steam turbine (Benchmark Power International 2016), Steam air 

cooled condensing system (Kröger 2004, p. 16). 

 

2.1 Operating principle 

An ACC transfers the process heat form the working fluid into the ambient air stream 

through extended heat transfer surfaces (finned tubes) as shown in Figure 3. Since air has a 

heat transfer coefficient much lower than that of water, the temperature difference between 

the outlet stream and the ambient air temperature (approach) in case of ACCs must be 10 to 

12oC to get an economical design. On the other hand in case of wet cooling towers, this 

temperature difference can only be 3 to 4oC (Mukherjee 2007 p. 12). 
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Figure 3.  Heat flow in an ACC (Hamon 2017). 

 

Generally an ACC consists of a number of bays which form a unit. Multiple bay configura-

tions are shown in Figure 4. Each bay is serviced by an axial flow fan, driven by an electric 

fan via a gear reducer (gear box). On each side of the bay, there are a series of tube bundles. 

Each tube bundle consists of a number of finned tubes as shown in Figure 5, which offer 

extended surfaces for heat transfer. The outlet steam from the steam turbine, flows into the 

steam manifold located on top of the tube bundles and enters the finned tubes through the 

inlet headers. The fan delivers a flow of air which passes through the tube bundles and takes 

away the latent heat of condensation from the steam flowing through the tubes. The conden-

sate flows down with gravity and is let out through the outlet header of the tube bundles.  

 

 

Figure 4. Fan bay configurations in air cooled heat exchangers (Serth and Lestina 2014, p. 

514). 
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Figure 5. A typical ACC tube bundle (Kelvion 2017). 

 

A tube bundle is an assembly of finned tubes, inlet and outlet header, tube supports and side 

supports. A typical construction is shown in Figure 5 with four staggered tube rows. It is a 

single pass bundle which means that the steam only flows once through the tube bundle, 

from the inlet header to the outlet header. All the condensation takes place within the tube 

length. The tubes are welded or expanded into the tube sheet. The inlet header provides a 

means of steam distribution across the finned tubes while the outlet header collects the con-

densate and drains it through the outlet nozzle. Tube bundles not only hold the finned tubes 

in a specific layout but also form the primary structure for the ACC.  

 

The heat transfer performance of an ACC depends on the dry bulb temperature of the ambi-

ent air.  In contrast, the performance of a water based evaporative cooling tower or wet 

cooling tower, depends on the wet bulb temperature of the ambient air. In most cases for a 

given location, the dry bulb temperature is always higher than the wet bulb temperature and 

experiences higher weather and seasonal changes. For these reasons, ACCs have lower per-

formance efficiencies because of which they have larger areal foot prints and require higher 

operating power as compared to wet cooling towers. (Kröger 2004, p. 12.) 
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Most power plant ACC are quite large in size which can be seen on a human scale in Figure 

6. Installation of a steam manifold in a single bay unit is shown on the left and a multi bay 

unit is shown on the right. 

 

 

Figure 6. Typical industrial ACCs, left- steam manifold installation (Brighthub Engineering 

2017), right- a multi bay unit (Virids 2017). 

 

2.2 Air cooled condensers types 

Based on the movement of cold air, ACCs are divided into two types, mechanical draft and 

natural draft. Mechanical draft ACC can be further categorized into forced and induced draft.  

  

2.2.1 Mechanical draft ACCS 

For most industrial applications, mechanical draft ACCs are used. In these, the cooling air 

is moved with the help of mechanical equipment, typically an axial flow fan run with a drive 

motor. Depending on the fan size a reduction gear box may or may not be used. They typi-

cally are smaller in size than natural draft cooling towers and incur a lower initial capital 

cost but a higher continuous running cost.  

 

2.2.2 Forced draft ACCs 

In forced draft ACCs the fans are located at the air stream inlet below the fin bundles as 

shown in Figure 7. This leads to having a lower power consumption per unit air mass flow 

rate as compared with induced draft configurations. Further since the fan drive units are 

located at the cooler side of the ACC, they are not exposed to high temperatures, thus making 
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maintenance easier while prolonging the service life. For condensers the fin bundles are nor-

mally inclined at an angle of 60o with the datum. (Kröger 2004, p. 13; Serth and Lestina 

2014, p. 509.) 

 

 

Figure 7. Forced draft Air Cooled Condenser (Kraus, Aziz and Welty 2001, p. 541). 

 

On the downside, the escape velocity of the hot air escaping the tube bundles is lower about 

2.5 to 3 m/s, than in the case of induced draft ACCs. This causes plume recirculation and 

can be severely critical due to other near-by ACC units or hindrances due to other structures. 

The air flow pattern is generally not as uniform as in the case of induced draft ACCs. Since 

the tube bundles are exposed to the open atmosphere, their performance is easily affected by 

the changes in the weather conditions including solar radiations, rain, wind and hail. Hail 

screens can be installed over the tubes but they affect the ACC performance. (Kröger 2004, 

p. 13.) 

 

2.2.3 Induced draft ACCs 

In induced draft ACCs, the fans are located at the exit of the hot air stream, above the tube 

bundles as shown in Figure 8. This leads to a higher escape velocity of the air stream exiting 

the unit, thus reducing the chances of plume recirculation. Further such type of configura-

tions have a more uniform air flow pattern throughout the exchange unit. On the downside, 

they require a higher fan power per unit air mass flow rate. Since the fans and their drive 

units are subjected to higher temperatures, their material of construction and maintenance 

becomes more critical. (Kröger 2004, p. 13-14.) 
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Figure 8. Induced draft air cooled condenser (Kraus, Aziz and Welty 2001, p. 540). 

 

2.2.4 Natural draft ACCs 

Natural draft ACCs use a hyperbolic tower that can be as high as 200 m in height. The 

schematics are shown in Figure 9. The required air draft is created due to the pressure dif-

ference between the denser ambient air and the heated humid air inside the tower. (Busch et 

al. 2002, p. 1510.) 

 

Figure 9. Natural draft air cooled condenser (Wurtz 2008, p. 1). 

 

The height of the cooling tower can be reduced by installing axial flow fans at its  base which 

is called a fan assisted natural draft cooling tower as shown in Figure 10. Although, this 



20 

 

reduces the construction cost of the tower, it is often offset by the capital and running costs 

of the fans. They are often used when plume recirculation become a problem in multibank 

mechanical draft ACCs. (Kröger 2004, p. 7.) 

 

 

Figure 10. Fan assisted natural draft ACC (Hamon 2016). 

 

2.3 Heat transfer through fins 

ACCs consist of modules of fills that provide extended areas for heat transfer. The heat 

transfer performance of an ACC extensively depends on the fill performance. Conduction of 

heat takes place from the fluid (liquid or gas) through the tube to the fins and convection 

takes placed from the fins to the ambient air. Fins come in a variety of shapes, sizes and 

materials depending on their application. They may be round, elliptical, flattened or other-

wise streamlined to reduce drag on the air-side. (Kröger 2004, p. 330.) 

 

With time, the heat transfer performance of fins may decrease. The three mains reasons for 

increase in thermal resistances in fills are corrosion, fouling and loss of contact or bond 

pressure at the fill root.  

 

Corrosion: Depending on the application and the environment an ACC is used in, air- borne 

contaminants such as salt in marine environments, mix with rain water and seep into the fin-

tube interface. Since at the interface the temperature is higher, a reaction takes places that 
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corrodes the tube and fin materials to form metallic salts. These salt formations act like ther-

mal barriers. (McHugh and Chapple 1999, p. 67.) 

 

Fouling: With time, contaminants form the environment can deposited on the external fin 

surfaces. Depending on the fluid, the tubes can be prone to internal fouling as well. Both 

internal and external fouling can be cleaned off. Cleaning further reduces aerodynamic re-

sistance. (McHugh and Chapple 1999, p. 67.) 

 

Loss in fin-tube contact: With cyclic ACC operations over a period of time, the fins can lose 

their contact pressure on the tubes. This happens because the fins and the tubes expand dur-

ing operation. This induces hoop stress on the inner fin circumference. When out of service, 

the fins being lesser resistant to thermal fluctuations, remain enlarged and eventually lose 

their contact pressure with the tubes. (McHugh and Chapple 1999, p. 67.) 

 

Fin types 

ACC finned tubes come in many different shaped and sizes, depending on their application 

and service life required off them. To enhance their thermal characteristics, they may be 

roughened, cut or perforated.  

 

a) Wrapped-on finned tubes 

A continuous metal strip with good thermal conductivity, usually aluminum is fed into a 

forming machine. The machine forms an ‘L’ or a ‘double L’ shaped foot on one edge of the 

strip which is tightly wound on to a steel tube. The fins are held tight on to the tube by either 

stapling or clamping on both ends of the tube. The L shaped foot increases the contact area 

with the base tube. Double L shaped fins not only offer good thermal conductivity but also 

better corrosion resistance. (McHugh and Chapple 1999, p. 67.) They both are shown in 

Figure 11. Wrapped-on aluminum finned tubes should not be used for temperatures higher 

than 120oC. Due to the difference in coefficients of thermal expansions of the two metals, 

aluminum and steel, the thermal contact resistance increases rapidly. (Kröger 2004, p. 331.) 
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Figure 11. ‘L’ finned tube (left) (De.kelvion 2017) and ‘Double L’ finned tubes (right) 

(Salemtube 2017). 

 

b) Embedded G-finned tubes 

A continuous spiraling groove is machined on the outer tube surface into which a continuous 

strip of the fin material is inserted. The thickness of the tube should be high enough to allow 

for this groove. The finning machine then peens or rolls the tube material adjacent to the fin 

foot to secure the fins inside the groove. G fin is a type of embedded fins and is shown in 

the Figure 12. They can be used for service temperatures of up to 400oC. (McHugh and 

Chapple 1999, p. 67.) 

 

 

Figure 12. Embedded G-finned tube (De.kelvion 2017). 

 

c) Bimetallic E-finned tubes 

A base tube and an aluminum outer tube which lie concentric to one another, are fed into a 

finning machine. With the help of a set of rotating dies, the aluminum sleeve is plastically 

deformed to form fins. This extrusion process forms spiraling fins of a required height, leav-

ing behind a sizable amount, about a millimeter of aluminum material enclosing the fluid 

handling, base tube as shown in Figure 13. (McHugh and Chapple 1999, p. 67.) The base 
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tube is made from a common tubing material with standard heat exchanger tubing dimen-

sions. Since the contact between the inner and the outer tubes is not perfect, this poses a 

thermal contact resistance at the interface. Albeit, this resistance is not high for low temper-

atures but can increase from 10% to 25% of the total heat resistance when the tube-side fluid 

temperature is higher than 200oC. (Serth and Lestina 2014, p. 511.) 

 

 

Figure 13. Extruded bimetallic E-finned tube (De.kelvion 2017). 

 

d) Extruded K-finned tubes 

They are used where corrosion is a major problem and temperatures are more than 200oC. 

Soft and ductile metals including copper, cupronickel and aluminum are directly extruded 

without having a secondary inner tube. (Kröger, 2004, p. 333.) 

 

Thermal and mechanical performance of ACC fins depend on the material they are made 

from. Aluminum, steel or copper are the three most common metals used, depending on the 

condenser duty conditions. Their advantages based on the application are summarized be-

low.  

 

Aluminum fins 

Aluminum fins are the most common type of ACC fins because they offer good thermal 

conductivity and are cost effective. For most applications aluminum offer acceptable corro-

sion resistance. Its performance is better than steel but much cheaper than copper. (Hawkins 

2013, p. 35.)  
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Steel fins 

Galvanized steel fins are occasionally used in atmospheres where they have a better corro-

sion resistance than aluminum. They are also mechanically stronger than aluminum but have 

lower thermal conductivity. Therefore larger fin bundles are required for the same applica-

tion. Even though cost of the material is about the same as aluminum but because larger fin 

bundles have to be used, they turn out to be more expensive. (Hawkins 2013, p. 35.) 

 

Copper fins 

The density of copper is about three times that of aluminum but has excellent thermal con-

ductivity. Copper is used for fins where the fin thicknesses can be very low and are not 

dependent on the manufacturing process like in the case of circular helical fins. (Hawkins 

2013, p. 35.) 

 

2.4 Tube bundle headers types 

Each tube bundle has two headers, one for the inlet and the other for the outlet. There are 

different types of headers designs as shown in Figure 14, depending on their applications. 

Some the most common ACC header designs are discussed in this section. 
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Figure 14. Header types (Hawkins 2013, p. 43). 

 

a) Plug type header 

This type of headers have as many screwed plugs as the finned tubes and are co-centric with 

the holes in the tube sheet. For maintenance and cleaning, the screwed plugs can be un-

screwed to gain entry to the tube. (Serth and Lestina 2014, p. 512). 

 

b) Cover plate type header 

The inlet and the outlet nozzles are arranged at the top and at the bottom so the cover plate 

can be removed to have an unrestricted access to the tube sheet without dismantling any 

tubes. On the other hand this type is relatively more expensive than the rest and is susceptible 

to leakages because the large peripheral gasket is cumbersome to install accurately in place. 

This type is normally used in cases where the tubes need periodic maintenance and the ser-

vice pressures are below 275 bars. (Serth and Lestina 2014, p. 512.) 
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c) D type header 

They are cheaper than cover plate headers, can withstand higher service pressures. They give 

full access to the tube sheet, but the piping has to be dismantled (Hawkins 2013, p. 42). They 

are best suited on the outlet end for A-frame air cooled condensers because they are effective 

in collecting the condensate and discharging it through the outlet nozzles. 

 

d) Completely welded type header  

This type is an inexpensive design, normally used for clean fluids due to which, the headers 

do not require regular maintenance. The tubes are welded into the tube sheet and the D type 

header is welded with the required nozzles. (Hawkins 2013, p. 42.) 

 

e) Manifold type header  

For high pressure applications above 275 bars, the tubes are directly welded into a pipe of 

an appropriate schedule number to function as a header (Serth and Lestina 2014, p. 512). 

 

2.5 Thermal performance 

Condensation requires a large amount of heat transfer (2.3 ∙ 106 J/kg) to the atmosphere. The 

rate of heat transfer from the hot fluid to the ambient air is proportional to the temperature 

difference between the two. The condensing temperature is proportional to condensing pres-

sure, which is the turbine back pressure minus any pressure drop in the steam lines up to the 

condenser inlet. The relationship between condensing temperature and pressure is shown in 

Figure 15. (Wilber 2005, p. 10.) 

 

Figure 15. Condensing temperature vs pressure (Wilber 2005, p. 11). 
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The performance of an ACC is characterized by the difference between the condensing tem-

perature (𝑇𝑐𝑜𝑛𝑑) and inlet temperature of the air-side stream (𝑡𝑖𝑛) which is called 𝐼𝑇𝐷 (Initial 

Temperature Difference). 

 

  𝐼𝑇𝐷 = 𝑇𝑐𝑜𝑛𝑑 − 𝑡𝑖𝑛               (1) 

     

The heat load, 𝑄 of a given ACC is proportional to its 𝐼𝑇𝐷. The lower the initial temperature 

difference, the larger the ACC has to be in size (number of cells, heat transfer surfaces). This 

is expressed by the following relationship, (Wilber 2005, p. 11.) 

 

  𝐴𝐶𝐶 Size ∝ 1/𝐼𝑇𝐷               (2) 

 

2.6 Cold climate considerations  

Sometime ACCs may run at lower load capacities and depending on the location, may oper-

ate at sub-freezing temperatures of the condensate, for at least during some parts of the year. 

Under such conditions, the problem of condensate freezing inside the tube bundles may oc-

cur. (Pat. US 4045961 1977, p. 2.) 

 

A steam turbine is started slowly to protect the rotor and the stator from abrupt thermal 

distortions. This rate is prescribed by the turbine manufacturer above which large metal-

temperature gradients occur. This poses a problem for the condenser at low ambient air tem-

peratures. The heat exchange surfaces in the remote parts of the condenser must be bought 

above the freezing point of the condensate, which can be achieved by the following 

(Larinoff, Moles and Reichhelm 1978, p. 9) 

a) Sequential start-up of the condenser by isolating different sections of the condenser 

by means of large steam valves. 

b) Directly by-passing live steam from the boiler to the condenser to increase the total 

steam flow. 

c) Using open flame torches to heat the heat exchange surfaces. 

d) Making the inlet stream flow con-current with the cooling air. This method is espe-

cially used for viscous fluids with high pour points to avoid freezing and unaccepta-

ble pressure drop. It is done because con-current flow has the coldest air cooling 
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down the hottest fluid while the hottest air cools the coldest fluid. This helps to main-

tain a higher and uniform tube wall temperature. This is achieved by having the inlet 

nozzle at the bottom of the header while the pass arrangements upwards. (Price et al. 

2004, p. 4.) 

 

2.7 Air cooled condenser performance enhancement 

The thermal performance of ACCs is drastically affected by the fluctuations in weather con-

ditions. Designing ACCs for the peak temperatures incurs high capital and running costs. 

These costs can be brought down while maintaining the same thermal performance by adop-

tion one of the following methods. 

   

Hybrid cooling system 

During hot summer months, the air cooled condenser performance drastically decreases 

which increases the turbine back pressure, thereby decreasing the turbine output. One way 

to deal with this problem is to connect an ACC with a wet cooling tower in parallel, equipped 

with a surface condenser as shown in Figure 16. During normal operation all the exhaust 

turbine steam is condensed by the ACC. At high ambient air temperatures, the ACC is cou-

pled with a surface condenser such that the condensing pressure is the same in the two. The 

ACC reduces the total condensation pressure, which increase the turbine output. (Kröger 

2004, p. 37.) 

 

 

Figure 16. Air cooled condenser in parallel with a wet cooling tower (Kröger 2004, p. 38). 
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Such a system requires a much smaller ACC but on the other hand, requires additional equip-

ment including a shell and tube surface condenser, an evaporative cooling tower, circulating 

water pumps and piping. Even with the added equipment requirements, the total system in-

curs lower capital and annual running costs when compared with a fully optimized all-dry 

cooling system. (Wilber 2005, p. 24.) 

 

Spray enhancement 

An alternative way of improving ACC performance is to install water sprays into the inlet 

air stream of the ACC for operations during hot summer months, as shown in Figure 17. 

This methods cools down the inlet air and cooling effects of 2.5 to 5 oC can be readily 

achieved eliminating the need of lowering the turbine load. This is a low cost approach which 

can be implemented into existing ACC installations. If the system is not correctly designed 

and implemented, it may scale or corrode the finned tube bundles from unevaporated water 

droplets, thereby damaging the heat transfer surfaces. (Wilber 2005, p. 25.) 

 

 

Figure 17. Water spray enhancement (Wilber 2005, p. 26). 

 

2.8 Non- condensables in standard air cooled condensers 

Sometimes non-condensable gases are present in the inlet steam which can accumulate in-

side the tubes of a standard ACC and cause a huge heat transfer efficiency loss. Standard 

frame ACCs with horizontal tubes are shown in Figure 18. A well designed system should 

be capable of continually collect and release non-condensable gases coming along with the 
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steam. These non-condensable gases are a result of atmospheric air leaks into the vacuum 

end of the steam turbine equipment and from water treatment chemicals for boiler feed. In 

addition, these non-condensables can be absorbed into the steam condensate causing metal 

corrosion. (Larinoff, Moles and Reichhelm 1978, p. 2.)  

 

 

Figure 18. Standard frame ACC- forced draft (left), induced draft (right) (De.Kelvion 2017). 

 

Pockets of non-condensable gases form inside the condenser tubes when the steam enters 

from two directions. This is illustrated in Figure 19 with two rows of tubes. The steam enters 

both the rows, through the steam inlet and moves towards the rear header. The lower con-

denser rows are subjected to cooler air than the upper rows because the air has a positive 

temperature gradient as it travels up in an ACC. This causes a higher amount of condensation 

in the lower rows and therefore a higher pressure drop than the upper rows. This leads to a 

back flow from the upper rows into the lower rows from the rear header which causes en-

trapment of the non-condensable gases. (Larinoff, Moles and Reichhelm 1978, p. 3.) 

 

 

Figure 19. Trapping of non-condensable gases. 
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The non-condensable gases get entrapped inside the finned tubes above the condensate and 

form a vapor/ liquid interface. This causes a pressure rise inside the tubes and reduces the 

heat transfer coefficient. Ideally an ACC is meant to be a low pressure sink for the turbine 

exhaust steam but with an increased condenser pressure the efficiency of the turbine de-

creases. (Mohr, Mines and Bloomfield 2001, p. 1.) 

 

Such entrapment of non-condensable gasses typically occurs in standard frame ACCs. 

Therefore in most cases for condensing steam coming from a turbine, A-frame ACCs are 

used. The non-condensable gases can be vented out though the installation of a dephlegma-

tor, valves (manual/ automatic) and air venting devices (Paffel 2016). 

 

2.9 Dephlegmator 

Dephlegmators are commonly used to vent off non-condensable gases. An ACC normally 

consists of multiple A-framed bays. The majority of them form the primary bays and the rest 

secondary bays (dephlegmator). They are connected in series as shown in Figure 20. The 

incoming steam from the turbine is fed through the main steam header into the primary bay. 

Here partial condensation takes place with a con-current vapor/ condensate flow. The con-

densate drains into a tank through the condensate drain. The remaining steam enters the 

dephlegmator bay where secondary condensation takes place, with a counter-current vapor/ 

condensate flow. The condensate drains through a drain while the non-condensables are 

ejected through a vent at the top. (Larinoff, Moles and Reichhelm 1978, p. 3.) 
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Figure 20. Dephlegmator design (Larinoff, Moles and Reichhelm 1978, p. 15). 

 

2.10 Air cooled condenser thermal specifications 

To fully design an ACC system capable of performing at the expected operational condi-

tions, the following design parameters are needed to be specified (Larinoff, Moles and 

Reichhelm, 1978, p. 7; Wilber 2005, p. 1) 

1) Steam flow rate 

2) Turbine exhaust steam quality 

3) Turbine back pressure 

4) Design ambient dry bulb air temperature 

5) Site elevation above sea level 

6) Maximum ambient air temperature 

7) Minimum ambient air temperature 

8) Lowest optimum turbine exhaust pressure 

9) Highest permissible turbine exhaust pressure 

 

The full load fluid properties are given by the first three parameters. The design exhaust 

pressure is measured at the turbine exhaust flange if the piping to the ACC is under the 
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manufacturer’s scope of supply. During peak summer months at high ambient temperatures, 

the rate of heat rejection to the ambient air from the ACC decreases. This increases the unit’s 

pressure which should be lower than the maximum exhaust pressure that the turbine can 

withstand. A turbine’s output efficiency is adversely affected with the increase in its exhaust 

pressure. Since the turbine output decreases, plants normally establish an upper pressure 

limit. Furthermore turbine manufacturers have a prescribed upper pressure limit for the tur-

bine for mechanical and metallurgical reasons. Normally the upper pressure limit for a vac-

uum turbine ranges from 12 to 15 cm Hg. (Larinoff, Moles and Reichhelm, 1978, p. 8.) 

 

Since an ACC’s efficiency decreases at high ambient temperatures, it has to be over designed 

for such situations, thereby increasing its capital costs. An economic ACC design is deter-

mined by sizing an ACC based on a number of possible high ambient air temperature values, 

and then comparing its capital cost with the savings from turbine outputs.   

 

The minimum ambient air temperature helps determine the type and degree of freeze pro-

tection required. Measures to prevent the freezing of condensate in the finned tubes include, 

heating through steam coils, incorporating louvers, reversing the fan rotation, or decreasing 

the fan pitch (Mukherjee 2007, p. 12). 

 

The ACC has to be designed such that initial capital costs of the heat transfer surfaces are 

balanced with the fan operational costs. Depending on the space constraints, the areal foot-

print of an ACC can be decreased by increasing the fan power and vice versa. (Larinoff, 

Moles and Reichhelm 1978, p. 8.) 

 

Steam flow is the total amount of fluid flowing from the turbine, available to the condenser 

which includes both dry steam and water droplets.  Steam quality is the fraction of dry steam 

in the total steam flow coming from the turbine. Fully saturated dry steam has a quality of 

100% (x=1).  
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3 CONDENSER DESIGN THEORY 

 

 

The initial capital and running costs of ACCs in a power plant significantly contribute to the 

overall total power plant project cost. The capital cost of an ACC is proportional to the area 

of heat transfer surfaces and the running cost is proportional to the total fan power. For these 

reasons accurate theoretical calculations for condenser design are very important (Palen 

2006, p. 8). This section of the report goes through detailed theoretical methods and princi-

ples for the accurate design calculations. 

 

3.1 Mean temperature difference 

The MTD (Mean Temperature Difference) is used to determine the driving force for heat 

transfer between two fluid streams. The heat rate at every location of the ACC can be deter-

mined with known heat transfer coefficients. For practical applications, the overall heat 

transfer rate of a unit is of interest, since the process fluid temperature changes as it flows.  

(Stewart and Lewis 2013, p. 23.) 

 

The calculation method for mean temperature difference in cross flow air cooled condensers 

is presented here. It is a graphical method, for which it is important to know the four terminal 

temperatures of the condenser. The correction factor, F is calculated from the graph for 4 

rows and 1 pass arrangement using the corresponding values for the ratio of effectiveness, 

R and the thermal effectiveness of air, P. This approach is based on empirical equations 

based on a specific flow arrangement. (Roetzel and Nicole 1975, p. 5-8.) 

 

Step 1) The logarithmic mean temperature difference, 𝛥𝑇𝑙𝑚 is calculated by the following 

equation, 

 

 𝛥𝑇𝑙𝑚 =
(𝑇𝑖𝑛−𝑡𝑜𝑢𝑡) − (𝑇𝑜𝑢𝑡−𝑡𝑖𝑛)

𝑙𝑛
𝑇𝑖𝑛 − 𝑡𝑜𝑢𝑡
𝑇𝑜𝑢𝑡 − 𝑡𝑖𝑛

                     (3) 

 

where, 𝑇𝑖𝑛  is the inlet temperature of the tube-side stream, 𝑇𝑜𝑢𝑡  is the outlet temper-

ature of the tube-side stream, 𝑡𝑖𝑛 is the inlet temperature of the air-side stream and 

𝑡𝑜𝑢𝑡  is the outlet temperature of the air-side stream (Echarte 1981, p. 1). 
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Step 2) The ratio of effectiveness, 𝑅 is given by the following equation (Echarte 1981, p. 1), 

 

 𝑅 =
𝑇𝑖𝑛 − 𝑇𝑜𝑢𝑡

𝑡𝑜𝑢𝑡 − 𝑡𝑖𝑛
                (4) 

 

Step 3) The thermal effectiveness, 𝑃 of air is given by the following equation (Echarte 1981, 

p. 2), 

 

 𝑃 =
𝑡𝑜𝑢𝑡 − 𝑡𝑖𝑛

𝑇𝑖𝑛 − 𝑡𝑖𝑛
                (5) 

 

Step 4) The cross-flow correction factor, 𝐹 is determined form the values of 𝑅, 𝑃 and the 

corresponding graph for 4 rows and 1 pass as shown in Figure 21. F is used to com-

pensate for deviation from a pure counter-current flow. For a pure counter-current 

flow, 𝐹 is taken to be 1 (Farrant 1995, p. 5). 

 

 

Figure 21. Correction factor for 4 rows and 1 pass (Echarte 1981, p. 7). 
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Step 5) The mean temperature difference, 𝛥𝑇𝑚  is given by the following equation,  

 

 𝛥𝑇𝑚 = 𝛥𝑇𝑙𝑚 𝐹               (6) 

 

where, 𝛥𝑇𝑙𝑚 is the log mean temperature difference (Echarte 1981, p. 2). 

 

Overall heat transfer rate 

The amount of heat transferred during condensation, 𝑞̇̇
𝑐𝑜𝑛𝑑

 is given by the following equa-

tion,  

 

 𝑞̇̇
𝑐𝑜𝑛𝑑

=  �̇�𝑓𝑙𝑢𝑖𝑑 ℎ𝑒               (7) 

 

where, 𝑞̇̇
𝑐𝑜𝑛𝑑

 is the rate of heat transfer during condensation in kcal/ hr, �̇�𝑓𝑙𝑢𝑖𝑑 is the tube-

side fluid mass flow rate in kg/ hr and ℎ𝑒 is the specific enthalpy of evaporation for steam in 

kcal/ kg (U.S. Department of Energy 1992, p. 110). 

 

The amount of heat exchanged during a temperature drop from 𝑇𝑖𝑛 to 𝑇𝑜𝑢𝑡 is given by,  

 

 �̇�̇∆𝑡 =  �̇�𝑓𝑙𝑢𝑖𝑑 𝐶𝑝 𝑐𝑜𝑛𝑑 𝛥𝑡               (8) 

 

where, �̇�̇∆𝑡 is the amount of heat exchanged for a temperature drop from 𝑇𝑖𝑛  to 𝑇𝑜𝑢𝑡 , 𝐶𝑝 𝑐𝑜𝑛𝑑 

is the specify heat capacity of the condensate in kcal/ kg-C and 𝛥𝑡 is the change in temper-

ature in oC (U.S. Department of Energy 1992, p. 47). Therefore the total rate of heat transfer, 

�̇�̇𝑡𝑜𝑡𝑎𝑙 is given by,  

 

 �̇�̇𝑡𝑜𝑡𝑎𝑙 = �̇�̇𝑐𝑜𝑛𝑑 + �̇�̇∆𝑡             (9) 

 

3.2 Surface area of the condenser 

The overall heat flow rate in an air cooled heat exchanger is defined in terms its overall heat 

transfer coefficient which is referred to the total surface area for heat transfer.   

 

 �̇�̇𝑡𝑜𝑡𝑎𝑙 = 𝑈 𝐴 𝐹 𝛥𝑇𝑙𝑚             (10) 
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where, �̇�̇𝑡𝑜𝑡𝑎𝑙 is the total rate of heat transfer in kcal/h, 𝑈 is the overall heat transfer coeffi-

cient in Kcal/ hr. m2 oC and 𝐴 is the total surface area of the condenser in m2 (Henry 1995, 

p. 7). 

 

3.3 Number of tube rows, tube length and number of tubes 

Total face area of bundles for a standard fan velocity is given by, 

 

 𝐴𝑓𝑎𝑐𝑒 =
�̇�𝑎𝑖𝑟

𝜌𝑠𝑡𝑑 𝑉𝑓𝑎𝑐𝑒
             (11) 

 

where, 𝐴𝑓𝑎𝑐𝑒  is the total face area of all the tube bundles in m2, �̇�𝑎𝑖𝑟 is the outside air mass 

flow rate, 𝜌𝑠𝑡𝑑 is standard air density in kg/m3 and  𝑉𝑓𝑎𝑐𝑒  is standard face velocity for axial 

flow fans for ACC in m/hr (Lee, Ralston and McNaught 2013, p. 9). 

 

Once the total face area of the bundles is calculated, it can be divided into smaller practically 

sized bundles. Since steam condensers are generally A-frame, the number of bundles have 

to an even number as each bay has to have the same number of bundles on each side. Also, 

the area of each bundle is maximized such that large diameter fans can be installed in the 

bays. By having large diameter fans, it is possible to reduce the number of fans required for 

the same air flow. This makes the design more cost effective and easier to maintain.  

 

Number of tubes is given by the following equation, 

 

 𝑛𝑡 =
𝐴

𝐴𝑡𝑜𝑡𝑎𝑙 𝐿
              (12) 

 

where, 𝑛𝑡 is the number of tubes, 𝐴𝑡𝑜𝑡𝑎𝑙 is the total surface area of the finned tubes per meter 

length and L is the tube length. 

 

3.4 Number of tube passes 

The tube-side coefficient of heat transfer is dependent on the stream velocity. Tube-side fluid 

(steam) velocity gain is proportional to the increase in pressure drop which is achieved by 

increasing the number of tube passes. For a high coefficient of heat transfer, the fluid should 

have a turbulent flow and therefore a Reynold’s number greater than 4000. (Mukherjee 2007, 
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p. 41.) On the other hand, since increasing the number of passes also increases the pressure 

drop in the tube bundles, ACCs are designed with the least number of passes. A larger num-

ber of passes also increases complexity for fabrication. Therefore during thermal designing, 

the Reynolds number is first calculated for the fluid velocity corresponding to a single pass.   

 

The tube-side fluid velocity, 𝑉𝑠𝑡𝑒𝑎𝑚 is given by, 

 

𝑉𝑠𝑡𝑒𝑎𝑚 =
�̇�𝑎𝑖𝑟 (𝑛𝑝/𝑛𝑡)

𝜌𝑠𝑡𝑒𝑎𝑚  𝜋 𝐷𝑖
2/4

              (13) 

 

where, �̇�𝑎𝑖𝑟  is the out-side air mass flow rate in kg/s, 𝑛𝑝  is the number of tube passes, 𝜌𝑠𝑡𝑒𝑎𝑚  

is the steam density in kg/m3 and 𝐷𝑖 is the inner diameter of the tubes in m (Serth and Lestina 

2014, p. 522). 

 

Reynold’s number for tube-side fluid, 𝑅𝑒𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is given by,  

 

𝑅𝑒𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 =
𝜌𝑠𝑡𝑒𝑎𝑚  𝑉𝑠𝑡𝑒𝑎𝑚 𝐷𝑖

𝜇𝑠𝑡𝑒𝑎𝑚
             (14) 

 

where, 𝜇𝑠𝑡𝑒𝑎𝑚 is the dynamic viscosity of steam (Kröger 2004, p. 69). 

 

On substituting for steam velocity, 𝑉𝑠𝑡𝑒𝑎𝑚 in equation 15, 

 

𝑅𝑒𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 =  
4 𝑚 ̇ (𝑛𝑝/𝑛𝑡)

𝜋 𝐷𝑖 𝜇𝑠𝑡𝑒𝑎𝑚
             (15) 

 

For a flow to be turbulent, the Reynold’s number needs to be greater than 4000 

(The Engineering toolBox 2017). 

 

3.5 Tube to fin diameter ratio 

In the case of steam condensers and low viscous tube-side streams, the air-side heat transfer 

coefficient is much lower than the tube-side. Since the air-side heat transfer coefficient is 

controlling, there becomes a need for high fin density (fin number per unit tube length) and 

fin height to bring the lower coefficient closer to that of the tube-side. In such cases, a fin 
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density of 433 fins per meter and fin height of 25.4 mm is used. On the other hand in appli-

cations with high tube-side fluid viscosities, the tube-side heat transfer coefficient is much 

lower. Therefore, it becomes more reasonable to have lower fin densities (197-276 per me-

ter) and a lower height of 12.7 mm. In some extreme cases, even bare tube (without fins) 

may be used (Mukherjee 2007, p. 36). 

 

3.6 Tube-side heat transfer coefficient 

The tube-side heat transfer coefficient is a function of the tube inner diameter, Reynolds 

number and the Prandtl number. By increasing the tube-side fluid velocity, the fluid flow is 

made turbulent which increases the heat transfer coefficient. (Mukherjee 2007, p. 41-42.) 

 

This section describes the theory behind the tube-side heat transfer coefficient calculations 

on a vertical tube inner surfaces. It applies to condensation inside finned tubes where the 

film thickness is lower than the tube diameter. Vapor condensation on a vertical tube surface 

is shown in Figure 22 where the vapor shear effects are negligible and the condensate flows 

downwards dues to gravity. A short laminar condensate film exists at the top which transi-

tions into a laminar wavy regimes. This transition often occurs at film Reynold’s number 

great than 30. (Butterworth 1974, p. 1.) 
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Figure 22. Film-wise condensation on a vertical surface with negligible vapor shear (But-

terworth 1974, p. 1). 

 

Figure 23 describes the local heat transfer coefficients with respect to film Reynold’s number 

which is dependent on the flow velocity. In the laminar-wavy region, the heat transfer coef-

ficient decreases as shown in Figure 23, since the film flow rate and thickness increases. 

Further accumulation of the condensate down the tube length causes the flow to become 

turbulent as the film thickness increases due to increased effective viscosity. The thermal 

diffusivity increases with the increase in flow rate which increases the coefficient of heat 

transfer.  
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Figure 23. Variation in condensate heat transfer coefficient with film Reynold’s number 

(Butterworth 1974, p. 2). 

 

3.7 Tube-side heat transfer coefficient calculations 

This method applies to the calculation of the tube-side heat transfer coefficient for conden-

sate on the tube inner surfaces. Since, in an air cooled condenser, the tubes are inclined at an 

angle of 60 degrees, the condensate flows under the action of gravity. Therefore, this calcu-

lation procedure takes into account gravity controlled film-wise condensation. The local con-

densate flow rate is given by,  

  

𝜏𝑐𝑜𝑛𝑑 =
�̇�𝑐𝑜𝑛𝑑

𝐷𝑖 𝑛𝑡
              (16) 

 

where, 𝜏𝑐𝑜𝑛𝑑  is the local condensate flow rate in kg/s m, �̇�𝑐𝑜𝑛𝑑  is the condensate mass flow 

rate kg/s, 𝐷𝑖 is the tube inner diameter in m and  𝑛𝑡  is the total number of tube (McNaught 

and Walker 1987, p. 1). 

 

The local condensate Reynold’s number is given by, 

𝑅𝑒𝑐𝑜𝑛𝑑 =
4 𝜏𝑐𝑜𝑛𝑑

𝜇𝑐𝑜𝑛𝑑
              (17) 
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where, 𝑅𝑒𝑐𝑜𝑛𝑑 is the local condensate Reynold’s number, 𝜏𝑐𝑜𝑛𝑑  is the local condensate flow 

rate in kg/s m and 𝜇𝑐𝑜𝑛𝑑  is the dynamic viscosity of the condensate in N s/m2 (McNaught 

and Walker 1987, p. 2). 

 

Condensate Prandtl number is given by, 

 

𝑃𝑟𝑐𝑜𝑛𝑑 =
𝐶𝑝 𝑐𝑜𝑛𝑑 𝜇𝑐𝑜𝑛𝑑

𝑘𝑐𝑜𝑛𝑑
              (18) 

 

where, 𝑃𝑟𝑐𝑜𝑛𝑑 is the condensate Prandtl number, 𝐶𝑝 𝑐𝑜𝑛𝑑  is the specific heat of the conden-

sate in J/kg. K, 𝜇𝑐𝑜𝑛𝑑  is the dynamic viscosity of the condensate in N s/m2 and 𝑘𝑐𝑜𝑛𝑑  is the 

thermal conductivity of the condensate in W/m K (McNaught and Walker 1987, p. 2). 

 

An ACC is designed such that the tube-side fluid flow is fully turbulent. This increases the 

tube-side heat transfer coefficient as shown in Figure 23. Therefore the equations for heat 

transfer coefficient, for a fully turbulent flow are used,  

 

𝛼𝑐
∗ = 0.0038 𝑅𝑒𝑐𝑜𝑛𝑑

0.4  𝑃𝑟𝑐𝑜𝑛𝑑
0.65              (19) 

 

where, 𝛼𝑐
∗ is the dimensionless local heat transfer coefficient for turbulent region (McNaught 

and Walker 1987, p. 3). 

 

The tube-side heat transfer coefficient is given by,  

 

ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 = 𝑘𝑐𝑜𝑛𝑑 𝛼𝑐
∗ ((

𝜌𝑐𝑜𝑛𝑑(𝜌𝑐𝑜𝑛𝑑−𝜌𝑠𝑡𝑒𝑎𝑚)𝑔𝑛

𝜇𝑐𝑜𝑛𝑑
2 ))

0.333

            (20) 

 

where, ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is the tube-side heat transfer equation in W/m2 K, 𝜌𝑐𝑜𝑛𝑑 is the condensate 

density in kg/ m3, 𝜌𝑠𝑡𝑒𝑎𝑚 is the steam density in kg/ m3 and 𝑔𝑛 is the acceleration due to 

gravity in m/s2 (McNaught and Walker 1987, p. 3). 

 

Since the ACC is an A-frame condenser with a tube angle of 60o, we introduce a sin compo-

nent in equation 20. Therefore we get, 
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ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 = 𝑘𝑐𝑜𝑛𝑑 𝛼𝑐
∗ ((

𝜌𝑐𝑜𝑛𝑑(𝜌𝑐𝑜𝑛𝑑−𝜌𝑠𝑡𝑒𝑎𝑚)𝑔𝑛 𝑆𝑖𝑛𝜃

𝜇𝑐𝑜𝑛𝑑
2 ))

0.333

               (21) 

 

3.8 Air-side coefficient of heat transfer 

This section describes the procedure to calculate the air-side heat transfer coefficient flow 

across finned tube bundles. The heat transfer coefficient is based on the total surface area, 

tube arrangement and the number of tube rows. This methods is applicable for tube bundles 

with at least two tube rows. (Hoyle, 1985 p. 25.) 

 

In our design a staggered tube bundle is used as shown in Figure 24. Finned tube bundle 

geometry (Butterworth 1980, p. 1).  

 

Figure 24. Finned tube bundle geometry (Butterworth 1980, p. 1). 

 

The minimum flow area is given by, 

 

𝑆𝑚𝑖𝑛 = (𝑃𝑡 − 𝐷𝑅 − 𝑛𝐹𝑆(𝐷𝑓 − 𝐷𝑅))𝐿𝑇𝑁𝑇           (22) 

 

where, 𝑆𝑚𝑖𝑛 is the minimum flow area in m2, 𝑃𝑡  is the transverse pitch in m, 𝐷𝑅 is the outer 

diameter of root tube in m, 𝑛𝐹 is the fin frequency per meter length, 𝑆 is the fin thickness in 

m, 𝐷𝑓  is the fin outer diameter in m, 𝐿𝑇 is the length of finned tubes exposed to the air flow 

in m, 𝑁𝑇 is the number of tubes in a row (Butterworth 1980, p. 2). 
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The maximum mass velocity, which is based on 𝑆𝑚𝑖𝑛 is given by, 

 

�̇�𝑚𝑎𝑥 =
�̇�𝑎𝑖𝑟

𝑆𝑚𝑖𝑛
              (23) 

 

where, �̇�𝑚𝑎𝑥  is the maximum mass velocity in kg/s and �̇�𝑎𝑖𝑟  is the outside air mass flow 

rate in kg/s (Butterworth 1980, p. 2). 

 

The air-side Reynold’s number is given by, 

 

𝑅𝑒𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 =
�̇�𝑎𝑖𝑟 𝐷𝑟

𝜇𝑎𝑖𝑟
             (24) 

 

where, 𝑅𝑒𝑎𝑖𝑟 𝑠𝑖𝑑𝑒  is the air-side Reynold’s number (Butterworth 1980, p. 2). 

 

The area ratio, which gives the area of the total extended surfaces to the root tube is given 

by,  

 

𝐴𝑟 = 1 + 2 𝑛𝑓 𝐻 (1 +
𝐻+𝑠

𝐷𝑟
)            (25) 

 

where, 𝐴𝑟 is the area ratio, 𝐻 is the fin height in m (Hoyle 1985, p. 25). 

 

The j-factor for the finned tubes is given by, 

 

𝑗𝑅 = 0.29 𝑅𝑒𝑎𝑖𝑟 𝑠𝑖𝑑𝑒
−0.367  𝐴𝑟

−0.17             (26) 

 

where, 𝑗𝑅  is the j-factor for round finned tubes (Hoyle 1985, p. 25). 

 

The air-side Prandtl number is given by,  

 

𝑃𝑟𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 =
𝐶𝑝 𝑎𝑖𝑟 𝜇𝑎𝑖𝑟

𝑘𝑎𝑖𝑟
             (27) 
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where, 𝑃𝑟𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 is the air Prandtl number, 𝐶𝑝 𝑎𝑖𝑟 is the specific heat of air in J/ kg K, 𝜇𝑎𝑖𝑟  is 

the dynamic viscosity of air in Ns/ m2 and 𝑘𝑎𝑖𝑟  is the thermal conductivity of air in W/m K 

(Hoyle 1985, p. 26). 

 

Air-side heat transfer coefficient is given by, 

 

ℎ𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 = 𝑗𝑅 𝐶𝑝 𝑎𝑖𝑟 �̇�𝑚𝑎𝑥 𝑃𝑟𝑎𝑖𝑟 𝑠𝑖𝑑𝑒
−2/3

            (28) 

 

where, ℎ𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 is the air-side heat transfer coefficient in W/m2 K (Hoyle 1985, p. 26). 

 

3.9 Fin efficiency calculations 

Extended surfaces are required for both conduction and convection because the heat transfer 

coefficient of air and other gases is much lower than for fluids. Albeit, fins come in a variety 

of shapes and sizes, annual (transverse or radial) fin type as shown in Figure 25 are the most 

common. Since fins are made from very thin strips of metal attached to the base tubes, a 

significantly large surface area is attained with using a small amount of extra metal.  

 

 

Figure 25. Radial fin attached to a base tube (Serth and Lestina 2014, p. 34). 

 

First heat is transferred to the fins from the base tube through conduction and then to the 

ambient air through convection. Since the fins extend radially for the base tube, there exists 

a thermal gradient along the length. The temperature at the fin base is very close to that of 

the base tube and at the fin tip the temperature is close to that of the ambient air. This results 
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in a decrease in a temperature difference for convective heat transfer along the radial length 

of the fins. Therefore the extended surfaces are lower in efficiency than the base tube for 

heat transfer. For this reason, it is important to calculate fin efficiency to design an efficient 

ACC (Serth and Lestina 2014, p. 33). 

 

Fin efficiency is given by,  

 

𝜂𝑓 ≅
tanh (𝑚𝜓)

𝑚𝜓
             (29) 

 

where, 𝜂𝑓 is the fin efficiency, 𝑚 is the fin parameter and 𝜓 is the effective fin height in m 

(Serth and Lestina 2014, p. 36). 

 

The fin parameter is given by,  

 

𝑚 = (
2 ℎ𝑎𝑖𝑟 𝑠𝑖𝑑𝑒

𝑘 𝑆
)

0.5

                                  (30) 

 

where, 𝑚 is the fin parameter, 𝑘 is the thermal conductivity of the metal, the fins are made 

from, in W/m K and 𝑆 is the fin thickness in m (Serth and Lestina 2014, p. 550). 

 

The effective fin height, 𝜓 is given by, 

 

𝜓 = (𝑟2𝑐 − 𝑟1) (1 + 0.35 ln (
𝑟2𝑐

𝑟1
))            (31) 

 

where, 𝑟1 is the fin inner radius or tube outer radius in m, and 𝑟2𝑐 is the corrected fin radius 

in m (Serth and Lestina 2014, p. 36). 

 

And the corrected fin radius is given by,  

 

𝑟2𝑐 = 𝑟2 +
𝑆

2
              (32) 
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where, 𝑟2𝑐 is the corrected fin radius in m and 𝑟2 is the fin outer radius in m (Serth and Lestina 

2014, p. 34).  

 

The surface area of fins is given by,  

 

𝐴𝑓𝑖𝑛𝑠 =  2 𝑛𝑓𝜋(𝑟2𝑐
2 − 𝑟1

2)             (33) 

where, 𝐴𝑓𝑖𝑛𝑠  is the fin surface area and 𝑛𝑓 is the number of fins per meter length (Serth and 

Lestina 2014, p. 170). 

 

The prime surface area is given by, 

  

𝐴𝑝𝑟𝑖𝑚𝑒 = 2𝜋𝑟1(𝐿 − 𝑛𝑓𝑆)             (34) 

 

where, 𝐴𝑝𝑟𝑖𝑚𝑒 is the prime surface area and 𝐿 is the tube length (Serth and Lestina 2014, p. 

170). 

 

The weighed efficiency of the finned surface is given by,  

 

𝜂𝑤 = (
𝐴𝑝𝑟𝑖𝑚𝑒

𝐴𝑇𝑜𝑡𝑎𝑙
) + 𝜂𝑓 (

𝐴𝑓𝑖𝑛

𝐴𝑡𝑜𝑡𝑎𝑙
)            (35) 

 

where, 𝜂𝑤  is the weighed efficiency of the finned surface (Serth and Lestina 2014, p. 36). 

 

3.10 Overall heat transfer coefficient 

The overall heat transfer coefficient is based on the total external surface area of the finned 

tubes which is given by,  

 

𝑈𝑐 = (
𝐴𝑡𝑜𝑡𝑎𝑙/𝐴𝑖

ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒
+

(𝐴𝑡𝑜𝑡𝑎𝑙/𝐿)ln (𝐷𝑟/𝐷𝑖)

2𝜋𝑘𝑡𝑢𝑏𝑒
+

1

𝜂𝑤ℎ𝑎𝑖𝑟 𝑠𝑖𝑑𝑒
)

−1

           (36) 

 

where, 𝑈𝑐 is the clean overall heat transfer coefficient W/m2 K, 𝐴𝑖  is the internal surface area 

of the tubes in m2 (Serth and Lestina 2014, p. 517). 
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3.11 Fouling resistance 

The total fouling resistance is given by,  

 

𝑅𝐷 = 𝑅𝐷𝑖(𝐴𝑡𝑜𝑡𝑎𝑙/𝐴𝑖) + 𝑅𝐷0/𝜂𝑤            (37) 

where, 𝑅𝐷  is the total fouling resistance in m2 K/W, 𝑅𝐷𝑖 is the tube-side fouling resistance in 

W/m2 K, 𝑅𝐷0 is the air-side fouling resistance in m2 K/W (Serth and Lestina, 2014, p. 122). 

Design overall heat transfer coefficient: 

 

𝑈𝐷 = (
1

𝑈𝑐
+ 𝑅𝐷)−1             (38) 

 

where, 𝑈𝐷  is the design overall heat transfer coefficient in W/m2 K (Serth and Lestina 2014, 

p. 122).  

 

3.12 Tube-side pressure drop 

The total tube-side pressure drop in an ACC is the sum of the pressure drops in the finned 

tubes due to frictional forces and tube entrance and exit losses. 

 

The tube-side pressure drop due to fluid friction inside the tubes is given by, 

 

∆𝑃𝑓−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 =
𝑓 𝑛𝑝 𝐿 𝐺𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒

2

2000 𝐷𝑖 𝑠 ∅
            (39) 

 

where, ∆𝑃𝑓−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒  is the tube-side pressure due to friction in Pa, 𝑓 is Darcy friction factor, 

𝐺𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is the tube-side stream mass flux in kg/s m2, s is specific gravity, ∅ is the viscosity 

correction factor (Serth and Lestina 2014, p. 189). 

 

For turbulent flow, the viscosity correction factor is given by,  

 

∅ = (
𝜇𝑠𝑡𝑒𝑎𝑚

𝜇𝑤 𝑠𝑡𝑒𝑎𝑚
)

0.14

             (40) 
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where, 𝜇𝑠𝑡𝑒𝑎𝑚 is the tube-side stream dynamic viscosity in N s/m2 and 𝜇𝑤 𝑠𝑡𝑒𝑎𝑚 is the tube-

side stream dynamic viscosity at average tube wall temperature in N s/m2 (Serth and Lestina 

2014, p. 189). 

 

Darcy friction factor is given by, 

 

𝑓 = 0.4137 𝑅𝑒𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒
−0.2585              (41) 

 

where, 𝑓 is the Darcy friction factor (Serth and Lestina 2014, p. 152). 

 

The tube-side mass flux is given by, 

 

𝐺𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 =
(�̇�𝑓𝑙𝑢𝑖𝑑/𝑏𝑢𝑛𝑑𝑙𝑒)(

𝑛𝑝
𝑛𝑡

𝑏𝑢𝑛𝑑𝑙𝑒

)

𝜋𝐷𝑖
2

4

            (42) 

 

where, 𝐺𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is the tube-side mass flux in kg/s m2 (Serth and Lestina 2014, p. 524). 

 

The tube-side pressure drop due to tube entrance and exit losses, ∆𝑃𝑟−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is given by,  

 

∆𝑃𝑟−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 = 5.0 ∗ 10−4 𝛼𝑟  (
𝐺𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒

2

𝑠
)           (43) 

 

where, αr is the number of velocity heads for tube-side pressure losses (Serth and Lestina 

2014, p. 189).  

 

For regular tubes with turbulent fluid flow (Serth and Lestina 2014, p. 152),  

 

 𝛼𝑟 = 2𝑛𝑝 − 1.5 = 0.5             (44) 

 

The total tube-side pressure drop is given by the sum of all the frictional forces inside the 

tubes and pressure drop due to tube entrance, exit losses. 

   

ΔP𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 =  ΔP𝑓−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 +  ΔP𝑟−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒           (45) 
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3.13 Air-side pressure drop 

Air-side pressure drop due to friction with the tube bundles of high fin heights given by,  

 

∆𝑃𝑓−𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 =
2𝑓𝑓𝑟 𝑁𝑟 𝐺𝑎𝑖𝑟 𝑠𝑖𝑑𝑒

2

𝜌𝑠𝑡𝑑
            (46) 

 

where, ∆𝑃𝑓−𝑎𝑖𝑟 𝑠𝑖𝑑𝑒  is the air-side pressure drop due friction in Pa, 𝑓𝑓𝑟 is the friction correc-

tion factor for air flow across tube bundles with an equilateral pitch, 𝑁𝑟 is the number of 

rows, 𝐺𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 which is given by 𝜌𝑠𝑡𝑑𝑉𝑚𝑎𝑥  is the air-side mass flux in kg/s m2, 𝜌𝑠𝑡𝑑 is the 

standard air density in Kg/ m3 and 𝑉𝑚𝑎𝑥 is the maximum air velocity in tube bundles in m/s 

(Serth and Lestina 2014, p. 516).  

 

For air flow through equilateral triangle pitched tubes in tube bundles, the friction factor, 𝑓𝑓𝑟 

is given by, 

 

𝑓𝑓𝑟 = (1 +
2𝑒−(𝑚/4)

1+𝑚
)(0.021 +

27.2

𝑅𝑒𝑒𝑓𝑓
+

0.29

𝑅𝑒𝑒𝑓𝑓
0.2 )           (47) 

 

where, 𝑚 is the fin parameter and 𝑅𝑒𝑒𝑓𝑓  is the effective Reynold’s number (Ganguli, Tung 

and Taborek 1985, p. 122-128).  

 

The fin parameter is given by,  

 

𝑚 =
𝑃𝑡−𝐷𝑓

𝐷𝑟
              (48) 

 

where, 𝑃𝑡 is the transverse tube pitch in m, 𝐷𝑓 is the fin outer diameter in m and 𝐷𝑟 is the 

tube root diameter in m (Serth and Lestina 2014, p. 517). The effective Reynold’s number 

is given by, 

 

𝑅𝑒𝑒𝑓𝑓 = 𝑅𝑒𝑎𝑖𝑟 𝑠𝑖𝑑𝑒(𝑙/𝐻)             (49) 

 

where, 𝑅𝑒𝑒𝑓𝑓 is the effective Reynold’s number, 𝑙 is the fin spacing and 𝐻 is the fin height 

in m (Serth and Lestina 2014, p. 517). 



51 

 

The fin spacing is obtained from the number of fins per unit length. It is given by,  

 

𝑙 =
1

𝑛𝑓
− 𝑆              (50) 

 

where, 𝑙 is the fin spacing (Serth and Lestina 2014, p. 515). 

 

The maximum velocity in the tube bundles is related to the face velocity which is the average 

air velocity entering the first rows of the tube bundles. The relationship is given by,  

 

𝑉𝑚𝑎𝑥

𝑉𝑓𝑎𝑐𝑒
=

𝐴𝑓𝑎𝑐𝑒

𝐴𝑚𝑖𝑛
              (51) 

 

where, 𝐴𝑓𝑎𝑐𝑒 is the face area and 𝐴𝑚𝑖𝑛 is the minimum flow area. In a tube bundle with 

equilateral triangle tube pitch, the minimum flow area is the space between the adjacent 

tubes, refer to Figure 24. The area between the adjacent tubes is given by, (𝑃𝑡 − 𝐷𝑟)𝐿, where 

𝐿 is the tube length. The area taken up by fins on both side of the tubes is given by, 2𝑛𝑓 𝐿 𝐻 𝑆 

(Serth and Lestina 2014, p. 515). Therefore, the minimum flow area is given by,  

 

𝐴𝑚𝑖𝑛 = (𝑃𝑡 − 𝐷𝑟)𝐿 − 2𝑛𝑓 𝐿 𝐻 𝑆            (52) 

 

The air passing through the gap between the tubes, approaches the tube bundles over the 

length, L (tube length) and width (Pt), extending from the center of one tube to the center of 

the adjacent tube. Thus the corresponding area, 𝐴𝑓𝑎𝑐𝑒 is given by, 𝑃𝑡 𝐿. From substituting 

the values for 𝐴𝑓𝑎𝑐𝑒  and 𝐴𝑚𝑖𝑛 in equation 53, we get,  

 

𝑉𝑚𝑎𝑥 =
𝑃𝑡 𝑉𝑓𝑎𝑐𝑒

𝑃𝑡−𝐷𝑟−2𝑛𝑓 𝐻 𝑆
             (53) 

 

where, 𝑉𝑚𝑎𝑥 is the maximum air velocity in the tube bundles in m/s (Serth and Lestina 2014, 

p. 515). 
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3.14 Motor sizing 

A fans performance is defined by its static pressure. The total pressure in an air stream flow-

ing due to a fan is equal to the sum of the static and dynamic (velocity) pressures. The dy-

namic pressure comprises of kinetic energy in the Bernoulli’s equation (Serth and Lestina 

2014, p. 517). Therefore, the total pressure change across the fan is given by,  

 

∆𝑃𝑡𝑜𝑡𝑎𝑙−𝑓𝑎𝑛 = FSP +  
𝛼𝑓𝑎𝑛 𝜌𝑓𝑎𝑛𝑉𝑓𝑎𝑛

2

2 𝑔𝑐
            (54) 

where, ∆𝑃𝑡𝑜𝑡𝑎𝑙−𝑓𝑎𝑛 is the total pressure change across the fan in Pa, FSP (Fans Static Pres-

sure) is in Pa, 𝛼𝑓𝑎𝑛  is the kinetic energy correction factor for air leaving the fan,  𝜌𝑓𝑎𝑛 is the 

density of air leaving the fan in kg/m3,  𝑉𝑓𝑎𝑛 is the velocity of air leaving the fan in m/h and 

𝑔𝑐  is the unit conversion factor (Serth and Lestina 2014, p. 518).  

 

The velocity of air leaving the fan is given by,  

 

𝑉𝑓𝑎𝑛 =
�̇�𝑓𝑎𝑛

𝜋

4
· 𝐷𝑓𝑎𝑛

2              (55) 

 

where, �̇�𝑓𝑎𝑛 is the volumetric flow per fan in m3/h and 𝐷𝑓𝑎𝑛  is the fan diameter in m (Serth 

and Lestina 2014, p. 526). 

 

The break down fan power is given by, 

 

�̇�𝑓𝑎𝑛 =
∆𝑃𝑡𝑜𝑡𝑎𝑙−𝑓𝑎𝑛 �̇�𝑓𝑎𝑛

𝜂𝑓𝑎𝑛
             (56) 

 

where, �̇�𝑓𝑎𝑛 is the break down fan power in KW and 𝜂𝑓𝑎𝑛 is the total fan efficiency (Serth 

and Lestina 2014, p. 518). 
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4 THERMAL DESIGN 

 

 

This section of the thesis goes through the thermal design of air cooled heat exchangers. A 

comprehensive commercial thermal design softwares, Aspen EDR (Exchanger Design and 

Rating) from Aspen Technology, Inc. is used for simulating real world input design param-

eters. The input parameters are obtained from the company, ‘North Street Cooling Towers 

P Ltd.’ for which this thesis is written. The output results from the software are compared 

with theoretical formulations.  

 

The input process parameters to design the ACC are given in Table 1. The ACC will be used 

for condensing steam coming from a steam turbine. As depicted in the table, since the in-

stream vapor mass fraction is 1 (pure steam), the design is made for a single stream compo-

nent. A vapor mass fraction of 0 at the outlet means that full vapor condensation is required.   

 

Table 1. Process parameters. 

Tube-side stream data – Steam Outside stream data – Air  

Flow rate: 35300 kgs/hr Dry bulb temperature: 36 oC 

Inlet temperature: 53.57 oC Elevation: 0 m 

Vapor mass fraction (in/out): 1/0 Allowable pressure drop: 2942 Pa 

Operating pressure: 14.71 kPa Fouling factor: 0.0001 m2 K/W 

Allowable pressure drop: 0.03 kgs/cm2 Outside tube application: dry air 

 

4.1 Aspen EDR 

This section of the thesis presents all the steps and methods for the simulation of an A- frame 

air cooled condenser based on the input process parameters, given in Table 1. Aspen offers 

a set of property methods and models based on the heat exchanger application, the process 

fluid and number of phases present. In depth explanation for the selection of these has been 

given. To arrive at an optimized condenser design, Aspen offers different design modes 

which are discussed in this section.  
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4.1.1 Run modes 

In order to arrive at a fully optimized ACC design, three different run modes, ‘Design with 

varying outside flow’, ‘Rating/ Checking’ and ‘Simulation’ are used in the software. 

 

Design with varying outside flow 

In this mode of the software, the tube-side inlet and outlet process parameters and ambient 

air temperature are specified. The software during execution, varies the air-side flow rate to 

determine the outlet temperature of the flow. For each iteration of the exchanger configura-

tion, the software determines the number of tubes per bundle, number of tube rows, tube 

length, bundles per bay, fans per bay and bays per unit. The final optimization is chosen 

based on the final capital and operating cost of the exchanger. In this mode, the software 

only offers an option of choosing a standard exchanger design with horizontal tubes for 

forced and induced draft configurations, as shown in Figure 26.  

 

 

Figure 26. Standard forced draft type (left), standard induced draft type (right) 

 

Rating/ Checking 

In this mode of the software, the performance requirements in terms of the inlet and outlet 

process conditions are transferred from the ‘Design with varying outside flow’. Also, the 

specific exchanger configuration is specified in this mode. In this case the exchanger type is 

changed from a standard frame to A-frame. A schematic diagram of an A-frame condenser 

is shown in Figure 27. The software checks if the new configuration meets, the required heat 

exchange and maximum pressure drop requirements.  
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Figure 27. A-frame ACC (Larinoff, Moles and Reichhelm 1978, p. 12). 

 

Simulation 

In this mode, the specific heat exchanger configuration and some combination of stream 

process conditions are specified. The software predicts one or more of the unknown condi-

tions of the two streams. There are a number of program options available in this mode to 

choose from, which can be chosen to simulate exact exchanger running conditions.  

 

4.1.2 Design of a standard forced draft condenser 

To begin with, the software is switched to ‘Design with varying outside flow’ mode and the 

following program settings are used, as shown in Table 2.  

 

Table 2. Application options. 

Program calculation mode Design with varying outside flow 

Tube-side application Phase change 

Outside tube application Dry air 

Simulation calculation Set default 
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The run mode, ‘Design with varying outside flow’ finds the optimum geometry of an air-

cooled condenser for minimum cost with the corresponding required outside air flow rate. 

Since a condenser condenses steam vapors into water, ‘phase change’ is chosen in the tube-

side application option. Dry air is input into the air-side tube application field according to 

the process parameters. In this design mode only default simulation settings are available.  

 

Process parameters form Table 1 are entered for the tube-side and air-side stream process 

conditions as shown in Table 3. Not all fields are compulsory to fill because in this mode the 

software finds an optimum solution though iterations. Pure steam has a vapor mass fraction 

of 1 and a fully saturated condensate has a vapor fraction of 0. The field for the condensate 

outlet temperature is kept blank for the software to calculate the highest temperature at which 

the tube-side stream will exist in a liquid phase under the specified pressure conditions.  

 

Table 3. Process data. 

Tube-side 

 In Out 

Fluid name Steam 

Mass flow rate (total) kg/h 35300 

Temperature °C 53.57  

Vapor mass fraction  1 0 

Operating pressure (absolute) kPa 14.71  

Heat exchanged kW  

Allowable pressure drop Pa 2942 

Fouling resistance m²-K/W 0 

Outside Tube 

Fluid name Air 

Air/Gas mass flow rate kg/h  

Face velocity m/s  

Required bundle pressure drop Pa   

 In Out 

Air/Gas dry bulb design °C 36  

Minimum ambient temperature °C 10 
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Table 3 continues. Process data. 

Operating pressure specification Altitude and gauge pressure 

Altitude above sea level m 0 

Inlet pressure (gauge) Pa 0 

Inlet pressure (absolute) bar  

Allowable pressure drop Pa 200 

Inlet humidity parameter No humidity (dry air) 

 

The property package and method used for simulation are shown in Table 4. To calculate 

transport and thermodynamic properties, Aspen EDR uses property methods. These methods 

are a set of models and methods which are specific to the tube-side stream. (Aspen Technol-

ogy 2000, p. 169.) 

 

Table 4. Tube-side databank. 

Physical property package Aspen properties 

Tube-side composition specifications Weight flowrate or % 

Aspen property method PENG-ROB 

Property model STEAMNBS 

Aspen flash option Flash3: Vapor – liquid – liquid 

 

Aspen property method, PENG-ROB (Peng Robinson) is chosen because water is a non-

polar and real fluid. It is a recommend property method for water as shown in Figure 28, as 

it predicts vapor phase at any given pressure. 
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Figure 28. Flow diagram for choosing a property method (Aspen Technology 2000, p. 178). 

 

Following are the two methods available to calculate steam and water properties. 

1) STEAM-TA 1967 ASME (American Society of Mechanical Engineers) Steam Ta-

bles 

2) STEAMNBS the method of the International Association of Properties of Steam 

 

STEAM-TA method uses multiple correlations, each converging different region of Pres-

sure-Temperature space. Since these correlation do not provide continuity at the boundaries, 

they cause inaccurate convergences and predict incorrect trends. Since, STEAMNBS 

method does not have these problems and has accurate extrapolations, it is recommended for 

pure water systems and for free-water calculations. Therefore, STEAMNBS method has 

been used in this case. (Aspen Technology 2000, p. 177.) 

 

For one or more inlet streams, flash models in Aspen determine the thermal and phase con-

ditions of a mixture. Based on the specifications, they perform phase equilibrium flash cal-

culations. (Aspen Plus 2000, p. 263.) 
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Aspen flash option, Flash3: Vapor-Liquid-Liquid has been chosen because a single vapor 

outlet stream and two liquid outlet streams are produced through rigorous 3 phase vapor-

liquid-liquid equilibrium calculations (Aspen Plus 2000, p. 263.) When the pressure of a 

liquid is equal to or greater than its bubble point and there is a sudden reduction in pressure, 

flashing takes place. This produces a two-phase system of vapor and liquid in equilibrium. 

(Shojaei, Movaghar and Dehghani 2015, p. 1485.) 

 

Tube stream properties 

The temperature range for the tube stream properties is set from 36 oC to 53.57 oC as shown 

in Figure 29. This is because 36 oC is the lowest temperature to which the condensate can 

cool to, while being exposed to the inlet air. 53.57 oC is the highest inlet steam temperature. 

For the highest accuracy in results, the maximum temperature points of 24 are chosen. All 

tube-side steam properties are calculated at these 24 temperature points corresponding to the 

operating pressures.  

 

 

Figure 29. Tube stream temperature and pressure range. 

 

Condenser geometry 

The specifications shown in Table 5 are used in Aspen EDR. Standard industrial fin and tube 

sizes are chosen. Since, steam is a volumetric fluid, a large tube diameter is chosen with an 

intermediate fin height. This is because, the heat transfer coefficient of bare tubes is higher 

than the fins because there exists a decrease in the temperature difference along the fin 

lengths. Further a larger tube diameter keeps the pressure drop within the required operation 

limits.  
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Table 5. Condenser geometric specifications. 

Tube specifications  

Tube outer / inner diameter 38.1/ 34.8 mm 

Tube wall thickness 
Birmingham Wire Gauge (BWG): 16 

1.65 mm 

Tube material Carbon steel 

Fin specifications 

Fin type G-finned 

Fin material Aluminum 1060 

Fin frequency 433 fins per meter 

Mean fin thickness 0.4 mm 

Bundle specifications 

Bundle type Staggered: Even rows to right 

Transverse pitch 90 mm 

Longitudinal pitch 77.94 mm 

Tube layout angle 30 degrees 

Unit geometry 

Tube-side to air-side flow orientation Counter current 

Angle of air-side flow 0 degrees 

Tube-side flow direction Horizontal 

Fan configuration Forced 

  

A tube layout for a staggered tube arrangement is shown in Figure 30. In the mode ‘Design 

with varying outside flow’ only standard frame air cooled condensers can be designed.  

 

 

Figure 30. Staggered finned tube bundle  



61 

 

The design codes and standards used for simulation are shown in  

 

Table 6. Simulating a design using a suitable design code and material standard makes sure 

that all components of the ACC will not only be thermally suitable but also have mechani-

cally durability. ANSI dimensional standard is used so that all off the shelf buy outs are 

easily available in the market.  

 

Table 6. Design codes and standards. 

Design code ASME Code Sec VIII Div 1 

Material standard ASME 

Dimensional standard ANSI – American 

 

The design limits used for simulation are given in Table 7. The number of tube passes per 

bundle are chose depending on the resulting tub-side Reynold’s number. For a start, a single 

pass is tested with. The maximum air-side fluid face velocity is set to 3 m/sec because it is a 

practical value for conventional axial flow fans for air cooled heat exchangers. 

 

Table 7. Design limits. 

 Minimum Maximum 

Geometry limits 

Tube length m 2 10 

Tube rows deep  3 4 

Tube passes per bundle  1 1 

Process limits 

Tube-side fluid velocity m/s - 100 

Outside fluid face velocity m/s - 3 

 

Simulation results from the design mode are given in Table 8. The software come with a 

large number of bays and fans for the unit which will be impractical to manufacturing with 

high capital and running costs and high maintenance.   
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Table 8. Results from design mode. 

Unit 

Bays in parallel per unit 14 A or V frame None 

Bundles in parallel per bay 2 Tube inclination 0 

Fans per bay 2 Tube-side flow orientation Counter- current 

Bay width 5.7 m 
Outside stream flow direc-

tion 
0 deg. 

Fan power 14.5 kW Total surface area 106278.4 m2 

Bundle width 2.745 m Fan diameter 3.657 m 

Unit length 10.29 m Plenum depth 1.463 m 

Unit width 81.06 m Ground clearance 5.4864 m 

Bundle 

Tubes per bundle 90 Number of tube types 1 

Tube rows per bundle 3 Tube row arrangement Staggered 

Tubes per row per bundle 30 Tube transverse pitch 90 mm 

Tube passes per bundle 1 
Tube row longitudinal 

pitch 
77.94 mm 

Total tube length 9.5 m Layout angle 30 deg. 

Effective tube length 9.299 m Area ratio finned to bare 37.89 

Tube sheet thickness 76.2 mm Total surface effectiveness 0.76 

Tube support width 25 mm Bundle face area 25.5 m² 

Number of tube supports 5   

 

The performance data for the generated results is given in Table 9. The steam gets fully 

condensed at the outlet but the condenser is over-surfaced by 9%. The outlet condensate 

temperature is lower than the dew point of 51.98 oC.  
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Table 9. Performance data. 

Design with varying outside flow Outside Tube-side 

Total mass flow rate kg/h 8431560 35300 

In Out In Out 

Vapor mass kg/h 8431560 8431560 35300 0 

Liquid mass kg/h 0 0 0 35300 

Vapor mass quality  1 1 1 0 

Temperature oC 36 45.97 53.57 49.04 

Dew point oC   53.57 51.98 

Film coefficient W/m2K 1286.5 3354.7 

Pressure drop (allow./ calc.) Pa 200/ 117 2942/1098.8 

Reynold’s number 14035.19 13930.43 

Total heat exchanged 23494.6 kW 

Condenser surface area 106278.4 m2 

Area ratio: actual/ required 1.09 

 

For the tube-side flow to be fully turbulent, the Reynold’s number needs to be greater than 

4000 (The Engineering toolBox 2017). Since the Reynold’s number from Table 9 is 

13930.43, the tube-side flow is fully turbulent. Therefore a single pass design is sufficient to 

achieve a high tube-side coefficient of heat transfer.  

 

A plan view for a standard-frame ACC unit obtained from Aspen EDR is shown in Figure 

31. It is a 14 bay unit with two fans per bay. It can be seen that each bay has two tube bundles 

with one outlet nozzle for each tube bundle. Not all 14 bays of the unit have been depicted 

in the plan view. 
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Figure 31. Plan view of the standard frame condenser. 

 

Side view 

A side view of the standard-frame ACC unit obtained from Aspen EDR is shown in Figure 

32. From the figure, it can be seen that the finned tubes lie horizontal with a forced draft 

configuration. Underneath the two fans are two motor drives.  

 

 

Figure 32. Side view of the standard frame condenser. 

 

4.1.3 Design of an A-frame condenser 

The software is switched to the second mode, ‘Rating/ Checking’ in which the standard ACC 

frame is changed to a suitable A-frame condenser to meet the desired process conditions. 

The input process parameters from Table 1 remains the same and the simulation is re-run in 

this mode. The new output design geometry summary is shown in Table 10. The number of 

Fans  

Tube bundles 

Fans  
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bays are reduced to 3 with an A frame type geometry. The number of bundles per bay has to 

be an even number, to maintain symmetry on both sides of the bay. The tube length is in-

creased to 11.5 m to accommodate a large fan diameter with a frame angle of 60o. The tube-

side flow direction is set to downwards. The rest of the tube and fin parameters remain the 

same as in the previous mode. 

 

Table 10. Final design geometry summary. 

Unit Tubes 

Bays per unit 3 Tube OD/ ID 38.1/ 34.8 mm 

Bundles per bay 6 Tube wall thickness 1.65 mm 

Fans per bay 1 Tube length 11.5 m 

Exchanger type/ angle A frame/ 60o Fin tip diameter 88.9 mm 

Draft Forced draft Fin frequency 433 fins/ m 

Tube-side flow direction Downwards Mean fin thickness 0.4 mm 

Tube layout 

Number of tube/ bundle 128 Bundle type Staggered 

Tube rows deep 4 Transverse pitch 100 mm 

Tube passes 1 Longitudinal pitch 86.6 mm 

Tube rows per pass 4 Tube layout angle 30o 

 

Performance data for the new simulation is shown in Table 11. The condenser comes to be 

slightly under surfaced, that is the area ratio is 0.99. This is because the condensate gets sub-

cooled below its due point to 49.09 oC.  

 

Table 11. Performance data form Rating/Checking mode. 

Rating/ Checking Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Vapor mass kg/h 8267580 8267580 35300 0 

Liquid mass kg/h 0 0 0 35300 

Vapor mass quality  1 1 1 0 

Temperature oC 36 45.97 53.57 49.09 
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Table 11 continues. Performance data form Rating/Checking mode. 

Rating/ Checking Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Dew point oC   53.57 52.13 

Film coefficient W/m2K 1277.1 2401 

Operating pressure Pa 98652 98652 14710 13713.8 

Pressure drop (al-

low./ calc.) 

Pa 200/ 153 2942/ 996.2 

Reynold’s number 13770.72 15236.41 

Total heat exchanged 23493.1 kW 

Fan diameter 10 m 

Fan power 153.76 kW/ per fan 

Condenser surface area 114945.7 m2 Area ratio: actual/ required 0.99 

 

4.1.4 Simulation 

Simulation calculation: Outlet temperature on both sides (method 1) 

This method calculates the tube and air-side outlet temperatures, the tube-side inlet temper-

ature, pressure and flow rate, and the air-side inlet and flow rate. It follows a combined 

forward and backward iteration technique to get a faster converged solution.  

 

Tube-side flow distribution 

In the simulation mode of the software, the tube-side flow distribution is activated which 

adjusts the tube-side flowrate within each pass to equalize the tube pressure drop through 

each tube. This is effective in the present situations where the lower tube rows that first come 

in contact with the inlet air, due to greater temperature difference, condense more vapor than 

the other tube rows. This function in the ‘Simulation’ mode offers a greater accuracy than 

the ‘Rating/ Checking’ mode. The final design performance data is given in Table 12.  
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Table 12. Final design performance data from Simulation mode. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Vapor mass kg/h 8267580 8267580 35300 29 

Liquid mass kg/h 0 0 0 35271 

Vapor mass quality  1 1 1 0.0008 

Temperature oC 36 46.07 53.57 51.48 

Dew point oC   53.57 51.48 

Film coefficient W/m2K 1272.7 2406.6 

Operating pressure Pa 101326 101326 14710 13706.6 

Pressure drop (al-

low./ calc.) 

Pa 200/ 148 2942/ 1003.4 

Reynold’s number 13770.72 15236.41 

Total heat exchanged 23348.6 kW 

Fan diameter 10 m 

Fan power 142.124 kW/ per fan 

Condenser surface area 114945.7 m2 Area ratio: actual/ required 1 

 

From Table 12 it can be seen that, to achieve full condensation of the vapor stream, that is, 

for the outlet vapor quality to be 0, the condenser is under-surfaced, but only by a small 

fraction of 0.01. For most industrial applications this area ratio is acceptable because increas-

ing the condenser surface area will further increase the capital costs for a very small increase 

in performance. 

 

Final design 

An isometric view of the final design is shown in figure Figure 33. The ACC unit has three 

bays with a single fan per bay. The schematics of steam flow across the steam manifold, 

distribution across the tube bundles and condensate flow are represented with arrows. 
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Figure 33. Isometric view of the ACC. 

 

The side view of the ACC unit is shown in Figure 34. A single fan unit is visible in figure 

which is driven by a motor and a gear box mounted on top. The fan assembly is housed 

within a fan cylinder. A fan cylinder forms a hyperbolic shaped structure that enhances effi-

cient air flow through the bay.  

 

Figure 34. Side view of the ACC. 

 

The front view of the ACC is shown in Figure 35. A human figure has been placed next to 

the scaled drawing of the ACC unit to give a perspective on its size.    
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Figure 35. Front view of the ACC. 

 

4.2 Theoretical formulations 

The design of air cooled condensers is challenging because, there are infinite possibilities to 

choose from, as there are a number of degrees of freedom. Therefore a stepwise design pro-

cedure has to be followed to come up with a reasonable and practical design. All detailed 

theoretical formulations based on the ‘Condenser Design Theory’ are given in the appendix 

III of the report. The methodology involves the use of parameters including, fin sizing, ex-

changer type, number of heat transfer units and exchanger heat effectiveness for a single 

component condensing stream. It uses the classical approach of using cross flow correction 

factor and log mean temperature difference.  

 

4.2.1 ACC geometry 

Before the start of the design process, an appropriate condenser geometry is chosen in ac-

cordance with the application. For this particular case, since it is a steam condenser an A-

type design is chosen with forced draft air flow. Also, a large tube diameter with a medium 

fin height is chosen. Since steam is a volumetric fluid, a manifold type header in an A-frame 

condenser allows for an efficient stream distribution into the inclined tube bundles. The con-

densate flows downwards due to gravity through D-type outlet headers into the condensate 

tank.  
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4.2.2 Design procedure 

The first phase of the design procedure is to calculate the required surface area based on the 

overall heat transfer rate for the condensing stream. This surface area is then divided into 

practical bundle sizes that can be served by axial flow fans with minimum motor power 

ratings. The ‘tube diameter’, ‘fin height’ and ‘thickness’, ‘tube arrangement’ and the ‘tube 

pitch’ are pre-determined based on the application. The parameters that remain unknown 

are, ‘number of tube passes’, ‘number of tubes’, ‘number of tube rows’, ‘tube length’ and 

‘fan sizing and power’. Once a few preliminary parameters are set, the rest can be made to 

vary to obtain a suitable ACC design. 

 

Parametric values are calculated including the ‘Reynold’s numbers’, ‘heat transfer coeffi-

cients’, ‘fin efficiency’ and ‘pressure drops’ to make sure that the obtained design is capable 

of meeting the process requirements and is fully optimized with respect to its areal size and 

operating power. 

The tube-side Reynold’s number is determined to make sure that the tube-side stream flow 

is fully turbulent which helps raise the heat transfer coefficient. Fin efficiency helps deter-

mine the root diameter to fin height ratio. Pressure drops should be within the process allow-

able limits. The ACC specifications used for the calculations are given in Table 13. 

 

Table 13. ACC specifications. 

ACC type 

Draft type Forced draft 

Frame type A-frame 

Tube specifications 

Outer diameter of root tube, Dr 38.1 mm 

Inner diameter of root tube, Di 34.8 mm 

Fin height 25.4 mm 

Fin thickness 0.4 mm 

Tube material Carbon steel 

Fin material  Aluminum 1060  

Fin type G- fins 

  



71 

 

Table 13 continue. ACC specifications. 

Tube bundle specifications  

Bundle type Staggered 

Tube layout angle 30 degrees 

Transverse pitch, Pt 95 mm 

Header specifications 

Material and construction type Carbon steel manifold type 

 

4.3 Design optimization 

In order to achieve an optimized solution, input parameters are varied as shown in Table 14. 

Only feasible designs which suffice the process requirements within a reasonable range of 

condenser surface area and fan power are reported in this section. 

 

Table 14. Unit parameters for design optimization. 

Parameters Design 1 Design 2 Design 3 Design 4 Design 5 Design 6 

Bays/ unit 3 4 3 3 3 3 

Bundles/ bay 6 6 6 6 6 6 

Tube OD (mm) 25.4 25.4 31.75 38.1 38.1 38.1 

Tube ID (mm) 22.1 22.1 28.45 34.8 34.8 34.8 

Fin height 25.4 15.875 25.4 38.1 25.4 25.4 

Tubes/ bundle 250 200 140 108 132 128 

Rows 5 5 4 4 4 4 

Transverse pitch 

(mm) 

80 60 90 117 100 100 

Longitudinal 

pitch (mm) 

69.28 51.96 77.94 101.32 86.6 86.6 

Condenser type A-frame Tube layout 30o – staggered 

Fin thickness  0.4 mm Tube length 11. 5 m 

Fin frequency 433 fins/ m Tube passes 1 

Fans/ bay 1 Tube thickness 1.65 mm 
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Design 1 

The performance data for design 1 is given in Table 15. The steam does not condense com-

pletely, though the quantity of the steam in the outlet is small which is acceptable for most 

scenarios.  

 

Table 15. Performance data for design 1. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8431560 35300 

In Out In Out 

Vapor mass kg/h 8431560 8431560 35300 311 

Liquid mass kg/h 0 0 0 34989 

Vapor mass quality  1 1 1 0.0088 

Temperature oC 36 45.84 53.57 49.8 

Dew point oC   53.57 49.8 

Film coefficient W/m2K 1357.8 2217.6 

Operating pressure Pa 101326 101326 14710 12226.4 

Pressure drop (al-

low./ calc.) 

Pa 200/ 128 2942/2483.6 

Reynold’s number 7778.53 12284.4 

Total heat exchanged 23228.6 kW 

Fan diameter 10 m 

Fan power 155 kW/ per fan 

Condenser surface area 159943.6 m2 

 

Design 2 

The performance data for design 2 is given in Table 16. A higher rate of steam condensation 

takes place as compared with design 1 but at the expense of a higher total fan power. Steam 

condenses at a higher temperature because of a lower tube-side pressure drop.  
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Table 16. Performance data for design 2. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Vapor mass kg/h 8267580 8267580 35300 36 

Liquid mass kg/h 0 0 0 35264 

Vapor mass quality  1 1 1 0.001 

Temperature oC 36 45.93 53.57 50.57 

Dew point oC   53.57 50.57 

Film coefficient W/m2K 1131.7 2000.9 

Operating pressure  Pa 101326 101326 14710 12700.6 

Pressure drop (al-

low./ calc.) 

Pa 200/ 172 2942/2009.3 

Reynold’s number 10186.55 11516.63 

Total heat exchanged 23408.3 kW 

Fan diameter 6.97 m 

Fan power 125.9 kW/ per fan 

Condenser surface area 99249.8 m2 

 

Design 3 

The performance data for design 3 is given in Table 17. From the data, this design gives a 

very low rate of steam condensation at the outlet.  

 

Table 17. Performance data for design 3. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Vapor mass kg/h 8267580 8267580 35300 688 

Liquid mass kg/h 0 0 0 34612 

Vapor mass quality  1 1 1 0.0195 

Temperature oC 36 45.75 53.57 50.34 

Dew point oC   53.57 50.34 
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Table 17 continues. Performance data for design 3. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Film coefficient W/m2K 1194.1 2071.8 

Operating pressure Pa 101326 101326 14710 12554.6 

Pressure drop (al-

low./ calc.) 

Pa 200/ 143 2942/2155.4 

Reynold’s number 10247.05 15292.2 

Total heat exchanged 22985.8 kW 

Fan diameter 10 m 

Fan power 139.8 kW/ per fan 

Condenser surface area 113005.1 m2 

 

Design 4 

The performance data for design 4 is given in Table 18. Full steam condensation at the outlet 

takes place but requires a high total fan power.  

 

Table 18. Performance data for design 4. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Vapor mass kg/h 8267580 8267580 35300 0 

Liquid mass kg/h 0 0 0 35300 

Vapor mass quality  1 1 1 0 

Temperature oC 36 45.75 53.57 51.37 

Dew point oC   53.57 52.05 

Film coefficient W/m2K 1594.2 2682.8 

Operating pressure Pa 98652 98652 14710 13660 

Pressure drop (al-

low./ calc.) 

Pa 200/ 192 2942/1050 

Reynold’s number 13373.56 18057.97 
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Table 18 continues. Performance data for design 4. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Total heat exchanged 23398.4 kW 

Fan diameter 10 m 

Fan power 192.8 kW/ per fan 

Condenser surface area 172348.8 m2 

 

Design 5 

The performance data for design 5 is given in Table 19. Full steam condensation at the outlet 

takes place, at a low total fan power but with a larger condenser surface area.  

 

Table 19. Performance data for design 5. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Vapor mass kg/h 8267580 8267580 35300 0 

Liquid mass kg/h 0 0 0 35300 

Vapor mass quality  1 1 1 0 

Temperature oC 36 46.13 53.57 49.88 

Dew point oC   53.57 52.18 

Film coefficient W/m2K 1252.4 2379.6 

Operating pressure Pa 101326 101326 14710 13744.8 

Pressure drop (al-

low./ calc.) 

Pa 200/ 140 2942/ 965.2 

Reynold’s number 13353.43 14774.7 

Total heat exchanged 23460.3 kW 

Fan diameter 10 m 

Fan power 135.14 kW/ per fan 

Condenser surface area 118537.7 m2 
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Design 6 

The performance data for design 6 is given in Table 20. A small very amount of uncondensed 

steam remains at the outlet but the condensate temperature is the highest.  

 

Table 20. Performance data for design 6. 

Simulation Outside Tube-side 

Total mass flow 

rate 

kg/h 8267580 35300 

In Out In Out 

Vapor mass kg/h 8267580 8267580 35300 29 

Liquid mass kg/h 0 0 0 35271 

Vapor mass quality  1 1 1 0.0008 

Temperature oC 36 46.07 53.57 51.48 

Dew point oC   53.57 51.48 

Film coefficient W/m2K 1272.7 2406.6 

Operating pressure Pa 101326 101326 14710 13706.6 

Pressure drop (al-

low./ calc.) 

Pa 200/ 148 2942/1003.4 

Reynold’s number 13770.72 15236.41 

Total heat exchanged 23348.6 kW 

Fan diameter 10 m 

Fan power 142.12 kW/ per fan 

Condenser surface area 114945.7 m2 

 

4.3.1 Design comparison  

A design comparison of the six design outputs is shown in Figure 36. Only those designs 

that suffice the process parameters have been compared here. The comparison takes into 

account the outlet vapor quality, total condenser surface area, total fan power and condensate 

temperature. To get maximum condensation at the outlet, the outlet vapor quality should be 

as low as possible. The condenser surface area and total fan power should be as low as pos-

sible because they are indicative of the capital and running costs respectively. The conden-

sate outlet temperature should be as high as possible because it will help save energy when 

recirculated back to the boiler to produce steam to feed the steam turbine.  
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Figure 36. Design comparison 

 

Final designs selection 

Two of the six designs, compared in Figure 36 have been chosen. They both have some 

advantages and drawbacks over each other which have been discussed in the following sec-

tion.  

 

Design 5 

This design is chosen because full steam condensation takes place at the lowest fan power. 

A lower fan power is required because this design is over-surfaced by 2% because of which 

a lower FSP (Fan Static Pressure) of 140 Pa is required. This results in a lower fan power of 

135.14 kW. On the downside since the condenser is over surfaced, sub-cooling of the con-

densate takes place, down to a temperature of 49.88 oC.  

 

Design 6 

This design is chosen for its highest outlet condensate temperature of 51.48oC and a lower 

condenser surface area. On the downside since the condenser is under surfaced by 1%, a 

higher FSP of 148 Pa is required. This results in a higher fan power of 142.12 kW than in 

design 5. Also the vapor quality at the outlet is 0.0008, which is a small amount of vapor 

mass of 29 kg/hr. Since the vapor quality is very low, the design is acceptable.  
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5 RESULTS AND ANALYSIS 

 

 

The final design results from optimization are compared with the theoretical formulation 

results, which are given in Table 21. The data for output parameters given in the table for 

designs 5 and 6 are available in appendices I and II and for theoretical formulations in ap-

pendix III. 

 

Table 21. Output comparison. 

Design parameter Aspen EDR (De-

sign 5) 

Aspen EDR (De-

sign 6) 

Theoretical for-

mulations 

Mean temperature differ-

ence, 𝛥𝑇𝑚 (oC) 
10.11 10.24 10.99 

Total rate of heat transfer, 

�̇�̇𝑡𝑜𝑡𝑎𝑙 (kcal/h) 
20,172,236 20,076,139 20,051,899 

Fin surface area, 𝐴𝑓𝑖𝑛𝑠 (m2) 118,537.7 114,945.7 118,677.2 

Air mass flow rate, �̇�𝑎𝑖𝑟 

(kg/h) 
8,267,580 8,267,580 8,285,908 

Tube-side Reynold’s num-

ber, 𝑅𝑒𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒  

14,774.7 15,236 13,943 

Air-side Reynold’s num-

ber, 𝑅𝑒𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 
13,353 13,770 14,397 

Tube-side Prandtl number 

for condensate, 𝑃𝑟𝑐𝑜𝑛𝑑 
3.55 3.45 3.461 

Air-side Prandtl number, 

𝑃𝑟𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 
0.71 0.71 0.7123 

Tube-side heat-transfer co-

efficient, ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒   

(W/m2K) 

2379.6 2406.6 2437.9 

Fin efficiency, 𝜂𝑤  0.76 0.76 0.768 
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Table 21 continues. Output comparison. 

Design parameter Aspen EDR (De-

sign 5) 

Aspen EDR (De-

sign 6) 

Theoretical for-

mulations 

Total pressure drop for 

tube-side fluid, 𝛥𝑃𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 

(Pa) 

1,239 1,426.9 1,560 

Total air-side pressure loss, 

𝛥𝑃𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 (Pa) 
140 148 117.7 

Fan power (KW) 135.13 142.12 152.8 

 

The designs obtained through Aspen EDR and theoretical formulations are very similar as 

shown in Table 22. The unit and bundle specifications given in the table for designs 5 and 6 

are available in appendices I and II and for theoretical formulations in appendix III. 

 

Table 22. Design comparison. 

Unit specifications Aspen EDR (De-

sign 5) 

Aspen EDR (Design 

6) 

Theoretical formula-

tions 

Number of bays 3 3 3 

Tube bundles per bay 6 6 6 

Fans per bay 1 1 1 

Fan diameter 10 10 m 10 m 

Bundle specifications 

Tube length 11.5 m 11.5 m 10.25 m 

Bundle width 3.35 m 3.25 m 3.42 m 

Tube transverse pitch 100 mm 100 mm 95 mm 

Number of tubes per 

bundle 

132 128 144 

Number of rows 4 4 4 

Tube passes Single Single Single 

 

The most critical physical properties of the tube side vapor-liquid stream, which affect con-

denser performance have been discussed below,  
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Vapor fraction along the tube lengths for each row  

In an air cooled heat exchanger, the tubes in the lower rows get exposed to the inlet air when 

it is at its lowest temperature. The air temperature rises as it flows through the tube bundles. 

Figure 37 which corresponds to design 6, shows the vapor fraction of the tube-side stream 

as it flows along the tube lengths. Since the tubes in row 1 get exposed to the lowest air 

temperature, the steam condenses the fastest at the least distance of its travel along the tube 

bundle length. On the other hand, since the tubes in row 4 get exposed to already heated air, 

the steam requires a long time to condense and a fraction of the stream remains in the vapor 

state. From the overall summary given in the appendix II, it can be seem that there exists a 

very small amount (29 kg/h) of steam in the tube-side outlet. This small value is acceptable 

in most industrial scenarios because in order to fully condense a stream, the condenser sur-

face area will have to be increased unnecessarily increasing the capital and running costs.   

 

 

Figure 37. Vapor fraction along the tube lengths for each row. 

 

Inlet air temperature along the tube lengths for each row 

The inlet air temperature for each tube row is shown in 

Figure 38. It can be seen from the graph that air warms up as it passes through the tube 

bundles. Also, its temperature is lower at greater tube lengths as the tube-side stream cools 

down along the tube length.   
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Figure 38. Inlet air temperature along the tube lengths for each row. 

 

Pressure drop along the tube lengths for each row 

When steam condenses into water, there is a reduction in volume which leads to a pressure 

drop. Since rapid condensation occurs in tubes in the lower rows as compared with the tubes 

in the higher rows, there is a greater pressure drop in the lower rows as shown in Figure 39. 

The final pressure vales at the tube outlets in all rows reach the approximately the same 

pressure value. 

 

 

Figure 39. Pressure drop along the tube lengths for each row. 
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Vapor flow rate along the tube lengths for each row 

At the inlet of the tubes, there exists a vapor fraction of 1 since there is 100 % saturated 

steam. As the steam vapors flow down the tubes they condense into a liquid and hence the 

vapor fraction decreases. The fastest decrease in vapor fraction occurs in row 1 as it reaches 

a vapor fraction of 0 at a tube length of 6.4 m. Subsequently, the rate of condensation along 

the tube lengths decreases in higher tubes as shown in Figure 40. A small amount of uncon-

densed steam remains at the outlet of row four. 

 

 

Figure 40. Vapor flow rate along the tube lengths for each row. 

 

Sub-cooling in tubes 

Sub-cooling in the tubes in rows 1, 2 and 3 takes place as shown in Figure 41. This is because 

the condensate keeps getting exposed to the cooling air. The points at which sub-cooling 

takes places in each row, correspond with the points at which condensation completes.  
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Figure 41. Sub-cooling in tubes. 

 

Variation in the heat transfer coefficients along the tube lengths for each row 

The tube-side heat transfer coefficient is a function of the temperature difference between 

the hot (steam) and the cold medium (ambient air) and Reynold’s number for the stream 

flow. The coefficient, ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒  increases with the increase of the aforementioned. This can 

be explained through Figure 42. At distance zero, there exists the greatest temperature dif-

ference because of which, ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒  starts off with a high value. As the tube-side stream 

accelerates under gravity, its Reynold’s number increases and so ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒  is the maximum 

at about 800 mm of the tube length. After this point the coefficient decreases as the stream 

cools down and so the temperature difference reduces, thereby constantly reducing the co-

efficient along the tube length. 
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Figure 42. Variation in the heat transfer coefficients along the tube lengths, for each row. 
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6 CONCLUSION 

 

 

In the thesis, thermal design and optimization of ACCs was performed on process parameters 

provided by North Street Cooling Towers P Ltd. For the particular given requirements the 

thesis involved, selecting the most suitable ACC type, design configuration, material of con-

struction and parametric design and optimization. All design results were obtained from As-

pen EDR which were validated through, theoretical formulations based on condenser design 

theories. Six suitable designs which would suffice the process requirements were obtained 

through software simulations by varying the crucial input parameters. Off these two designs 

were chosen based on the outlet vapor quality, condensate temperature, condenser surface 

area and fan operating power.  

 

Thermal optimization of ACCs is based on their thermal-hydraulic performance which rep-

resents the relationship between the total heat exchanged, pressure drop and the condenser 

surface area. In the project, a comprehensive design methodology to obtain an effective ther-

mal design for ACCs through Aspen EDR and theoretical formulations has been established. 

The methodologies include ways to calculate the condenser surface area, the number of 

finned tubes, total fan power, tube-side and air-side heat transfer coefficients, pressure drops 

and condenser frame selection.  

 

The results obtained from Aspen EDR and theoretical formulations are within the acceptable 

range. Since, steam is a volumetric fluid it is necessary to have large tube diameters to have 

pressure drop within the allowable range. The heat transfer coefficient of bare tubes is higher 

than the fins because there exists a decrease in the temperature difference along the fin 

length. Therefore, it makes more sense to have a large inner tube diameter of 34.8 mm and 

medium fin height of 25.4 mm for this application. This is because there is not a large tem-

perature difference between the ambient air and tube-side fluid temperature. This makes the 

tube bundles smaller and so the number of fans required to cover the face area. This in turn 

helps in saving capital (size of the ACC) and running costs (fan power).   

 

Since the tube-side Reynold’s number in all designs is well above 4000, the fluid flow is 

turbulent and hence the corresponding heat transfer coefficients are optimized as per the 
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design principles. On the other hand the tube-side stream velocity increases with the increase 

in pressure drop (Bernoulli’s effect). But this increase in pressure drop is limited by the 

process requirements and hence the tube diameters and numbers are calculated not to breach 

this limit. This is because tube diameter is inversely proportional to the fluid velocity.  

 

For the given requirements, an A-frame, three bay condenser unit comes to be the most ef-

ficient design. Each bay is serviced by a single 10 m diameter fan. This gives a good bundle 

face area coverage. Having large bays and a lower number of fans decreases capital and 

maintenance costs. 

 

The higher is the condenser operating pressure, the higher is the condensation dew point. 

Since design 6 has the highest operating pressure of 13,706.6 Pa, the corresponding dew 

point is the highest, which is 51.48oC. This is the highest across all designs.  

 

In the thesis A-framed ACCs have been focused on, but the devised design methodologies 

can be used for other ACC configurations as well. Since the first development of ACCs, the 

industry has seen a continuous improvement in terms of both thermal design and perfor-

mance capabilities. Currently from a maintenance point of view, corrosion and fouling are 

still major challenges. This can be solved through the development of new types of finned 

tubes, manufactured from newer materials.    
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APPENDIX I, 1 

All condenser data and specification sheets for design 5 are given in Appendix I. 

 

Condenser specification sheet from Aspen EDR, corresponding to design 5. 

 

 



 

 

APPENDIX I, 2 

Design summary from Aspen EDR, corresponding to design 5. 

 

  



 

 

APPENDIX I, 3 

Overall summary from Aspen EDR, corresponding to design 5. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



 

 

APPENDIX II, 1 

All condenser data and specification sheets for design 5 are given in Appendix I 

 

Condenser specification sheet from Aspen EDR, corresponding to design 6. 
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Design summary from Aspen EDR, corresponding to design 6. 
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Overall summary from Aspen EDR, corresponding to design 6. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



 

 

APPENDIX III, 1 

Theoretical formulations 

 

Mean temperature difference calculation, 𝛥𝑇𝑚 

From the given data for the air cooled condenser process conditions, we have,  

𝑇𝑖𝑛, the inlet temperature of the tube-side stream is 53.57 oC 

𝑇𝑜𝑢𝑡 , the outlet temperature of the tube-side stream is 51.53 oC 

𝑡𝑖𝑛, the inlet temperature of the air-side stream is 36 oC 

𝑡𝑜𝑢𝑡 , the outlet temperature of the air-side stream is 46 oC 

 

The logarithmic mean temperature difference is given by equation 3. On substituting the 

temperature values in the equation we get,  

 

𝛥𝑇𝑙𝑚 =  
(53.57−46)−(51.53−36)

𝑙𝑛
53.57−46

51.53−36

=  11.21 oC 

 

The ratio of effectiveness is given by equation 4. On substituting the temperature values in 

the equation we get,  

  

𝑅 =
𝑇𝑖𝑛−𝑇𝑜𝑢𝑡

𝑡𝑜𝑢𝑡−𝑡𝑖𝑛
 = 

53.57−51.53

46−36
= 0.204 

 

The thermal effectiveness of air is given by the equation 5. On substituting the temperature 

values in the equation we get,  

 

𝑃 =
𝑡𝑜𝑢𝑡 − 𝑡𝑖𝑛

𝑇𝑖𝑛 − 𝑡𝑖𝑛
=  

46 − 36

53.57 − 36
= 0.57 

 

The correction factor, F is determined form the values of R, P and the corresponding graph 

for 4 rows and 1 pass as shown in Figure 43. 
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Figure 43. Correction factor for 4 rows and 1 pass (Echarte 1981, p. 7). 

 

From the graph, F = 0.98 

 

The mean temperature difference, 𝛥𝑇𝑚 is given by equation 6. By substituting the values for 

the correction factor, 𝐹 and log mean temperature difference, 𝛥𝑇𝑙𝑚 we get,  

 

𝛥𝑇𝑚 = 11.21 · 0.98 = 10.99 ℃ 

 

Overall heat transfer rate, �̇�̇𝑡𝑜𝑡𝑎𝑙 

The amount of heat transferred during condensation, �̇�̇𝑐𝑜𝑛𝑑 is given by equation 7. By sub-

stituting the values for �̇�𝑓𝑙𝑢𝑖𝑑, the tube-side stream flow rate in kg/ hr and ℎ𝑒, the specific 

enthalpy of evaporation for steam in kcal/ kg, we get,  
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�̇�̇𝑐𝑜𝑛𝑑 =  35300 · 566 = 19,979,800
𝑘𝑐𝑎𝑙

ℎ𝑟
  

 

The amount of heat exchanged, 𝑞̇𝛥𝑡̇  is given by equation 8 for a temperature drop from 53.57 

oC to 51.33 oC, 

 

𝑞̇𝛥𝑡̇ =  35300 · 1.0012 · (53.57 ℃ − 51.53 ℃) = 72098.4
𝑘𝑐𝑎𝑙

ℎ𝑟
 

 

The total rate of heat transfer, �̇�̇𝑡𝑜𝑡𝑎𝑙 is given by equation 9, we get, 

 

�̇�̇𝑡𝑜𝑡𝑎𝑙 =  20,051,899
𝑘𝑐𝑎𝑙

ℎ𝑟
 

 

Surface area of the exchanger, 𝐴 

The total surface area of the condenser is given by equation 10, 

 

𝐴 =
20,051,899

15.38 · 0.98 · 11.21
=  118,677.2 𝑚2 

 

Outside air mass flow rate, �̇�𝑎𝑖𝑟  

The Outside air mass flow rate is calculated by rearranging the equation 8, 

 

�̇�𝑎𝑖𝑟 =
20,051,899

(0.242 · 10)𝑎𝑖𝑟
= 8,285,908

𝑘𝑔

ℎ𝑟
 

 

Number of tube rows, tube length and number of tubes 

The total face area of all the tube bundles is given by equation 11,  

 

𝐴𝑓𝑎𝑐𝑒 =
8,285,908

1.22 · 10800
= 628.9 𝑚2 

𝐴𝑓𝑎𝑐𝑒 ≅ 629 𝑚2 
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Since the ACC will is a forced draft, A-frame unit, it is necessary to have an even number 

of tube bundles. For a bundle face are of 629 m2, it is reasonable to have the following spec-

ifications as show in Table 23, from a manufacturing and operational point of view, 

 

Table 23. Number of bays 

Number of bays 3 

Number of tube bundles per bay 6 

Total number of tube bundles 18 

Face area of each bundle 629/18 ≈ 35 m2 

 

Single large tube bundles can be difficult to manufacture and heavy for transport. Further 

multiple bay condensers are easier to maintain and service as, one bay at a time can be put 

under maintenance and the rest could be working.  

 

Bundle area = 𝐿 · 𝑊 = 35 𝑚2 

 

Based on the design guidelines, the tube length, 𝐿 should be three times of the bundle width, 

𝑊. Therefore, bundle area = 3 · 𝑊2 = 35 𝑚2 

So, 𝑊 = 3.42 𝑚 and 𝐿 = 10.25 𝑚 

 

For a fin outside diameter, 𝐷𝑓 of 88.9 mm and root diameter, 𝐷𝑟 of 38.1 mm, 

The surface area of a single fin = 0.0101 𝑚2 

Fin frequency, 𝑛𝑓 = 433/ m 

Fin area per meter length = 0.0101 · 433 = 4.37 𝑚2 

Bare tube surface area per meter = 𝜋 𝐷𝑓ℎ = 𝜋 · 0.0381 · 1 = 0.1197 𝑚2   

Total surface area of the finned tubes per meter length, 𝐴𝑡𝑜𝑡𝑎𝑙 =  4.37 +  0.1197 =  4.5 𝑚2  

 

Number of tubes, 𝑛𝑡 is given by equation 12,  

 

𝑛𝑡 =
118677.2

4.5 · 10.25
= 2572.9 ≅ 2573 
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Number of bundles = 18 

Therefore, tubes per bundle = 2573/18 = 142.9 ≈ 143 

Number of rows = 4 

Number of tubes per row, 𝑁𝑇 = 143/4 = 35.75 ≈ 36 

Taking whole integers, 

Actual number of tubes per bundle = 36 · 4 = 144 

Actual total number of tubes in the ACC = 144 · 18 = 2592 

 

Calculating bundle width form the number of tubes, 

Width of the tube bundles, 𝑊 = (𝑁𝑇 · 𝑃𝑡) + clearance on each side 

Therefore, 𝑊 = (36 · 0.095) + 0.05 = 3.47 m 

Face area of each bundle = 𝑊𝐿 = 3.47 · 10.25 = 35.57 m2 

Total face area of all the bundles, 𝐴𝑓𝑎𝑐𝑒  = 35.57 · 18 = 640.22 m2 

 

The actual face velocity, 𝑉𝑓𝑎𝑐𝑒,   𝑎𝑐𝑡 is given by rearranging equation 11, 

 

𝑉𝑓𝑎𝑐𝑒,   𝑎𝑐𝑡 =
�̇�𝑎𝑖𝑟

𝜌𝑠𝑡𝑑 𝐴𝑓𝑎𝑐𝑒
   

 

𝑉𝑓𝑎𝑐𝑒,   𝑎𝑐𝑡 =
8,285,908

1.22 · 640.22
= 10608

𝑚

𝑠
= 2.95

𝑚

ℎ𝑟
 

 

Number of tube passes, 𝑛𝑝 

According to thermal design principles, it is preferred to have the least number of tube passes 

to limit the tube-side pressure drop. Therefore during the thermal design the tube-side Reyn-

old’s number is first calculated for tube-side velocity corresponding to a single tube pass. 

 

The tube-side fluid (steam) velocity, 𝑉𝑠𝑡𝑒𝑎𝑚 is given by equation 13, which gives,  

 

𝑉𝑠𝑡𝑒𝑎𝑚 =

35300
3600 · (1/2573)

(0.1) 𝜋 (0.0348)2/4
= 40.1 𝑚/𝑠 
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Here, 𝜌𝑠𝑡𝑒𝑎𝑚 = 0.1 kg/m3 at 0.15 kg/cm2 (Serth and Lestina, 2014, p. 560) 

 

Reynold’s number for tube-side fluid (steam), 𝑅𝑒𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is given by equation 15, which 

gives,   

 

𝑅𝑒𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 =  
4 · (

35300
3600 ) · (1/2573)

𝜋 · 0.0348 · 10−5
= 13,943 

 

Here the fluid viscosity,  𝜇𝑠𝑡𝑒𝑎𝑚 = 10-5 kg/m-s (Serth and Lestina, 2014, p. 565) 

 

For a flow to be turbulent, the Reynold’s number needs to be greater than 4000   (The Engi-

neering toolBox 2017). Since the 𝑅𝑒𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒  is 13943 the tube-side stream is fully turbulent. 

Therefore for this case a single tube pass is sufficient to achieve an optimum heat transfer 

coefficient.  

 

Tube-side heat transfer coefficient calculations, ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 

All the following condensate properties are taken at temperature 51.53 oC 

Condensate specific heat, 𝐶𝑝 𝑐𝑜𝑛𝑑  = 4180 J/kg. K 

Condensate mass flow rate, �̇�𝑐𝑜𝑛𝑑  = 9.8 kg/s 

Condensate dynamic viscosity, 𝜇𝑐𝑜𝑛𝑑 = 0.00053 N s/m2 

Condensate thermal conductivity, 𝑘𝑐𝑜𝑛𝑑 = 0.64 W/m K 

Condensate density, 𝜌𝑐𝑜𝑛𝑑  = 986 kg/m3 

Steam density, 𝜌𝑠𝑡𝑒𝑎𝑚 = 0.089 kg/m3 

Tube data, 

Tube inner diameter 𝐷𝑖  = 0.0348 m 

Number of tubes, 𝑛𝑡  = 2592  

 

The local condensate flow rate, 𝜏𝑐𝑜𝑛𝑑 is given by the equation 16, which gives, 

 

𝜏𝑐𝑜𝑛𝑑 =
9.8

0.0348 · 2592
= 0.108

𝑘𝑔

 𝑚 𝑠
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The local condensate Reynold’s number, 𝑅𝑒𝑐𝑜𝑛𝑑 is given by equation 17, which gives,  

 

𝑅𝑒𝑐𝑜𝑛𝑑 =
4 · 0.108

0.00053
= 819.9 

 

The condensate Prandtl number, 𝑃𝑟𝑐𝑜𝑛𝑑  is given by equation 18, which gives, 

 

𝑃𝑟𝑐𝑜𝑛𝑑 =
4180 · 0.00053

0.64 
= 3.461 

 

Using equation 19, for the dimensionless local heat transfer coefficient, 𝛼𝑐
∗ for turbulent re-

gion, we get, 

 

𝛼𝑐
∗ = 0.0038 · 819.00.4 · 3.4610.65 = 0.124 

 

The tube-side heat transfer coefficient, ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒  for an A frame ACC is calculated using 

equation 21. Since the ACC is an A frame with an angle of 60o, θ = 60 and so we get, 

 

ℎ𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 = 0.64 · 0.124 ((
986 · (986 − 0.089) · 9.807 · sin 60

0.000532
))

0.333

= 2437.9
𝑊

𝑚2𝐾
 

 

Air-side coefficient of heat transfer, ℎ𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 

The minimum flow area, 𝑆𝑚𝑖𝑛 is given by equation 22, we get,  

 

𝑆𝑚𝑖𝑛 = (0.095 − 0.0381 − 433 ∗ 0.0004(0.0889 − 0.0381))10.25 · 648

= 319.48 𝑚2 

 

The maximum mass velocity, �̇�𝑚𝑎𝑥 which is based on 𝑆𝑚𝑖𝑛 is given by equation 23, we get, 
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�̇�𝑚𝑎𝑥 =
8267580/3600

319.48
= 7.18

𝑘𝑔

𝑠 𝑚2
 

 

The air-side Reynold’s number, 𝑅𝑒𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 is given by equation 24, we get, 

 

𝑅𝑒𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 =
7.18 · 0.0381

19 · 10−6
= 14,397 

 

The area ratio, 𝐴𝑟 which gives the area of the total extended surfaces to the root tube is given 

by equation 25,  

  

𝐴𝑟 = 1 + 2 · 433 · 0.0254 (1 +
0.0254 + 0.0004

0.0381
) = 37.89 

 

Here, 𝐻 is the fin height which 0.0254 m 

 

The j-factor for the finned tubes is given by equation 26, 

 

𝑗𝑅 = 0.29 · 14,397.7−0.367 · 37.89−0.17 = 0.00465 

 

The air-side Prandtl number, 𝑃𝑟𝑎𝑖𝑟 is given by equation 27, 

 

𝑃𝑟𝑎𝑖𝑟 =
1007 · 19 · 10−6

26.86 · 10−3
= 0.7123 

 

Air-side heat transfer coefficient, ℎ𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 is given by equation 28, 

 

ℎ𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 = 0.00465 · 1007 · 7.18 · 0.7123−
2
3 = 42.15 𝑊/𝑚2𝐾 

 

Fin efficiency calculations 

𝑟1 = tube root radius = 0.0381/2 = 0.01905 m 

𝑟2 = 𝑟1 + fin height = 0.01905 + 0.0254 = 0.04445 m 
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𝑟2𝑐 = 𝑟2 + fin thickness/2 = 0.04445 + 0.0004/2 = 0.04465 m 

 

The effective fin height, 𝜓 is given by equation 31, 

 

𝜓 = (0.04465 − 0.01905 ) (1 + 0.35 ln (
0.04465

0.01905 
)) = 0.03323 𝑚 

 

The fin parameter, 𝑚 is given by equation 30,  

 

𝑚 = (
2 · 42.15

238 · 0.0004
)

0.5

= 29.75 

 

Here, the thermal conductivity of aluminum, 𝑘 = 238 W/m K (Serth and Lestina, 2014, p. 

555) 

 

𝑚𝜓 = 29.75 · 0.03323 = 0.988  

 

Fin efficiency, 𝜂𝑓 is given by equation 29,  

 

𝜂𝑓 ≅
tanh(0.988)

0.988 
= 0.765 

 

The surface area of fins, 𝐴𝑓𝑖𝑛𝑠 is given by equation 33,  

 

𝐴𝑓𝑖𝑛𝑠 =  2 · 433 · 𝜋(0.04465 2 − 0.019052) = 4.4365 𝑚2 

 

The prime surface area, 𝐴𝑝𝑟𝑖𝑚𝑒 is given by equation 34, 

 

𝐴𝑝𝑟𝑖𝑚𝑒 = 2 · 𝜋 · 0.01905(1.0 − (433 · 0.0004)) = 0.0989 𝑚2  
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𝐴𝑓𝑖𝑛

𝐴𝑇𝑜𝑡𝑎𝑙
=

4.4365

4.5
= 0.985 

 

𝐴𝑝𝑟𝑖𝑚𝑒

𝐴𝑇𝑜𝑡𝑎𝑙
= 1 − 0.985 = 0.015 

 

The weighed efficiency of the finned surface is given by equation 35,  

 

𝜂𝑤 = 0.015 + (0.765 · 0.985) = 0.768 

 

Overall heat transfer coefficient 

The internal surface area, 𝐴𝑖 of the tubes per meter length,  

 

𝐴𝑖 =  𝜋 𝐷𝑖  𝐿 = 𝜋 · 0.0348 · 1 = 0.109 𝑚2 

 

The clean overall heat transfer coefficient, 𝑈𝑐 is given by equation 36, 

 

𝑈𝑐 = (
4.5/0.109

2437.9 
+

(4.5/1)ln (0.0381/0.0348)

2 · 𝜋 · 54
+

1

0.768 · 42.15
)

−1

= 20.39
𝑊

𝑚2 𝐾
 

 

Here, the thermal conductivity, 𝑘𝑡𝑢𝑏𝑒 of carbon steel is 54 W/m K 

 

Fouling resistance 

The given tube-side fouling resistance, 𝑅𝐷𝑖is given to be zero. 

The air-side fouling resistance, 𝑅𝐷0 is 0.0001 m2 K/W 

 

Since, 𝑅𝐷𝑖 for this case is zero, the total fouling resistance, 𝑅𝐷 is given by equation 37,  

 

𝑅𝐷 =
𝑅𝐷0

𝜂𝑤
=

0.0001

0.768
= 0.00013

𝑚2𝐾

𝑊
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Design overall heat transfer coefficient 

The design overall heat transfer coefficient, 𝑈𝐷 is given by equation 38, 

 

𝑈𝐷 = (
1

20.39
+ 0.00013)−1 = 20.33

𝑊

𝑚2 𝐾
  

 

Required overall heat transfer coefficient 

The required overall heat transfer coefficient, 𝑈𝑟𝑒𝑞 is calculated by rearranging equation 10,  

 

𝑈𝑟𝑒𝑞 =
20,051,899

2592 · 4.5 · 10.25 · 0.98 · 11.21
= 15.26

𝑊

𝑚2 𝐾
  

 

Since, 𝑈𝐷  >𝑈𝑟𝑒𝑞, the ACC design is thermally feasible. 

 

Tube-side pressure drop 

The tube-side stream dynamic viscosity at average tube wall temperature, 𝜇𝑤 𝑠𝑡𝑒𝑎𝑚 is given 

by, 

 

𝜇𝑤 𝑠𝑡𝑒𝑎𝑚 =
𝜇𝑠𝑡𝑒𝑎𝑚 𝑎𝑡 53.57℃ + 𝜇𝑠𝑡𝑒𝑎𝑚 𝑎𝑡 51.53℃

2

=
(1.07 · 10−5) + (1.066 · 10−5)

2
= 1.068 · 10−5 𝑁

𝑠

𝑚2
 

 

The viscosity correction factor, ∅ is given by equation 40, 

 

∅ = (
𝜇𝑠𝑡𝑒𝑎𝑚 𝑎𝑡 0.147 𝑏𝑎𝑟

𝜇𝑤 𝑠𝑡𝑒𝑎𝑚
)

0.14

= (
1.07 · 10−5

1.068 · 10−5
)

0.14

= 1 

 

 

The specific gravity, 𝑠 is given by, 

 

𝑠 =
𝜌𝑠𝑡𝑒𝑎𝑚 𝑎𝑡 53.57℃ 

𝜌𝑓𝑙𝑢𝑖𝑑 𝑎𝑡 0℃ 
=

0.098

1000
= 9.8 · 10−5 
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The Darcy friction factor, 𝑓 is given by equation 41, 

 

𝑓 = 0.4137 · 13,943−0.2585 = 0.0351 

 

The mass flux, 𝐺𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is given by equation 42,  

 

𝐺𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 =
(

9.8
18) · (

1
144)

𝜋 · 0.03482

4

= 3.97
𝑘𝑔

𝑠 𝑚2
 

 

The tube-side pressure drop due to friction, ∆𝑃𝑓−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is given by equation 39, 

 

∆𝑃𝑓−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 =
0.0351 ·  1 · 10.25 · 3.972

2000 · 0.0348 ·  9.8 · 10−5 · 1
= 834.4 𝑃𝑎 

 

The number of velocity heads for tube-side pressure losses, 𝛼𝑟  for regular tubes with turbu-

lent fluid flow is given by equation 44,  

 

𝛼𝑟 = 2𝑛𝑝 − 1.5 = 0.5 

 

The tube-side pressure drop due to tube entrance and exit losses, ∆𝑃𝑟−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 is given by 

equation 43, 

 

∆𝑃𝑟−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒 = 5.0 · 10−4 · 0.5 (
3.972

9.8 · 10−5
) = 40.34 𝑃𝑎 𝑝𝑒𝑟 𝑡𝑢𝑏𝑒 𝑏𝑢𝑛𝑑𝑙𝑒 

 

From equation 45, 

Therefore, ∆𝑃𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒= ∆𝑃𝑓−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒+ ∆𝑃𝑟−𝑡𝑢𝑏𝑒 𝑠𝑖𝑑𝑒= 834.4 + (40.34 ·18) = 1560 Pa 
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Air-side pressure drop, ∆𝑃𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 

The fin parameter is given by equation 48, 

 

𝑎 =
0.095 − 0.0889

0.0381
= 0.16 

 

Effective Reynold’s number, 𝑅𝑒𝑒𝑓𝑓 is given by equation 49, 

 

𝑅𝑒𝑒𝑓𝑓 = 14,397 (
0.00191

0.0254
) = 1082.6 

 

Fin spacing, 𝑙 is obtained from the number of fins per unit length which is given by equation 

50,  

𝑙 =
1

433
− 0.0004 = 0.00191 

 

Average face velocity is derived from actual face velocity based on the ratio between the air 

density at the ambient temperature and at the average temperature. 

 

𝑉𝑓𝑎𝑐𝑒 𝑎𝑣 = 𝑉𝑓𝑎𝑐𝑒 𝑎𝑐𝑡

𝜌𝑎𝑖𝑟 𝑠𝑡𝑑

𝜌𝑎𝑖𝑟 𝑎𝑣
= 2.95 ·

1.19

1.125
= 3.12 𝑚/𝑠 

 

 

Here, the standards air density, 𝜌𝑎𝑖𝑟 𝑠𝑡𝑑 = 1.19 kg/m3 

Air density, 𝜌𝑎𝑖𝑟  at an inlet temperature of 36 oC and 1 atm. = 1.143 kg/m3 

Air density, 𝜌𝑎𝑖𝑟  at an outlet temperature of 46.08 oC and 1 atm. = 1.106 kg/m3 

Therefore average air density, 𝜌𝑎𝑖𝑟 𝑎𝑣= 1.125 kg/m3 

 

The maximum air velocity in the tube bundles, 𝑉𝑚𝑎𝑥 is given by equation 53,  

 

𝑉𝑚𝑎𝑥 =
0.095 ·  3.12

0.095 − 0.0381 − (2 · 433 · 0.0254 · 0.0004)
= 6.16

𝑚

𝑠
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Friction factor, 𝑓𝑓𝑟 is given by equation 47, 

 

𝑓𝑓𝑟 = (1 +
2𝑒−(

0.16
4

)

1 + 0.16
) (0.021 +

27.2

1082.6
+

0.29

1082.20.2
) = 0.313 

 

Air mass flux, 𝐺 is given by, 

 

𝐺 = 𝜌𝑎𝑖𝑟 𝑎𝑣 𝑉𝑚𝑎𝑥 = 1.125 ·  6.16 = 6.93
𝑘𝑔

𝑠 𝑚2
 

 

Air-side pressure drop due to friction with the tube bundles, ∆𝑃𝑓−𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 given by equation 

46,  

∆𝑃𝑓−𝑎𝑖𝑟 𝑠𝑖𝑑𝑒 =
2 · 0.313 · 4 · 6.932

1.125
= 107 𝑃𝑎 

 

Factor 10% for other losses, 

∆𝑃𝑓−𝑎𝑖𝑟 𝑠𝑖𝑑𝑒  = 1.1 ·107 = 117.7 Pa 

 

Fan sizing 

Since, the tube length, L is 10.25 m, the maximum permissible fan diameter, 𝐷𝑓𝑎𝑛 is 10 m 

after keeping for the side clearances.  

Number of fans, 𝑁𝑓𝑎𝑛 = 3  

 

Volumetric flow rate per fan, �̇�𝑓𝑎𝑛 is given by, 

 

�̇�𝑓𝑎𝑛 =
�̇�𝑎𝑖𝑟

𝑁𝑓𝑎𝑛 𝜌𝑎𝑖𝑟
=

8,285,908

3 ∙  1.143

= 2,416,421
m3

hr
 @ 117.7 𝑃𝑎 𝑠𝑡𝑎𝑡𝑖𝑐 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 
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Motor sizing 

The velocity of air leaving the fan 𝑉𝑓𝑎𝑛, is given by equation 55,  

 

𝑉𝑓𝑎𝑛 =
2416421
𝜋
4 ·  102

= 30,766
𝑚

ℎ
𝑜𝑟 8.54

𝑚

𝑠
 

 

The velocity pressure, 𝑃𝑣 is given by equation 54, 

 

𝑃𝑣 =
𝛼𝑓𝑎𝑛 𝜌𝑓𝑎𝑛𝑉𝑓𝑎𝑛

2

2 𝑔𝑐
=  

1 · 1.143 · 8.542

2 · 1
= 41.68

𝑁

𝑚2
 

 

Therefore the total pressure difference across the fan, ∆𝑃𝑡𝑜𝑡𝑎𝑙−𝑓𝑎𝑛 is given by equation 54, 

 

∆𝑃𝑡𝑜𝑡𝑎𝑙−𝑓𝑎𝑛 = 117.7 + 41.69 = 159.38
𝑁

𝑚2
 

 

The break down fan power, �̇�𝑓𝑎𝑛 is given by equation 56, 

 

�̇�𝑓𝑎𝑛 =
159.38 ·

2,416,421
3600

0.7
= 152.8 𝐾𝑊 𝑝𝑒𝑟 𝑓𝑎𝑛 

 

The power supplied to each motor, �̇�𝑚𝑜𝑡𝑜𝑟 is given by,  

 

�̇�𝑚𝑜𝑡𝑜𝑟 =
�̇�𝑓𝑎𝑛

𝜂𝑠𝑟
=

152.8

0.95
≅ 160 𝐾𝑊 

 

Here, 

𝜂𝑠𝑟  is the efficiency of the speed reducer 

 


