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Small centrifugal compressors are more and more widely used in many industrial systems 
because of their higher efficiency and better off-design performance comparing to piston 
and scroll compressors as while as higher work coefficient per stage than in axial 
compressors.  

Higher efficiency is always the aim of the designer of compressors. In the present work, 
the influence of four parts of a small centrifugal compressor that compresses heavy 
molecular weight real gas has been investigated in order to achieve higher efficiency. 
Two parts concern the impeller: tip clearance and the circumferential position of the 
splitter blade. The other two parts concern the diffuser: the pinch shape and vane shape.  

Computational fluid dynamics is applied in this study. The Reynolds averaged Navier-
Stokes flow solver Finflo is used. The quasi-steady approach is utilized. Chien’s k-ε 
turbulence model is used to model the turbulence. A new practical real gas model is 
presented in this study. The real gas model is easily generated, accuracy controllable and 
fairly fast. The numerical results and measurements show good agreement. 

The influence of tip clearance on the performance of a small compressor is obvious. The 
pressure ratio and efficiency are decreased as the size of tip clearance is increased, while 
the total enthalpy rise keeps almost constant. The decrement of the pressure ratio and 
efficiency is larger at higher mass flow rates and smaller at lower mass flow rates. The 
flow angles at the inlet and outlet of the impeller are increased as the size of tip clearance 
is increased. The results of the detailed flow field show that leaking flow is the main 
reason for the performance drop. The secondary flow region becomes larger as the size of 
tip clearance is increased and the area of the main flow is compressed. The flow 
uniformity is then decreased. 

A detailed study shows that the leaking flow rate is higher near the exit of the impeller 
than that near the inlet of the impeller. Based on this phenomenon, a new partially 
shrouded impeller is used. The impeller is shrouded near the exit of the impeller. The 
results show that the flow field near the exit of the impeller is greatly changed by the 



    

partially shrouded impeller, and better performance is achieved than with the unshrouded 
impeller. 

The loading distribution on the impeller blade and the flow fields in the impeller is 
changed by moving the splitter of the impeller in circumferential direction. Moving the 
splitter slightly to the suction side of the long blade can improve the performance of the 
compressor. The total enthalpy rise is reduced if only the leading edge of the splitter is 
moved to the suction side of the long blade. The performance of the compressor is 
decreased if the blade is bended from the radius direction at the leading edge of the 
splitter. 

The total pressure rise and the enthalpy rise of the compressor are increased if pinch is 
used at the diffuser inlet. Among the five different pinch shape configurations, at design 
and lower mass flow rates the efficiency of a straight line pinch is the highest, while at 
higher mass flow rate, the efficiency of a concave pinch is the highest. The sharp corner 
of the pinch is the main reason for the decrease of efficiency and should be avoided. The 
variation of the flow angles entering the diffuser in spanwise direction is decreased if 
pinch is applied. 

A three-dimensional low solidity twisted vaned diffuser is designed to match the flow 
angles entering the diffuser. The numerical results show that the pressure recovery in the 
twisted diffuser is higher than in a conventional low solidity vaned diffuser, which also 
leads to higher efficiency of the twisted diffuser. Investigation of the detailed flow fields 
shows that the separation at lower mass flow rate in the twisted diffuser is later than in 
the conventional low solidity vaned diffuser, which leads to a possible wider flow range 
of the twisted diffuser. 

 
 

Keywords: centrifugal compressor, computational fluid dynamics, impeller, diffuser, tip 
clearance, splitter, pinch, low solidity vane. 
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Nomenclature 

Upper case 
A  area, m2 

B, C, D coefficients in virial equation of state 
C  absolute velocity, m/s 
Cpr  static pressure recovery coefficient 
E  total energy, J/kg 
F, G, H flux vectors in x, y and z directions 
N  shaft speed, 1/s 
P  production of kinetic energy per volume, J/(m3·s) 
Q  source term vector 
R  gas constant, J/(kg·K) 
T  temperature, K 
U blade speed, m/s; vector of conservative variables 
V volume, m3; velocity, m/s 
W  relative velocity, m/s; input power, J/(m·s) 
Wx  total shaft work per unit mass of fluid, J/m  
Z  compressibility factor 

Lower case 
a  speed of sound, m/s 
ai,j  coefficients in polynomial real gas equations 
a, b  coefficients in Redlich-Kwong equation of state 
b  blade height, m 
c  tip clearance, m; chord, m 
cp  specific heat capacity in constant pressure, J/(kg·K) 
cv  specific heat capacity in constant volume, J/(kg·K) 
cμ  coefficients in k-ε turbulence model 
d  diameter, m 
e  specific internal energy, J/kg 
h  specific enthalpy, J/kg 
i  incidence, ° 
i, j, k  grid coordinate directions 
k  kinetic energy of turbulence, J/kg 
m  mass flow rate, kg/s 
p  pressure, Pa 
q  heat flux, kg/s 
r  radius, m 
t  time, s; tip clearance, m 
u, v, w  velocity components in x, y and z directions 
x, y, z  Cartesian coordinates 
yn  normal distance from the wall, m 
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y+  non-dimensional normal distance from the wall 

Greek letters 
α  absolute flow angle from radial direction, ° 
β  relative flow angle from radial direction, ° 
Δ  difference 
δ  Kronecker's delta function 
ε  dissipation of kinetic energy of turbulence, J/(kg·s) 
γ  ratio of specific heats: cp/cv

η  efficiency 
λ  relative tip clearance: λ = τ/b  
μ  dynamic viscosity, kg/(m·s) 
π  pressure ratio 
ρ  density, kg/m3  
 
τ  tip clearance, m; shear stress, N/m2

σ  solidity 
σk,σε  coefficients in k-ε turbulence model 

Subscripts 
0  reference value 
1  impeller inlet 
2  impeller outlet / diffuser inlet 
2’  leading edge of diffuser vanes 
c  critical 
d  design 
h  hub 
i, j, k  grid coordinate directions 
s  shroud; isentropic  
T  turbulent 
t  total state 
t-t  total to total 
t-s  total to static 
v  viscous; volume 
w  wall 
θ  angular coordinate or tangential direction 

Superscript 
”  fluctuation component 
−  averaged quantity 
→  vector 
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Abbreviations 
AOA  angle of attack 
B-L  Baldwin-Lomax 
CFD  computational fluid dynamics 
DNS  direct numerical simulation 
EOS  equation of state 
HIP  high inlet pressure 
HUT  Helsinki University of Technology 
IGV  inlet guide vane 
LDA  laser Doppler anemometry 
LES  large-eddy simulation 
LSVD  low solidity vaned diffuser 
LTSVD low solidity twisted vaned diffuser 
NASA  national aeronautics and space administration 
PR   Peng-Robinson 
R-K  Redlich-Kwong 
RKS  Redlich-Kwong- Soave 
RSM  Reynolds stress model 
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1 Introduction 

In many industrial systems where high pressure gas is needed, compressors are equipped. 
Centrifugal compressors are used quite widely in industrial refrigerators, turbochargers, 
small gas turbines and many other places. The pressure ratio of one centrifugal 
compressor stage is about 2 to 5. It is much higher than the pressure ratio of an axial 
compressor stage, which is usually below 1.2. Fewer stages of centrifugal compressor can 
be used for certain pressure rise. Also since the geometry of the blade of a centrifugal 
compressor is simpler than that of an axial compressor blade, the manufacturing costs of 
centrifugal compressors are lower than those of multistage axial compressors. Centrifugal 
compressors are better options for simple and small systems which require smaller 
number of stages and lower costs. Thus for bigger applications, the axial compressors 
offer higher efficiency and larger mass flow rates with the same size. 

The main components of a centrifugal compressor are the impeller, the diffuser and 
usually also a volute or a collecting chamber. Some compressors may also have inlet 
guide vanes (IGV).  

The fluid receives energy from the impeller. The impeller usually has several blades with 
a splitter in each channel in order to decrease blockage at the impeller inlet. The impeller 
can be shrouded or unshrouded. Unshrouded impellers are more widely used because of 
lower costs and acceptable efficiency. However, the tip clearance effect is very strong for 
small centrifugal compressors. 

The 30-40% of the energy leaving the impeller is kinetic energy, which needs to be 
converted into static pressure rise in the diffuser. There are two kinds of diffusers for a 
centrifugal compressor: vaneless diffusers and vaned diffusers. Vaned diffusers can be 
divided into cascade diffusers and channel diffusers. The benefits of a vaneless diffuser 
are wider range and lower costs. If a higher efficiency needs to be achieved, the vaned 
diffuser is the choice. More expenses and narrower range would be the drawback. The 
flow leaving the impeller is very complex, so the pressure rise achieved in the diffuser of 
a centrifugal compressor is usually lower than that in the diffuser of an axial compressor. 

In this dissertation a small centrifugal compressor is studied numerically. Computational 
fluid dynamics (CFD) is applied in the study. The effects of impeller tip clearance, partial 
shroud, splitter position and pinch shape are investigated. A new three-dimensional low 
solidity cascade diffuser has been designed according to the flow angle after the pinched 
inlet of the diffuser. Some of the numerical results are compared with the experimental 
results. Validation of the numerical calculations has been done. 

In order to describe the real gas flow in the compressor, a practical real gas model has 
been built. The functions of the real gas model are polynomial equations which are easy 
to generate and fast to calculate in a CFD program. In order to validate the real gas model, 
calculation of the flow in a supersonic nozzle is made and compared to the experimental 
results. 
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The objectives of this study are: 

1. To present a new and practical real gas model for the calculation. 

2. Better understanding of the tip clearance effect on small centrifugal compressors, 
obtaining more information about how the tip clearance influences the 
performance of the compressor and the flow inside the compressor; and 
developing a new partially shrouded impeller that can increase the performance of 
the compressor. 

3. To optimize the circumferential position of the splitter. 

4. To get further information about the use of pinch in small centrifugal compressors, 
especially the pinch shape, and about the influence of pinch to the downstream 
flow. 

5. Studying the flow variation entering the diffuser, developing a new three-
dimensional low solidity twisted vaned diffuser and comparing it to the 
conventional low solidity cascade diffuser and vaneless diffuser. 

This dissertation consists of 5 parts. Chapter 2 contains the literature study. The 
numerical method used in this work is introduced in chapter 3. The real gas model is 
described in chapter 4. The numerical results are shown in chapter 5, and conclusions are 
drawn in chapter 6. 
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2 Small centrifugal compressors 

A centrifugal compressor contains several components. In a one-stage centrifugal 
compressor, the flow comes from an inlet pipe. First it reaches the inlet guide vane (IGV), 
if possible, to get a tangential velocity component. Then the flow goes into the impeller. 
The motor drives the rotating impeller and the energy is transferred to the fluid in the 
impeller.  A complicated flow field develops in the impeller, and strong fluctuations in 
the velocity and flow angle can be seen in the circumferential and axial direction (Dean 
and Senoo, 1960, Eckardt, 1975, Krain, 1980 and 1988). A primary and secondary (jet-
wake) flow pattern exists at the outlet of the impeller. The unsteady and distorted flow 
entering the diffuser usually contains a significant amount of kinetic energy, which has to 
be converted to static pressure rise. After the vaned or vaneless diffuser, the flow is led to 
a tangential exit pipe through a collector or a scroll volute. Figure 2.1 shows the main 
parts of a centrifugal compressor. 

 

Figure 2.1. Main parts of a centrifugal compressor 

In this dissertation, the optimization mainly concerns the impeller and the diffuser. An 
introduction of the impeller and the diffuser is presented in this chapter. 

2.1 Impeller 

The impeller is the heart of a compressor stage. Intensive investigations concerning the 
impellers of centrifugal compressors have been reported in the literatures. However, the 
flow in the impeller is very complex and hard to model. Thus the development and 
modeling of the impeller is still the most important and difficult task in designing a 
centrifugal compressor. Figure 2.2 shows the geometry of the impeller of a centrifugal 
compressor.    
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The energy transfer is done in the impeller. Usually the Euler turbomachinery equation is 
used to describe the energy transfer, Wx=ΔUCθ. However, there are intrinsic functions of 
the impeller which go beyond the Euler turbomachinery equation, but have equally 
fundamental significance. The velocity diagram of the centrifugal compressor impeller 
without the IGV is shown in figure 2.3. Since there is no need to couple the meridional 
speed between the inlet and the outlet, the work coefficient of a centrifugal compressor is 
much higher than that of an axial compressor. 

C1 

Wh1 

Ws1 
C2 

W2 

   

Uh1 

Us1 

U2 

Figure 2.2. Geometry of a centrifugal 
impeller 

Figure 2.3. Velocity diagram of a centrifugal 
impeller 

2.1.1 Tip clearance 

There are two kinds of configurations between the impeller blade and the casing of the 
compressor. The shrouded, also called closed wheel impeller is covered by a surface 
between the impeller blades and the stationary casing of the compressor that rotates 
together with the blade. The unshrouded, also called open wheel impeller blades are not 
covered and there is a small clearance between the blade tip and the casing. 

In the cases of high pressure ratio centrifugal compressors or low specific speed 
centrifugal compressors, the blades at the impeller exit are relatively short and the tip 
clearance is relatively large, compared to the blade height. The losses and efficiency 
penalty caused by the tip clearance are then fairly great. 

The tip clearance effect has been known and investigated for quite a long time. Pampreen 
(1973) collected the data of six different centrifugal impellers and correlated the 
efficiency drop to the relative tip clearance at the impeller exit (shown in figure 2.4). The 
average line he drew shows that there is a 3% efficiency drop if the relative clearance 
increases by 10%. He also concluded that the tip clearance has a pronounced influence on 
the performance of small centrifugal and axial compressors as compared to the Reynolds 
number effects.  

High speed centrifugal compressors normally have very small vane height at the impeller 
exit. It is difficult to get accurate measurement of flow parameters using probes. 
Therefore most experimental studies on tip clearance effects in high speed centrifugal 
compressors consist of measurements of performance characteristics, such as pressure 
rise across the stage, efficiency and surge margin. Such measurements have been carried 
out by e.g. Mashimo et al. (1979), Klassen et al. (1977 a and b), Beard et al. (1978), 
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Schumann et al. (1987), Eisenlohr and Chladek (1994), Palmer and Waterman (1995) and 
Mattern et al. (1997). The magnitude of reduction in the efficiency of the compressors 
tested in these studies correlate reasonably well with the curves shown in figure 2.4. 
Similar measurements have been carried out on low speed, large scale centrifugal 
compressors by Ishida and Senoo (1981), Sitaram and Pandey (1990). The drop in 
efficiency with tip clearance has the same order of magnitude as that for high speed 
compressors. 
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Figure 2.4. Effect of tip clearance on the efficiency drop of centrifugal impellers (Pampreen, 1973) 

It has also been observed that the input power becomes slightly reduced as the tip 
clearance becomes larger, and the trend is conspicuous in impellers with large backward 
leaning vane angles, but the results are not consistent (Ishida and Senoo, 1981).  

The minimum flow rate of a compressor is limited by the stall of either the impeller or 
the diffuser. If the inducer is the cause of impeller stall, the tip clearance may have a 
direct influence on the surge line. However, the tip clearance of the impeller is usually 
changed by the axial movement of the shroud casing, keeping the tip clearance of the 
inducer constant. Schumann et al. (1987), as well as Sitaram and Pandey (1990) observed 
stall occurring at a lower flow rate as the tip clearance is increased. However, the 
efficiency and pressure ratio are both reduced. 

The spanwise distribution of circumferentially averaged flow parameters at the impeller 
exit using pressure probes is good for understanding the effect of tip clearance on the 
flow field. Such measurements are usually carried out on axial compressors. Only a few 
investigators have carried out such measurements on centrifugal compressors by 
systematically varying the tip clearance (e.g., Sitaram and Pandey, 1990 on low speed 
compressors and Schumann et al., 1987 on high speed compressors). Schumann et al. 
(1987) varied the tip clearance of four high speed centrifugal compressors of the same 
design, but of different impeller area ratios. They measured spanwise variation of total 
temperature, total pressure and flow angle and derived spanwise variation of total, 
tangential and radial velocities and efficiency. They found that the flow is affected over 
most of the channel height as the tip clearance is increased. 
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Using a hot wire probe or a semi conductor pressure probe combined with real time 
instrumentation, the flow field in the impeller passage can be measured by probes 
rotating with the impellers or by using laser Doppler anemometry (LDA). Many such 
investigations have been carried out on axial compressors. Only a few such detailed 
measurements have been available for centrifugal compressors. Sridhara (1999) has 
carried out detailed measurements at the exit of a low speed centrifugal compressor at 
different radius ratios, at various flow coefficients and at three values of tip clearance (τ = 
2.18%, 4.49% and 7.90%). He utilized a single slanted sensor hot wire probe in multi-
position along with a real time signal analyzer. The effect of the tip clearance was an 
increase in the extent of the passage wake. 

Meanwhile, predictions of the change in compressor characteristics due to the tip 
clearance have been carried out by many investigators (e.g. Eckert and Schnell, 1961, 
Pfleiderer, 1961, Pampreen, 1973 and Senoo and Ishida, 1986 and 1987). The efficiency 
drop can be correlated using the following equation: 

1 2

2ac
b b

η
η
Δ

= −
+

     (2.1) 

Eckert and Schnell (1961) chose a = 0.9, while Pfleiderer (1961) used a = 1.5 to 3. 
Pampreen (1973) plotted the efficiency drop versus tip clearance for a number of 
centrifugal compressors (see figure 2.4). These data agree well with the correlation of 
Eckert and Schnell, provided b1/b  = 4 and η = 0.8. 2

Senoo and Ishida (1986 and 1987) have developed correlations to predict the drop of 
efficiency, at design and off-design mass flows and speeds. They assume the pressure 
loss due to tip clearance to consist of pressure loss induced by the leakage flow through 
the clearance and the pressure loss for supporting fluid against the pressure gradients in 
the passage, and in the annular clearance space between the shroud and the impeller. 
Their predictions compare well with experimental data of high speed and low speed 
compressors. Senoo and Ishida (1987) have modified their previous theory (1986) by 
including the variation of slip coefficient of the impeller due to the tip clearance. From 
this assumption, they have developed equations to predict pressure loss and efficiency 
drop due to tip clearance in centrifugal compressors, which show good agreements with 
experimental data for high speed compressors (Klassen et al., 1977a and b, and Beard et 
al., 1978) (figure 2.5). Senoo (1991) has further improved this theory and extended it to 
axial compressor rotors. The mutual relationships between the leakage flow loss, induced 
drag loss and clearance loss due to the axial pressure gradient are established in his study. 
He also shows that the leakage loss is only a part of the pressure loss due to the tip 
clearance. 

Computational fluid dynamics (CFD) provides detailed flow pictures in turbomachinery 
at lower cost compared to experimental investigations. CFD is very useful to gain 
understanding of the flow field inside the impeller passage. However, to understand the 
flow processes in the clearance region, the grid in the clearance region must be small 
enough compared to the size of the clearance. Most CFD investigations have been carried 
out on axial compressors, results of CFD calculations have been presented only in recent 
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years. Gerolymos and Vallet (1999) have carried out carefully calculations of a transonic 
compressor rotor. They have also made comparisons with experimental measurements to 
substantiate the validity of the results. The computational results are used to analyze the 
inter-blade-passage secondary flows, the flow within the tip clearance gap, and the 
mixing downstream of the rotor. The computational results indicate the presence of an 
important leakage interaction region where the leakage vortex after crossing the passage 
shockwave mixes with the pressure side secondary flows. Eum and Kang (2002) have 
studied numerically the effects of tip clearance on through flows and the performance of 
a centrifugal compressor impeller with six different tip clearances. They decompose the 
tip clearance effect into inviscid and viscous components. Both inviscid and viscous 
effects affect the performance to similar extent, while the efficiency drop is mainly 
influenced by viscous loss of the tip clearance. Performance reduction and efficiency 
drop due to tip clearance are proportional to the ratio of tip clearance to the blade height.  
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Figure 2.5. Effect of shaft speed on tip clearance loss (Senoo and Ishida, 1987) 

Researchers have also tried to reduce the tip clearance effect in centrifugal compressors. 
Palmer and Waterman (1995) have utilized splitter vanes in the impeller of the first and 
second stages of a two-stage centrifugal compressor, thereby reducing the vane loading. 
Increasing the number of vanes in the second stage impeller further from 16 to 19, the 
sensitivity of the efficiency to the clearance is reduced from 1% to 0.3%. Partial shroud 
(Ishida et al., 1990) has been found also effective to reduce the efficiency loss due to the 
tip clearance. Howard and Ashrafizaadeh (1994) have numerically investigated the 
effects of lean angle modifications to a high performance centrifugal compressor. They 
show that an appropriate compound lean has beneficial effects, such as reduced leakage, 
reduced blade tip loading and increased total pressure ratio, without sacrificing the 
efficiency. Experimental and computational investigations on the effect of lean angle on 
the tip clearance leakage flows of a centrifugal pump have been carried out by Zangeneh 
et al. (1998). 
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2.1.2 Splitter 

The impellers shown in figure 2.1 and figure 2.2 are applied with the splitters. The use of 
splitters is a very common design, but without solid technical criteria. It is generally 
recognized and confirmed in numerous investigations that higher mass flow can pass 
through the impeller passage by reducing the blade blockage in the inducer region with 
the use of splitters. Experience has been achieved where rotors with splitters can perform 
as well or better in the transonic regime than the impeller without splitters. In general, 
rotors with blade angles in excess of approximately 55 to 60 profit from the use of a 
splitter. Impellers with a smaller inlet blade angle do not experience severe blade 
blockage and hence profit very little from the use of splitters (Japikse 1996). Gui et al. 
(1989) have made an experiment and numerical calculation of a forward-curved 
centrifugal fan with splitters. The results show that changing the circumferential positions 
of the splitter blades has a noticeable influence on the fan performance. The incidence of 
the splitter also has a certain effect on the fan performance, and properly lengthened 
splitter blades can raise the total pressure coefficient. Zangeneh (1998) has made a 3D 
inverse design of centrifugal compressor impellers with splitter blades. He used the 
loading and stacking condition to limit the blade optimization. Two different generic 
impellers were designed with different leading edge location. The CFD results show that 
by moving the pitchwise location of the leading edge of the splitter, it is possible to 
improve the performance of the splitter. Li et al. (2005) have made numerical calculation 
of a 2D compressor cascade with a splitter. They found out that the splitter can influence 
the flow field in the cascade intensively. The positive attack angle on the splitter leading 
edge is an important cause for the growth of the loss. The pressure distribution of the 
cascade can be greatly changed, the separation flow in the cascade can be restrained 
effectively, and the performance of the cascade is improved. 

2.2 Diffuser 

From the point view of the flow direction, the diffuser is between the impeller and the 
volute, which may influence the flow field in the diffuser. Poor design of the diffuser can 
lead to poor overall performance of the compressor. 

The diffusers of the centrifugal compressor convert kinetic energy into a static pressure 
rise by two principal techniques: an increase of the flow passage area, which reduces the 
velocity of the flow, and an increase of mean flow path radius, which reduces the angular 
velocity of the flow according to the conservation of angular momentum principle,  
rCθ ≈ constant. 

The diffusers of a centrifugal compressor can be divided to two classes: vaneless 
diffusers and vaned diffusers, shown in figure 2.6. Vaneless diffusers have a wider 
operating range but lower pressure recovery and efficiency, whereas vaned diffusers have 
higher pressure recovery and efficiency, but narrower operating range. 
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Figure 2.6. Configurations of the diffusers 

2.2.1 Vaneless diffuser 

The geometry of the vaneless diffuser is very simple. It has two parallel or almost parallel 
walls which form a radial annular passage from impeller outlet radius to some larger 
radius. A small pinch is usually used to stabilize the flow entering the diffuser. Ludtke 
(1983) has tested four types of vaneless diffusers, one with a parallel wall, one highly 
tapered, one with a constant flow area, and one with parallel walls but reduced width. The 
width was reduced 52.7% from the original width. The diffuser with parallel walls 
showed best efficiency. The diffuser with a constant area diffuser had a slightly reduced 
efficiency but the operating range was wider. The narrowed diffuser decreased the 
efficiency. The highly tapered diffuser showed improvement in the surge margin but the 
efficiency was decreased. Yingkang and Sjolander (1987) have tested vaneless diffusers 
with various taper angles. They found out that a small amount of wall convergence was 
beneficial and yielded better static pressure recovery at the medium flow rate than a 
parallel wall diffuser. The parallel wall diffuser showed better static pressure recovery at 
high flow rates. Also Engeda (1995) has investigated the beneficial effect of pinch on 
diffusion process. A stream line curvature code was used to predict the flow field in the 
diffuser. Liberti et al. (1996) have tested two vaneless diffusers with different widths. 
They found that a narrower diffuser showed better efficiency and total-to-total pressure 
ratio than a wider diffuser. Ferrera et al. (2002 a and b) investigated the influence of 
several diffuser geometries with different widths, pinch shapes and diffusion ratios on the 
operating range and performance of the compressor. They found out that the flow range 
tended to increase with the reduction of the diffuser width and to decrease as the 
diffusion ratio decreased. The more rapid the pinch (the area change with respect to the 
radial extent) the more stable the diffuser. Due to greater friction loss, the total pressure 
drop increased if the diffuser width was decreased, but the decrement was not significant.  

2.2.2 Vaned diffusers 

2.2.2.1 Conventional vaned diffuser 
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Conventional vaned diffusers can be divided into two different categories on the basis of 
vane type. The cascade diffuser consists of one or more rows of airfoil vanes. The 
channel diffuser, also called vane-island or wedge-type diffuser, is another kind of vaned 
diffuser. These two kinds of diffusers are shown in figure 2.7.  

 

Figure 2.7. Two kinds of diffusers, cascade diffuser (left) and channel diffuser (right)  

Comparing the two vaned diffusers, usually the cascade diffuser has a wider range and 
lower pressure recovery, while the channel diffuser has a higher pressure recovery but a 
narrower range. 

2.2.2.2 Three-dimensional vaned diffuser 

The exit flow of the impellers is characterized by non-steady flow with non-uniform 
velocity and flow angle distribution in the axial direction. Conventional diffusers are 
designed featuring a constant inlet flow angle across the width. There are big differences 
in the flow angles and the blade angles at the hub or the shroud. Therefore, separation is 
usually occurred, especially far from the design point. 

In order to match the flow angle distribution at the diffuser inlet, diffusers with three-
dimensional elements have been studied by many researchers. Pampreen (1972) has made 
tests of a compressor with the pressure ratio 5.0, containing both two-dimensional and 
three dimensional element vanes in a multiple row cascade diffuser. A stage efficiency of 
0.80 was achieved from 95% to 106% speed over a range of pressure ratios between 4 
and 6 for the two-dimensional diffuser. A stage efficiency of 0.82 was achieved from 
90% to 100% speed over a range of pressure ratios between 4 and 5 for the three-
dimensional diffuser. Jansen and Rautenberg (1982) has brought out a three-dimensional 
twisted vaned diffuser and compared it with a conventional channel diffuser and cascade 
diffuser. They found out that the twisted diffuser had obvious better efficiency and higher 
pressure ratio. The operating range was wider than that of the conventional diffuser at 
higher speeds. The increase of the incidence was nearly uniform across the width with the 
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increase of the mass flow rate. They also found out that there was no remarkable 
separation except at the choke. Zangeneh et al. (2002) have made a 3D inverse design to 
improve the performance of the vaned diffuser for a given centrifugal compressor. The 
inverse method designs the blade geometry for a given specification of thickness and 
blade loading distribution. The CFD predictions show that the flow in the inverse vane 
geometry has spanwise secondary flows on the pressure surface, which help to move the 
low momentum region away from the hub/pressure surface corner. The CFD predictions 
also confirm the loss reduction in the new inverse designed vaned diffuser both at design 
(30% reduction) and lower flow (50% reduction) conditions. Also the diffuser exit flow 
non-uniformity is significantly reduced in the inverse designed diffuser at all flow 
conditions. 

2.2.2.3 Low solidity vaned diffuser 

The low solidity vaned diffuser (LSVD) is a good compromise between the vaneless and 
the vaned diffuser. The LSVD has a better peak efficiency than the vaneless diffuser and 
a wider operating range than the vaned diffuser. The vanes in LSVD are smaller and there 
are fewer vanes. The distance between the vanes is large and there is no throat in LSVD, 
which extends the flow range at high flow rates. The incidence of the vanes is designed to 
be negative to get as good an operating range as possible also at low flow rates. The 
geometry of the LSVD is mainly defined by the following parameters: 

• Inlet radius of the vane 
• Solidity 
• Number of vanes 
• Vane inlet angle 
• Turning angle or vane profile 

The flow from the impeller is highly non-uniform and three-dimensional. The flow is 
affected by three-dimensional boundary layers, secondary flows and flow separation. A 
space between the impeller blade trailing edge and diffuser vane leading edge has to be 
left in order to leave room for the flow to settle. According to Japikse (1996), the radius 
ratio r2’/r2 varies usually from 1.08 to 1.15, and the most typical value is 1.1 for vaned 
diffusers. Detailed measurements made by Pinarbasi and Johnson (1994) show that the 
wake pattern from the impeller blades mixes out rapidly and wakes are hardly seen at the 
radius ratio 1.08. Sorokes and Welch (1992) have developed an adjustable LSVD system, 
which has been used to study the effect of the stagger angle. They have also studied the 
LSVD with two different inlet radius ratios, 1.08 and 1.15. They found that with the 
radius ratio 1.08 the pressure recovery was higher while radius ratio 1.15 gave better stall 
margin.  

Most of the work with LSVD reported in open literature has been done with solidity 
around 0.7. However, the vaned diffuser can be considered as an LSVD up to 0.9 solidity. 
Amineni and Engeda (1997), Engeda (1997), Engeda (2001) and Engeda (2003) have 
performed experiments with LSVDs with solidities 0.6, 0.7, 0.8 and 0.9. The conclusions 
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are that lower solidity gives wider operation range and the higher solidity gives better 
pressure recovery. 

Eynon and Whitfield (1997) have made experiments with LSVDs with 6, 8 and 10 vanes. 
They found out that the largest operating range was with the 6-vane LSVD. However, the 
differences in the performance at the different vane numbers were small. The efficiency 
of the LSVD with 6 vanes was slightly better at high flow, and the difference decreased 
when flow rate decreased. Engeda (2001, 2003) also performed experimental tests with 
LSVDs at different vane numbers. 14, 16 and 18 vanes were used and the solidity was 0.7. 
He found out that the fewer number of vanes attained the best peak efficiency and the 
surge margin was improved by increasing the number of vanes at a fixed solidity. 

The vane inlet angle is an important design parameter which is determined by calculating 
or measuring the flow angle at the design point. Usually a negative incidence is added. 
Another method to decide the vane inlet angle is based on the cascade profile wind tunnel 
test (Japikse, 1996). The angle of attack (AOA) is used instead of incidence. The design 
AOA is the AOA which gives the lowest loss coefficient for the cascade profile. The 
design AOA is influenced by the profile as well as the solidity (see figure 2.8). 

The effect of the turning angle of the vanes in the LSVD is discussed in Eynon and 
Whitfield (1997). The turning angles 10º, 15º and 20º were used. They concluded that 
increasing the vane turning angle increased the diffuser pressure recovery. Also the 
increment in the turning angle improved the performance at high flow rates. They also 
noticed that the increment in the turning angle decreased the pressure rise in the volute. 
As a consequence there was little or no improvement in the pressure recovery across the 
diffuser/volute system. 

0

4

8

12

16

20

24

28

32

0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
Solidity  c/s

D
es

ig
n 

an
gl

e 
of

 a
tta

ck
, A

O
A

 (d
eg

re
es

)

65-(27)-10

65-(24)-10

65-(21)-10

65-(18)-10

65-(15)-10

65-(12)-10

65-8-10

65-4-10

65-0-10

 
Figure 2.8. Design angles of attack (AOA) for NACA 65-series (Herrig et al. 1951) 
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3 Numerical procedure 

Compressors with different geometries were studied numerically. Numerical simulations 
were done to analyze the effect of different sizes of tip clearance, splitter positions, pinch 
shapes and diffuser vanes. The quasi-steady approach was used to study the effect of 
different geometries. The impeller and diffuser part of the compressor were modeled. The 
cyclic periodical boundary condition was used in the case of the vaneless diffuser and 
only one channel with a splitter was modeled.  With vaned diffusers the whole channels 
of the impeller and the diffuser were modeled.  

The flow solver Finflo was used to solve the flow field. Finflo is a Navier-Stokes solver 
developed at Helsinki University of Technology (HUT). The solver is capable of 
handling incompressible and compressible flows. An overview of the solved equations 
and mathematic methods used in Finflo is described in this chapter. More details can be 
found for example in Siikonen (1995), Rautaheimo et al. (1999) and Siikonen et al. 
(2004).  

3.1 Governing equations 

The Reynolds-averaged Navier-Stokes equations can be written in the following form: 

( ) ( ) ( )v v vF F G G H HU Q
t x y z

∂ − ∂ − ∂ −∂
+ + +
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=   (3.1) 

where ( , , , , , , )TU u v w E kρ ρ ρ ρ ρ ρε= and where F, G and H are inviscid fluxes, Fv, Gv 
and Hv are viscous fluxes. Q is the source term. The inviscid fluxes are: 
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Here ρ is the density, V ui vj wk= + +  is the velocity in the Cartesian coordinate system, 
p is pressure, E is the total energy, k is the kinetic energy of turbulence and ε is the 
dissipation of turbulence. The total energy E is defined as: 

2
V VE e ρ kρ ρ⋅

= + +      (3.3) 

where e is the specific internal energy. The source term Q has non-zero components for 
the equations for turbulence. The pressure is calculated from an equation of 
state ( , )p p eρ=

e

, which for a perfect gas is defined as: 

      (3.4) (1 )p γ ρ= −

where γ is the ratio of specific heats cp/cv. 

For a real gas, the equation of state is more complicated.  Details of real gas modeling are 
described in chapter 4. 

The viscous fluxes are: 
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where q  is the heat flux, μi k is the diffusion coefficient of k, με is the diffusion coefficient 
of ε and the viscous tensor τij is: 
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i ju uρ ′′ ′′where μ is molecular viscosity,   are Reynolds stresses and δij is the Kronercker’s 
Delta function defined as: 
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i ju uρ ′′ ′′The modeling of Reynolds stresses  is described in the next section of this chapter. 
The heat flux  is written as: q
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where μT is the turbulent viscosity defined by the turbulence model and Pr is the Prandtl 
number. The diffusion coefficients of turbulence quantities are approximated as: 
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where σk and σε are the appropriate Schmidt’s numbers defined by the turbulence model. 

3.2 Turbulence Model 

The modeling of turbulence is always the most difficult part in the CFD process. 
Nowadays the accurate modeling of turbulence, such as direct numerical simulation 
(DNS) and large-eddy simulation (LES) are still computationally time consuming and not 
applicable to engineering problems. Also Reynolds stress models (RSM) require large 
computational time.  Turbulence models based on the Boussinesq approximation are 
widely used because they are relatively computationally inexpensive and accurate to 
model the main stream flow. On the other hand, if the anisotropy of the turbulence is 
important, the Reynolds stress models should be used. 

Kunz and Lakshminarayana (1992) have calculated a centrifugal compressor rotor using 
a coupled κ-ε turbulence model. They have compared the results to measured values and 
got reasonable agreement. On the other hand, the flow at shroud was not properly 
modeled because of a too coarse grid. Hathaway et al. (1993) have calculated a NASA 
low speed centrifugal compressor rotor and a vaneless diffuser using the Baldwin-Lomax 
(B-L) turbulence model. The calculated results were compared to laser anemometry 
results. It was noticed that the CFD calculations under-predicted the maximum velocity 
deficit in the wake and the spanwise extent of the wake. Rautaheimo et al. (1999) have 
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compared three different turbulence models (B-L, Chien’s κ-ε and RSM) in a simulation 
of a NASA low speed centrifugal compressor. Rautaheimo concludes that the B-L and 
Chien’s κ-ε models (1982) predicted well the overall performance of the compressor, 
while the RSM slightly under-predicted the efficiency and pressure ratio. On the other 
hand, detailed flow phenomena were best captured by the RSM. Rautaheimo et al. (1999) 
also concludes that Chien’s κ-ε model predicted well the overall performance of the 
compressor with a very coarse grid. Turunen-Saaresti (2001) has calculated the whole 
centrifugal compressor stage using the B-L and Chien’s κ-ε models. Chien’s κ-ε model 
showed better results than the B-L model. It was also found that the B-L turbulence 
model was more sensitive to the grid size. 

On the basis of a literature survey of turbulence models and available computation 
resources, Chien’s κ-ε model is used in the numerical calculations in this dissertation. 
Chien’s κ-ε model is a low Reynolds number turbulence model, so that no wall functions 
are used, and the boundary layer is calculated if the grid size is sufficient. Therefore the 
grid size near the walls should be dense enough. The Boussinesq approximation made for 
the Reynolds stresses is defined as: 
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The source term for Chien’s model is given as: 
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The production of kinetic energy is modeled by using 

i
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In the κ−ε model the turbulent viscosity is calculated from: 
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In order to avoid unphysical growth of turbulent viscosity, the production of turbulent 
kinetic energy is limited as suggested by Mentor (1994): 

     (3.15) min( , 20 )P P ρε=

The empirical coefficients of κ and ε used in the equation are given by: 
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where the turbulent Reynolds number is defined as: 
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3.3 Boundary conditions 

The inlet boundary condition is given before the impeller leading edge. The temperature 
and momentum distribution are given as the boundary conditions and the static pressure 
is extrapolated from the computational domain. The intensity of the turbulence and the 
non-dimensional turbulent viscosity μT/μ are defined at the inlet boundary condition. The 
flow is assumed to be fully axial and constant distributions of the temperature, 
momentum and turbulence quantities are applied. 

The outlet boundary condition is defined at the end of the diffuser at the radius ratio 
. A constant distribution of the static pressure is given and the gradient of 

velocity is assumed to be zero. The circumferentially varying pressure field due to volute 
is not taken into account when using this kind of boundary condition. 

2/ 1.67r r =

For the calculation of only one channel of the impeller, cyclic periodical boundary 
condition is applied to the side face of the vaneless area before the impeller and in the 
vaneless diffuser. 

For the calculation of vaned diffusers, sliding mesh boundary condition with averaged 
quantities in circumferential direction is used between the rotational parts and the 
stationary parts of the mesh. 
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4 Introduction of a real gas model to a CFD program 

4.1 Introduction of gas equations 

4.1.1 Perfect gas equations 

The definition of a perfect gas includes the equation of state (EOS): 

pv RT=      (4.1) 

and the requirement that specific heats at constant volume and constant pressure, cv and 
cp, are constant. 

The perfect gas model also includes the following relationships: 

p vc c R= +      (4.2) 
     (4.3) pdh c dT=

vde c dT=      (4.4) 

and the speed of sound can be expressed as: 

a Rγ= T      (4.5) 

In this paper, the dynamic viscosity in the perfect gas model is calculated by the 
Sutherland formula: 
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where T0 and μ  are reference values. The thermal conductivity is calculated with: 0

Pr
pc

k
μ

=      (4.7) 

where Pr is the Prandtl number. 

4.1.2 Real gas equations 

There are several real gas equations of state which are used in chemical engineering. 
They can be divided into three categories.  
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4.1.2.1 The virial equation of state 

The virial equation of state can be expressed by: 

2 31pv B C DZ
RT v v v

= = + + + + ⋅⋅⋅    (4.8) 

2

3
cvC =cB v= − , vwhere  and c means the specific volume at critical state. 

The theoretical basis of the virial equation of state is solid because it can be derived 
directly from statistical mechanics. Theoretical expressions can be developed for each of 
the coefficients if the intermolecular forces are expressed by the mathematical form. In 
the virial equation of state the coefficient B represents the interaction between pairs of 
molecules, C represents triplets. Although the accuracy can be increased by considering 
higher order terms, the secondary order virial equation of state is usually used in the 
industry, it can be expressed by:  

1 1B Bp
T

Z
v R

= + = +      (4.9) 

4.1.2.2 Cubic equations of state 

The equation of state can be expressed as the cubic formula of the volume or density. 
They are relatively accurate and uncomplicated solutions so that are often used by the 
industry. 

The most basic cubic equations of state are the Van der Waals equation of state and the 
Redlich-Kwong (R-K) equation of state. The Van der Waals equation of state can be 
expressed by: 

2

RT ap
v b v

= −
−

     (4.10) 

where the attraction parameter a, the repulsion parameter b, and R are constants that 
depend on the specific material. They can be calculated from the critical properties as: 

23 c ca p v=      (4.11) 

3
cvb =       (4.12) 

The Redlich-Kwong equation of state can be expressed by: 
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p

cp

where the a, b can be calculated from the critical properties as: 

2 2.50.42748 /c ca R T=          (4.14) 
0.08664 /cb RT=           (4.15) 

Many researchers also improve the accuracy by modifying the R-K equation, such as 
RKS equation of state (Soave, 1972), and PR equation of state (Peng and Robinson, 
1976). 

4.1.2.3 Multi-variable equation of state 

In order to get accurate relations of the gas properties in a wider range of temperature and 
pressure, the multi-variable equations of state are applied. They are usually very 
complicated and the calculation needs quite a long time. The most well known multi-
variable equation of state is the BWRS (Starling, 1973) equation of state, as well as its 
derivation BWR (Benedict et al. 1940). 

4.2 Polynomial real gas model 

Polynomial equations are very fast to calculate in a computer program. It is very suitable 
for a CFD program which requires large amount of iterations and computational time. 
The real gas model that calculates the gas properties in an appointed temperature and 
pressure range using polynomial fitting equations are faster than the other real gas models 
mentioned above, without the lost of the accuracy. This method has been reported in 
Turunen-Saaresti et al. (2006). 

4.2.1 Required data 

The thermodynamic properties of one-phase, non-reacting fluid can be expressed as 
functions of two independent thermodynamic variables. These functions, which form the 
equation of state, can be defined in various ways. As T and p are the most commonly 
used properties and the easiest to measure, they are used as the independent defining 
variables in this study.  But the methodology adopted is directly applicable to other 
definitions as well. 

The calculation with the present code requires: 
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Then the speed of sound is defined by: 
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4.2.2 Polynomial real gas equations 

In this study, 2-variable polynomial regression and rational regression are applied for the 
approximation of the gas properties.  
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The polynomial function is of fourth order: 

  (4.21) 
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4.2.3 Multi-variable non-linear relative regression 

Nonlinear least square fitting is used to solve the regression problem. In order to obtain 
good fits from very small values to large values, the minimum sum of relative values 
instead of absolute values is the aim of the regression:  
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4.3 Gas property modeling of toluene and perfluoropentane 

4.3.1 Modeling of toluene gas 

Toluene (C6H5CH3) was selected as the test medium because it was used in a small 
turbine under design in the Fluid Mechanics Laboratory of Lappeenranta University of 
Technology and the experimental results are available. The properties in the temperature 
range of 350-700 K and pressure range of 0.1-35 bar (Goodwin, 1989) were chosen for 
the data fitting based on the designed inlet and outlet temperature and pressure. 

Under the study range, toluene is in reality not always in a gas phase. At high pressures 
and low temperatures it turns into liquid. The turbine works in the superheated area, so 
the data below the saturated line can not be used. Thus for every pressure level the lowest 
temperature chosen is 15-20 K above the saturated line, and the intervals of temperature 
are 20 K. More fitting points were chosen in the low pressure region, because the flow 
after the throat is more complicated and needs to be concentrated. 

Figure 4.1 shows the values of gas properties as a function of temperature and pressure. 
Values calculated by the real gas model (grids) are compared with values got from the 
value table (dots). Density calculated by the perfect gas model is also included. 

Figure 4.2 shows the toluene gas properties as a function of temperature at certain 
pressures. The values calculated by the perfect gas models and real gas model are plotted, 
compared with values got from the data table. 
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Density (real gas model)   Density (perfect gas model) 

 
     Specific internal energy (real gas model)  Heat capacity (real gas model) 

 
Dynamic viscosity (real gas model)  Thermal conductivity (real gas model) 

Figure 4.1. Comparison of values calculated with the gas models and values from the property 
table of toluene 
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Figure 4.2. Comparison of values calculated with the gas models and values from the property 
table of toluene at a certain pressure level 
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Figure 4.2. Comparison of values calculated with the gas models and values from the property 
table of toluene at a certain pressure level (continued) 

4.3.2 Properties of perfluoropentane 

Perfluoropentane (C5F12) is used in a small centrifugal compressor designed by the Fluid 
Mechanics laboratory of Lappeenranta University of Technology. The designed inlet 
temperature and pressure are 290 K and 0.4 bar and the designed outlet temperature and 
pressure are 305 K and 1.2 bar. The properties in the temperature range of 270-350 K and 
pressure range of 0.3-2 bar were chosen for the data fitting. Although the compressor 
works in the superheated area, it is quite close to the condensing line. The pseudo data 
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points below the condensing line have been extrapolated from the data in the superheated 
area in order to make the CFD calculation more stable. Thus for every pressure level the 
lowest temperature chosen is 1-2 K above the saturated line, and the intervals of 
temperature are 1 K.  

4.3Figure  shows the values of gas properties as a function of temperature and pressure. 
Values calculated by the real gas model (grids) are compared with values got from the 
value table (dots).  

 
     Density             Specific internal energy 

 
Heat capacity     Dynamic viscosity 
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Thermal conductivity 

Figure 4.3. Comparison of values calculated with the real gas model and values from the property 
table of perfluoropentane 

Figure 4.4 shows the perfluoropentane gas properties as a function of temperature at 
certain pressures. Values calculated by the perfect gas models and real gas model are 
plotted, compared with values got from the data table. 
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Figure 4.4. Comparison of values calculated with the gas models and values from the property 
table of perfluoropentane at a certain pressure level 
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Figure 4.4. Comparison of values calculated with the gas models and values from the property 
table of perfluoropentane at a certain pressure level (continued) 

4.4 Testing the created real gas model 

4.4.1 Supersonic flow in a nozzle of radial inflow turbine 

This test work has also been reported in Turunen-Saaresti et al. (2006 a and b). The 
geometry in figure 4.5(a) shows the grids of one channel among the 18 stator channels. 
The flow comes in from the top and exits from the circular section at bottom towards the 
rotor. The vane surfaces extend from the bulbous leading edges in the upper-middle of 
the figure to the place where the grid density is very high. In front of and behind the vane, 
the flow conditions at the boundaries are cyclical. In order to compare with the measured 
result, two kinds of grids are applied, one with a temperature sensor at the outlet of the 
stator, the other without the sensor. The grids near the sensor are shown in figure 4.5(b). 
The grid contains 160 cells in the flow direction and 64 cells across it without the sensor, 
while 256 cells in the flow direction and 96 cells across it in the case with the sensor. 
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(a)     (b) 

Figure 4.5. Grids of the calculated domain (a) and near the sensor (b) 

The design operating condition is selected. The inlet temperature is 587.6 K, and pressure 
is Pa. The outlet static pressure is 1. Pa. The mass flow rate per 
channel is 0.09 kg/s. The height of the stator is 7.9 mm.  

6 52.944 10× 385 10×

The effects of turbulences are taken into account by the k ε−  model. The second order 
fully upwind differences and flux limiter are used. The run utilizes two multi-grid levels 
and the courant number is 0.5 in the beginning of the calculation and 2.5 after several 
thousands of steps. 

The run with the stator took several tens of thousands pseudo-time steps to reach 
sufficient convergence, and it was stopped after 100,000 steps. At this stage, the 
difference in the inlet and outlet mass flows was 0.102 per cent, and the relative 
maximum density corrections were of the order of 10-5. The calculation time per time 
step was 0.26 seconds for both the perfect gas model and the real gas model. Figure 4.6 
shows the residuals of the main variables during the iteration. The sudden jump at the 
10,000 steps shows the place of the change of the courant number. 
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Figure 4.6. Residual history of the main flow variables 

The values calculated by the CFD are shown in table 4.1 and compared with measured 
values. They are averaged values except for the “BEF-ATT” point. “BEF-ATT” means 
the point just before the attached waves caused by the sensor. “Sensor” means the 
average values at the surface of the sensor. The locations where these values are picked 
are shown in figure 4.7. Figure 4.7 also shows the Mach number distribution of the 
nozzle with and without the sensor. Figure 4.8 shows the temperature and Mach number 
distribution around the sensor. A complicated flow structure of the interference of the 
detached wave caused by the sensor with the wake caused by the stator trailing edge and 
the channel wall can be clearly seen. 

The efficiency of the experimental results is calculated using measured values of pressure 
and temperature (479.30K) calculated by the CFD at the place before the attached waves 
caused by the sensor. The “real-short” case is a comparison case with a shorter outlet. 
The CFD result of the averaged temperature agrees well with the experimental result. The 
pressures of the CFD results are higher than the measured value. The pressure with a 
shorter channel exit part is closer to the measured values than the normal length used in 
the calculation. The influence of the rotor to the pressure at the exit of the stator may be 
one reason. Another possible reason is that the exit length in the measurement is shorter 
than in the normal CFD cases. In table 4.1 it is seen that the real gas model predicts a 
higher efficiency than the perfect gas model. The measured efficiency is closer to the 
CFD result using the real gas model than using the perfect gas model. The measured 
efficiency is a little lower than the CFD result with the real gas model. The efficiency is 
higher with the shorter exit. 
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Table 4.1. Comparison of numerical results and measured values at various places of the 
supersonic nozzle. 

 measured perfect real real-short 
Inlet (A) 2.944E+6 3.289E+6 2.987E+6 2.987E+6 

Throat (B) - 1.855E+6 1.830E+6 1.830E+6 

 

 

 
 

      
(a)      (b) 

Figure 4.7. Mach number distribution in the supersonic nozzle with and without the sensor 

 measured perfect real real-short 
Before-mix (C) - 93.9% 96.8% 96.9% 
After- mix (D) 91.5% 81.3% 93.4% 95.5% 

Isentropic
efficiency 

 
Outlet (F) - 87.1% 92.5% 95.8% 

Before-mix (C) - 5.348E+4 5.653E+4 5.653E+4 
After- mix (D) - 1.344E+5 1.228E+5 8.789E+4 

Pressure 

BEF-ATT 5.924E+4 8.530E+4 8.150E+4 6.216E+4 
(Pa) 

Sensor - 2.288E+5 1.959E+5 - 
Outlet (F) - 5.498E+4 5.399E+4 5.084E+4 

 measured perfect real real-short 
Inlet (A) 587.6 587.61 587.62 587.62 

Throat (B) - 569.51 566.24 566.24 
Before-mix (C) - 467.93 472.41 472.40 
After- mix (D) - 497.27 493.22 483.73 

Temperature 

BEF-ATT - 476.85 479.30 473.46 
(K) 

Sensor 540 554.37 542.52 - 
Outlet (F) - 475.05 475.80 471.58 

BEF-ATT 



 
   

 

46 

      
Figure 4.8. Local temperature and Mach number distribution around the sensor 

Figure 4.9 shows the gas expansion at the center line of the nozzle. It is seen that in the 
perfect gas model the Mach after the throat is higher than in the real gas model. This is 
because the decrement of the density is larger for the perfect gas model in the expansion 
process. For the same reason, the temperature after the throat is lower in the perfect gas 
model than in the real gas model. The difference of pressure after the throat is not 
obvious, but before the throat the difference is great. 
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Figure 4.9. Center line distribution of the Mach number, temperature and pressure 
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Figure 4.10 shows the temperature and pressure distribution on the surface of the sensor. 
The point 180° is the direction where the flow comes. The distribution agrees well with 
the theory (Schlichting, 1979). 
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Figure 4.10. Temperature and pressure distribution around the sensor 

4.4.2 Small centrifugal compressor 

This test work has also been reported in Tang et al. (2006). The computational domain 
consists of one channel with an impeller and a vaneless diffuser. Table 4.2 shows the 
geometry parameters and operation conditions of the compressor. Figure 4.11(a) shows 
the surface grids of the computational domain. Clearance has also been modeled on the 
tip of the long blades and the splitter. Figure 4.11(b) shows the grids near the tip 
clearance at the impeller exit. The domain consists of 94 48 24× × grid points in 
streamwise, pitchwise and spanwise direction.  

Table 4.2. Geometry parameters and operation conditions of the compressor 

d b N m p T2 2 d d 1t,d 1t,d

0.048 0.0018 800 0.086 42000 291 

   
(a)     (b) 
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Figure 4.11. Surface grids of the computational domain (a) and the grids near the tip clearance 
(b) 

The experiment was made with a prototype of a small centrifugal compressor. The 
working fluid is perfluoropentane. The total temperature and pressure at the inlet and 
outlet of the compressor are measured in two big tanks far from the compressor. No more 
information inside the compressor is available as it is so small that measuring is very 
difficult. 

Both the perfect gas model and the polynomial equation real gas model were used. The 
inlet conditions and tip clearance configuration are listed in table 4.3. 

Table 4.3. Inlet conditions and tip clearance configuration used for the comparison of numerical 
and measured results 

p1t /p1t,d m/md t2 /b2

107% 85% 16.7% 

The results of the experiment and the numerical procedure are shown in table 4.4. The 
total pressure ratio of the numerical results with the perfect gas model and the real gas 
model are almost the same, and higher than the measured value. This is because the scroll 
after the diffuser was not modeled in the numerical procedure. The total temperature rise 
calculated with the real gas model is much closer to the measured value than that of the 
perfect gas model. The total enthalpy rise got by the numerical calculation is slightly 
lower than the measured value because shaft friction was not modeled in the numerical 
analysis. The calculated isentropic enthalpy rise with the real gas model shows a better 
agreement with the measured value than that of the perfect gas model. Thus the 
calculated isentropic efficiency with the real gas model is much closer with the measured 
value than the perfect gas model.  

The results show that the calculated total pressure ratios and the total enthalpy rises are 
similar with both gas models, while the isentropic enthalpy rises and the total temperature 
rises differ. This shows the effect of the real gas. 

Table 4.4. Comparison of measured values and numerical results, including the perfect gas 
model and the real gas model 

 Perfect Real Measured 

πt-t 2.792 2.786 2.592 

ΔTt 15.37 17.26 17.53 

Δht 11430 11400 11750 

Δhs 8801 7075 6870 

ηs 77.0% 62.1% 58.5% 
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5 Numerical results 

The geometry of the small centrifugal compressor is the same as the compressor 
discussed in chapter 4. 

5.1 Influence of tip clearance 

The numerical calculations were made with 5 sizes of tip clearance: 0%, 5%, 10%, 16.7% 
and 25% relative to the height of the blade at the impeller exit, and 3 mass flow rates: 
85%, 100% and 110% relative to the design mass flow rate.  The inlet total pressure and 
temperature were at design condition. The operating point of high inlet pressure (HIP) 
(107% of the design inlet total pressure) and 85% mass flow rate was also used as 
comparison to the configurations above. Part of the results has been reported in Tang et al. 
(2006). 

5.1.1 Influence on the overall performance of the compressor 

The total pressure ratio of the compressor versus the size of tip clearance is shown in 
figure 5.1 with different mass flow rates. The total pressure ratio drops with the increase 
of the tip clearance, and it is similar at all mass flow rates. When the tip clearance ratio is 
smaller than 15%, the drop of the total pressure ratio is fast and approximately linear to 
the increase of the tip clearance. When the tip clearance ratio is greater than 15%, the 
drop of the total pressure ratio becomes slower. When the mass flow rate increases, the 
pressure ratio drops at all sizes of the tip clearance, and when the inlet total pressure 
increases, the pressure ratio increases. The reason for this is that the increase of pressure 
causes an increase of density if the temperature stays constant, and increase of the density 
causes a decrease of the volume flow rate if the mass flow rate stays constant. Thus the 
pressure ratio increases.  
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Figure 5.1. Influence of the size of tip clearance on the total pressure ratio with different mass 

flow rates 
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Figure 5.2 shows the isentropic enthalpy rise of the fluid versus the size of tip clearance 
with different mass flow rates. The isentropic enthalpy rise is higher at lower mass flow 
rates. The isentropic enthalpy rise decreases linearly as the size of tip clearance increases. 
The decrease rates are different with different mass flow rates. The decrease rate is 
greater at the higher mass flow rate and smaller at the lower mass flow rate. With the 
same mass flow rate, the decrease rate of the isentropic enthalpy rise at the higher inlet 
pressure is lower because of the lower volume flow rate.  
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Figure 5.2. Influence of the size of tip clearance on the isentropic enthalpy rise with different mass 

flow rates 

The total enthalpy rise and input power of the compressor versus the size of tip clearance 
with different mass flow rates are shown in figure 5.3 and figure 5.4. The total enthalpy 
rise and input power hardly change with the different sizes of tip clearance at each mass 
flow rate. When the mass flow rate increases, the total enthalpy rise decreases, but the 
input power increases. The total enthalpy rise and input power are higher when the inlet 
total pressure is higher than the design value. This happens because of the lower volume 
flow rate at high inlet pressure. 

The isentropic efficiency of the compressor versus the size of tip clearance with different 
mass flow rates is shown in figure 5.5. The isentropic efficiency also decreases with the 
increase of the tip clearance at all flow rates, and the decrement is approximately linear at 
all sizes of tip clearance. For the calculated compressor at the design point, when the tip 
clearance is 16.7%, relative to the blade height at the impeller exit, the pressure ratio 
drops about 0.35 and the efficiency drops about 4.5 percent compared to the compressor 
without tip clearance. The efficiency at the design and high mass flow rates is 
approximately the same. It is about 2 percentage points lower at the low mass flow rate 
and design inlet total pressure than the design mass flow, and about 6 percentage points 
lower at the low mass flow rate and high inlet pressure. The decrease rates of isentropic 
efficiency due to tip clearance are different with different mass flow rates. The decrease 
rate is higher with higher mass flow rates, which is shown in figure 5.6. At all sizes of the 
tip clearance the efficiency change due to the tip clearance is bigger at higher mass flow 
rates and smaller at lower mass flow rates.  
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Figure 5.3. Influence of the size of tip clearance on the total enthalpy rise with different mass flow 

rates 
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Figure 5.4. Influence of the size of tip clearance on the input power with different mass flow rates  

The correlation between the isentropic efficiency change and the size of tip clearance can 
be approximately described by equation (5.1): 

2 2

s 2 2

2 2

85% to 

110% to 

0.2543 ( / )     
0.2693 ( / )            at 
0.3066 ( / )   

d

d

d

t b m
t b m
t b m

η
− ×⎧

⎪Δ = − ×⎨
⎪− ×⎩

   (5.1) 

This correlation is close to the measured results with Pampreen (1973) and Japikse and 
Geobel (1979): 

2 20.3 ( / )                at s dt b mηΔ = − ×         (5.2) 
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Δη s,d = -0.2693*(t 2/b 2) 
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Figure 5.5. Influence of the size of the tip clearance on the isentropic efficiency with different 

mass flow rates 
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Figure 5.6. Influence of the mass flow rate on the isentropic efficiency drop caused by the tip 

clearance 

5.1.2 Influence on the flow angles of the impeller 

The incidence versus the size of the tip clearance with different mass flow rates is shown 
in figure 5.7. The incidence has been taken as an average value at the impeller inlet. The 
definition of incidence is described by equation (5.3): 

1 1bi β β= −          (5.3) 

The incidence increases with the increase of the size of the tip clearance. The increase is 
approximately linear. With the increase of the tip clearance, the impeller tip radius at the 
impeller inlet increases, and the flow area at the impeller inducer also becomes larger. 
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When the mass flow rate stays constant, the axial speed of the flow at the inducer 
decreases. With fixed rotating speed, the incidence increases. Figure 5.8 shows that the 
increase rate of the incidence varies with different mass flow rates. In figure 5.8 it is 
clearly seen that the incidence change is greater at higher mass flow rates and smaller at 
lower mass flow rates.  
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Figure 5.7. Influence of the size of tip clearance on the incidence of the impeller with different 

mass flow rates 

0.0

0.5

1.0

1.5

2.0

2.5

3.0

0% 5% 10% 15% 20% 25%
Tip clearance, t 2/b 2

In
ci

de
nc

e 
ch

an
ge

,  
Δ

i

110% 100%

85% 85% HIP

 
Figure 5.8. Influence of the size of tip clearance on the incidence change of the impeller with 

different mass flow rates 

The changes of the averaged relative and absolute angle at the impeller exit versus the 
size of tip clearance are plotted in figure 5.9 and figure 5.10. With the different mass flow 
rates, the difference of the relative flow angle is very small, especially at lower mass flow 
rates, but the difference of the absolute flow angle is quite big. Both the relative and 
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2

absolute flow angles are increasing linearly when the size of the tip clearance increases. 
The increasing rates are about the same with different mass flow rates.  

The correlation between the change of relative flow angles and the size of tip clearance 
can be approximately described by equation (5.4): 

2 242 ( / )t bβΔ = ×                  (5.4) 

Δβ 2,d = 41.98*(t 2/b 2)
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Figure 5.9. Influence of the size of tip clearance on averaged relative flow angle at impeller exit 

with different mass flow rates 
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Figure 5.10. Influence of the size of tip clearance on averaged absolute flow angle at impeller exit 

with different mass flow rates 
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5.1.3 Influence on the blade loading 

The blade loading is one of the characteristics of the compressor impeller and important 
in designing the compressor. Figure 5.11 shows the influence of tip clearance on the 
blade loading of the impeller. It is seen in figure 5.11 that the positions of constant 
pressure line C (0.4bar) are about the same and a little closer to the inlet of the impeller at 
larger size of the tip clearance. This is because of the larger inlet area of the impeller if a 
larger tip clearance is used. However, the pressure near the exit of the impeller is quite 
different at different sizes of tip clearance. The pressure is much lower with large tip 
clearance than the small tip clearance at the exit of the impeller. It indicates that the static 
pressure rise in the impeller is decreased as the size of the tip clearance is increased. This 
supports the result shown in figure 5.1. Figure 5.11 also shows that the constant pressure 
line F, G and H are more vertical at small tip clearance and horizontal at large tip 
clearance, which indicates that the decrement of the pressure near the tip is larger than at 
the hub. The pressure drop is originated from the tip clearance. 

   
(a) No tip clearance   (b) 5% tip clearance 

   
(c) 10% tip clearance   (d) 16.7% tip clearance 

 
(e) 25% tip clearance 

Figure 5.11 Distribution of pressure on the pressure side of the impeller blade 
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5.1.4 Influence on the detailed flow field 

In order to investigate the effect of tip clearance on the flow field inside the compressor, 
the distribution of the relative Mach number near the shroud of the impeller is plotted in 
figure 5.12. Only one channel including the splitter is shown. As seen in figure 5.12, the 
distribution of the relative Mach number is different on each side of the splitter. The flow 
uniformity in the sub-channel between the splitter and the pressure side of the full blade 
(defined as sub-channel I, the same below) is not as good as in the sub-channel between 
the splitter and the suction side of the full blade (defined as sub-channel II, the same 
below).   

When there is no tip clearance, the maximum Mach number is about 1.1, and it is near the 
suction side of the splitter leading edge.  A decrease of the flow area at the leading edge 
of the splitter causes a sudden increase of the relative Mach number. The minimum Mach 
number is between 0.1 and 0.3 near both sides of the splitter. The area of low speed flow 
region is bigger in sub-channel I than in sub-channel II.  

As the size of the tip clearance increases, the area of the low speed flow region becomes 
larger on both sides of the splitter. In sub-channel I, a region of Mach number smaller 
than 0.1 appears, and the region area also increases as the size of the tip clearance 
increases. This indicates that the secondary flow effect becomes stronger as the size of tip 
clearance increases. The increase rate of the low speed flow area becomes lower and 
lower with the increase of tip clearance in sub-channel I. 

As the size of tip clearance increases, the area of the high speed flow region near the 
leading edge of the splitter becomes smaller. This is because the flow area at the leading 
edge of the splitter increases as the size of tip clearance increases.  

In order to investigate the influence of the mass flow rate on the flow field of the impeller, 
the distribution of the relative Mach number near the shroud of the impeller with different 
mass flow rates and 16.7% tip clearance are also included in figure 5.12. It is clearly seen 
that the fluid velocity is smaller at lower mass flow rates and greater at higher mass flow 
rates, but the area of the low speed flow region (Mach number smaller than 0.1) is almost 
the same at 100% and 110% mass flow rates. Figure 5.12 (d), (e) and (f) shows that 
contour D originating in the leading edge of the full blade is more vertical at high mass 
flow rates and more horizontal at lower mass flow rates. This means that the low speed 
flow region becomes larger near the suction side of the full blade as the mass flow 
decreases. The reason is that the secondary flow effect becomes stronger in this area due 
to the large incidence.  

Figure 5.12 also shows an increase of tip clearance leaking region near the suction side of 
the full blade (Mach number between 0.5 and 0.7). The area of this leaking region also 
becomes larger with the increase of tip clearance.  
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(a) No tip clearance, 100% mass flow rate (b) 5% tip clearance, 100% mass flow rate 

 

 
(c) 10% tip clearance, 100% mass flow rate (d) 16.7% tip clearance, 85% mass flow rate 

 
(e) 16.7% tip clearance, 100% mass flow rate (f) 16.7% tip clearance, 110% mass flow rate 

 
(g) 25% tip clearance, 100% mass flow rate 

Figure 5.12. Distribution of relative the Mach number near the shroud of the impeller 
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This is also shown in figure 5.13, which shows the distribution of the relative Mach 
number at the impeller exit. The low speed flow zone is very small and originally located 
at the shroud-suction corner. As the size of tip clearance increases, the area of the low 
velocity flow zone becomes larger and its core gradually moves to a place near the 
channel center. The flow velocity near the shroud side increases instead of decreasing. A 
leaking flow at tip clearance is the main reason. With the increase of tip clearance, the 
tangential leaking flow becomes stronger so that it “blows” the low speed fluid to the 
direction of the pressure side. The high speed leaking fluid also gets mixed with the low 
speed fluid, and thus the average velocity in the low speed flow zone increases. Figure 
5.13 also shows that the core of the second flow zone is closer to the suction side at lower 
mass flow rates, and closer to the channel center at higher mass flow rates. This means 
that the leaking flow is stronger at higher mass flow rates than at lower mass flow rates. 
This can be one reason for the drop ratio of efficiency being higher at higher mass flow 
rates. 

It is also discovered that the flow velocity at the pressure-hub corner increases as the size 
of tip clearance increases. Since the low speed flow occupies more area as the size of the 
tip clearance increases, the main flow is compressed at the pressure-hub corner and 
accelerated. For the same reason, velocity at the suction-hub corner also increases. The 
flow uniformity becomes worse as the size of tip clearance increases. 

 
(a) No tip clearance, 100% mass flow rate (b) 5% tip clearance, 100% mass flow rate 

 
(c) 10% tip clearance, 100% mass flow rate (d) 16.7% tip clearance, 85% mass flow rate 

 
(e) 16.7% tip clearance, 100% mass flow rate (f) 16.7% tip clearance, 110% mass flow rate 

Shroud 
 
Hub 

PS Splitter SS
 

(g) 25% tip clearance, 100% mass flow rate 

Figure 5.13. Distribution of the relative Mach number at the exit of the impeller with different sizes 
of tip clearance 

Figure 5.14 shows the radial component of the relative momentum. As the size of tip 
clearance increases, the radial momentum near the shroud side decreases. Comparing 
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with figure 5.13, it is clearly seen that the leaking flow caused by tip clearance is closer 
to the tangential direction. The radial momentum also increases at the pressure-hub and 
suction-hub corner. This indicates that the flow directions in these two regions are more 
radial.  It is also shown that with the increase of mass flow rate, the flow direction at the 
suction-hub corner becomes more radial. 

 
(a) No tip clearance, 100% mass flow rate (b) 5% tip clearance, 100% mass flow rate 

 
(c) 10% tip clearance, 100% mass flow rate (d) 16.7% tip clearance, 85% mass flow rate 

 
(e) 16.7% tip clearance, 100% mass flow rate  (f) 16.7% tip clearance, 110% mass flow rate 

Shroud 
 
Hub 

            PS               Splitter                             SS

(g) 25% tip clearance, 100% mass flow rate 

Figure 5.14. Distribution of radial component momentum at the exit of the impeller with different 
sizes of tip clearance 

5.1.5 Partially shrouded blade and alternatives of clearance types 

As known, tip clearance leaking flow is the main reason of the drop of efficiency and 
pressure ratio. Detailed investigation of the leaking flow rate across the blade tip was 
made. Figure 5.15 shows the leaking flow rate at the tip of deferent positions along the 
impeller blade from the leading edge (0%) to the trailing edge (100%).  It shows that the 
leaking flow rate is increasing from the impeller leading edge and ends up of much 
higher leaking flow rate at the impeller trailing edge. There are three main reasons. First, 
the pressure and density are greater at the impeller exit. Second, the pressure gradient at 
the two sides of the impeller is greater at the impeller exit since the blade at the impeller 
exit is faster (linear velocity) than the inlet. Third, the relative size of the tip clearance is 
larger at the impeller exit. 
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Figure 5.15. Leaking flow rate across the tip clearance along the blade length 

Based on the above information, a partially shrouded impeller was invented and 
calculated. The shrouded part is just near the impeller blade trailing edge, as shown in 
figure 5.16. 

So the idea of a partially shrouded impeller was brought out. Figure 5.16 shows the 
geometry of the partially shrouded impeller. The impeller is coated only at a small part 
near the impeller exit. Numerical calculations were made for two partially shrouded 
impellers: 36% of the blade length is coated, and 54% of the blade length (from leading 
edge of splitter blade) is coated.  

In the design procedure, the channel height at the impeller exit is usually well designed. 
For manufacturing, however, the blade height is of greater concern.  For normal open 
wheeled compressors, this is not a big problem, but for small compressors, the difference 
of blade height and channel height would be great at the impeller exit. There are two 
alternatives of treating the difference. One is keeping the channel height as designed 
channel height, and decreasing the blade height, which is called negative tip clearance. 
The other is keeping the blade height as designed channel height, and increasing the 
channel height, which is called positive tip clearance. The positive tip clearance is usually 
used in the industry. In this dissertation, the positive clearance is also applied in the 
impeller of the compressor if there is no additional comment. Figure 5.17 shows the two 
kinds of tip clearance configuration. Both clearances in the calculation are 0.3 mm for the 
positive clearance and the negative clearance. 

Leading edge 
of full blade

Leading edge of 
splitter blade  

Impeller exit  
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Decreased 
blade height 

Design 
channel 
height 

Increased 
channel 
height 

Figure 5.16. Partially shrouded impeller  Figure 5.17. Tip clearance configuration 

5.1.5.1 Overall performance of the partially shrouded impeller 

The overall performance of the compressor with the partially shrouded impeller is shown 
in Figure 5.18. The isentropic efficiency, total pressure rise and the total enthalpy rise of 
the compressor increase as the shrouded part of the impeller grows. So basically the fully 
shrouded impeller gets the best performance and the fully unshrouded impeller gets the 
worst. Only the total enthalpy of the positive clearance and 54% partially shrouded 
impeller is higher than the total enthalpy of the fully shrouded impeller. This is because 
of the longer blade of the positive partial shroud in spanwise direction. The longer the 
blade, the more energy is transferred from the impeller blade to the fluid, and the greater 
the total enthalpy rise of the fluid. Figure 5.18 also shows that the increase of the 
isentropic enthalpy rise is not linear. The increase rate is higher when the shrouded part is 
smaller and lower when it is larger. Similar trends can also be found for the total pressure 
ratio and total enthalpy rise. So there is an optimization between the shrouded area and 
the isentropic efficiency of the compressor, that is, a compromise between cost and 
performance. 

5.18Figure  also shows that the performance of the positive tip clearance is higher than 
the negative tip clearance, for both the fully unshrouded impeller and partially shrouded 
impeller. 
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(a) Isentropic efficiency 
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(b) Total pressure rise   (c) Total enthalpy rise 

Figure 5.18. Influence of partial shroud to the performance of the compressor 

5.1.5.2 Detailed flow field 

The Mach number distributions of the different shroud configurations near the impeller 
shroud are shown in figure 5.19. It is seen that the area of the low speed flow area in sub-
channel I is significantly reduced by the partial shroud, and the low speed flow region is 
closer to the suction side of the splitter. A similar reduction of the low speed flow can be 
seen in sub-channel II of the negative shrouded impeller. However, for the positive 
partially shrouded impeller, the low speed flow is greater than that of the unshrouded 
impeller and closer to the pressure side of the splitter. 
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Positive clearance & unshrouded Positive clearance & 54% shrouded 

 
No tip clearance, fully shrouded  Negative clearance & 54% shrouded 

  
Negative clearance & 36% shrouded Negative clearance & unshrouded 

Figure 5.19. Distribution of the relative Mach number near the shroud of the impeller with different 
shroud configurations 

Figure 5.20 shows the relative Mach number distributions at the exit of the impeller.  It is 
also seen that the area of the low speed flow region is reduced most in the partially 
shrouded impeller than in the unshrouded impeller. The only different one is the positive 
clearance partially shrouded impeller. The low speed flow region in sub-channel I is 
larger than in the unshrouded impeller. But as discussed above, the higher speed flow 
near the shroud of the unshrouded impeller is leaking flow. This means that the flow 
direction is more tangential. Careful observation at the flow near the pressure side of the 
impeller shows that the speed of the main flow is lower in the partially shrouded impeller. 
This means that the main flow is compressed less by the secondary flow of the partially 
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shrouded impeller. The secondary effect is smaller in the positive clearance partially 
shrouded impeller. This is also proved by figure 5.21. From the distribution of the radial 
component of the relative momentum, it is seen that the region of the low radial speed 
region is smaller and closer to the suction side in the positive clearance partially shrouded 
impeller than in the unshrouded impeller.  

5.20Figure  also shows that the speed of the main flow in the negative clearance 
unshrouded impeller is higher than that in the positive tip clearance unshrouded impeller. 
The smaller flow area at the impeller exit of the negative clearance unshrouded impeller 
is the main reason. The diffusion rate of the impeller is greater in the positive clearance 
unshrouded impeller than in the negative clearance unshrouded impeller, which is the 
same with the designed diffusion rate. Thus the speed of the flow at the impeller exit is of 
course smaller in the positive unshrouded impeller. In figure 5.21, the radial speed is also 
greater in the negative clearance unshrouded impeller than in the positive clearance 
unshrouded impeller. The larger diffusion rate in the positive partial shroud is also one 
reason for the large low speed flow in sub-channel I of the positive clearance partially 
shrouded impeller. The diffusion rate is greater than the designed value, which may cause 
the separation. Due to the separation, the main flow is compressed. It is seen in figure 
5.21 that the radial speed of the main flow in sub-channel I of the positive partially 
shrouded impeller is higher than that of the negative partially shrouded impeller. It seems 
that the flow field uniformity of the negative clearance impeller is better than that of the 
positive clearance. 

Shroud 
 
Hub         

PS Splitter SS  
Positive clearance & unshrouded Positive clearance & 54% shrouded 

 
No tip clearance, fully shrouded  Negative clearance & 54% shrouded 

 
Negative clearance & 36% shrouded Negative clearance & unshrouded 

Figure 5.20. Distribution of the relative Mach number at the exit of the impeller with different 
shroud configurations 
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Positive clearance & unshrouded Positive clearance & 54% shrouded 

  
Fully shrouded, no tip clearance  Negative clearance & 54% shrouded 

  
Negative clearance & 34% shrouded Negative clearance & unshrouded 

Figure 5.21. Distribution of the radial component of the relative momentum at the exit of the 
impeller with different shroud configurations 

5.1.6 Conclusion 

When the size of tip clearance increases, the pressure ratio, isentropic enthalpy rise and 
isentropic efficiency decrease, but the total enthalpy rise and input power stay constant. 
At higher mass flow rates, the efficiency drop due to tip clearance is greater than that at 
lower mass flow rates. When the size of the tip clearance increases, the incidence of the 
impeller and flow angle leaving the impeller increase. The increasing rate of the 
incidence is also greater at higher mass flow rates than at lower mass flow rates. 

The detailed flow distribution shows that the leaking flow due to the increasing size of tip 
clearance makes the low velocity flow region grow bigger, moving from the suction side 
to the center of the flow channel. The velocity near the shroud is increased by the 
tangential leaking flow. The main flow region near the pressure side is compressed and 
accelerated and the flow uniformity and efficiency drop. 

Partially shrouded impeller can yield higher efficiency and pressure rise than an 
unshrouded impeller. The overall performance of positive tip clearance is better than that 
of negative tip clearance. 

5.2 Influence of splitter shifting in circumferential direction 

Three groups of configurations of shifting were calculated. The first group is shifting the 
whole splitter in the circumferential direction, which includes 2 degrees to the pressure 
side of the long blade of the impeller (2P for short), and 1 degree and 2 degrees to the 
suction side of the long blade (1S and 2S). The second group is shifting only the leading 
edge of the splitter, which includes 1 degree and 2 degrees to the suction side of the long 
blade (L1S and L2S). The third group is turning the direction of the leading edge of the 



 
   

 

66 

splitter away from the radius direction. The third group includes two configurations. In 
the first configuration, the leading edge of the splitter is turned about 2 degrees from the 
radius direction, where the tip is turned 1 degree to the suction side of the long blade and 
the hub is turned 1 degree to the pressure side of the long blade (T1S&H1P). In the 
second configuration, the tip of the leading edge of the splitter is shifted 2 degrees to the 
suction side of the long blade (T2S). The T2S configuration is actually a combination of 
L1S and T1S&H1P. Figure 5.22 shows the original splitter (black, middle), 2P (left) and 
2S (right) of the shifted splitters.  

 

 
Figure 5.22. Geometry of different splitter configurations 

5.2.1 Influence of splitter position on the overall performance 

The calculation was carried out with 8 configurations of the splitter, including the 
original splitter (marked with 0), which locates in the middle of the channel. Three mass 
flow rates: 85%, 100% and 110% of the design mass flow rate were applied for each 
configuration except that the 2P splitter was calculated at the design flow rate only. 

5.23Figure  shows the overall performance of the 8 configurations of the splitter. At the 
design mass flow rate, the 2P splitter gets lower isentropic efficiency than the original 
splitter, while the other configurations get higher isentropic efficiency than the original 
splitter. At the higher mass flow rate, only L2S gets higher isentropic efficiency than the 
original splitter, while L1S gets about the same isentropic efficiency as the original 
splitter. At the lower mass flow rate, all the 7 configurations are about the same in 
isentropic efficiency. It seems that at the lower mass flow rate, the sensitivity of the 
splitter position to the performance of the compressor is low. 

The 2P splitter gets the highest enthalpy rise at the design mass flow rate. This means that 
the loading of the impeller is the highest of the 8 configurations. The 1S splitter gets the 
highest isentropic efficiency at the design mass flow rate, which profits from the highest 
pressure rise and relatively low total enthalpy rise. However, the 2S splitter can not get 
the same good performance as 1S, and even gets the lowest isentropic efficiency at high 



 
   

 

67

mass flow rate. This indicates that the compressor performance is very sensitive to 
splitter position in the circumferential direction. 

The leading edge shifting only configurations L1S and L2S makes the total enthalpy rise 
lower than other configurations, as well as the T2S which is a combination of L1S and 
T1S&H1P. This means that the loadings on the impeller blades are lower in these three 
configurations. This lower loading is the main reason for the high efficiency of L1S and 
L2S at the high mass flow rate.   

At the design mass flow, the efficiency of the T1S&H1P splitter is the third lowest 
among the 8 splitters, only higher than the original splitter and the 2P splitter. At the 
higher mass flow rate, the efficiency of the T1S&H1P splitter is only higher than the 2S 
splitter. It is mainly because of the relatively high total enthalpy rise and not so good 
pressure rise. 

As a hybrid of L1S and T1S&H1P, T2S gets a lower total enthalpy rise and pressure rise 
than its parents. However, the isentropic efficiency of T2S is between L1S and T1S&H1P. 

5.2.2 The influence of splitter position to the blade loading 

Figure 5.24 shows the pressure distribution on the pressure side of the impeller blade at 
the design mass flow rate. The pressure distribution on the original splitter blade and the 
long blade is about the same. Both are quite high among the 8 splitters. The 2P splitter 
gets the highest pressure on the splitter blade and it is the only one higher than the 
original splitter since there is more flow area at the pressure side of the splitter. The 2S 
and L2S splitters get the lowest pressure near the trailing edge of the splitter. The 
pressure near the leading edge of L2S splitter is smaller than that of the 2S splitter. The 
pressure on the long blade of L2S is also the lowest along with T2S. So the loading of 
L2S is the smallest among the eight configurations. In general, if the splitter moves to the 
suction side of the long blade, the loading on the long blade will increase and the loading 
on the splitter will decrease; if the splitter moves to the pressure side of the long blade, 
the loading on the long blade will decrease and the loading on the splitter will increase. 
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(b) Total pressure ratio 
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(c) Total enthalpy rise 

Figure 5.23. Influence of the different splitter positions to the overall performance of the 
compressor (P = to pressure side, S = to suction side, L = leading edge, T = tip, H = hub) 
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2P long blade     2P splitter blade 

    
original long blade    original splitter blade 

   
1S long blade     1S splitter blade 

    
2S long blade     2S splitter blade 

Figure 5.24. Influence of different splitter positions on the pressure at the pressure side of the 
impeller (P = to pressure side, S = to suction side, L = leading edge, T = tip, H = hub)  
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L1S long blade     L1S splitter blade 

    
L2S long blade     L2S splitter blade 

    
T1S&H1P long blade    T1S&H1P splitter blade 

   
T2S long blade     T2S splitter blade 

Figure 5.24. Influence of different splitter positions on the pressure at the pressure side of the 
impeller (P = to pressure side, S = to suction side, L = leading edge, T = tip, H = hub) (continued) 
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5.2.3 Detailed flow field 

Figure 5.24 shows the relative Mach number distribution near the shroud of the impeller. 
For the 2P splitter, the low speed flow region becomes smaller in sub-channel I (between 
the pressure side of the long blade and the splitter) but larger in sub-channel II than the 
original splitter. This means that the secondary flow effect is weaker in sub-channel I and 
stronger in sub-channel II. The main reason is that the flow passage area is smaller in 
sub-channel I and larger in sub-channel II, so that the “solidity” is larger in sub-channel I 
and smaller in sub-channel II. The opposite phenomena can be seen in the 1S and 2S 
splitters. The secondary flows are stronger in sub-channel I and weaker in sub-channel II.  

For the L1S and L2S splitters, the secondary flow is not stronger, but weaker in sub-
channel I, especially for the L2S splitter. In sub-channel II the secondary flow is a little 
stronger. The change of the leading edge position makes the mass flow and the diffusion 
rate different in the two in sub-channels. The higher mass flow to sub-channel I and less 
diffusion rate in sub-channel I are the main reasons for the weaker secondary flow, and 
vice versa for sub-channel II. The change of the leading edge position also makes the 
incidence of the splitter a little bit greater. That is also one reason of the weaker 
secondary flow in sub-channel I and lower pressure at the leading edge of the splitter. 

5.2.4 Conclusion 

At the design mass flow rate, moving the splitter from the middle of the channel to the 
suction side of the long blade can improve the performance of the compressor. Moving 
the whole splitter 1 degree to the suction side of the long blade gets the best isentropic 
efficiency at the design mass flow rate.  

At the higher mass flow rate, moving the leading edge of the splitter can improve the 
isentropic efficiency of the compressor. However, the loading of the compressor is 
reduced. 

At the lower mass flow rate, the efficiency is not sensitive to the splitter position. 
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2P      0 

     
1S      2S 

   
L1S      L2S 

  
T1S&H1P     T2S 

Figure 5.25. Influence of different splitter positions on the relative Mach number near the shroud 
of the impeller (P = to pressure side, S = to suction side, L = leading edge, T = tip, H = hub) 
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5.3 Influence of the pinch shape of the diffuser 

Five different pinch shape configurations were tested, as shown in figure 5.26. The height 
that has been pinched out is the same as the height of tip clearance commonly applied in 
the industry, in this case, 16.7% of the blade height at impeller exit.  

 
Figure 5.26. Geometry of different pinch shapes 

5.3.1 Influence on the overall performance 

Figure 5.27 shows the overall performance of the five pinch configurations.  The straight 
line pinch gets the best efficiency of all pinches in the design and high mass flow rate. 
The concave circle pinch gets the best efficiency in the low mass flow rate. The concave 
circle pinch also gets the highest pressure rise in all mass flow rates. The diffuser without 
the pinch gets a lower total pressure rise and lower total enthalpy rise than the other four 
configurations with the pinch. The channel height of the diffuser is greater without the 
pinch, so that more diffusion is obtained. The total pressure rise is lowered. With the 
blockage effect made by the pinch, the fluid near the impeller exit can get more energy 
from the impeller. Then the total enthalpy rise will be higher with the pinch. The more 
blockage with the pinch, the more energy is transferred to the fluid. So the blockage 
effects of the pinches are from larger to smaller: straight corner, concave circle, straight 
line, protruding circle and no pinch. But at the high mass flow rate, the total enthalpy 
rises of the four pinched diffusers are about the same. The trends of the pressure rise are 
similar with the total enthalpy rise. Just the straight corner pinch gets a lower pressure 
rise than the concave circle pinch. This is because the sharp corner makes much more 
turbulence. The straight corner gets the lowest efficiency of the five configurations. 
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Figure 5.27. Influence of the different pinch shapes on the overall performance of the compressor 

5.3.2 Detailed flow field 

Figure 5.28 shows the kinetic energy of turbulence at the pinch of the diffuser. It is close 
to the pressure side of the long blade of the impeller, because in this place the high 
turbulence caused by the impeller trailing edge is the smallest. The diffuser without the 
pinch gets the lowest turbulence level. Among the diffusers with the pinch, the straight 
line gets the lowest turbulence level, while the straight corner gets the highest. The sharp 
corner of the straight corner and the protruding circle is the main reason for the high 
turbulence. Avoiding the sharp corner is the main task of manufacturing the pinch. 
Meanwhile, the high turbulence energy region of the concave circle pinch is smaller than 
that of the straight line pinch. This may be one reason for the higher efficiency of the 
concave circle at the higher mass flow rate.  
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Figure 5.28.  Influence of the different pinch shapes to the overall performance of the compressor 
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5.3.3 Conclusion 

The use of pinch can give the compressor more loads. The concave circle pinch and the 
straight line pinch get quite good performance compared to the diffuser without the pinch. 
The sharp corner of the pinch can cause high turbulence and should be avoided. 

5.4 Influence of diffuser vane shape 

Investigation on the flow at the exit of the impeller was described in chapter 5.1. It was 
found that the flow patterns vary from the hub to the shroud and from the pressure side to 
the suction side. Figure 5.29 shows the flow angles at different radius in the diffuser. 
When the flow comes in the diffuser, the flows get mixed and the difference of flow 
angles gets smaller in the circumferential direction. The flow angles are quite even in the 
circumferential direction at the radius r/r2=1.15. But the difference is still large in the 
spanwise direction. Two sets of pinch configuration are compared in figure 5.29. The 
flow angles in the pinched diffuser are smaller than those in the no pinch diffuser.  

5.30Figure  shows the circumferentially averaged flow angles versus the height from the 
hub of the diffuser at the radius r/r =1.15. In figure 5.302  the flow angles increase almost 
linearly in the pitchwise direction. At the design flow rate, the difference of the flow 
angles at the hub and shroud are about 30 degrees without pinch and 24 degrees with the 
straight line pinch. This difference is larger at the higher mass flow rate and smaller at the 
lower mass flow rate. The flow angles are about the same in the three mass flow rates at 
the shroud, but quite different at the hub. So the mass flow change influences the flow 
angle near the hub, where the main stream passes, while the secondary flow near the 
shroud gets little influence by the change of mass flow rate. Figure 5.30 also shows that 
the flow angles near the shroud with the straight line pinch are smaller than the flow 
angles at the same height of the diffuser without pinch. This means that the pinch makes 
the flow passage smaller and the fluid is somehow compressed at this place. The radial 
component of the velocity vector increases because of the smaller flow area, while the 
tangential component of the velocity vector keeps the same. Then the flow angles become 
smaller near the shroud.  

 
No pinch r/r2=1.05   Straight line pinch r/r2=1.05 

   
No pinch r/r2=1.10   Straight line pinch r/r2=1.10 

 
No pinch r/r2=1.15   Straight line pinch r/r2=1.15 

Figure 5.29. Flow angles at different radius with two pinch configurations 
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Figure 5.30. Effect of the pinch to the averaged flow angles at radius r/r2=1.15  

According to the flow angles at the hub, midspan and the shroud, three different profiles 
of the diffuser blade were designed, based on Japikse (1996). The basic profile is the 
NACA 66 series. The number of blades is 11. The solidity is 0.69 at midspan. The 
leading edge is at 1.15 times the radius of the impeller exit. The blade profiles and 
geometry are shown in figure 5.31.  

     

Figure 5.31. Geometry of twisted diffuser 

5.4.1 Calculation domain 

The whole compressor, including 9 impeller channels with splitters and 11 cascade vanes 
were modeled. Figure 5.32 (a) shows the mesh grids of the whole computational domain 
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and (b) shows the mesh grids near one diffuser vane. A quasi-steady approach is used, 
and sliding boundary condition with averaging in pitchwise direction is applied between 
the impeller and the diffuser.  

 
(a) grids of the whole compressor  (b) grids near the diffuser vanes 

Figure 5.32.Grids of the compressor with vaned diffusers 

5.4.2 Influence of the vane shape on the overall performance 

Three kinds of diffusers are compared: vaneless, LSVD, and LSTVD. Calculations have 
also been made with three mass flow rates: 85%, 100% and 110% of the design mass 
flow rate. The total to total state is from the diffuser outlet. The static to total state is 
estimated at the outlet of the volute. The pressure recovery coefficient of the volute is 
estimated as constant: 0.2, which is normal to an industrial compressor stage.  

The overall performance of different diffusers are shown in figure 5.33. For the total to 
total state, the vaneless diffuser gets a much higher pressure rise and efficiency than the 
vaned diffuser at the low mass flow rate. At the design and high mass flow rate, the 
pressure ratios are about the same, while the efficiency of the vaneless diffuser is slightly 
higher than that of the vaned diffuser. For the two vaned diffusers, the twisted diffuser is 
better than the original straight vane diffuser at all 3 mass flow rates. 

For the total to static state, the vaned diffusers are much better than that vaneless 
diffusers except that at the low mass flow rate, the pressure rise and efficiency of the 
original straight vane diffuser is lower than that of the vaneless diffuser (the reason will 
be discussed below). Twisted diffuser is advanced in all mass flow rates than the original 
straight vane diffuser. 
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Figure 5.33. Influence of different diffusers on the overall performance of the compressor 

Figure 5.34 shows the static pressure recovery coefficient plotted against radial distance 
from the rotor tip at three mass flow rates for the three diffusers. The result shows that the 
static pressure recovery of the vaneless diffuser is quite similar at the three mass flow 
rates, while for the two vaned diffusers, the best static pressure recovery is obtained at the 
design mass flow rates. The result also shows that the twisted diffuser gets a better static 
pressure recovery than the original straight vane diffuser. At the design and high mass 
flow rates, the main improvement of the twisted diffuser is at the exit of the cascades. At 
the low mass flow rate, due to the separation in the cascades, the static pressure recovery 
is lower than that of the design mass flow rate. The penalty of static pressure recovery in 
the original straight vane diffuser is more than in the twisted diffuser, just after the inlet 
of the diffuser. This is mainly because of the earlier separation in the straight vane 
diffuser, which will be proven below. This means that the twisted diffuser has a wider 
range than the original straight vane diffuser. 
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Figure 5.34. Influence of the different diffusers to the pressure recovery of the compressor 

5.4.3 Detailed flow field 

Figures 5.35 and 5.36 show the detailed flow in the two low solidity vaned diffusers at 
three mass flow rates.  

5.35Figure  shows the contours of the Mach number in the cascades. The contour lines 
are more to the radius direction in the original diffuser, and more to the tangential 
direction in the twisted diffuser. This means that the flows are more evenly distributed in 
the circumferential direction. Thus when the flows on the two sides of the blade mix 
together at the exit of the cascade, the original diffuser gets more losses since the flows 
are more different on both sides of the blade. That is the reason why the twisted diffuser 
can get a higher static pressure recovery at the cascade exit. A lower Mach number can 
also be found at the vaneless part after the cascade in the twisted diffuser. This means 
that more diffusion is achieved and more static pressure is recovered. Since the twisted 
diffuser is designed to fit the various flow angles from hub to shroud, the correct 
incidence is implied near the hub and the shroud. Less loss is achieved with the twisted 
diffuser.  

When the figure 5.35 (o) and 5.35 (r) are carefully studied, large separations near the 
suction side are found for both vaned diffusers. But the separation is a little bit later and 
the area of the separation region is smaller in the twisted diffuser than in the original 
diffuser. This results in a higher static pressure recovery in the twisted diffuser cascade at 
the 85% mass flow rate (figure 5.36). 

Figure 5.36 shows the pressure distribution in the diffusers. Unlike the Mach number 
distribution, the pressure distribution is almost the same at the hub, midspan and shroud 
in the original vane diffuser, while it varies in the twisted diffuser due to the different 
blade shapes.  

There is more pressure rise near the shroud of the twisted diffuser. 
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(a) LSVD 100% hub (b) LSVD 100% midspan (c) LSVD 100% shroud 

 
(d) LSTVD 100% hub   (e) LSTVD 100% midspan (f) LSTVD 100% shroud 

 
(g) LSVD 110% hub (h) LSVD 110% midspan (i) LSVD 110% shroud 

Figure 5.35. Mach number distribution in the diffusers with different mass flow rates 
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(j) LSTVD 110% hub (k) LSTVD 110% midspan (l) LSTVD 110% shroud 

 
(m) LSVD 85% hub  (n) LSVD 85% midspan  (o) LSVD 85% shroud 

 

 
(p) LSTVD 85% hub (q) LSTVD 85% midspan (r) LSTVD 85% shroud 

Figure 5.35. Mach number distribution in the diffusers with different mass flow rates (continued) 
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(a) LSVD 100% hub (b) LSVD 100% midspan (c) LSVD 100% shroud 

 
(d) LSTVD 100% hub (e) LSTVD 100% midspan (f) LSTVD 100% shroud 

 
(g) LSVD 110% hub (h) LSVD 110% midspan (i) LSVD 110% shroud 

Figure 5.36. Pressure distribution in the diffusers with different mass flow rates 
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(j) LSTVD 110% hub (k) LSTVD 110% midspan (l) LSTVD 110% shroud 

 
(m) LSVD 85% hub  (n) LSVD 85% midspan  (o) LSVD 85% shroud 

 
(p) LSTVD 85% hub (q) LSTVD 85% midspan (r) LSTVD 85% shroud 

Figure 5.36. Pressure distribution in the diffusers with different mass flow rates (continued) 
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5.4.4 Conclusion 

The pinch can reduce the difference of the flow angles between the hub and the shroud of 
the diffuser, but the difference of the flow angles in the spanwise direction is still large. A 
3D LSTVD was designed according to the flow angles. Comparison of the vaneless 
diffuser, the LSVD and the LSTVD was made. The two vaned diffusers are not as good 
as the vaneless diffuser when comparing the total to total performance, but they are better 
when comparing the calculated total to static performance.  

The LSTVD gets higher pressure recovery than the corresponding LSVD. Thus the 
pressure ratio and the isentropic efficiency of the LSTVD are higher than that of the 
LSVD. The separation in the LSTVD at the lower mass flow rate comes later than in the 
LSVD. This makes a wider operating range for the LSTVD than the LSVD. 
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6 Conclusions 

In this dissertation, calculation is made for the impeller and diffuser of a centrifugal 
compressor. The effect of the impeller tip clearance, splitter position in the 
circumferential direction, pinch shape and the shape of the low solidity vaned diffuser 
were studied. The overall performance of the different configurations was compared. 
Detailed flow fields were studied and the mechanism of the flow in the compressor was 
explained.  

The fluid in the compressor is not a perfect gas. In order to get a more accurate result for 
the real gas properties, a practical real gas model for a CFD calculation was carried out 
by the author.  Fourth degree polynomial equations with temperature and pressure as 
independent variables were used to calculate the other gas properties. Relative nonlinear 
least square fittings were used to get the coefficients of the polynomial equations. The 
calculation using this real gas model is as fast as that of the perfect gas model, with quite 
good accuracy. The two test cases: a supersonic nozzle of a radial turbine using toluene 
and a small centrifugal compressor in which the working fluid is perfluoropentane gas 
show good agreement of the numerical calculation to the measurement result. 

Studies of the tip clearance effect have been carried out by various researchers. Open 
wheel compressors with a small clearance are superior to the closed wheel compressor. 
For small centrifugal compressors the optimal size of the clearance is usually too small to 
be achieved. The effect of tip clearance to a small centrifugal compressor was 
investigated in this paper. The results show that as the size of tip clearance is increased, 
the pressure rise and the efficiency are decreased. The decrement is larger at the higher 
mass flow rate and lower at the lower mass flow rate. The inlet and outlet flow angles of 
the impeller are increased as the size of tip clearance increases. The detailed flow field 
shows that leaking flow across the tip clearance is the main reason that causes the 
pressure drop. The secondary flow area becomes larger and moves from the 
suction/shroud corner to the middle of the channel. The main flow is compressed to the 
pressure/hub corner and the uniformity of the flow is decreased.  

A detailed study on the leaking flow rate across the tip clearance was made, and it was 
found that the leaking rate is much more near the exit of the impeller than the inlet. A 
partial shroud near the exit of the impeller was carried out based on the above phenomena. 
The result shows that the flow field is greatly changed by the partially shrouded impeller. 
The secondary flow region becomes smaller at the exit of the impeller. Better 
performance is achieved than with the unshrouded impeller. 

The performance of the compressor is very sensitive to the circumferential positions of 
the splitter. In general, slightly moving the splitter, either entirely or the leading edge 
only, to the suction side of the long blade can improve the efficiency at the design mass 
flow rate. Moving the leading edge of the splitter to the suction side of the long blade 
decreases the input power of the compressor. At the higher mass flow rate, moving the 
leading edge of the splitter to the suction side of the long blade also results in efficiency 
increase, while moving the entire splitter to the suction side of the long blade results in 
efficiency decrease. At the lower mass flow rate the efficiency is not so sensitive to the 
position of the splitter than at the design and higher flow rate. The performance of the 
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compressor does not get benefit from changing the blade angle from the radius direction 
at the leading edge of the splitter. Detailed investigation shows that the loading 
distribution on the blade and the flow field is changed as the position of the splitter 
changed. When the entire splitter is moved to the suction side of the long blade, the 
loading on the long blade becomes higher while the loading on the splitter becomes lower, 
and the secondary flow is stronger at the suction side of the splitter and weaker at the 
pressure side of the splitter, and vice versa when the entire splitter is moved to the 
pressure side of the long blade. Moving only the leading edge of the splitter to the suction 
side of the long blade increases the loading of the long blade and decreases the loading of 
the splitter, but the secondary flow becomes stronger at the pressure side of the splitter 
and weaker at the suction side of the splitter. 

The pinch shape can influence the performance of the compressor as well as its stability. 
The numerical results show that the straight line pinch can get the best efficiency at the 
design mass flow rate, while the concave circle pinch can get the best efficiency at the 
higher mass flow rate. The straight line pinch and the no-pinch configuration get the best 
efficiency at the lower mass flow rate. The detailed flow at the pinch place shows that the 
generation and dissipation of turbulence is important for the performance. Among the 
four pinched diffusers, the straight line pinch gets the lowest kinetic energy of turbulence 
near the pinch region, while the concave circle pinch gets the smallest high turbulence 
area after the pinch, which also means fastest dissipation of the turbulence. Pinch shapes 
with sharp corners are not good for the overall performance and more turbulence is 
generated because of the sharp corner. The input power of the compressor with the 
pinched diffuser is higher than that of the unpinched diffuser. The blockage effect of the 
pinch near the exit of the impeller is the main reason for the higher input power. The use 
of pinch can also decrease the difference of the flow angle between the hub and the 
shroud, which is good for a vaned diffuser. If the pinch is at the shroud side, the averaged 
flow angle is also decreased for two reasons: the flow angle near the shroud where the 
flow was pinched out is large; the flow area becomes smaller because of the pinch, which 
makes the radial velocity higher to maintain the mass flow rate. Thus with the pinch, the 
flow leaving the impeller contains more kinetic energy, which needs to be transferred to 
the pressure rise in the diffuser and the volute.  

A three-dimensional LSTVD was designed to match the flow angles entering the diffuser. 
Calculation and comparison of the vaneless diffuser, a conventional two-dimensional 
LSVD and a LSTVD were made. The results show that vaneless diffuser is better than the 
two vaned diffusers for the total to total performance after the diffuser, but the vaned 
diffusers are better than the vaneless diffuser for the estimated stage total to static 
performance. Comparing of the two vaned diffusers, the difference of the total to total 
performance is not very great, but the LSTVD is much better in the estimated total to 
static performance than the LSVD. The pressure recovery distribution in the diffuser 
shows that the LSTVD can get more pressure recovery than the LSVD near the exit of the 
vaned diffuser. At the lower mass flow rate, the separation in the LSTVD begins later 
than in the LSVD and the area of the separation is smaller in the LSTVD. The detailed 
flow field in the diffuser shows that the flow near the suction side of the blade is 
improved in the LSTVD because of the smaller incidence. This is also one reason for the 
later separation in the LSTVD at the lower mass flow rate.  
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