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Micro-scale centrifugal compressors and compressors operating at a high altitude suf-
fer from performance deterioration due to low Reynolds numbers. An improvement in
the efficiency of a low-Reynolds-number centrifugal compressor could result in increased
technological feasibility of micro-scale gas turbines.
The deteriorated performance of a centrifugal compressor due to low Reynolds numbers is
usually accounted for in the design process with empirical correction equations published
in the literature, but the correction equations do not offer any consideration of whether
the efficiency drop can be countered somehow. In this work, the loss generation in low-
Reynolds-number centrifugal compressors is investigated theoretically and numerically,
and the results are compared to empirical correction equations. A new method, called the
hybrid method, is developed to study the boundary layers in the blade passages in closer
detail.
The results of this work indicate that the greatest increase in the Reynolds-number losses
occurs in the boundary layers near the impeller hub and diffuser surfaces. In addition
to the increased boundary layer losses, the results indicate that the tip leakage flow is
strengthened with the decreasing Reynolds number, even if the relative tip clearance is
kept constant. In order to improve the performance of low-Reynolds-number centrifugal
compressors, the boundary layer thickness should be reduced and the tip leakage flow
controlled. Passive flow control methods would be better than active ones in the micro-
scale compressors due to the less complex structure, but their performance depends on
the operating conditions.
Keywords: boundary layer, centrifugal compressor, efficiency, hybrid method, impeller,
losses
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Nomenclature
Latin alphabet
A area m2
a fraction of Reynolds-independent losses in Eqn. (2.5) –
a speed of sound m/s
b blade height m
b fraction of Reynolds-dependent losses in Eqn. (2.7) –
Bref coefficient in Eqns. (2.8) and (2.9) –
c absolute velocity m/s
c chord length m
c coefficient in Eqn. (2.6) –
Cd discharge coefficient in Eqn. (5.4) –
Cd dissipation coefficient in Eqn. (2.15) –
cf friction coefficient –
Cpr pressure recovery coefficient –
cp specific heat capacity at constant pressure J/kgK
cs blade surface length m
D diameter m
f friction factor –
GCIfine fine-grid convergence index –
h specific enthalpy J/kg
Kp total pressure loss coefficient –
MaU tip speed Mach number –
n Reynolds-number-ratio exponent in Eqns. (2.5) and (2.7) –
n rotational speed rpm
Ns specific speed –
p apparent order of convergence –
p blade pitch m
p pressure Pa
qm mass flow rate kg/s
qv volume flow rate m3/s
R specific gas constant J/kgK
r radius m
Rec chord Reynolds number –
SF scaling factor –
t tip clearance m
t∗te dimensionless trailing-edge thickness –
tte trailing-edge thickness m
U tip speed m/s
Uδ velocity at the boundary layer edge m/s
U∞ free-stream velocity m/s
w relative velocity m/s
12
Z number of blades –
Greek alphabet
α absolute flow angle ◦
β relative flow angle ◦
δ boundary layer thickness m
δ∗ dimensionless displacement thickness –
η efficiency –
µ0 work input coefficient in Eqn. (2.6) –
ν kinematic viscosity m2/s
ω angular velocity rad/s
φ flow coefficient –
ψ pressure coefficient –
Ψ∗ dimensionless energy thickness –
ρ density kg/m3
ζ loss coefficient –
Subscripts
1 impeller inlet
2 impeller outlet
3 diffuser outlet
ave average
bl boundary layer
crit critical
h hub
ref reference
r radial
s isentropic
s shroud
s static
te trailing edge
tl tip leakage
t total
u tangential
Abbreviations
DES design point
FB full blade
LE leading edge
NC near choke
NS near stall
13
PE peak efficiency point
PS pressure side
SB splitter blade
SS suction side
TE trailing edge
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1 Introduction
1.1 Background
One of the main objectives of today’s research is to develop sustainable ways to utilise the
world’s energy resources. Affordable and clean energy is set as one of the 17 sustainable
development goals by the United Nations (2015). The energy strategies of the European
Union aim at improving the energy efficiency and increasing the share of renewable en-
ergy sources to 27% by 2030 (the European Commission, 2012a) and cutting greenhouse
gas emissions by 80 − 95% from the level of 1990 by 2050 (the European Commission,
2012b). In the energy strategies for 2030 (Huttunen, 2014) and 2050 (the Parliamentary
Committee on Energy and Issues, 2014), Finland has committed to the EU targets and
aims at increasing self-sufficiency in energy to 55% and the share of renewable energy
sources to approximately 50% by 2030, as the share was around 39% already in 2016
(Official Statistics of Finland (OSF), 2017).
The targets set for reducing emissions and ensuring self-sufficiency in energy can be
achieved in a cost-effective way by improving energy efficiency (the International En-
ergy Agency, 2017). Globally, the industrial sector accounts for on average 50% of the
overall electricity consumption (Vittorini and Cipollone, 2016). In Finland, the share of
the electricity consumption of industry was 47% (40 TWh) in 2016 (Official Statistics of
Finland (OSF), 2017). Of the overall electricity consumption of the industry, compressors
alone account for 15% (Vittorini and Cipollone, 2016). Therefore, the improvement of
compressor performance plays an important role in reducing the end-use electricity de-
mand and improving the energy efficiency.
Especially small-scale centrifugal compressors have great potential for efficiency im-
provement due to their clearly low performance. The small size of a centrifugal com-
pressor (impeller outlet diameter less than 30 mm (Casey et al., 2013)) results in a low
Reynolds number, leading to a clearly lower performance than that of a larger counterpart
(Casey and Robinson, 2011). For example, a reduction of 96% in the Reynolds number
resulted in a 15 percentage points lower efficiency in a centrifugal compressor (Casey,
1985). Centrifugal compressors have been studied in the Laboratory of Fluid Dynam-
ics at Lappeenranta University of Technology since 1981, and the work presented in this
thesis continues this tradition by providing information about centrifugal compressors op-
erating at low Reynolds numbers. This work is part of the “Low-Reynolds number kinetic
compression” project funded by the Academy of Finland under grant number 274897.
An improvement in the efficiency of a centrifugal compressor operating at a low Reynolds
number could result in e.g. increased technological feasibility of micro-scale gas turbines
(Martinez et al., 2017). Micro-scale gas turbines (less than 100−1000 kW (Backman and
Kaikko, 2011)) could be a potential solution for combined heat and power applications
to increase the use of biomass, to reduce greenhouse gas emissions, and to increase self-
sufficiency in energy (Martinez et al., 2017; Visser et al., 2012) due to their flexibility
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and scalability (Durante et al., 2017). In addition to distributed energy generation, micro-
scale gas turbines have also potential in applications requiring a compact, portable power
source due to high power density (Dessornes et al., 2014; Epstein et al., 2000); e.g. in
mobile devices (Seo et al., 2017), robots (Isomura et al., 2006), and unmanned aerial
vehicles (Marcellan et al., 2016). A micro-scale centrifugal compressor could also replace
a displacement compressor in small refrigeration systems in order to achieve lower power
consumption and weight (Ro¨ytta¨ et al., 2009a).
1.2 Objectives of the study
The objectives of this study are:
1. To study loss generation in low-Reynolds-number centrifugal compressors theoret-
ically and numerically.
2. To develop a method to overcome the challenge of estimating boundary layer thick-
ness in centrifugal compressors.
3. To find out the most significant loss generation mechanisms inside the compressor
in order to reduce the losses.
4. To review the available flow control methods applicable in low-Reynolds-number
centrifugal compressors.
The first objective is considered in Publications I and II. In Publication I, the loss gener-
ation was firstly studied in the impeller of a centrifugal compressor, where low Reynolds
numbers were achieved by downscaling the compressor geometry. In Publication II,
loss generation was studied in a baseline compressor where low Reynolds numbers were
achieved by varying the altitude and inlet conditions to ensure that the Reynolds number
losses did not depend on the variation method of the Reynolds number.
When studying loss development in the compressor, a new challenge was discovered:
How to divide the losses between different causes of loss? This knowledge would en-
able finding out the most significant loss generation mechanisms inside the compres-
sor. Firstly, the challenge was encountered in Publication I with a rough estimation,
which was based on dividing the impeller outlet into subregions corresponding to differ-
ent losses. Secondly, the challenge was tried to be dealt with the loss coefficients found in
the literature. However, the results presented in Publication II indicated that the loss co-
efficients relying on an assumption of a uniform flow field and requiring a specification of
the boundary layer edge were impractical in centrifugal compressors due to complex flow
fields. As the knowledge of the boundary layer thickness inside the compressor would
bring novelty to the study of loss development with varying Reynolds numbers, the sec-
ond objective was set.
The second objective was considered in Publication III, where a hybrid method was pro-
posed for defining the free-stream velocity and calculating the boundary layer thickness
inside the blade passage of a centrifugal compressor. The first and third objectives were
considered in Publication V, where the method presented in Publication III was used to
1.3 Outline of the thesis 17
analyse the losses inside the impeller and vaneless diffuser with more a sophisticated ap-
proach than in Publications I and II. The fourth objective was considered in Publication
IV, which was a review of the state-of-the-art of active and passive flow control methods.
1.3 Outline of the thesis
The thesis is divided into six chapters.
Chapter 1 describes the background, objectives, and outline of the thesis.
Chapter 2 describes briefly previous research concerning the effect of the Reynolds num-
ber on compressor performance.
Chapter 3 presents the numerical methods used in Publications I–III and V, a mesh in-
dependence study and validation of the numerical results.
Chapter 4 concerns Publication III, explaining the development of a hybrid method.
Chapters 5 and 6 present the main findings of Publications I–V and the conclusions based
on the findings.
18 1 Introduction
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2 Literature review
A decrease in the Reynolds number increases the boundary layer thickness and friction
losses (Schlichting, 1979). With respect to centrifugal compressors, increased boundary
layer thickness and friction losses lead to deteriorated performance, i.e., lower efficiency
and pressure ratio. The decrease in the Reynolds number results from a change in the
compressor size, the operating conditions, or the medium (Casey, 1985). In this thesis,
the Reynolds number is based on the true chord length (a distance along a straight line at
mid-span from the blade leading edge to the trailing edge), relative inlet velocity and inlet
flow conditions
Rec = w1c/ν1. (2.1)
For evaluating the compressor performance, the adiabatic compression process is as-
sumed, and the total-to-total isentropic efficiency
ηs,tt =
(
pt3
pt1
) R
c¯p − 1
Tt3
Tt1
− 1 (2.2)
is used. The isentropic efficiency is a feasible definition for single-stage compressors,
whereas for multistage and high pressure ratio compressors, polytropic efficiency would
be a better definition. The difference between isentropic and polytropic efficiencies at
high pressure ratios results from the slopes of isobars in the enthalpy-entropy diagram,
increasing with increased entropy:(
dh
ds
)
p = const
= T. (2.3)
Due to the slopes of the isobars, the actual compression flow work (which can be illus-
trated as the sum of the infinitesimal isentropic enthalpy rises) is greater than the flow
work for the isentropic process (which is the same as the isentropic enthalpy rise):∑
∆hs,i > ∆hs. (2.4)
In this thesis, the relative change in efficiency is a more important parameter than the
absolute value of the efficiency. For averaging purposes, mass-averaging is used for stag-
nation properties and area-averaging for static properties, as suggested by Cumpsty and
Horlock (2006).
This chapter describes how the effect of the Reynolds number can be accounted for in
the compressor design process, as well as previous studies on the effect of the Reynolds
number on the performance of the centrifugal compressor.
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Table 2.1: Correction equations published in the literature.
Reference Equation
Old empirical formula (Wiesner, 1979) 1− η
1− ηref = a+ (1− a)
[
Reref
Re
]n
Casey (1985) ∆η = − c
µ0
∆f (2.6)
Heß and Pelz (2010) 1− η
1− ηref = (1− b) + b
(
Reref
Re
)n
(2.7)
Casey and Robinson (2011) ∆η = −Bref
fref
∆f (2.8)
Dietmann and Casey (2013) ∆η = −Bref
fref
∆f (2.9)
Pelz and Stonjek (2013) ∆η = −1− ηref
cf,ref
∆cf (2.10)
2.1 Correction equations
If the compressor size, the operating conditions, or the medium change from those of the
test conditions, the performance characteristics of the compressor must be corrected to
the appropriate Reynolds number (Casey, 1985). The effect of the Reynolds number on
the compressor performance can be accounted for relatively easily in the design process
by various correction equations.
Quoting Wiesner (1979) and Wright (1989), the earliest Reynolds number correction
equations were published by Moody (1925) and Ackeret (circa 1930 according to Mu¨hle-
mann, 1948). Later, several variations of this old empirical formula
1− η
1− ηref = a+ (1− a)
[
Reref
Re
]n
(2.5)
have been published, and in these variations the fraction of the Reynolds-number-inde-
pendent losses a ranges from 0 to 0.5, and the Reynolds-number-ratio exponent n ranges
from 0.1 to 0.5, depending on the compressor type (Casey and Robinson, 2011; Wiesner,
1979). In addition to the old empirical formula, Table 2.1 presents some of the correction
equations published in the literature and Figure 2.1 illustrates the efficiency deterioration
of an example compressor with a decreasing Reynolds number, based on the prediction
of correction equations in Table 2.1. Besides the correction equations, the critical chord
Reynolds number is normalised and sketched in Figure 2.1. Casey and Robinson (2011)
have compared the flow in a compressor blade passage to that over a flat plate or in a pipe,
and state that the compressor performance deteriorates strongly below the critical chord
Reynolds number of approximately 200,000 due to the laminar behaviour of the boundary
layers.
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Figure 2.1: Relative change in the efficiency with a varying Reynolds number, estimated
with the correction equations presented in Table 2.1. The Reynolds number was nor-
malised by the baseline Reynolds number of the example compressor.
Figure 2.1 shows that the efficiency prediction varies significantly between the correc-
tion equations. The variation in the efficiency prediction results from the differences
in the Reynolds number definition, friction factor formulation, and accounting for the
Reynolds-number-independent losses. The old empirical formula (2.5) neglects the sur-
face roughness effect and assumes that the fraction of the Reynolds-number-independent
losses a is constant. As Figure 2.1 shows, the slope of the old empirical formula depends
on the values of a and n, and the predictions of all the other correction equations fit be-
tween the extremes of the old empirical formula.
In the first version of Casey’s (1985) correction equation (2.6), a change in the friction
factor of the equivalent pipe flow due to a change in the Reynolds number causes a change
in the efficiency. Unlike the old empirical formula, Casey’s correction equation combines
both the Reynolds number and surface roughness effects in the change in the friction
factor. Casey’s correction equation has been modified in 2011 (2.8) and 2013 (2.9), and
in the latest version (2.9) a change in the flat plate friction factor causes a change in
the efficiency. In Eqn. (2.9), the term Bref refers to inefficiency due to friction losses
and fref refers to the friction factor at the reference conditions. The term Bref is based
on experimental data from over 30 compressors (Rec = 50, 000 . . . 100, 000, 000), and
depends on the flow coefficient as follows:
Bref = 0.05 +
0.002
φ+ 0.0025
(2.11)
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φ =
qv
U2D22
. (2.12)
Compared to the old empirical formula, the latest version of Casey’s correction equation
(2.9) does not take the Reynolds-number-independent losses into account as a constant
fraction but as a constant amount, because the fraction is not constant with a changing
Reynolds number. The correction equation of Heß and Pelz (2.7) relates the change in
efficiency to the Reynolds-dependent loss fraction b, which is a function of the flow coef-
ficient. However, similarly to the old empirical formula, the correction equation of Heß
and Pelz (2.7) neglects the effect of surface roughness. In the correction equation of Pelz
and Stonjek (2.10), Reynolds-number-independent losses are not accounted for at all.
Therefore, the correction equation of Pelz and Stonjek takes only frictional losses into
account. In addition to frictional losses, also the Reynolds-number-independent shock,
mixing, leaving, secondary kinetic energy, and tip clearance losses should be accounted
for (Dietmann and Casey, 2013).
In addition to the correction equations presented in Table 2.1, the standards for compressor
test procedures suggest correction equations to estimate the effect of the Reynolds num-
ber. Because the loss generation in low-Reynolds-number compressors is not well known
yet, the efficiency correction equations should be used carefully. It should be noted that
the correction equation presented in the standard ASME PTC 10 (1997) does not divide
the losses into Reynolds-number-dependent and Reynolds-number-independent losses,
and the correction equation in the standard ISO 5389 (2005) is a modification of the old
empirical formula.
As indicated in this chapter, there is a wide variation between the efficiency predictions
based on different Reynolds-number correction equations, and there is no agreement on
the most suitable correction equation. Therefore, the most suitable correction equation is
suggested below, based on the trends of numerical results accounting for the theoretical
background of the correction equations presented in this chapter.
To validate the numerical results in full detail, experimental data of the flow fields inside
a low-Reynolds-number compressor should be available for comparison to the flow fields
inside a high-Reynolds-number compressor. Because the correction equations are based
on experimental data, the numerical results are compared against the correction equations,
and the correction equations are used to validate the trends of the numerical results in this
thesis.
2.2 Studies on the effect of the Reynolds number
Even though the correction equations are based on empirical data, there is a limited num-
ber of experimental Reynolds number studies published in the literature. The most recent
ones are summarised in Table 2.2. In the studies presented in Table 2.2, the Reynolds
number is varied by changing the inlet conditions of the compressor. However, different
definitions for the Reynolds number complicate the comparison of the results. The defi-
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nition of the Reynolds number used by Zheng et al. (2013) is based on the impeller inlet
tip diameter,
ReD1 =
U1D1
ν1
, (2.13)
whereas the definition used by Schleer and Abhari (2005) is based on the blade height at
the impeller outlet
Reb2 =
U2b2
ν1
. (2.14)
Based on the order of magnitude of velocity components (w1 ≈ U1 ≈ 0.5U2) and geo-
metrical dimensions (c ≈ D1 ≈ 10b2), the following approximations are used in order to
compare the cases in Table 2.2: Rec ∼ ReD1 and Rec ∼ 5Reb2.
Usually the design of a small-scale compressor is based on a downscaled version of a
larger compressor for which the design was originally developed, and tests are conducted.
Then, the performance deterioration of the downscaled compressor is estimated with the
performance deterioration of the correction equations. However, the weakness of the cor-
rection equations is that they only account for the decrease in performance, but do not
offer any consideration of whether the efficiency drop can be countered somehow in the
design process.
When the chord Reynolds number is well above the critical one (200,000), the compressor
performance does not change with the decreasing Reynolds number (Smith et al., 2015;
Schleer and Abhari, 2005). In the studies of Zheng et al. (2013) and Choi et al. (2008), the
Reynolds number was close to the critical one, and therefore a decrease in performance
was observable. However, the numerical results of Zheng et al. (ibid.) overestimated the
performance, and the predicted trend differed from the measured one.
The maximum total-to-static isentropic efficiency for a centrifugal compressor with a
smooth surface, without Reynolds-number losses, and with a maximum vaned diffuser
pressure recovery of 0.78 is around 84–86% (Rodgers, 1980), and small-scale centrifugal
compressors operating with air as a medium and at low Reynolds numbers have 10–20
percentage points lower efficiency (Celeroton, 2018; FISCHER Engineering Solutions
AG, 2017; Isomura et al., 2006; Kang et al., 2003).
To conclude, a few experimental studies on the effect of the Reynolds number have been
published, but the results have not been compared to the predictions of the correction
equations.
2.3 Analysis of boundary layer thickness
In order to find whether the efficiency drop can be countered in the design process of low-
Reynolds-number centrifugal compressors, the loss development in centrifugal compres-
sors with reducing Reynolds numbers must be studied. Traditionally, the loss develop-
ment in centrifugal compressors has been based on loss correlations built on experimental
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Table 2.2: Experimental studies on the effect of the Reynolds number.
Reference Reynolds Number Change in Performance
Smith et al. (2015) Rec = w1c/ν1 680, 000 − 840, 000 No change
Zheng et al. (2013) ReD1 = U1D1/ν1 296, 000 − 986, 000 6.9% decrease in ηs,tt
Choi et al. (2008) Rec = w1c/ν1 24, 000 − 244, 000 Increased losses
Schleer and Abhari (2005) Reb2 = U2b2/ν1 160, 000 − 530, 000 0.5% decrease in ∆pts
data. For example, the losses in the blade cascade boundary layers are estimated with
different loss coefficients (Denton, 1993; Prust Jr., 1973), which rely on the assumption
of a uniform flow field between the blades.
The boundary layer entropy loss coefficient of Denton (1993)
ζbl = 2
∑ cs
p cos β1
1∫
0
Cd
(
w
w1
)3
d
(
x
cs
)
(2.15)
integrates entropy increase at one spanwise location over the blade surface in the merid-
ional direction and sums the loss generation on both surfaces. The dissipation coefficient
Cd is 0.002 as suggested by Denton (ibid.), the relative flow angle β1 is defined from the
axial direction, and the relative velocity w is defined at the edge of the boundary layer.
The boundary layer kinetic energy loss coefficient of Prust Jr. (1973)
ζbl =
Ψ∗te
1− δ∗te − t∗te
(2.16)
integrates the kinetic energy loss at one meridional location over the blade passage in
the pitchwise direction. The dimensionless energy, displacement, and trailing-edge thick-
nesses are defined as
Ψ∗te =
1∫
0
[
1−
(
w
U∞
)2](
ρw
ρ∞U∞
)
d
(
y
p
)
(2.17)
δ∗te = 1− t∗te −
1∫
0
(
ρw
ρ∞U∞
)
d
(
y
p
)
(2.18)
t∗te =
tte
p cos βte
. (2.19)
The density ratio ρ/ρ∞ ≈ 1 is assumed here, and according to the numerical results of
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Figure 2.2: Schematic presentation of the pitchwise idealised symmetrical and typical
velocity profiles of a centrifugal compressor.
this work, the assumption seems to be valid. The relative flow angle βte is defined from
the radial direction.
The challenge in the use of these loss coefficients is that knowledge of the relative ve-
locity at the boundary layer edge is required, or the symmetrical flow field in the blade
passage should be assumed. Analysis of the boundary layer thickness in the centrifugal
compressor blade passages is difficult, as specification of the free-stream velocity is not
as straightforward as in cases of flat plates or stationary blade cascades, due to the highly
non-uniform flow field resulting from the jet-wake flow structure, as illustrated in Figure
2.2. In addition, the boundary layer development is not 2-dimensional in the centrifugal
compressor due to the complex flow field resulting from the 3-dimensional effects.
Thus, free-stream velocity cannot be calculated with the same method as in the case of
low-speed turbine cascades (Harrison, 1990; Lynch and Thole, 2016), compressor cas-
cades (Weber et al., 2002), or one-dimensional centrifugal compressor simulation (Klaus-
ner and Gampe, 2014). In low-speed turbine cascades (Harrison, 1990), the assumption
of incompressible flow made it possible to calculate local free-stream velocities from the
inlet stagnation pressure and blade surface pressure. Due to the compressibility effects
and a complex flow field even at the mid-span, this method is not well-suited for centrifu-
gal compressors. Alternatively, free-stream velocity at the blade throat in one-dimensional
centrifugal compressor simulation (Klausner and Gampe, 2014) was defined as an average
of the blade inlet relative velocity and critical speed at the throat in order to calculate the
boundary layer blockage. However, the present study concentrates on three-dimensional
centrifugal compressor simulation, where the aim is to calculate the boundary layer thick-
nesses on the blade and endwall surfaces.
A more symmetrical total pressure distribution of the axial compressor (Weber et al.,
2002) compared to that of centrifugal ones makes the definition of free-stream velocity
more straightforward. Near the axial turbine endwalls, Lynch and Thole (2016) measured
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the velocity profile in the spanwise direction and used the exact measured velocity at a
corresponding spanwise location as free-stream velocity. This method works in blade cas-
cades with a uniform flow field in the spanwise direction (Hergt et al., 2006), and to some
extent, this might work if the boundary layers on the endwalls of a centrifugal compres-
sor were studied, but not in the case of the blade boundary layers, due to a jet-wake flow
structure. Choi et al. (2008) conclude that free-stream velocity cannot be defined in blade
passages, and avoid the problem in an axial compressor by defining the boundary layer as
a location from the blade surface where the velocity gradient between two adjacent data
points is less than one percent.
Without being able to define the edge of a boundary layer on the blade surface or the end-
wall reliably, the post-processing of modelling results and comparison between different
loss sources becomes user-dependent. This dependency generates challenges in a reliable
comparison of different studies; e.g. in the literature (Bousquet et al., 2014; Zheng et al.,
2013), conclusions about the boundary layer thicknesses in radial turbomachinery have
been drawn from numerical results, even though the method for calculating the boundary
layer thickness remains unclear to the reader. For example, Bousquet et al. (2014) seem to
estimate the boundary layer thickness on the blade suction side based on the axial velocity
distribution at the location of 2 mm downstream from the blade leading edge. Zheng et al.
(2013) conclude that at the 16% lower Reynolds number, the boundary layer thickness
increased mostly near the full blade leading edge, the increment being equal on both sides
of the blade. Near the splitter blade and trailing edges, the increase in the boundary layer
thickness was relatively small.
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Figure 3.1: Compressor geometries (not to scale).
3 Methods and numerical model
The effect of the Reynolds number was studied numerically in two centrifugal compres-
sors; one with splitter blades and the other without them (Figure 3.1). Both compressors
were unshrouded and included a vaneless diffuser. The compressor with splitter blades
was studied experimentally and numerically at Lappeenranta University of Technology, in
Finland (Jaatinen-Va¨rri et al., 2013a) and the compressor without splitter blades is the test
case Radiver, in which the measurements were carried out at the Institute of Jet Propulsion
and Turbomachinery at RWTH Aachen, Germany, and part of the research was funded by
the Deutsche Forschungsgemeinschaft (DFG) (Ziegler et al., 2003). The compressor with
splitter blades was studied at the design point (total-to-total pressure ratio around 1.8)
and the compressor without splitter blades at the peak efficiency point at a reduced speed
n/nDES = 0.8 (total-to-total pressure ratio around 2.5). Details of the compressor geome-
tries and important dimensionless performance parameters at the design/peak efficiency
point are shown in Table 3.1.
Both compressors were modelled at three different operating points (Table 3.2); the one
with splitter blades at the design operating point, near choke and near stall, and the one
without splitter blades at the peak efficiency point, near choke and near stall. The operat-
ing points near stall and choke were chosen by comparing the measured operating maps
and typical values used in the literature (Shahin et al., 2017; Weber et al., 2016; Bousquet
et al., 2014, 2013; Ding et al., 2013; Yang et al., 2012; Xu et al., 2011; Ro¨ytta¨ et al.,
2009b). The near stall point does not represent the real stall point, but is the point at a low
flow rate that converges stably when modelled.
The modelled operating points are shown in Figure 3.2. All the compressor performance
curves were provided by Jaatinen-Va¨rri et al. (2013b) for the compressor with splitter
blades and by Ziegler et al. (2003) for the compressor without splitter blades. These three
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Table 3.1: Technical data of the compressors.
With Without
splitter splitter
blades blades
Number of blades 7 + 7 15
Relative blade height ( b2
D2
) 0.058 0.041
Relative tip clearance ( t
b2
) 0.052 0.045
Chord Reynolds number (Rec,ref = w1cν1 ) 17 · 105 16 · 105
Flow coefficient (φ = qv
U2D22
) 0.065 0.051
Pressure coefficient (ψ = ∆hs
U22
) 0.520 0.450
Specific speed (Ns =
ω
√
qv
∆h0.75s
) 0.830 0.830
Tip speed Mach number (MaU = U2a1 ) 0.920 1.170
Table 3.2: Modelled operating points.
With splitter blades qm/qm,DES n/nDES
Near stall 0.6 1.0
At the design point 1.0 1.0
Near choke 1.3 1.0
Without splitter blades qm/qm,PE n/nDES
Near stall 0.8 0.8
At the design point 1.0 0.8
Near choke 1.2 0.8
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Figure 3.2: Dimensionless compressor map.
operating conditions at the baseline Reynolds number (Rec,ref in Table 3.1) are used in
order to validate the numerical results against experimental data. In addition, they are
used to illustrate the difference between changing the Reynolds number and changing the
operating point.
In addition to the three operating conditions at the baseline Reynolds number Rec,ref , the
effect of a varying Reynolds number was studied. In Publications I and V, the Reynolds
number was varied by changing the compressor size, and in Publication II by chang-
ing the compressor inlet conditions. When changing the compressor size, all geometric
dimensions of the compressor were scaled with the same scaling factor as the impeller
outlet diameter
SF =
D2,scaled
D2,baseline
. (3.1)
Also, the same ideal gas properties of air were used for the downscaled compressors as
for the baseline compressor. All the dimensionless numbers (flow coefficient φ, pressure
coefficient ψ, and impeller tip speed Mach number MaU) were kept constant, except for
the Reynolds number, which decreased as the compressor was downscaled. The studied
chord Reynolds number varied from 1,700,000 to 80,000, with the scaling factor varying
from 1 to 0.05. The downscaled compressors were modelled at the design/peak efficiency
points.
When changing the inlet conditions of the compressor, the flow coefficient and impeller
tip speed Mach number were kept constant, while the inlet pressure and temperature were
decreased based on the properties of the standard atmosphere. To keep the compressor
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Figure 3.3: Computational domains.
operating point the same at the low chord Reynolds number of 60,000 (25 km above sea
level) as at the high Reynolds number (sea level), the rotational speed and volume flow
rate were decreased with respect to the change in the inlet temperature.
The commercial software ANSYS CFX 16.0/17.0 was used for steady-state numerical
calculations. As rotational periodicity was assumed, the volute was neglected and the
computational domain reached from the inlet section to downstream of the diffuser out-
let. Due to the simplified geometry and neglect of the volute, asymmetric effects from
the volute were also neglected. However, this study concentrated in more detail on the
design operating condition in which the asymmetric effects are not as important as in the
off-design operating conditions. The computational domains are shown in Figure 3.3.
The frozen rotor approach was used to model the transition between the rotating and sta-
tionary domains. A similar approach was used in the compressor modelling by Turunen-
Saaresti et al. (2006). An alternative approach to steady-state interface modelling is a
mixing plane approach in which the fluxes are circumferentially averaged. The mixing
plane approach is generally used for cases with strong interaction between e.g. an im-
peller and vaned diffuser. However, in this study the diffuser is vaneless and therefore,
the interaction with the impeller is weak compared to a vaned diffuser. According to the
study of Liu and Hill (2000), the frozen rotor and mixing plane approaches gave similar
results, when modelling a turbo compressor with a vaneless diffuser. In this thesis, the
location of the interface between the rotating and stationary domains was 1.01r2 in the
compressor with splitter blades and 1.03r2 in the compressor without splitter blades. For
a comparison, Gibson et al. (2017) located the interface at 1.02r2.
The total pressure and total temperature were specified at the inlet boundary, and the mass
flow rate at the outlet boundary, similarly as specified by Guo et al. (2007) and Smirnov
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et al. (2007). The solid wall surfaces were modelled with adiabatic and no-slip conditions.
Turbulence was modelled by using the two-equation k − ω Shear Stress Transport (SST)
model. The model is widely used and has been validated for turbomachinery applications
(Menter, 2009). Recently, Gibson et al. (2017) used the test case Radiver to demonstrate
the differences between five turbulence models. They conclude that the k−ω SST model
is reasonably robust to predict the basic local flow phenomena in the centrifugal compres-
sor. The values of the non-dimensional wall distance were below unity on most of the
surfaces, with the most challenging region for meshing being the stagnation point at the
blade leading edge. At the inlet of the computational domain, the turbulence intensity of
5% was specified similarly as by Smirnov et al. (2007).
The target values for numerical convergence were the efficiency and mass imbalance be-
tween the inlet and outlet. Convergence was achieved when the change in the target values
was below 0.1% and the change in the normalised residuals of energy, mass, momentum,
and turbulence parameters was stabilised.
3.1 Mesh independence study
For the mesh independence study, three structured meshes with 0.8, 1.9, and 4.3 million
computational cells were used for the compressor with splitter blades, and three meshes
with 0.7, 1.7, and 3.8 million cells for the compressor without splitter blades. As a result
of the mesh independence study (Figure 3.4), the meshes with 1.9 and 1.7 million cells
were chosen for the compressors with and without splitter blades, respectively (Figure
3.5). The target values regarding mesh independence were the total-to-total isentropic
efficiency and total-to-total pressure ratio between the computational domain inlet and
diffuser outlet. The meshes of the baseline compressors were scaled for the downscaled
compressors, i.e. so that they had the same number of cells in both the baseline and the
downscaled cases.
To reduce the discretisation error, the mesh was made denser in the areas of larger gradi-
ents, and the high resolution discretisation scheme was used. The discretisation error was
estimated by using the procedure presented by Celik et al. (2008). The estimated discreti-
sation error; i.e. the fine-grid convergence index GCIfine is shown with error bars in Figure
3.4, which presents the results of the mesh independence study for the compressors with
splitter blades (top) and without splitter blades (bottom). The fine-grid convergence index
with the apparent order of convergence p is shown in Table 3.3.
The apparent order of convergence is proportional to the order of the discretisation scheme,
and according to the ASME standard (Coleman, 2009), the apparent order of convergence
should be limited to value of two referring to the high resolution discretisation scheme.
For the fine-grid convergence index presented in Figure 3.4, the apparent order of conver-
gence p is limited to two, but the obtained values are shown in Table 3.3. If the apparent
order of convergence were not limited to two, the discretisation error would be under-
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Figure 3.4: Mesh independence of the compressors with splitter blades (upper) and with-
out splitter blades (lower). The bars present the discretisation error.
Figure 3.5: Structured meshes of the compressors with and without splitter blades with
1.9 and 1.7 million cells, respectively.
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Table 3.3: Discretisation error presented with the fine-grid convergence index GCIfine (in
the calculation, p limited to 2) and apparent order of convergence p.
ηs,tt pitt
GCIfine p GCIfine p
With splitter blades 0.66% 4.13 0.18% 7.84
Without splitter blades 1.17% 8.22 1.03% 7.26
estimated. The obtained values of p differ from the high-resolution scheme value of two
because the observed values of efficiency and pressure ratio are very close to each other
between the two finest meshes, and therefore the procedure for the calculation of p does
not work properly (Celik et al., 2008).
3.2 Validation against experimental data
The numerical results for the baseline, non-scaled compressors were compared to the
experimental results. The computational and measured total-to-total pressure ratios and
efficiencies are shown as functions of the normalised mass flow rate in Figure 3.6. The
efficiency and pressure ratio were normalised by the measured value at the design/peak
efficiency point, and the mass flow rate was normalised by the design/peak efficiency
mass flow rate. For computational results, the discretisation error is presented in Figure
3.6.
The validation of the numerical model shows an over-prediction of the efficiency and
pressure ratio in both cases, but still the trend is captured. It must be noted that the
computational efficiency and pressure ratio were calculated between the computational
domain inlet and diffuser outlet, whereas the measurements were conducted between the
compressor inlet and outlet for both compressors. Therefore, the computational results
do not account for the pressure loss in the volute or in the exit cone, which can be seen as
part of the difference between the computational and measured values. For the test case
Radiver (the compressor without splitter blades), the data at the vaneless diffuser outlet
is not available, because the probe measurement conducted only at one circumferential
position does not represent the averaged flow at the diffuser outlet due to the asymmetric
effects from the downstream compressor housing (Ziegler, 2003).
To give an estimation of the additional losses due to the volute and exit cone, the experi-
mental results of Hagelstein et al. (2000) for the total pressure loss coefficient of 0.4−0.85
were used in the compressors studied in this work. This estimation resulted in 1.5−6% of
additional losses in the total-to-total pressure ratio and total-to-total isentropic efficiency
due to the volute and the exit cone. The measured total pressure drop of approximately 6
kPa (total pressure loss coefficient of approximately 0.5) in the compressor with splitter
blades at the design point resulted in 4% of additional losses, which is of the same order
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Figure 3.6: Validation of computational results of pressure ratio (upper) and efficiency
(lower) against experimental data.
of magnitude as the losses presented by Hagelstein et al. (2000).
The losses due to disk friction, leakage flow through the backside cavity, or surface rough-
ness were also neglected in the computational model. According to Sun et al. (2009),
leakage through the backside cavity can be responsible for approximately 1% of addi-
tional losses in the pressure ratio and efficiency. Part of the difference between the com-
putational and measured results was also due to the weakness of the two-equation models
in predicting all the losses in a complex flow field of the centrifugal compressor (Wilcox,
1994).
Despite the over-prediction of the efficiency and the pressure ratio, the computational
model predicted the area-averaged values of the absolute velocity, relative velocity and
flow angle well. These parameters from the computational model are compared to the
measured ones in Figure 3.7. The relative differences between the area-averaged mea-
sured and modelled values of the absolute velocity, relative velocity and flow angle (from
the radial direction) in the compressor without splitter blades at r/r2 = 0.99 were -2.5%,
-1.7% and +1.0%, respectively. A similar numerical approach as used in this thesis was
used by Bareiß et al. (2015), and the comparison of their numerical results against the
experimental ones showed that the model over-predicted the total-to-total pressure ratio
by 7.4% and the total-to-total isentropic efficiency by 8.9% at the design point, the values
being similar as in this thesis.
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Figure 3.7: Validation of computational results of normalised absolute velocity, nor-
malised relative velocity, and flow angle (from the radial direction) in the compressor
without splitter blades at r/r2 = 0.99 against experimental data.
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4 Development of the hybrid method
Getting detailed information about the loss development with the decreasing Reynolds
number requires knowledge about the boundary layer losses near the blade surfaces and
endwalls, losses associated with the tip clearance, and secondary losses concentrated in
the wake.
The differentiation of losses originating from different causes is challenging in centrifugal
compressors, but in many compressors the blade boundary layer, endwall boundary layer
and tip leakage losses are of the same order of magnitude (Denton, 1993). Despite the
complexity, the differentiation of losses would bring novelty to the low-Reynolds-number
studies, as it would give information about the most potential loss development mecha-
nisms to be reduced in the compressor in order to improve its performance.
In the beginning of this study, the loss differentiation was based on a qualitative approach
for separating different loss development mechanisms from each other. The impeller out-
let area was divided into smaller subregions, which roughly covered the tip clearance,
blade and hub boundary layers, and the wake (Publications I and II). The idea about the
subregions arose from the study of Biester et al. (2013), where the entropy generation due
to labyrinth leakage in the axial turbine was integrated in small subregions separated from
each other in the computational domain. The increase in the specific entropy from the im-
peller inlet to the subregions at the impeller outlet was calculated, and conclusions about
the fraction of separate losses from the total losses were drawn. However, this method
suffered from a lack of the knowledge about the location of the boundary layer edge.
The method based on subregions was used in Publications I and II, and the subregions
were defined as follows:
1. Losses associated with the tip clearance: rectangular plane in the tip clearance
2. Losses concentrated in the wake: area of low meridional velocity
3. Boundary layer losses: area of low meridional velocity near the blade and hub
surfaces (wake area excluded from the impeller outlet area)
The definition of the wake as a low-meridional-velocity area on the blade suction side
(cm/U2 ≤ 0.2) was similar to that in the study of Eckardt (1976). As the specification of
the boundary layer edge in a highly non-uniform flow field is challenging, the boundary
layers were separated from the low-meridional-velocity area (cm/U2 ≤ 0.2) at the im-
peller outlet by excluding the wake area. The definitions presented above led to a rough
estimation of the loss distribution, which anyway indicates somehow the fraction of sep-
arate losses that are difficult to distinguish from each others due to cross-coupling.
To analyse the amount of losses developed by different mechanisms, the change in the
specific entropy was used as a measure of losses, as the change of entropy determines the
performance of an adiabatic turbomachine (Denton, 1993). The results obtained with this
method indicated that in the low-Reynolds-number compressor, the tip leakage and blade
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boundary layer losses increase relatively more than the hub boundary layer losses or the
secondary losses concentrated in the wake.
After the method based on subregions, the applicability of the loss coefficients was stud-
ied in the highly non-uniform centrifugal compressor flow field. The loss coefficients of
Denton (1993) and Prust Jr. (1973) were chosen for this study. The results presented in
Publication II indicate that the loss coefficients cannot be utilised in centrifugal compres-
sors because they are developed for uniform flow fields between the blades and are highly
sensitive to the value of velocity at the boundary layer edge. When even the calculation of
the boundary layer thickness in the centrifugal compressor blade passage is difficult, the
value of velocity at the boundary layer edge results in uncertainty in the loss coefficients.
As the loss coefficients failed to predict the losses in a complex flow field, and because of
the lack of a unified definition of free-stream velocity in the blade passage of a centrifu-
gal compressor, a method for calculating the boundary layer thickness in the centrifugal
compressor was developed in Publication III. During the development of the method,
different free-stream velocity definitions were compared and their effect on the boundary
layer thickness were demonstrated. The demonstration indicated that the most promis-
ing free-stream velocity definition is similar to what Choi et al. (2008) used in an axial
compressor study; the velocity gradient on a data line normal to the surface under investi-
gation is calculated, and the boundary layer thickness is the distance between the surface
and the location where the velocity is 99.5% of the velocity of the adjacent data point:
dU
dn
= 0.005 (4.1)
⇒ Un−1 = 0.995Un. (4.2)
Hence, the free-stream velocity equals the velocity of the data point next to the boundary
layer edge and varies along the meridional location U∞ = Un.
In a complex centrifugal compressor flow field, the advantage of this definition of free-
stream velocity is that it captures the boundary layer edge between the blade surface
and the wake, but a weakness is that it does not capture the boundary layer separation.
Therefore, another definition was developed for separated flow:
Uδ = 0.995U∞,ave (4.3)
U∞,ave =
1
N
N∑
1
Un, (4.4)
where Un is evaluated based on an assumption of attached flow.
The combination of these two free-stream velocity definitions resulted in the hybrid method,
which is able to capture both the boundary layer separation and the boundary layer edge
lying between the blade surface and the wake in the complex flow field. A schematic
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Figure 4.1: Schematic presentation of the hybrid method. Left: comparison to the pitch-
wise idealised symmetrical velocity profile. Middle: hybrid method for attached flow
calculated with Eqn. (4.1). Right: hybrid method for separated flow calculated with Eqn.
(4.3).
presentation of the hybrid method is shown in Figure 4.1, and the iterative calculation
procedure for an arbitrary number of meridional locations specified by the user is as fol-
lows:
1. The flow is assumed attached: the free-stream velocity and boundary layer thick-
ness are calculated by using Eqn. (4.1).
2. The average value for the free-stream velocity is calculated by using Eqn. (4.4).
3. The velocity profile is plotted and flow separation on the blade suction side near the
leading edge is analysed qualitatively from the plot by the user.
4. The locations of flow separation are specified by the user.
5. The free-stream velocity and boundary layer thickness are calculated for the sepa-
rated flow by using Eqn. (4.3).
The hybrid method enables also the calculation of the loss coefficients. However, the
results in Publication III indicate that when the loss coefficients are based on the velocity
ratio (Denton, 1993; Prust Jr., 1973), they cannot be used to compare different operating
conditions resulting from a change in the mass flow rate. As the velocity ratio in Eqns.
(2.15) and (2.16) dominates the value of the loss coefficients, the loss coefficients are
incorrectly reduced at off-design operating conditions.
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5 Loss generation in low-Reynolds-number centrifugal
compressors
This chapter presents the main findings of Publications I–V. The main findings are based
on a comparison between the baseline chord Reynolds number
(Rec,ref = 1, 600, 000/1, 700, 000) and the 90 − 96% lower chord Reynolds numbers
(Rec = 60, 000 . . . 170, 000) which are below the critical chord Reynolds number (Recrit)
of 200, 000.
In Publications I and II, the loss generation study was restricted to the impeller, and
the loss generation mechanisms were divided into boundary layer losses, losses asso-
ciated with the tip clearance, and losses concentrated in the wake. As the estimation
of the boundary layer losses became more sophisticated by means of the hybrid method
(Publication III and Chapter 4), the loss generation mechanisms under investigation were
the boundary layer losses and the losses associated with the tip clearance in Publication
V, in which both the impeller and vaneless diffuser were studied.
In addition to the boundary layer and tip clearance losses, the performance deterioration
due to the low Reynolds numbers was analysed by means of blockage, blade loading,
total pressure loss coefficient, pressure recovery coefficient, and total-to-total isentropic
efficiency.
5.1 Boundary layer losses
The hybrid method enables the analysis of the boundary layer thickness distribution near
the blade and endwall surfaces of the centrifugal compressor. The blade and endwall
boundary layer thicknesses were calculated at the chosen locations along the meridional
direction shown in Figures 5.1 and 5.2. In the impeller, a decrease in relative velocity
causes boundary layer growth (Denton, 1993). Therefore, to calculate the blade boundary
layer thickness, relative velocity values of 10,000 evenly distributed data points in the
pitchwise direction were analysed at the mid-span in order to exclude the effect of the
endwall boundary layers.
The number of data points was based on the sensitivity analysis presented in Publication
III, and it corresponds to approximately 140 data points per millimeter in the compressor
with splitter blades, and 180 data points per millimeter in the compressor without splitter
blades at the impeller trailing edge. As stated in Publication III, the sensitivity of the
hybrid method to the number of data points would not require as many data points for
the analysis of the blade boundary layer thickness as used in this study, but due to the
small increase in the boundary layer thickness with the decreasing number of data points,
the number of data points of 10,000 was selected. However, the decrease in the calcu-
lated blade boundary layer thickness was only 0.5 mm maximum when the number of
data points was increased from 9 to 180 per millimeter on the blade suction side of the
compressor without splitter blades. The blade boundary layers occupy approximately 3%
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Figure 5.1: Observation planes of the blade boundary layer thickness along the meridional
direction from the full blade (FB) leading edge (LE) to the trailing edge (TE).
of the passage width in the baseline case at the impeller trailing edge (passage width at
the impeller trailing edge is approximately 74 mm in the baseline compressor with splitter
blades and 58 mm in the baseline compressor without splitter blades).
According to the sensitivity analysis, the hybrid method was less sensitive to the number
of data points in the spanwise direction than in the pitchwise direction. Therefore, relative
velocity values of 160 evenly distributed data points in the impeller, and absolute velocity
values of 100 evenly distributed data points in the diffuser were analysed. The velocity
values were averaged in the pitchwise direction based on ten investigated locations, and
the endwall boundary layer thickness was calculated from the spanwise distribution. The
number of data points corresponded to approximately 5–15 points per millimeter at the
impeller trailing edge, depending on the compressor. Especially in the diffuser, the sen-
sitivity analysis and comparison of the calculated endwall boundary layer thicknesses to
the velocity contours and distributions indicated that less data points were required due
to the thicker endwall boundary layer thickness and more uniform velocity distribution,
compared to the impeller.
To compare the blade and endwall boundary layer thicknesses between the baseline and
low-Reynolds-number cases, an average of the relative change in the boundary layer
thicknesses at different locations along the meridional direction was calculated, and to
compare the blade boundary layer thicknesses, they were summed (δFBPS + δFBSS +
δSBPS + δSBSS) and normalised via the pitchwise length of the modelled compressor blade
passage at the impeller outlet. The relative increase in the average blade and endwall
boundary layer thicknesses with the decreasing Reynolds number are shown in Table 5.1,
in which the decrease in the Reynolds numbers of 90% and 95% corresponds to the cases
in which the Reynolds number was varied by downscaling the baseline compressor geom-
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Figure 5.2: Observation planes of the endwall boundary layer thickness along the merid-
ional direction from the impeller inlet (0.0) to the diffuser outlet (1.0).
Table 5.1: Relative increase on the average blade and endwall boundary layer thicknesses
with the decreasing chord Reynolds number compared to the case with the baseline chord
Reynolds number.
∆Re/Rec,ref
With splitter blades −90% −92% −95% −96%
Blade surfaces +22% +30% +36% +50%
Endwall average +42% +55% +62% +75%
Impeller average +30% +50% +54% +57%
Impeller shroud +34% +50% +54% +57%
Impeller hub +26% +50% +54% +57%
Diffuser average +54% +60% +69% +92%
Diffuser shroud +17% +23% +29% +42%
Diffuser hub +91% +97% +108% +142%
Without splitter blades −90% −92% −95% −96%
Blade surfaces +19% +26% +30% +40%
Endwall average +35% +38% +45% +49%
Impeller average +24% +26% +35% +41%
Impeller shroud +15% +14% +21% +22%
Impeller hub +33% +38% +48% +60%
Diffuser average +45% +49% +55% +57%
Diffuser shroud +57% +59% +59% +59%
Diffuser hub +33% +39% +50% +55%
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etry with the scaling factors of 0.1 and 0.05, respectively. The decrease in the Reynolds
numbers of 92% and 96% correspond to the cases in which the Reynolds number was
varied by changing the compressor inlet conditions referring to the altitudes of 20,000 m
and 25,000 m above the sea level, respectively.
Comparison of the results in Table 5.1 indicates on average greater thickening of the
boundary layer near the endwalls than near the blade surfaces. In both compressors, the
boundary layer thickness increased on average more in the diffuser than in the impeller.
The greater thickening of the boundary layer near the impeller hub than that near the blade
surfaces might result from the secondary flow which shifts the low-momentum fluid to-
wards the impeller hub and further along the blade surfaces to the wake located in the
shroud suction side corner of the blade passage (Eckardt, 1976). In the diffuser, the low-
momentum fluid from the boundary layers is not shifted to the wake as it is in the impeller,
resulting in greater thickening of the boundary layers.
A more detailed study of the relative increase in the boundary layer thickness indicated
that the endwall boundary layer thickness increased more at the impeller hub than at the
impeller shroud in the compressor without splitter blades, whereas in the compressor with
splitter blades, the increase was almost equal at the impeller hub and shroud. The reason
for the greater increase of the boundary layer thickness at the impeller shroud in the com-
pressor with splitter blades might be a larger relative tip clearance than in the compressor
without splitter blades.
The results in Table 5.1 indicate on average that the diffuser hub boundary layer thickness
doubles with the decreasing Reynolds number in the compressor with splitter blades. The
thickening of the diffuser hub boundary layer at low Reynolds numbers is illustrated in
Figure 5.3, which presents the velocity distribution at the diffuser outlet (r3/r2 = 1.68) of
the compressor with splitter blades. At low Reynolds numbers, the flow field becomes less
uniform than at the baseline Reynolds number, as the low-momentum fluid accumulates
near the diffuser hub, and the boundary layer reaches the mid-span of the diffuser passage.
Contrary to the diffuser hub boundary layer thickness, the averaged diffuser shroud bound-
ary layer thickness in the compressor without splitter blades does not increase with the de-
creasing Reynolds number. The reason for the almost equal thicknesses of the normalised
boundary layers is the similar velocity field at all the low Reynolds numbers, as shown in
Figure 5.4, which presents the velocity distribution at the diffuser outlet (r3/r2 = 2.48)
of the compressor without splitter blades.
An increase in the boundary layer thickness results in increased blockage, which is ob-
served as an increased radial velocity. The effect of blockage on the flow field is shown in
Table 5.2, in which the average increase in the radial velocity is shown with the decreas-
ing Reynolds number. The radial velocity is calculated from the mass flow rate through
the computational domain, pitchwise-averaged density distribution from the numerical
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Figure 5.3: Pitchwise-averaged velocity normalised by the impeller tip speed at the dif-
fuser outlet (r3/r2 = 1.68) of the compressor with splitter blades.
Figure 5.4: Pitchwise-averaged velocity normalised by the impeller tip speed at the dif-
fuser outlet (r3/r2 = 2.48) of the compressor without splitter blades.
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Table 5.2: Relative average increase in the radial velocity normalised by the impeller tip
speed with the decreasing chord Reynolds number at the diffuser inlet (r/r2 = 1.04),
compared to the case with the baseline chord Reynolds number.
−90% −92% −95% −96%
With splitter blades +3.3% +4.2% +5.1% +6.7%
Without splitter blades +4.8% +6.4% +7.1% +10.1%
Table 5.3: Relative decrease in the blade loading with the decreasing chord Reynolds
number compared to a case with the baseline chord Reynolds number.
−90% −92% −95% −96%
With splitter blades −11% −7% −11% −24%
Without splitter blades −7% −4% −9% −11%
simulation, and cross-sectional area of the computational domain as follows:
cr =
qm,domain
ρAdomain
. (5.1)
The normalised radial velocity is averaged in the spanwise direction in order to calculate
the relative increase. The increased radial velocity increases the wall shear stress and
decreases the static pressure, resulting in greater friction losses and weaker compressor
performance. These results indicate that the most potential way to decrease the losses due
to low Reynolds numbers would be the control of the boundary layers near the impeller
hub and diffuser surfaces. The result of the significant role of the diffuser in performance
deterioration is in contrast to previous knowledge, i.e. most of the losses occur in the
impeller due to the high flow velocities (Dietmann and Casey, 2013).
5.2 Tip leakage losses
In the literature, changes in the blade loading (Denton, 1993) and tangential velocity com-
ponent (Jansen, 1967) have been used to estimate the change in the tip leakage losses.
However, the losses associated with the tip clearance are difficult to distinguish from the
endwall losses on the shroud surface, due to the tip leakage flow near the impeller shroud.
The blade loading can be presented in terms of the relative velocity difference between
the blade pressure and suction surfaces, and the mean value of the relative velocities on
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the blade pressure and suction surfaces (Japikse, 1996):
∆w
wave
=
wSS − wPS
1
2
(wSS + wPS)
. (5.2)
The change in the blade loading with the decreasing Reynolds number is presented in
Table 5.3. In the compressor with splitter blades, the blade loading has been calculated
separately for the full and splitter blades, and the value in Table 5.3 is an average between
the blades. The values of the relative velocities have been calculated at the boundary
layer edge at the mid-span in order to exclude the effect of the endwall boundary layers.
The deterioration of the blade loading at mid-span means that the difference between the
relative velocities on the blade pressure and suction sides decreases and
wPS
wSS
→ 1. (5.3)
The effect of the deteriorated blade loading on the tip leakage can be analysed by means
of tip leakage loss coefficients. Denton (1993) presents the following tip leakage entropy
loss coefficient for incompressible, two-dimensional flow in a turbomachine cascade:
ζtl =
2Cdtc
bp cos β2
1∫
0
(
wSS
w2
)3(
1− wPS
wSS
)√√√√[1− (wPS
wSS
)2]
d
(x
c
)
. (5.4)
The substitution of Eqn. (5.3) into the tip leakage entropy loss coefficient results in a
decreased tip leakage loss with the decreased blade loading and Reynolds number:
ζtl → 0. (5.5)
For comparison, the results published by Choi et al. (2008) indicate a reduction in the tip
leakage loss with the decreasing Reynolds number in an axial compressor, in which the tip
leakage loss based on Eqn. (5.4) reduced by 26% when the Reynolds number decreased
from 244, 000 to 24, 400.
Jansen (1967) presents the following tip leakage loss coefficient for a centrifugal impeller:
ζtl = 0.6
(
t
b2
)(
cu,2
U2
)√√√√√ 4pi
b2Z
 r2s,1 − r2h,1
(r2 − rs,1)
(
1 + ρ2
ρ1
)
(cu,2
U2
)(
c1
U1
)
. (5.6)
In the tip leakage loss coefficient of Jansen (1967), a decrease in the tangential velocity
component at the impeller outlet results in a lower loss coefficient. At the 96% lower
chord Reynolds number than the baseline Reynolds number, the mass-flow averaged tan-
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Figure 5.5: Blade loading defined as a normalised pressure difference across the blade at
the mid-span of the compressor without splitter blades.
gential velocity component normalised by the impeller tip speed decreased by 1% at the
impeller outlet of the compressor with splitter blades and by 2% at the impeller outlet of
the other compressor, indicating a decrease in the tip leakage loss coefficient of Jansen
(1967). However, the mass-flow-averaged tangential velocity component included the ef-
fect of relatively thicker boundary layers, and therefore the effect of the tip leakage is
difficult to distinguish from the boundary layer losses.
On the other hand, the blade loading can be defined as a pressure difference across the
blade (Yamada et al., 2010). In Figures 5.5 and 5.6, the pressure difference across the
blade is normalised by the pressure at the compressor inlet as follows:
pPS − pSS
p1
. (5.7)
At the mid-span (Figure 5.5), the blade loading based on Eqn. (5.7) decreased at the 96%
lower Reynolds number by 6% on average, which corresponds to the 11% decrease in the
blade loading based on Eqn. (5.2) and presented in Table 5.3. Near the shroud, at the
95% span (Figure 5.6), the blade loading based on Eqn. (5.7) increased by 10% with the
decreased Reynolds number. As the pressure difference across the blade drives the tip
leakage flow from the pressure side to the suction side, and the increased blade loading
corresponds to the strengthened tip leakage flow (Denton, 1993; Vogel et al., 2015), the
results presented in Figure 5.6 indicate that the tip leakage was strengthened with the de-
creased Reynolds number.
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Figure 5.6: Blade loading defined as a normalised pressure difference across the blade at
the 95% span of the compressor without splitter blades.
In conclusion, a distinction between tip leakage and shroud boundary layer losses is diffi-
cult to make, but the blade loading based on the pressure difference across the blade near
the shroud indicated a strengthening of the tip leakage flow with the decreased Reynolds
number when the relative tip clearance remained constant. In the micro-scale centrifugal
compressors, the relatively larger tip clearances due to the manufacturing and controlling
reasons would result in further increased tip leakage losses. The numerical results of this
work indicated that a 100% larger relative tip clearance (from 25 µm to 50 µm) in the
compressor without splitter blades at the 95% lower Reynolds number than the baseline
one resulted in a less than 1% additional decrease in the efficiency. This result agrees with
the results presented elsewhere (Turunen-Saaresti and Jaatinen, 2013).
5.3 Performance deterioration
The increased friction losses with the decreasing Reynolds number due to the thicker
boundary layer result in deteriorated compressor performance. The deteriorated perfor-
mance can be observed e.g. as an increased total pressure loss coefficient and decreased
pressure recovery coefficient in the diffuser, and decreased total-to-total isentropic effi-
ciency in the compressor stage. The changes in the total pressure loss coefficient
Kp =
pt,2 − pt,3
pt,2 − ps,2 (5.8)
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Figure 5.7: Change in a normalised total pressure loss coefficient with a varying Reynolds
number. R2 = 0.91 with splitter blades (SBs) and R2 = 0.94 without splitter blades.
and pressure recovery coefficient
Cpr =
ps,3 − ps,2
pt,2 − ps,2 (5.9)
with the varying chord Reynolds number are shown in Figures 5.7 and 5.8, respectively.
The data points of all the cases (i.e. the cases where the low Reynolds numbers are
achieved by both downscaling the compressor geometry and varying the compressor in-
let conditions) are fitted to the power function. The R2 values of the power function for
the total pressure loss coefficient are 0.91 and 0.94 for the compressors with and without
splitter blades, respectively. The R2 values of the power function for the pressure recov-
ery coefficient are 0.85 and 0.92 for the compressors with and without splitter blades,
respectively. The error bars in Figures 5.7 and 5.8 present the discretisation error.
In addition to the total pressure loss and pressure recovery coefficients of the diffuser,
the decrease in the Reynolds number affects the efficiency of the entire compressor stage.
Figure 5.9 presents the relative change in the total-to-total isentropic efficiency with the
correction equations of Table 2.1 and the numerical results of the compressor with splitter
blades. The discretisation error in the numerical results is marked with the error bars.
According to the results, the performance of the compressor decreases with respect to the
decreasing Reynolds number quite precisely as in the correction equation published by
Dietmann and Casey (2013). Based on the theoretical background of the correction equa-
tions presented in sub-chapter 2.1 and the trend of the numerical results in Figure 5.9,
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Figure 5.8: Change in a normalised pressure recovery coefficient with a varying Reynolds
number. R2 = 0.85 with splitter blades (SBs) and R2 = 0.92 without splitter blades.
the correction equation of Dietmann and Casey (ibid.) is suggested as the most suitable
correction equation for estimating the effect of the Reynolds number. The empirical cor-
rection equation also validates the trend of the numerical results, as the numerical model
is validated against experimental data only at the baseline chord Reynolds number.
The change in the normalised total-to-total isentropic efficiency with the varying Reynolds
number is presented in Figures 5.10 and 5.11 for the compressors with and without split-
ter blades, respectively. Figures 5.10 and 5.11 include two sets of numerical data: the
data marked by a blue line presents the results modelled without the viscous work term in
the total energy equation, and the data marked by a red line presents the results modelled
with the viscous work term. The error bars present the discretisation error, and the power
functions are fitted to the numerical data. The R2 values are presented in Figures 5.10
and 5.11 for the data sets with and without the viscous work term. The numerical results
are compared to the correction equation of Dietmann and Casey (2013), which is marked
with a black line. The two data sets in Figures 5.10 and 5.11 are presented in order to
illustrate the difference between the results published in Publications I and II and this
thesis.
In Publications I and II, the compressors were erroneously modelled without the vis-
cous work term in the total energy equation, and therefore, the results in Figures 5.9, 5.10
and 5.11 differ slightly from those presented in Publications I and II. As the boundary
layer thickness increases with the decreasing Reynolds number, the efficiency was over-
predicted relatively more at the low Reynolds numbers, and the numerical results deviated
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Figure 5.9: Relative change in the efficiency with a varying Reynolds number estimated
with the correction equations presented in Table 2.1 and the numerical results of the com-
pressor with splitter blades.
by 3.6−4.6% from the empirical correction equations at the lowest investigated Reynolds
number. In Publication I, the difference between the numerical results and the correction
equation was explained by the neglected manufacturing tolerances, and in Publication II
by the neglected volute and the two-equation models, which underestimated the viscous
losses relatively more due to relatively increased boundary layer thickness. Manufactur-
ing tolerances, i.e. the relatively thicker blades and larger tip clearances, would affect the
efficiency of micro-scale compressors, but not large-scale compressors operating at low
Reynolds numbers. Therefore, the conclusion of Publication II was not incorrect, as the
model under-estimated the viscous losses due to the missing viscous work term in the
total energy equation.
When the viscous work term was accounted for in the total energy equation, the addi-
tional efficiency decrease was on average 0.6% and maximum 2.6% at the 96% lower
Reynolds number in the compressor with splitter blades (Figure 5.10). In the compres-
sor without splitter blades, the additional efficiency decrease was on average 1.5% and
maximum 5.6% at the 96% lower Reynolds number (Figure 5.11). Taking the transition
into account by using the SST k − ω model in combination with the γ − Reθ transition
model proposed by Langtry and Menter (2005) did not change the results from the fully
turbulent solution. The transition model could capture the laminar separation, but because
the flow separation near the blade leading edge resulted from the centrifugal force, and
not from the laminar separation, the modelling of transition in the low-Reynolds-number
centrifugal compressor did not bring added value. To conclude, the results presented
above demonstrate that more viscous losses occur at the low Reynolds numbers due to the
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Figure 5.10: Relative change in the efficiency with a varying Reynolds number for the
compressor with splitter blades. The numerical results are compared to the correction
equation of Dietmann and Casey (2013).
Figure 5.11: Relative change in the efficiency with a varying Reynolds number for the
compressor without splitter blades. The numerical results are compared to the correction
equation of Dietmann and Casey (2013).
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Figure 5.12: Passive flow control methods for boundary layer control (riblets) and tip
leakage control (squealers, winglets, grooves).
thicker boundary layers.
5.4 Review of relevant flow control methods for low-Reynolds-number
compressors
The performance of low-Reynolds-number compressors could be improved by dealing
with the most significant loss generation mechanisms, i.e. the boundary layer losses, as
shown in the previous sub-chapters. The decrease in the Reynolds number strengthens
the tip leakage flow, and in the micro-scale compressors, the relatively larger tip clear-
ance causes additional increase in the tip leakage losses. The performance of the low-
Reynolds-number compressors could be improved with flow control methods, which were
reviewed in Publication IV. Flow control methods are used in numerous engineering ap-
plications to improve performance and/or widen the operating range. The methods can be
divided into categories based on the working purpose; whether they control separation,
reduce drag, augment lift, control tip leakage, and/or improve the surge margin.
As summarised in Publication IV, the flow control method should increase the perfor-
mance of low-Reynolds-number centrifugal compressors by reducing drag or tip leakage,
whereas separation control is not a significant feature. The applicable flow control meth-
ods for controlling the boundary layers are active control methods and riblets, whereas
the applicable methods for tip leakage control are squealers, winglets, and grooves. The
flow control method should meet both aerodynamic and structural demands, but it cannot
be structurally complex. The passive methods meet these demands and those which could
improve the performance of low-Reynolds-number centrifugal compressors, are shown in
Figure 5.12, namely riblets, squealers, winglets and grooves. However, the performance
of the passive methods depends on the operating conditions and might be negative at
higher Reynolds numbers and off-design operating conditions. Therefore, as concluded
in Publication IV, none of the methods reviewed in Publication IV fulfill fully the ob-
jective of the flow control method that would reduce the boundary layer thickness and
result in a reduced wake in the entire compressor operating range.
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6 Conclusions and discussion
The research in this thesis concentrated on a theoretical and numerical study on loss gen-
eration in low-Reynolds-number centrifugal compressors, because especially micro-scale
compressors have great potential for efficiency improvement. An improvement in the effi-
ciency of low-Reynolds-number centrifugal compressors could increase the technological
feasibility of various applications, e.g. micro-scale gas turbines.
Usually the design of a micro-scale compressor is based on a downscaled version of a
larger compressor, and the performance deterioration of the downscaled compressor is es-
timated with empirical correction equations. Based on the theoretical background of the
correction equations and the trends of the numerical results, the first main finding of this
thesis and Publication I was that the correction equation of Dietmann and Casey (2013)
is the most suitable correction equation for estimating the effect of the Reynolds number
on the efficiency of the downscaled compressor. As the empirical correction equation of
Dietmann and Casey (ibid.) is based on experimental data from over 30 compressors, it
was used for validation in this work.
In Publication I it was speculated that the increased vorticity with the decreased Reynolds
number and reduced compressor size due to high rotational speeds were the reasons for
the performance deterioration. Therefore, the influence of the Reynolds number variation
method on loss generation was studied in Publication II, in which the Reynolds number
was varied by changing the inlet conditions instead of the compressor size. The vortic-
ity increased in the downscaled compressor due to the smaller size, not due to the lower
Reynolds number, disproving the speculations presented in Publication I. The second
main finding (Publication II) was that the loss generation equals between the cases in
which the low Reynolds numbers are achieved either by downscaling the compressor size
or varying the compressor inlet conditions. Therefore, it seems that the losses related to
a low Reynolds number should be similar regardless of the machine geometry, i.e. a low
Reynolds number increases the viscous losses and tip leakage in centrifugal compressors,
radial pumps and turbines.
The weakness of the correction equations is that they only account for the decrease in
performance, but do not offer any consideration of whether the efficiency drop can be
countered in the design process. Therefore, the third main finding of this thesis (and Pub-
lication V) was that the greatest increase in the Reynolds-number losses occurred in the
boundary layers near the impeller hub and diffuser surfaces, and the tip leakage losses
increased with the decreased Reynolds number when the relative tip clearance remained
constant. In micro-scale centrifugal compressors with relatively larger tip clearances, the
tip leakage losses would increase even more.
The most significant loss generation mechanism inside the compressor could not have
been found without the development of a method for estimating the boundary layer thick-
ness in the complex flow field inside the centrifugal compressor blade passage. The de-
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velopment of the hybrid method was presented in Chapter 4 and Publication III, and it
made it possible to analyse the losses inside the centrifugal compressor with a more so-
phisticated approach than in Publications I and II.
As mentioned in sub-chapter 5.4 and Publication IV, the increased boundary layer losses
near the impeller hub and diffuser surfaces could be dealt with the flow control methods
designed for boundary layer control, i.e. active control methods and riblets, and the tip
leakage losses could be dealt with squealers, winglets and grooves. Based on aerodynamic
and structural demands, the active control methods are difficult to apply to micro-scale
compressors due to their complexity. On the other hand, as summarised in Publication
IV, the drawback of passive methods is that their performance depends on the operating
conditions and might be negative at higher Reynolds numbers and off-design operating
conditions. An ideal flow control method would reduce the boundary layer thickness in
the entire operating range of the low-Reynolds-number compressor.
Based on the conclusions presented above, the performance deterioration of micro-scale
compressors due to low Reynolds numbers could be countered with flow control methods
at least in one operating point, but in addition to Reynolds number losses, the manu-
facturing tolerances result in a relative increase in the blade thickness, tip clearance and
surface roughness, which deteriorate the performance further. Therefore, the manufactur-
ing of micro-scale centrifugal compressors does not seem profitable due to their inferior
performance at present. However, new additive manufacturing and polishing technolo-
gies could be potential solutions to prevent additional losses due to relatively larger blade
thicknesses, tip clearances or surface roughnesses in micro-scale machines.
However, the small size of the compressor is not necessarily problematic. Even if not
studied specifically in this work, dense gases could be a potential option for the medium
in micro-scale centrifugal compressors. Based on a confidential research report by the
Laboratory of Fluid Dynamics at Lappeenranta University of Technology, a refrigerant
like R134a resulted in Reynolds numbers higher than the critical one of 200, 000 even in
micro-scale compressors (impeller outlet diameter less than 30 mm) due to the density
of 10 to 20 times the air density. Schiffmann and Favrat (2009) measured total-to-total
isentropic efficiencies up to 79% of a centrifugal compressor with the impeller outlet di-
ameter of 20 mm and the medium of refrigerant R134a. The same compressor was tested
in an Organic Rankine Cycle -driven heat pump with refrigerant R134a as the medium
(Demierre et al., 2015), but the experimental results showed deteriorated performance
due to the heat flux from the turbine. Therefore, as a recommendation for future research,
small electrically-driven heat pumps could be a potential application for micro-scale cen-
trifugal compressors without low-Reynolds-number or heat transfer losses.
As a further recommendation for future work, studies on different applications and oper-
ating conditions would make the hybrid method more general, because the hybrid model
is not limited to radial turbomachines only, but should be applicable to axial machines as
well.
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