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The effect of the tip clearance and vaneless diffuser width on the stage performance and flow
fields of a centrifugal compressor were studied numerically and results were compared to the
experimental measurements. The diffuser width was changed by moving the shroud side of the
diffuser axially and six tip clearances size from 0.5 to 3 mm were studied. Moreover, the effects
of rotor-stator interaction on the diffuser and impeller flow fields and performance were studied.
Also transient simulations were carried out in order to investigate the influence of the interaction
on the impeller and diffuser performance parameters. It was seen that pinch could improve the
performance and it help to get more uniform flow at exit and less back flow from diffuser to the
impeller.
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NOMENCLATURE
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Radial velocity
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Greek Letters
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Dynamic viscosity
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1 INTRODUCTION

Centrifugal compressors are widely used in many industrial applications such as air
conditioning, refrigeration, small gas turbines, turbochargers, and in gas and oil industries.
Centrifugal compressor pressurizes gas to higher pressure. In small applications, such as small
gas turbines, centrifugal compressors are more commonly used because of the lower cost, in
comparison with multistage axial compressors. In large applications e.g. large gas turbines, axial
compressors are preferred as they have better efficiency. In order to achieve a high efficiency,
it is necessary to convert the kinetic energy into the pressure rise as much as possible. It would
be possible to convert the kinetic energy to pressure rise inside a centrifugal compressor by two
main methods. First is to decrease the tangential velocity and increase the static pressure by
changing the radius of the mean flow pass, and second one is to increase the flow area which
leads to increase in pressure and decrease in velocity (Turunen-Saaresti, 2004).
The main purpose of the centrifugal compressor is to increase the pressure of gas. Figure 1
shows the simple principle of a centrifugal compressor. As it is shown, pressure and temperature
are increased in a compressor while mass flow is usually considered as a constant, although
there might be small imbalance of mass due to leakages.
Inlet

Outlet

Pressure (𝑝1)

Pressure (𝑝2 )
Temperature (𝑇2 )
Volumetric Flow (𝑄2 )
Mas Flow (𝑞)

Temperature (𝑇1 )
Volumetric Flow (𝑄1 )
Mas Flow (𝑞)
𝑝2 > 𝑝1
𝑇2 > 𝑇1
𝑄2 < 𝑄1
𝑞 = 𝐶𝑜𝑛𝑠𝑡𝑎𝑛𝑡
Figure 1 Compressor cycle

A centrifugal compressor consists of two main parts, impeller and diffuser. Although inlet and
outlet cones and a volute are commonly used in centrifugal compressors. The inlet to the
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centrifugal compressor is typically a simple pipe which may include features such as a valve,
stationary airfoil for swirling the flow and both temperature and pressure instrumentations. The
key component that makes a compressor centrifugal is the centrifugal impeller. Impeller may
be single or double-sided. Compressor impellers increase the absolute velocity. In other words,
it transfers the kinetic energy to the gas, but the main purpose is to decrease the relative velocity.
The flow passages in compressor impellers have an increased area between blades in the flow
direction. According to the types of the impeller blades, there are two kinds of blades, backward
and straight.

Figure 2 Forward and straight leans
Impeller of a centrifugal compressor can be categorized as unshrouded or shrouded. The type
of the impeller selected for a specific application depends on some considerations, for example
desired operation speed, pressure ratio, efficiency and total cost of the equipment. Unshrouded
impellers can operate at much higher rotational speeds because of the absence of a cover.
Moreover, in some applications shrouded impellers can be used because of the lower losses
associated with the tip clearance losses and leakage flow although it depends on the compressor
(Sorekes, 2013).
Stationary part of the centrifugal compressor is diffuser. Diffuser is followed by a volute or a
collector. Collector’s purpose is to gather the flow from the diffuser discharge annulus and
deliver it to a downstream pipe. Gas leaves the impeller with high kinetic energy, normally half
of the pressure rise occurs in the impeller and half in diffuser. In the diffuser, this energy
converts to static pressure. The pressure rise is due to an increase in the flow area which
decreases the velocity.
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1.1 Diffuser

Flow enters the diffuser following the impeller in a centrifugal compressor. The flow filed at
the inlet of the diffuser is unsteady and it has significant kinetic energy.
A schematic view of the vaned and vaneless diffusers is shown in Figure 3. Vaneless diffusers
have a wider flow range and lower efficiency. On the other hand, vaned diffusers have narrower
flow range with higher efficiency (Turunen-Saaresti, 2004). Diffuser walls are always straight
although they can be parallel or not.

Figure 3 Vaneless and vaned diffusers (Turunen-Saaresti, 2004)
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1.1.1 Vaneless diffuser

Vaneless diffuser of a centrifugal compressor has a simple geometry. Vaneless diffuser can be
pinched or unpinched. The diffuser mostly has a small pinch in order to achieve more stable
flow at inlet. Previous studies by (Engeda, 1995) and also (Liberti et al, 1996) showed that a
narrower diffuser has higher efficiency and pressure ratio in a centrifugal compressor. Pinch can
be set at hub, shroud or both. A study by (Jaatinen et al, 2011) indicated that a small pinch at
the shroud of the diffuser is more beneficial than at the hub or both sides. It was also concluded
that in order to achieve higher pressure ratio and total efficiency, pinch at the shroud should be
greater than the tip clearance.
In the vaneless diffuser, two important criteria have the most effect on its performance, ratio of
the radius of the diffuser inlet and outlet, and the diffuser width (Jaatinen, 2009). Despite the
simple design of a vaneless diffuser, flow field in the diffuser and its inside flow conditions are
complex. Vaneless diffusers can also be used for large-scale applications because they are
relatively cheap.
In order to describe the performance of a vaneless diffuser, angular momentum yield and the
conservation of mass can be defined as follows:
𝑞𝑚 = 𝜌𝑐𝑟 2𝜋𝑟𝑏

(1-1)

𝑟𝑐𝑡 ≅ 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡

(1-2)

Here, 𝑞𝑚 is the mass flow, 𝜌 is density of gas, 𝑐𝑟 is the radial velocity, 𝑟 is the radius, 𝑏 is the
diffuser height and 𝑐𝑡 is the tangential velocity. Also, flow angle in the diffuser can be defined
as
𝑐

tan 𝛼 = 𝑐𝑡

𝑟

(1-3)

According to (Senoo & and Kinoshita, 1977), by decreasing the width of the vaneless diffuser
at the inlet, inlet flow would be more radial and it does not cause stall inside the compressor.
Moreover, for keeping the diffuser at a stable operating range, more radial flow at the inlet of
the diffusers is required (Van den Braembuscsche et al, 1980).
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(Lee et al, 2001) Optimized a vaneless diffuser by using direct method of optimization. Height
of a vaneless diffuser was changed by moving the shroud wall axially in their investigation. It
was observed that the new optimized diffuser had a minimum width at the middle of the diffuser
passage. After manufacturing and testing the diffuser, it was seen that efficiency increased by
2-3% and 1-5% at the design and off-design points, respectively.
In comparison with vaned diffusers, a vaneless diffuser provides a lower pressure recovery.
Also, vaneless diffusers are able to operate over a broader operating range and are easier to
produce. Because of these reasons, they are mostly used in turbochargers of the cars. Angular
momentum of the flow controls the diffusion inside a vaneless diffuser. Also losses in friction
viscous affect this process so that they alter the flow profile near the hub and shroud of the
diffuser. By decreasing the flow rate inside a compressor, the flow entering the diffuser becomes
more tangential and the diffuser path becomes longer (Scheleer, 2006).

1.1.2 Vaned diffuser
Different types of vanes and solidity, are two main categories of a vaned diffuser in a centrifugal
compressors. In the solidity category, conventional vaned diffuser and low solidity can be
mentioned. The solidity can be defined as follows:
𝑐

𝜎=𝑠

(1-4)

Where c is the chord length and s is the distance between two vanes at the leading edge. If there
is not any throat in the cascade, then diffuser is assumed to be a low solidity. Figure 4 shows
different types of vaned diffusers in a centrifugal compressor.
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Figure 4 Different types of vaned diffuser. (a) cascade (b) channel (c) LSVD and (d) LSVD
with flat vanes. (Jaatinen, 2009)
Performance of three different diffusers (consist of a vaneless, a conventional and flat plate
LSDV) have been tested with high Mach number using air and low Mach number using nitrogen
by (Hohlweg et al, 1993). By testing with a high Mach number compressor, the CVD diffuser
showed higher efficiency than the LSVD and the LSVD with the largest negative incidence
demonstrating the highest performance. Moreover, (Senoo et al, 1983), compared LSVD and a
vaneless diffuser and it was concluded that the LSDV has better pressure recovery.

1.2 Tip clearance

The influence of the tip clearance on the centrifugal compressor performance has been widely
studied in the literature. In (Pampreen, 1973) and (Mashino, 1979) studies, tip clearance was
changed by moving the shroud axially and it was suggested that by decreasing the tip clearance
gap, its effect can be decreased. Also, it was found out by moving the shroud of the impeller
axially, better efficiency can be achieved in comparison with movement in both axial and radial
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directions (Hayami, 1997). Moreover, tip clearance flow has some effects on main flow
behavior inside the impeller passage (Hathaway et al, 1993).
Nowadays, it is mostly understood that the tip clearance loss has two main and important
components, the first one is related to the entropy produced inside the distance between blade
and shroud of impeller as the gas passes through it. The second one is the loss due to mixture of
tip clearance flow with the main flow inside the impeller (Morphis & J.P, 1994). According to
(Turunen-Saaresti, 2013), the tip clearance flow has significant effect on main flow and finally
on the performance and pressure ratio of a centrifugal compressor. (Hong & Abhari, 2012)
showed that in the vaneless diffuser, by increasing the tip clearance gap size, total pressure loss
in the vaneless diffuser is decreased and impeller loss is increased.
The effect of the tip clearance on the performance of the centrifugal compressor was studied
experimentally and numerically in (Mashino, 1979) and (Turunen-Saaresti, 2013) studies it was
understood that by increasing the tip clearance, stage efficiency is decreased. Centrifugal
compressor producers try to keep tip clearance as small as possible to increase the efficiency
and performance.
(Tang et al, 2008) conducted a numerical analysis of the impeller and vaneless diffuser of a
small compressor. It was shown that the leaking flow rate is much higher at the outlet of the
impeller in comparison with inlet. Based on this, a partially shrouded impeller was designed
numerically and after simulating, it was concluded that the secondary flow region got smaller
at the outlet of impeller and better performance was achieved.
(Eum & Kang, 2002) studied the effects of the tip clearance on the performance and flow fields
inside a centrifugal compressor. In that study six different tip clearance sizes were studied
numerically. The effect was divided into inviscid and viscous parts by using 1D model. It was
concluded that both viscous and inviscid effects influenced performance to the same amount
while viscous loss of the tip clearance flow mainly affect the efficiency drop. As it can be
understood from previous study by (Hong & Abhari, 2012), by increasing the tip clearance due
to reduction of radial velocity at the impeller exit, absolute and relative flow angles are
decreased.
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1.3 Rotor-stator interaction

The interaction between rotor and stator has two major aspects. The most important aspect is
the influence of impeller on diffuser flow. It is known and defined mainly by viscous effects.
But the significance of the potential repercussion of the diffuser on the impeller flow was studied
in the literature (Dean, 1971). Complex flow field develops in the impeller and strong
fluctuations in the velocity could be seen in the circumferential and axial directions (Dean &
Senoo, 1960).
The interaction of rotor-stator has been studied by many researchers. (Zeigler et al, 2003)
Performed studies on the effect of the impeller-diffuser interaction on the unsteady and transient
flow field inside the impeller and vaned diffuser. Attention was mainly directed to the radial
gap. It was concluded that smaller radial gap is leading to more uniform and steady flow field
inside the diffuser and also it leads to a higher pressure recovery at the diffuser.
The effect of the rotor-stator interaction on the performance of a centrifugal compressor by using
the unsteady simulation was evaluated by (Shum et al, 2000). In the study it was observed that,
blockage and slip associated with the unsteady tip leakage flow inside the impeller was reduced
by effects of the rotor-stator interaction. Also it was concluded that the impeller exit
unsteadiness has some effects on the pressure recovery at the diffuser and in magnitude point of
view, it is similar to the axial distortion from diffuser inlet.
Steady state and unsteady simulations by (Dawes, 1995) showed that the most of the pressure
losses occur inside the diffuser and in the total of diffuser losses, only 5% were related to
unsteady losses. Also numerical investigation by (Feng et al, 2006) showed that the change of
radial gap in a vaned diffuser does not have significant effect on the time averaged impeller
pressure field.
(Sato & He, 1999) used a three dimensional unsteady code to calculate the flow through a
centrifugal compressor with vaned diffuser. Their result showed the significant effect of the
downstream flow condition near to the trailing edge of impeller on the centrifugal compressor
performance. More stable flow field was generated by the effects of the blade row interaction
in comparison with the steady single row simulations.
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In investigations by (Krain, 1981), unsteady and time averaged results for impeller with vaned
and vaneless diffusers were compared. It was seen that flow at the impeller exit is highly
distorted for both diffusers. Near the shroud of the suction side a flow region with high
turbulence was detected and it was understood that this phenomena is due to the swearing flow
inside the rotor in unshrouded impellers. Moreover, unsteady effects inside the impeller and
diffuser were shown numerically by (Liu & Hill, 2000). Three different interfaces, Mixing
plane, Reference frame and sliding mesh models were used in order to investigate the effects of
the rotor-stator interaction and it was concluded that only transient simulation by sliding mesh
can show the interaction effects due to the impeller rotation relative to upstream or downstream
flows.

1.4 Studied cases

In this study, six different axial tip clearances are studied numerically. The different tip
clearances were modelled with three diffuser types: (pinched, unpinched and vaned diffusers)
the results were compared with experimental results (Turunen-Saaresti, 2013) and (JaatinenVärri et al, 2013). Tip clearances and types of diffusers which used in this study are summarized
in Table 1.
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Table 1 Different tip clearances
Case

𝒕𝟐 /𝒃𝟐

𝒃/(𝒃𝟐 + 𝒕𝟐 )

Case 1

0.027

1.00

Unpinched

0.053

1.00

0.082

1.00

0.106

1.00

0.13

1.00

0.154

1.00

Case 2

0.027

1.68

15% pinch at

0.053

1.68

the shroud

0.082

1.68

0.106

1.68

0.13

1.68

0.154

1.68

Case 3

0.027

1.00

Vaned

0.053

1.00

diffuser

0.082

1.00

0.106

1.00

Both vaned and vaneless diffusers with different widths (pinch) are studied numerically and the
results are compared with the experimental data. In addition, different tip clearances are studied
and results are presented and compared with experimental data.
The aim of the present study was to achieve further understanding on the effect of different tip
clearances, pinches and vaned diffusers on the impeller flow and compressor performance and
compare the numerical results with experimental data. Also interaction between rotor and stator
and its effect on the pressure recovery and loss inside the diffuser is studied. Moreover, effect
of the vaned and pinched diffuser on the stream lines and flow fields inside the diffuser and
impeller are studied.
Pinched diffuser was modeled by reducing the width at the shroud as it can be seen in figure 5.
Previous studies by (Jaatinen-Värri et al, 2014) showed that highest efficiency and pressure ratio
were achieved in 𝑏/𝑏2=0.85.
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In this study, in order to compare different types, pinched diffuser with 15% reduction in width
at shroud and one unpinched and a vaned diffuser were studied. Figure 6 shows the vaned
diffuser case. The pinch began at the radius ratio of (𝑟/𝑟2 ) =1.01. The original case consists of
an unpinched diffuser (𝑏/𝑏2 + 𝑡2 ) =1.00.

Figure 5 Pinched diffusers

Figure 6 Vaned diffuser mesh
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2 STUDIED DESIGNS AND NUMERICAL METHODS
2.1 Centrifugal Compressor

In this study, centrifugal compressor was modeled and studied numerically. Study case had 7
passages and 14 blades, (including splitter and main blades). As it can be seen in figure 7, for
reducing cost and time of calculation, just one passage of centrifugal compressor was modeled
and simulated. Compressor had backward blades. Experimental set-up can be seen in figure 8.
In experimental procedure, by moving the shroud in axial direction, different tip clearances were
simulated and results were recorded. In numerical procedure, by moving the shroud of impeller
near the trailing edge axially, different size of tip clearances were modeled. It should be
mentioned that geometry of all impellers of centrifugal compressors were the same and only tip
clearance and types of diffusers were different.

Figure7 Geometry of the centrifugal compressor
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Figure 8 Experimental set-up of the centrifugal compressor. (Jaatinen-Värri et al, 2013)

In the experimental set-up (results were given in (Turunen-Saaresti et al, 2009) and (Jaatinen et
al, 2011)), the pressures and temperatures were measured before and after the centrifugal
compressor. The test compressor is an industrial high speed one with a designed pressure ratio
of 1.78. This test compressor was similar to (Jaatinen-Värri et al, 2013), (Jaatinen et al, 2011)
and (Turunen-Saaresti et al, 2009) studies.
Figure 9 and 10 show the centrifugal impeller and hub side casing. In figure 9, yellow circles
show the location of probes around the diffuser exit. This compressor is an industrial high-speed,
variable speed driven compressor, equipped with magnetic bearing.

22

Figure 9 Centrifugal impeller and hub side casing. Photo Ahti Jaatinen-Värri/LUT

Figure 10 Centrifugal compressor mounted on its stand. Photo Ahti Jaatinen-Värri/LUT
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2.2 Theoretical procedure

2.2.1 Introduction

Different geometries of compressors were analyzed numerically. All geometries were modeled
by Pointwise V17.R4. Ansys CFX v15.0 solver was used for solving the Navier-Stokes
equations. As it was mentioned previously, in order to reduce simulation costs, one passage of
each compressor was modelled and simulated. Three zones were modeled, guide pipe which
guides the air into the rotational part, impeller and diffuser. As the volute is not modeled, there
is a short exit section after the diffuser. This approach was used to ensure that the outlet
boundary would not affect the result. Similar approach was used by (Oh et al, 2008).
Figure 11 shows the schematics of the design. In all cases studied, width of diffuser was reduced
only on the shroud side, because this was found to be more beneficial according to the (TurunenSaaresti et al, 2009) and (Jaatinen et al, 2011).

Figure 11 Schematic of the design (Jaatinen-Värri, et al., 2014).
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In order to solve the properties of the air, the ideal gas equation of state was used. Mass flow
averaged values were used for calculating the performance parameters. The stage total to total
efficiency is defined as below.
𝑅
𝑐𝑝
𝑇𝑡1 (𝜋𝑡𝑡 −1 )

𝜂𝑡𝑡 =

(2-1)

𝑇𝑡5 −𝑇𝑡1

The diffuser total pressure loss coefficient is defined as
𝑃𝑡2 −𝑃𝑡3

𝐾𝑝𝑟 =

(2-2)

𝑃𝑡2 −𝑃2

The pressure recovery coefficient can be calculated as follow
𝐶𝑝 =

𝑃𝑠2 −𝑃𝑠1

(2-3)

𝑃𝑡𝑖 −𝑃𝑠𝑖

2.2.2 Discretization of governing equations

The Reynolds averaged Navier-Stokes (RANS) equations are solved by using the Finite Volume
Method, which first involves discretizing the spatial domain by using a mesh. In order to
demonstrate the finite volume methodology, the conservation equations for mass and
momentum should be mentioned (ANSYS, 2014).

𝜕𝜌
𝜕𝑡
𝜕
𝜕𝑡

(𝜌𝑈𝑖 ) +
𝜕
𝜕𝑡

𝜕
𝜕𝑥𝑗

(𝜌𝜑) +

𝜕

+ 𝜕𝑥 (𝜌𝑈𝑗 ) = 0

(2-4)

𝑗

𝜕𝑃

𝜕

𝜕𝑈

(𝜌𝑈𝑗 𝑈𝑖 ) = − 𝜕𝑥 + 𝜕𝑥 (𝜇𝑒𝑓𝑓 (𝜕𝑥 𝑖 +
𝑖

𝜕
𝜕𝑥𝑗

𝑗

𝜕

𝜕𝑈𝑗

𝑗

𝜕𝑥𝑖

))

𝜕𝜑

(𝜌𝑈𝑗 𝜑) = 𝜕𝑥 (Γ𝑒𝑓𝑓 (𝜕𝑥 )) + 𝑆𝜑
𝑗

𝑗

(2-5)

(2-6)

Equation above are integrated over each control volume. Then by using Gauss’ Divergence
Theorem, some of these volume integrals are converted to surface integrals.
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Next step in numerical methods was to discretize the volume and surface integrals. In this study,
the advection schemes implemented in ANSYS CFX can be written as follow.
𝜑𝑖𝑝 = 𝜑𝑢𝑝 + 𝛽∇𝜑. ∆𝑟

(2-7)

Where 𝜑𝑢𝑝 is the value at the upwind node, and 𝑟 is the vector from the upwind node to the
node ip. Particular choices for 𝛽 and ∇𝜑are described below.
In this study, High Resolution Scheme was used for discriminating the governing equations.
This method uses a special nonlinear recipe for 𝛽 at each node, computed to be close to unity as
much as possible. After that, the advective flux is derived by using the amounts of 𝛽 and ∇𝜑
from the upwind node. This method was introduced by (Barth & Jesperson, 1989)

2.2.3 Turbulence modeling

The turbulence was modeled with 𝑘 − 𝜔 SST turbulence model without the wall function
(Menter, 1994). This is modified from the 𝑘 − 𝜔 model of Wilcox (Wilcox, 1988). This method
is widely used by (Turunen-Saaresti et al, 2006) and (Röyttä et al, 2009). The non-dimensional
wall distance was below unity in most of the blade surfaces. Second order discretization methods
(high resolution) were used to get more accurate results. Discretization for time was first order
because of instability of higher orders. According to the pitch angel, rotational speed and number
of blades, physical time step was used (1.19e-5 second), but in some cases because of the
difficulty of the convergence, smaller time steps were selected (5𝑒 −6 second).
In this study, the 𝑘-𝜔 based Shear Stress Transport (SST) was used for the turbulence model. In
this method, eddy viscosity can be achieved as follows (CFX-Solver, 2013)
𝑎 𝑘

𝜈𝑡 = max(𝑎1 𝑤,𝑆𝐹 )

(2-8)

𝜈𝑡 = 𝜇𝑡 /𝜌

(2-9)

1

2

Where
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Here, 𝐹1 and 𝐹2 are blending functions which restrict the limiter to the wall boundary layer. S is
an invariant measure of the strain rate. 𝑎1 is a constant and according to the (CFX-Solver,
2013) the amount of that is 0.31.
One of the most important disadvantages of standard two equation turbulence models is that
turbulence energy generation is excessive in the vicinity of stagnation points. In order to solve
this problem, limiters were used for generation term in the turbulence equations. (ANSYS,
2014)
𝑃𝑘 = min(𝑃𝑘 , 𝐶𝑙𝑖𝑚 𝜌𝜀 )

(2-10)

In this equation, coefficient 𝐶𝑙𝑖𝑚 is called Clip Factor and the value of that according to the 𝜔
based models is 10 and 𝑃𝑘 is production term.

2.2.4 Boundary conditions

Figure 12 demonstrates surfaces which were selected as boundary faces. Total pressure and
temperature were the initial condition of inlet boundary. Reference pressure was set at zero and
mass flow rate is assumed to be outlet initial condition. Frozen Rotor was selected for interface
between stationary and rotational zones in steady simulation, and Transient Rotor-Stator (sliding
mesh) was selected in unsteady calculations.
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Inlet

Periodics

Outlet

Figure 12 Boundary conditions

Ideal air was chosen as working fluid in all centrifugal compressors. Total pressure is computed
by using the second law of thermodynamics.
𝑑ℎ =

𝑑𝑝
𝜌

(2-11)

For an ideal gas such as air, the constitutive relation and equation of state are written as follows:
𝑑ℎ = 𝑐𝑝 (𝑇)𝑑𝑇
𝑃

𝜌 = 𝑅𝑇

(2-12)
(2-13)

This method was used by Ansys CFX to calculate the total pressure. Where 𝑇𝑠 and 𝑇𝑡 are the
static and total temperatures.
As it can be seen in figure 12, periodic of all zones were defined as a continuous domain and it
was located between the main and splitter blades.
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2.2.5 Interface models

At the design step, two interfaces should be defined between stationary and rotating parts. Three
different interfaces were available in ANSYS CFX 15.0: Frozen Rotor, Stage and Transient
Rotor-Stator interface. Stage and Frozen Rotor interfaces were designed for steady simulation
and Transient Rotor-Stator for unsteady simulations.
As it can be derived from (ANSYS, 2014), the frame of the reference and pitch angle were
changed in the Frozen Rotor interface but the relative orientation of the components across the
interface was not changed. If the pitch angle changes, then the fluxes are scaled according to the
pitch change size. The stage model of interface is very similar to the Frozen Rotor but instead
of assuming a fixed relative position of the components, it performed a circumferential average
of the flows through the interface.
A study by (Silva et al, 2010) showed the influence of interface models in the steady results. It
was observed that there is not any great difference in results with different interfaces in some
cases that have small pitch angle between rotor and stator. Also it was concluded that both
interfaces for steady simulations provide good results. It was suggested that if the pitch angle of
rotor is close to the pitch angle of stator, it would be better to use Frozen Rotor interface as it
gives better results but with multistage compressors and with a large difference between pitch
angles, the Stage model is more appropriate.
Transient Rotor-Stator interface was used for unsteady simulations. As it mentioned in
(ANSYS, 2014) this model predicts the true transient intersection of the flow between the
impeller and diffuser passages. The disadvantage of this method is that large computer resources
is needed. It would be better to achieve steady result with Frozen Rotor interface first and then
use these results as initial values for transient simulation, in order to save the computational
time and cost.
The Frozen Rotor method was compared to a transient simulation with a Transient Rotor-Stator
interface in an axial turbine by (Brost et al, 2003). The results were compared with experimental
results. It was observed that Frozen Rotor model did not account for the transient effects, for
example acceleration and inertia could not resolve the magnitude of the torque. By starting
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without initial solution, Frozen Rotor had better convergence than Transient Rotor-Stator and
was more stable. Moreover, it was concluded that Frozen Rotor interface works well with a
reduction of the computational effort, but for transient simulations it is not suitable.
In this study, for steady state simulations, Frozen Rotor interfaces were used between the
stationary and rotating parts. For transient simulations, Transient Rotor-Stator interface was
used.
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3 NUMERICAL PROCEDURE

3.1 Grid generation

Structured mesh was used in order to get better accuracy. 12 zones and 74 domains were created.
All designs in this study had the same impeller and inlet pipe, only the tip clearance and diffuser
type were changed. As it was mentioned before, only the axial tip clearance was changed, and
it was done by transposing the shroud side casing in axial direction. The relative cell number in
the tip gap was kept constant i.e. when the clearance was increased the cells in the gap was
increased proportionally.

Figure 13 Grids of Centrifugal compressor
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3.2 Grid sensitivity

Structured grids were used in all cases. In the centrifugal compressor, three different grids were
studied and observed that with around two million cells, good results were achieved. It is
obvious that by increasing the number of cells, the computational time will be increased.
Figure 14 shows the number of cells versus non-dimensional total to total efficiency. It can be
seen that when the cell number is increasing from 2 million to 3 million cells, total efficiency is
hardly changed. Furthermore, also the pressure ratio changed only marginally when cell number
was increased from 2 million to 3 million. Therefore, after comparing with the results with the
experimental ones, it was concluded that around 2 million cells were sufficient.
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Figure 14 Grid sensitivity of centrifugal compressor

It should be mentioned that above cell amounts were used for the unpinched case. For other
cases, the grid distribution was kept the same, but the amount of cells were either a bit increased
or decreased in the diffuser and tip clearance.
Moreover, quality of mesh was tested by Skewness Centroid and Jacobian. Although a few cells
near the sharp and complex locations had Skewness Centroid near 0.9, but all other cells had
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Skewness Centroid below 0.8, which shows that the accuracy is acceptable according to the
complexity of the shape.

3.3 Convergence

Convergence criteria for steady and unsteady simulations included several conditions.
Difference of mass flow between each zone, total to total efficiency and outlet mass flow rate
and residuals of NS equations (momentum in three dimensions, mass, k, 𝜔 and energy) were
used as convergence criteria in this study. Figure 15 demonstrates stability and accuracy of
convergence in this study. Amount of iteration in each compressor is different with others in
order to achieve a stable and accurate result.

Figure 15 Convergence criteria (Imbalance and Inflow)
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For unsteady simulations the same criteria were selected. Approximately four complete
rotations of the impeller were passed before getting converged and stable results. For unsteady
simulations, converged steady result of the same case was selected as an initial value, which
helped to get more accurate and faster convergence.
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4 RESULTS
4.1 Stage performance

Trend of total to total pressure ratio is in good agreement with the experimental results for
unpinched case according to the figures 16-18. The total to total pressure ratio of each case is
slightly over predicted, because the experimental were conducted with full stage including the
volute and exit cone. The vaned diffuser shows lower efficiencies and pressure ratios than the
vaneless ones. This is most likely due to the poor aerodynamic design and high incidence of the
vaned diffuser. Only four tip clearances were measured for vaned diffuser design.
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Non-dimentional total pressure ratio
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Moreover, different geometries have different slopes in pressure ratio and efficiency. Pinched
diffuser has less slope in efficiency by increasing the tip clearance. The same occurs with total
pressure ratio.
According to the results, at the tip clearance around 𝑡2 /𝑏2 =0.106, increase in efficiency and
pressure ratio can be seen in comparison with 𝑡2 /𝑏2=0.082. Different meshes were used in order
to decrease the numerical error but this point had an increase in efficiency and pressure ratio for
all diffusers (pinched, unpinched and vaned diffusers). Further investigation is needed on this
issue to understand the concept and reason of this phenomena such as model and solve two
different tip clearances near this tip size.

4.2 Flow fields

Effect of the diffuser width on the tip clearance flow and performance of the centrifugal
compressor has been studied in literature (Schleer et al, 2008) and (Danish et al, 2006). Also it
was concluded that distance between blades and the shroud in the impeller in the centrifugal
compressor leads to the leakage of high pressure fluid from pressure side to the suction side of
the blade, and it makes the flow field more complex.
Figure 19 shows the effects of the diffuser width on the tip clearance flow and stream lines
inside the impeller and diffuser at 𝑡2 /𝑏2 = 0.053. Inside the diffuser, more uniform and stable
flow can be achieved by pinched diffuser, and flow goes out of the diffuser more radially. In the
vaned diffuser, the behavior of the tip clearance flow is similar to the pinched diffuser and flow
goes out faster in comparison with the unpinched one.
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Vaned diffuser

Unpinched diffuser

Pinched diffuser

Figure 19 Tip clearance flow (𝑡2 /𝑏2 =0.053)

The stream lines are seeded in the same way for each case. It can be seen clearly that in the
unpinched diffuser, some of flow lines rotate more before going out of the diffuser. Also, there
is not flow circulation in the vaned or pinched diffusers and flow is more radial in these diffusers.
There is less backflow into the impeller in the pinched and vaned diffusers in comparison with
unpinched one.
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4.2.1 Entropy inside the diffuser

One pitch angle in these compressors is 51 degrees, and unsteady results were taken each 10
degree of rotation. It shows that impeller-diffuser interaction can cause the change in blockage
and loss. Location of the three surfaces inside the diffuser in figure 20 are the same and
nondimensionalised radius (𝑟/𝑟2 ) of those are 1.05, 1.5 and 1.7. The static entropy fields were
taken at the exactly the same rotational speed, mass flow and time step. Numerical procedure in
all cases was the same as mentioned before in order to highlight the differences between the
different diffusers. The surface at 𝑟/𝑟2=1.7 has the same location with the exit surface in the
experimental measurements.
The effects of the pinch and vaned diffusers can be seen in the diffuser flow fields. When the
diffuser width is reduced or vanes are used inside the diffuser, entropy generation in the passage
wake is smaller. This is because of the pinch makes the flow fields more uniform at the impeller
exit and inside the diffuser. This effect leads to the lower loss in the passage wakes inside the
diffuser. As it was studied before by (Jaatinen-Värri et al, 2014), the pinch has no obvious effects
on the mixing of blade wakes. Also at the outlet of the impeller, a significant reduction of the
wake region can be seen in vaned diffuser and pinched one.

39

Vaned

Pinched

Unpinched

(a) 0 degree

(b) 12.9 degree

(c) 25.7 degree

(d) 38.6 degree
Figure 20 Entropy fields inside the different diffusers. Left vaned, middle pinched and right
unpinched.
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4.2.2 Radial velocity fields in the diffuser

The radial velocity fields inside the diffuser, close to the impeller outlet (𝑟/𝑟2=1.01) are shown
in Figure 21.
From the results in figure below, it can clearly be seen, as expected from previous studies
(Jaatinen-Värri et al, 2014), the backflow close to the shroud is smaller with the pinched and
vaned centrifugal compressors. At most times, the passage wake remains at the suction side and
close to the shroud. Also it can be seen that pinch and vane do not considerably effect on the
jet-wake structure. There is more uniform flow field in the diffuser in the pinched case, and the
following vaned diffuser in comparison with the unpinched design. The jets and wakes mix out
faster in the pinched diffuser in comparison with the unpinched one. The faster mixing leads to
lower losses and is the reason for better stage efficiency in the pinched design.
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Vaned

Pinched

Unpinched

(a) 0 degree

(b) 12.9 degree

(c) 25.7 degree

(d) 38.6 degree
Figure 21 Radial velocity inside the different diffusers, left is vaned and middle is
pinched
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4.2.3 Radial velocity at the impeller exit

When the tip clearance is increased, the radial velocity is decreased near the shroud. At the same
time, radial velocity near the hub is increased. By increasing the tip clearance, low radial
velocity bulk and wake region, mostly moves from the suction side of the main blade to the
shroud as it can be seen from figure 22. The movements due to the increased flow over the
blade. Due to similarity of the vaned and pinched results for radial velocity contours at the
impeller exit, just pinched and unpinched cases are shown below.
By increasing the tip clearance, the back flow at the impeller exit is increased and it leads to
decrease in the efficiency. Another point that can be seen in the figures above is that, at the
impeller exit, with the same tip clearance in pinched and unpinched diffusers, there is not any
significant difference between radial velocity contours, but by increasing the tip clearance,
differences are more noticeable.
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(a) 𝑡2 /𝑏2 = 0.027

(b) 𝑡2 /𝑏2 = 0.053

(c) 𝑡2 /𝑏2 = 0.082

(d) 𝑡2 /𝑏2 = 0.106

(e) 𝑡2 /𝑏2 = 0.13

(f) 𝑡2 /𝑏2 = 0.154

Figure 22 Radial velocity at the impeller exit. Left is pinched and right is unpinched.
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4.3 Effect of impeller-diffuser interaction on the diffuser performance

Previous study by (Botha & Moolman, 2005), indicated that, the designer of centrifugal
compressor can use loss models and data to justify certain design optimizations. The pressure
recovery of a diffuser is mostly defined as the static pressure rise inside the diffuser divided by
the inlet dynamic head. In addition to the pressure recovery in the diffuser, total pressure loss
through the diffuser should be concerned by designers. For calculating the total pressure loss
coefficient, integrated mass averaged pressure was used across the diffuser inlet and outlet.
In this part, results of unsteady simulations for pinched and unpinched diffusers are shown.
Figures 23-24 show the total pressure loss and pressure recovery coefficients. It should be
mentioned that, x axis in these figures is the degree of impeller rotation.
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Figure 23 Total pressure loss coefficient
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Figure 24 Pressure recovery coefficient

As it was expected, in the pinched diffuser, both coefficients are unstable according to the time
and degree of rotation. But averaged pressure loss in pinched diffuser is smaller than unpinched
one. In the unpinched diffuser, there is not any significant difference between each time step,
and results seem to be steady. Pinched diffuser makes the flow field more complex and unsteady
unlike the unpinched one.
Mass flow averaged total and static pressures at three different locations are plotted and
analyzed. Figures 25-27 show the mass flow averaged total and static pressures at the diffuser
outlet, before and after the pinch (𝑟/𝑟2 = 0.1664).

Non-dimentional total pressure
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Figure 25 Total and static pressures at the impeller outlet
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Figure 26 Total and static pressures after the pinch radius
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Figure 27 Total and static pressures at the diffuser outlet

Similar to the loss and recovery coefficients, in unpinched diffuser, the mass flow averaged
static and total pressures are approximately the same in all time steps. It seems that the flow in
the unpinched diffuser results can be considered steady. With the pinched diffuser, pressures are
fluctuating during impeller rotation. It can be understood that at the diffuser outlet, this
fluctuation becomes more stable and smoother because of flow uniformity.
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Before the pinch, there are small fluctuations of pressure in unpinched diffuser, but again for
pinched one, because of effects of the pinch on the flow fields inside the diffuser, it is completely
time dependent and it fluctuates versus time.

4.4 Effect of impeller-diffuser interaction on the impeller performance

Effects of rotor-stator interaction on pinched diffuser compressor are more sensible than
unpinched one and these can be seen from figures 28 and 29. In the pinched diffuser, this
interaction also affects the pressure stability at the impeller inlet. In unpinched one according to
the time, more stable and steady pressure distribution can be achieved. As it was mentioned by
(Sato & He, 1999), impeller-diffuser interaction affects the stability of the flow field inside the
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Figure 28 Total and static pressures at the impeller inlet

Performance parameters inside the impeller in both pinched and unpinched diffusers are
unsteadiness, however in pinched one are more significant in comparison with the unpinched
due to non-uniform flow and pressure distribution. Figure 29 shows the total to total pressure
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ratio inside the impeller. Mass averaged of total pressure at inlet and outlet of impeller was
calculated in different time intervals.
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Figure 29 Total pressure ratio in the impeller

Rotor-stator interaction also has an influence on the impeller pressure ratio with a pinched
diffuser. The effect unsteadiness in the pressure ratio is smaller than it is in the inlet pressure.
The pressure ratio with unpinched diffuser is hardly affected by the impeller.
Mass flow averaged of tangential flow angle at the diffuser inlet versus time can be seen in
figure 30. In this case, velocity flow angle versus time in pinched and unpinched diffusers are
studied.

51

29,4
29,3

Flow angle (deg)

29,2
29,1
29
28,9
28,8
28,7
28,6
28,5
28,4
0

10

20

30

40

50

60

Degree of rotation
Pinched

Unpinched

Figure 30 Mass averaged tangential flow angle versus time

By the same reason, pinched diffuser leads to the higher flow angle. In the unpinched case due
to the radial velocity, flow angle is decreased. The redial velocity is decreased by increasing the
tip clearance because the flow passage is increased and the density does not change much at the
measured surface.

4.5 Effect of the interaction on the diffuser pressure distribution

Effects of the transient simulation and rotor-stator interaction can be investigated more by
calculating the pressure distribution along the diffuser.
In order to discuss more about the interaction, the axial pressure distribution from hub to shroud
in the diffusers were calculated. The static pressure distribution after the pinch at the radius ratio
r/r2 of 1.05 is illustrated in figures 31 and 32. There is a slight increase in the pressure near the
shroud, in front of the tip clearance. The pressure increase can be seen clearly at roughly 0.70.8 of diffuser width. With the pinched diffuser, there is no such sharp increase in the pressure.
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The unsteadiness, caused by the pinch is clearly visible. In figures 31 and 32, different colors
show different degrees of rotation.
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Figure 31 Static pressure distribution (Hub to shroud) in the pinched diffuser in different time
steps
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Figure 32 Static pressure distribution (Hub to shroud) in the unpinched diffuser in different
time steps

Also, it can be seen that, near the shroud in unpinched diffuser, because of the tip clearance
flow, unsteadiness of the pressure distribution is more significant versus time. Difference
between trends of pressure distribution from hub to the shroud between pinched and unpinched
diffusers implies the effects of the tip clearance flow on the pressure distribution. Also
unsteadiness of the pressure is more significant in the axial direction from hub to the shroud in
comparison with span wise direction in the diffuser. It should be mentioned that y axis in above
plot is non-dimensional distance from hub to the shroud.
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5 CONCLUSION AND DISCUSSION

Total to total efficiency, total pressure ratio and the flow field in the diffuser and impeller of a
centrifugal compressor were studied numerically and results were compared with experimental
data. Two vaneless and one vaned diffusers with six different tip clearances were analyzed
numerically. One of the vaneless diffusers had 15% width reduction implemented onto the
shroud side wall (pinch). Different tip clearances were modeled by moving the shroud side
casing in axial direction. In order to analyze the unsteady phenomena in the impeller and
diffuser, transient simulations were done with one tip clearance for each of the three diffusers.
Frozen-rotor interface was used for steady state cases between the rotor and stator while for the
transient simulations, Transient Rotor-Stator interface was implemented. Frozen-Rotor interface
with the steady simulation gives the best result according to the computational time and
accuracy. On the other hand, for pinched diffusers, in order to achieve rotor-stator interaction
effects and losses inside the impeller and diffuser, it would be better to use a transient simulation
with Transient Rotor-Stator interface. Moreover, 𝑘 − 𝜔 SST turbulence model was used for all
simulations and boundary conditions for all cases were the same.
Stage performance of all cases were discussed and the numerical results showed that the pinched
diffuser was the most beneficial for the compressor performance. However, this is due to the
poor aero dynamic design of the vaned diffuser.
Flow field and stream lines inside the impeller and diffuser were analyzed. It was understood
that pinch makes the flow field more uniform at the diffuser inlet, and there is less back flow
from the diffuser into the impeller near the shroud. Although a part of back flow is due to the
tip clearance flow, but most of the back flow is due to the jet-wake structure of the impeller
outlet flow. By comparing the entropy field inside the diffuser it can be concluded that it is
possible to decrease the entropy generation in the passage wake by using vane or implementing
pinch inside the diffuser.
Radial velocity field inside the diffuser showed that pinch and vane do not have considerably
effect on the jet-wake structure. Also, jets and wakes mix out faster in the pinched diffuser which
leads to lower losses and better stage efficiency in the pinched design. Moreover, the time-
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dependent diffuser flow fields demonstrate that the unsteady simulations capture the jet-wake
structure. At the impeller exit, radial velocity decreases near the shroud by increasing the tip
clearance while radial velocity near the hub increases.
By analyzing the effects of the rotor-stator interaction on the performance of the impeller and
diffuser, it can be concluded that pinch has a significant effect on unsteadiness inside the diffuser
and the impeller. In unpinched diffuser, total pressure loss coefficient and pressure recovery did
not change significantly with respect to time. Mass averaged total and static pressures at the
impeller outlet and in the diffuser did not change significantly with the unpinched diffuser versus
time. It can be concluded that at the diffuser exit, fluctuation becomes more stable and smoother
because of flow uniformity in pinched case.
The unsteady simulations also showed that the rotor-stator interaction has some significant
effects on the flow field at the impeller inlet. In the pinched diffuser, interaction affects the
pressure stability and uniformity at the impeller inlet, while in the unpinched one, more stable
pressure distribution was achieved. By analyzing the tangential flow angle at the impeller outlet
it was seen that pinched diffuser had higher flow angle, also radial velocity is higher at the
impeller outlet in the pinched case.
By comparing the pressure distribution inside the diffusers, from hub to the shroud after the
pinch radius, it can be concluded that in the pinched diffuser, unsteadiness and significant
differences according to the time can be seen while in the unpinched case, flow is steadier.
Therefore, it could be suggested that, in unpinched diffusers it would be enough to only calculate
the case in steady mode, because there is not any significant difference between different time
intervals, and it helps to save time. On the other hand, with pinched diffusers, transient
simulation is suggested. More complex and unsteady flow before and after the diffuser is
observed. Also by transient simulation, effects of the rotor-stator interaction and losses inside
the impeller and diffuser can be analyzed.
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