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Alfa Laval Aalborg Oy designs and manufactures waste heat recovery systems utilizing 
extended surfaces. The waste heat recovery boiler considered in this thesis is a water-tube 
boiler where exhaust gas is used as the convective heat transfer medium and water or 
steam flowing inside the tubes is subject to cross-flow. This thesis aims to contribute to the 
design of waste heat recovery boiler unit by developing a numerical model of the H-type 
finned tube bundle currently used by Alfa Laval Aalborg Oy to evaluate the gas-side heat 
transfer performance. The main objective is to identify weaknesses and potential areas of 
development in the current H-type finned tube design. In addition, numerical simulations 
for a total of 15 cases with varying geometric parameters are conducted to investigate the 
heat transfer and pressure drop performance dependent on H-type fin geometry. The inves-
tigated geometric parameters include fin width and height, fin spacing, and fin thickness. 
Comparison between single and double tube type configuration is also conducted. Based 
on the simulation results, the local heat transfer and flow behaviour of the H-type finned 
tube is presented including boundary layer development between the fins, the formation of 
recirculation zone behind the tubes, and the local variations of flow velocity and tempera-
ture within the tube bundle and on the fin surface. Moreover, an evaluation of the effects of 
various fin parameters on heat transfer and pressure drop performance of H-type finned 
tube bundle has been provided. It was concluded that from the studied parameters fin spac-
ing and fin width had the most significant effect on tube bundle performance and the effect 
of fin thickness was the least important. Furthermore, the results suggested that the heat 
transfer performance would increase due to enhanced turbulence if the current double tube 
configuration is replaced with single tube configuration, but further investigation and ex-
perimental measurements are required in order to validate the results.  
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Alfa Laval Aalborg Oy suunnittelee ja valmistaa lämmöntalteenottojärjestelmiä, joissa 
hyödynnetään ulkopuolelta laajennettuja lämmönsiirtopintoja. Työssä käsiteltävä 
lämmöntalteenottokattila on tyypiltään vesiputkikattila, jossa lämpöä siirtyy konvek-
tiivisesti savukaasun ristivirtauksesta putkissa virtaavaan veteen tai höyryyn. Työn tar-
koituksena on kehittää numeerinen malli Alfa Laval Aalborg Oy:n käytössä olevalle H-
tyyppisesti rivoitetulle putkipakalle kaasupuolisen lämmönsiirron arviointiin. Työn pää-
asiallisena tavoitteena on selvittää käytössä olevan ripaputkigeometrian heikkouksia ja 
mahdollisia kehityskohteita lämmönsiirto- ja painehäviö-ominaisuuksien parantamiseen 
liittyen. Numeerinen mallinnus käsittää yhteensä 15 tapausta erilaisilla ripageometrioil-
la, joiden perusteella pyritään selvittämään ripaparametrien vaikutusta rivoitetun putki-
pakan lämmönsiirtoon ja painehäviöön. Tutkittaviin ripaparametreihin kuuluvat rivan 
leveys, korkeus, ripaväli, ja rivan paksuus. Lisäksi vertaillaan yksittäis- ja kaksoisrivoi-
tetun putkirakenteen eroja. Mallinnustuloksiin perustuen työssä esitetään H-tyyppisesti 
rivoitetun putkipakan paikallisen lämmönsiirron erityispiirteet ja kaasuvirtauksen käyt-
täytyminen, rajakerroksen kehittyminen ripojen välissä, uudelleenkiertovirtauksen muo-
dostuminen putkien alapuolelle, sekä kaasun virtausnopeus- ja lämpötilajakauma putki-
pakassa ja lämpötilajakauma ripojen pinnalla. Lisäksi tarkastellaan ripaparametrien vai-
kutusta lämmönsiirtoon ja painehäviöön. Johtopäätöksenä tutkituista ripaparametreista 
ripavälillä ja rivan leveydellä oli merkittävin vaikutus putkipakan suorituskykyyn ja ri-
van paksuudella vähäisin merkitys. Lisäksi tulosten perusteella saatiin viitteitä siitä, että 
korvaamalla nykyinen kaksoisrivoitettu putkikonfiguraatio yksittäisrivoitetulla 
konfiguraatiolla saataisiin putkipakan lämmönsiirtoa parannettua, mutta tulosten 
validointi vaatii vielä lisätutkimuksia ja kokeellisia mittauksia.  
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LIST OF SYMBOLS AND ABBREVIATIONS  
  
Roman 

A  area      m2 

a  speed of sound    m/s 

b  fin width     m 

cp  specific heat capacity    kJ/kg⋅K 

Dω  cross-diffusion term    kg/m3⋅s2 

d  diameter     m 

E  energy      J 

e  error      % 

G  production term    kg/m3⋅s2, kg/m⋅s3 

H   enthalpy rate     kJ/s 

h  convective heat transfer coefficient  W/m2K 

k  turbulent kinetic energy   m2/s2 

L  fin length     m 

Mi  molecular weight of species i   kg/kmol 

m  mass      kg 

m   mass flow rate     kg/s 
N  number of cells    - 

P  order of convergence    - 

p  static pressure     Pa 

q(P)  operand     - 

q  heat transfer rate    W 

q’’  heat flux     W/m2 

R  gas constant     J/kg⋅K 

Ri  gas constant of species i   J/kg⋅K 

r  grid refinement factor    - 

S  source term     kg/m3⋅s2, kg/m⋅s3 

s  fin spacing     m 

T  temperature     K, °C 

ΔTlm  logarithmic mean temperature difference K 

u  flow velocity     m/s 

V  volume     m3 

w  slit width     m 
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x  coordinate     m 

xi  volume fraction of species i   vol-% 

Y  dissipation term    kg/m3⋅s2, kg/m⋅s3 

y  coordinate     m 

z  coordinate     m 

 

Greek 

β  volumetric thermal expansion coefficient 1/K 

γ  ratio of specific heats    - 

δ  fin thickness     m 

ε  emissivity     - 

 ε  turbulent dissipation    m2/s3 

εf  fin effectiveness    - 

εi  absolute difference    K, °C  

η  fin efficiency     -  

λ  thermal conductivity    W/m⋅K 

μ  dynamic viscosity    kg/m⋅s 

μt  turbulent viscosity    kg/m⋅s 

τ  viscous stress     N/m2 

ν  kinematic viscosity    m2/s 

ρ  density      kg/m3 

σ  turbulent Prandtl number   -   

σ  Stefan-Bolzmann constant   W/m2⋅K4 

ω  specific turbulence dissipation  1/s 

φ  operand     - 

χ  operand     - 

 

Dimensionless numbers 

Eu   Euler number 

Gr  Grashof number 

Nu   Nusselt number 

Re  Reynolds number 

Ri  Richardson number 
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Subscripts 

a  absolute 

b  base; bare tube 

c  cross-sectional; cold fluid 

cond  conduction 

conv  convection 

D  based on diameter 

eg  exhaust gas 

ext  extrapolated 

f  fin conditions 

h  hot fluid 

i  general species designation; index 

in  inflow 

j  index 

k  based on turbulent kinetic energy; index 

L  based on characteristic length 

lm  log mean condition 

m  mean 

max  maximum fluid velocity 

o  outer 

out  outflow 

rad  radiation 

s  surface conditions 

t  tip; thermal 

u  velocity 

wall  wall 

∞  free stream conditions; surroundings 

 

Abbreviations 

CFD   computational fluid dynamics 

EGB  exhaust gas boiler 

FDM  finite difference method 

FEM  finite element method 

FVM  finite volume method 

GCI  grid convergence index 
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HFO  heavy fuel oil 

HP  high pressure 

HRSG  heat recovery steam generator 

IP  intermediate pressure 

LP  low pressure 

PLC  programmable logic controller 

RANS  Reynolds-averaged Navier-Stokes 

SST  shear stress transport  

WHR  waste heat recovery 

WHRB waste heat recovery boiler  
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1 INTRODUCTION  

Energy efficiency plays a critical role in the world today and during the past ten years the 

aim to increase energy efficiency and to reduce energy consumption has increased consid-

erably the importance of waste heat recovery (WHR) applications for industrial processes. 

Waste heat can be recovered from various processes, for instance, typical sources that con-

tain significant quantities of heat are the exhaust gases discharged from reciprocating en-

gines or gas turbines. Recovering some of that waste heat increases plant’s overall effi-

ciency and saves a considerable amount of primary fuel resulting in accompanying reduc-

tions in carbon dioxide emissions. For that reason, waste heat recovery systems have now-

adays become a common sight in many cogeneration and combined cycle plants. 

 

Waste heat recovery boiler (WHRB) considered in this thesis is a water tube boiler with 

finned tubes that uses heat recovered from hot exhaust gases for water heating and steam 

production. The exhaust gas flows across the finned tube bundles while water is flowing 

inside the tubes. Waste heat recovery boilers are usually custom-designed for maximum 

heat transfer between exhaust gas and water or steam with an acceptable pressure drop.  

 

The heat from surrounding exhaust gas is transferred to the fin by convection and within 

the fin by conduction. Generally, when the flowing fluid is gas, the convection heat trans-

fer coefficient is relatively small compared to liquid flows. Hence, the efficiency of the 

gas-side heat transfer is a primary consideration when determining the overall efficiency of 

the waste heat recovery boiler and the heat transfer rate may be increased considerably by 

utilizing extended surfaces in the form of finned tubes. This makes the finned tube one of 

the key components of the gas-to-liquid heat exchanger and the use of fins generally results 

in compact waste heat recovery boilers of reduced size and weight with higher heat transfer 

coefficients. Therefore, in order to keep the industry competitive in terms of energy effi-

ciency, there is a perpetual need to improve the performance of the finned tube. Simultane-

ously, it is necessary to improve price competitiveness by optimizing the material and 

manufacturing cost for the finned tube boiler in order for Alfa Laval Aalborg Oy to sustain 

and expand their market share. This leads to a continuous reassessment of the heat transfer 

surface design of the WHRB.  

 

The heat transfer alone is rarely the only basis for fin geometry selection in WHR applica-

tions. The acceptable pressure drop across the WHRB, which the boiler is not allowed to 

exceed, is often pre-determined and it usually becomes one of the deciding factors. The 
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effect of gas-side fouling on boiler performance is also an important issue to consider 

when choosing the fin geometry. Fouling may be defined as the formation of deposits on 

heat transfer surfaces reducing heat transfer rate and increasing pressure drop. Cleaning of 

tube bundles in WHR boiler is essential for boiler’s performance and it is often performed 

with steam sootblowers. (Pak et al. 2003, 1801.)  

 

In this thesis, the effects of geometric fin parameters are examined for the heat transfer and 

pressure drop characteristics with the help of computational fluid dynamics (CFD) simula-

tions. A numerical study is conducted using ANSYS Fluent 15.0 to evaluate the gas-side 

heat transfer performance and to identify the effects of different geometric parameters on 

the finned tube performance. The objective function is to improve the gas-side heat transfer 

of the H-type finned tube bundle taking into consideration pressure drop, possibility of 

cleaning, and material cost arising from the fin mass. 

 

1.1 Objectives and Scope of the Study 
The main objective of this thesis is to identify potential improvements on Alfa Laval Aal-

borg’s currently used H-type finned tube design by examining the effect of various geo-

metric parameters. The optimization of finned tube design and fin arrangement should be 

performed in a manner that a good balance between 1) heat transfer performance, 2) pres-

sure drop characteristics, and 3) usability and manufacturing cost is found. In this context, 

usability means that the fouling of the heat transfer surfaces can be controlled and periodic 

surface cleaning e.g. with steam sootblowers is possible. In other words, the optimization 

task would be to increase both heat transfer rate and turbulence of the flow and simultane-

ously to reduce both the pressure drop and fin mass resulting in lower material and manu-

facturing cost by means of changing the shape and dimensions of the fin. 

 

This thesis deals only with water tube boilers where heat is recovered from hot exhaust 

gases for purpose of steam production or water heating. In addition, the waste heat recov-

ery boiler studied in this thesis utilizes finned tubes for all heat sections. Also, the effect of 

tubular arrangements is neglected and the arrangement of the tubes is assumed to be 

aligned in all cases due to ease of cleaning of the in-line layout. 

 

The study of this thesis is majorly focused on the fin design and geometric parameters to 

determine potential improvements for current finned tube design. Tube dimensions includ-

ing tube diameter and tube spacing are also taken into consideration to some extent, but the 
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main focus is on the fin dimensions. The selection of the construction materials to be used 

for the tubes and fins usually depends on the specific requirements of the application. 

However, the material for the tubes and fins in all cases in this thesis is considered to be 

carbon steel which determines the thermal properties of the finned tube. 

 

In this thesis, the effects of geometric parameters of selected H-type finned tube configura-

tions on gas-side heat transfer and pressure drop characteristics are investigated from nu-

merical point of view. In some studies it is assumed for simplicity that the convection heat 

transfer coefficient is uniform over the fin surface and that the tip of the fin is thermally 

insulated. In the study of this thesis, the convection heat transfer coefficient changes con-

stantly over the fin surface and the tip and sides of the fin are also contributing to the heat 

transfer as in actual fin. However, to analyse the heat transfer numerically, the following 

assumptions and simplifications are made: 

 

1) The heat transfer through the fin is at steady state and there is no heat generation. 

2) The exhaust gas composition is considered as a mixture of gases comprised of nitrogen 

N2, water vapour H2O, oxygen O2, carbon dioxide CO2, and sulphur dioxide SO2. 

3) The exhaust gas flow is considered to be incompressible with properties dependent of 

temperature. 

4) Heat is transferred from the exhaust gas to the finned tube solely by forced convection. 

It is assumed that there is no natural convection or radiative heat transfer present. 

5) The material of the fin is carbon steel with constant thermal conductivity of 45 W/m⋅K. 

6) The inner surface temperature of the tube is at constant value of 170 °C. 

7) The contact resistance between the base of the fin and the tube is neglected. 

 

To summarise, this thesis aims to contribute to the design of waste heat recovery boiler 

unit by developing a numerical model of the finned tube bundle to predict the gas-side heat 

transfer performance and pressure drop dependent on fin geometry and flow conditions and 

to identify potential areas of development in the currently used H-type finned tube design 

by Alfa Laval Aalborg Oy.  

 

1.2 Outline of the Thesis 
Chapter 1 introduces the background of the study, main focus areas, and outline of the the-

sis. Chapter 2 covers the basics of waste heat recovery and general design considerations 

of waste heat recovery boilers. Chapter 3 discusses general theoretical aspects concerning 
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flow dynamics, heat transfer, and pressure drop in finned tube bundles. In Chapter 4, the 

main geometric parameters of the H-type finned tubes are listed and their effects on heat 

transfer performance and pressure drop of the finned tube bundle are discussed based on 

literature and previous research. Chapter 5 includes the description of the numerical model 

and modelling procedure and Chapter 6 presents the results of the numerical simulations. 

Chapter 6 presents also the discussion part of this thesis. Finally, the thesis is concluded in 

Chapter 7 where the main conclusions are summarised and recommendations for further 

study are presented. 
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2 WASTE HEAT RECOVERY BOILER 
Waste heat recovery boiler, also referred to as heat recovery steam generator (HRSG) or 

exhaust gas boiler (EGB), is a heat exchanger that recovers heat from a hot stream and 

transfers it to another medium. Waste heat can be defined as rejected heat having a portion 

which may be recovered. The most typical heat sources for waste heat recovery boiler in-

clude hot exhaust gases from reciprocating engines, gas turbines, incineration systems, 

chemical plants, refineries, kilns, or furnaces (Ganapathy 2011, 606). Hot exhaust gases 

from the heat source are cooled in waste heat recovery boiler and the recovered heat is 

usually utilized for steam or hot water production. Waste heat recovery boilers are most 

often featured in cogeneration, combined cycle, or plant’s self-demand applications. Co-

generation refers to simultaneous production of two forms of energy: power and steam, 

and combined cycle refers to the process where power is produced by both prime mover 

cycle and waste heat recovery process. In combined cycle plant, the waste heat recovery 

boiler produces superheated steam for the steam turbine to generate electricity. (Rayaprolu 

2009, 617-618.) Especially in combined cycle plants where reciprocating engines are often 

used as prime movers, waste heat recovery is an essential part of the process increasing the 

plant’s overall efficiency (Petchers 2012, 117). 

 

Reciprocating engines are typically available in a size range of 10 kW to 18 MW in com-

bined heat and power installations (EPA 2015, 2-1.) They are often used in load following 

applications where the thermal output of the engine is regulated according to the electric 

demand of the facility and thus thermal output of the WHRB varies accordingly. In power 

generation applications, a large proportion of fuel power is discharged from engines in the 

form of waste heat contained in the exhaust gas. For example, the amount of thermal ener-

gy contained in the exhaust gas of the four-stroke reciprocating engine represents approxi-

mately 28…30 % of the primary fuel energy (Wärtsilä 1997, 38). By applying a WHRB to 

reciprocating engine, some of the waste heat can be recovered and utilized to generate 

steam or hot water for process use or district heating purposes. Heat recovery improves the 

overall economics of the process and an investment in a WHRB can often be recovered 

within a relatively short amount of time. 

 

2.1 Classification of WHRBs 
WHRBs are commonly classified as either smoke tube or water tube boilers indicating the 

fluid which is flowing inside the tubes. Water tube boilers are suitable for high exhaust gas 

flow rates and are able to handle high steam pressures and temperatures. The typical con-
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struction of Aalborg AV-6N –water tube boiler manufactured by Alfa Laval Aalborg Oy is 

presented in Figure 2.1 (Alfa Laval 2015). The use of extended surfaces in water tube boil-

ers makes them smaller in size and decreases their weight compared to smoke tube boilers. 

Water tube boilers generally utilize externally finned tubes although a bare tube configura-

tion is also possible. Water tube boilers have a steam drum where steam and water are sep-

arated similarly as in conventional boilers. Water tube boilers can be categorized by a 

number of ways such as the type of circulation, the number of steam pressure levels, the 

flow direction of exhaust gas, or the purpose for which the boiler is used. (Ganapathy 

2011, 607-609.) 

 

 
Figure 2.1. Aalborg AV-6N –waste heat recovery boiler with steam drum installed on top of the boiler (Alfa 
Laval  2015). 

 

Water tube boilers categorized on the basis of the type of circulation system, use either 

natural or forced circulation. In natural circulation, the density difference between steam 

and water drives the water-steam mixture through the evaporator and riser tubes and back 

to the steam drum, where the steam separates and flows further into the superheater or to 

steam consumers. The circulation is ensured through gravity and no circulation pumps are 

needed, whereas in forced circulation, a circulation pump is required to maintain the flow 

through the boiler tubes. (Ganapathy 2002, 67.) Therefore, the disadvantages of the forced 

circulation system are the costs arising from the power consumption of the circulation 

pumps and the added maintenance (Goodall 1981, 77).  
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Water tube boilers are also commonly classified according to the number of pressure lev-

els. The boiler can operate at single or multiple pressure levels. In multi-pressure WHRB, 

the boiler generates steam at different pressure levels in order to increase the amount of 

heat recovered from the exhaust gas by lowering the exhaust gas exit temperature. (Ga-

napathy 2011, 611.) Moreover, water tube boilers can be divided up into vertical and hori-

zontal boilers. The classification of the boilers to horizontal and vertical types refers to the 

flow direction of the exhaust gas. Usually, water tube boilers of horizontal layout use 

forced circulation system while the vertical boilers are made to circulate naturally.  

 

In smoke tube boilers, the exhaust gas flows inside the tubes and the surrounding water 

enters at one end and exits as steam or hot water at the other end of the boiler. The smoke 

tubes can be installed horizontally or vertically depending on the chosen layout of the boil-

er. Smoke tube boilers can feature multiple passes to increase the surface area exposed to 

the hot exhaust gases and to reduce the overall length or height of the boiler. A single-pass 

and two-pass smoke tube boilers are the most common configurations in industrial applica-

tions. Also, the heat transfer surfaces usually consist of bare tubes, although, finned tubes 

are also possible in some cases.  

 

Gas side heat transfer coefficients are often quite low in smoke tube boilers and the pinch 

point is usually set considerably higher than for water tube boilers due to the cost consider-

ations. For that reason, smoke tube boilers are mainly applicable and limited to applica-

tions with high pinch point. They are also limited to relatively low steam pressures and 

demands. (Ganapathy 2011, 609.) The steam pressure is limited because higher pressure 

demands increased wall thicknesses for the smoke tubes and surrounding pressure vessel 

what results in increased weight and cost. Thus, boilers of water tube type have generally 

lower price for same steam pressure and capacity compared to the smoke tube boilers, be-

cause the fluid with higher pressure is placed inside the tubes. (Teir & Kulla 2002b, 5.) 

Here, as the main focus in this thesis is on water tube boilers, the design of smoke tube 

boilers is not discussed any further.  

 

2.2 Working Principle of WHRB 
WHRB considered in this thesis is essentially a cross-flow convective heat exchanger 

transferring waste heat contained in the exhaust gas to water for steam production or water 

heating purposes. In steam turbine applications the steam is usually superheated. Since the 
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heat is extracted from hot exhaust gases, there is no furnace or combustion present in 

WHRB. Typically, WHRB consists of different heat sections, which can include super-

heater, evaporator, economizer, and water heater sections operating at single or multiple 

pressure and temperature levels. Additional pressure levels increase the total amount of 

heat that can be recovered from the exhaust gas, because the exhaust gas exit temperature 

can be lowered as the saturation temperature at lower pressure level is also at lower level. 

The current multiple-pressure WHRB designs usually feature either dual or triple pressure 

boilers. WHRB operating at three pressure levels comprises three sections: a high pressure 

(HP), an intermediate pressure (IP), and a low pressure (LP) section and each section usu-

ally employs a separate steam drum and evaporator section. The heat sections in multiple-

pressure boilers should be arranged in a way that the temperature profiles of the exhaust 

gas and steam or water follow each other as closely as possible in order to maximize heat 

recovery. Boilers operating in multiple pressure levels offer also several other design op-

tions, for example, the boiler could feature a common economizer which feeds water for 

both the HP and LP sections or the individual heat sections could also be split up so that 

the exhaust gas temperature profile follows the steam and water temperatures as closely as 

possible.  

 

The feed water from the feed water tank is pumped into the economizer section where it is 

preheated close to the saturation temperature and then directed into the steam drum. Evap-

orator vaporizes water from the steam drum and produces steam which is collected in the 

steam drum. The water recirculation between the steam drum and evaporator section of the 

boiler can be maintained either by natural or forced circulation. The circulation ratio de-

scribes a ratio of the amount of water-steam mixture flowing inside the evaporator tubes to 

the amount of steam generated. Next, the saturated steam is separated in the steam drum 

and directed further either to the superheater to generate dry steam or to steam header to be 

directed further to steam consumers. The degree of superheat is limited by the incoming 

exhaust gas temperature and the number of superheater levels is optimized based on both 

the incoming exhaust gas temperature and the application as well as the investment cost. 

Steam pressure varies depending on application, plant facilities, and demand. The exhaust 

gas flows sequentially pass the superheater, evaporator, economizer, low pressure evapora-

tor, and hot water sections. After the last heat section the cooled exhaust gases are passed 

to the exhaust gas pipe and discharged to the atmosphere.  
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2.3 Typical Temperature Profiles and Pressure Levels 
Figure 2.2 presents typical qualitative exhaust gas and steam temperature profiles in a 

waste heat recovery boiler consisting of superheater, evaporator, and economizer surfaces 

and operating at single pressure. The temperature of the incoming exhaust gas naturally 

depends on the application, but the exhaust gas of the four-stroke reciprocating engines for 

diesel power plant application enters the boiler typically at a temperature of 320… 450 °C. 

Typically, steam is generated at a pressure of 5…30 bar(g) with feed water usually at 105 

°C. As can be seen in Figure 2.2, the steam temperature and pressure is constrained by the 

exhaust gas temperature profile. Based on this, the steam pressures encountered in waste 

heat recovery boilers are typically below 30 bar(g) with maximum steam temperature usu-

ally defined by the incoming exhaust gas temperature.  

 

 
Figure 2.2. Typical exhaust gas and steam temperature profiles in a single-pressure boiler presented qualita-
tively. 

 

Pinch and approach points are important parameters which determine directly steam gener-

ation rate, temperature profiles, and heat transfer surface area required in the WHRB. The 

pinch and approach points illustrated in Figure 2.2 are typically set between 8…15 °C and 

0…10 °C, respectively, and they will be discussed in more detail in the following section. 

The degree of superheat is mainly limited by the incoming exhaust gas temperature and 

material constraints. The temperature of the superheated steam is usually set 20…30 °C 
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below the exhaust gas inlet temperature (Rayaprolu 2009, 632). The feed water tempera-

ture can vary depending on plant facilities and steam pressure, but typically the operating 

pressure of the feed water tank is usually kept above atmospheric pressure for the ease of 

gas removal and the feed water temperature is approximately 105 °C. The outlet tempera-

ture of the exhaust gas is usually between 170...180 °C for the exhaust gas generated by 

diesel engine burning heavy fuel oil (HFO) (Rayaprolu 2013, 222). 

 

Figure 2.3 shows typical temperature profiles in a dual-pressure boiler. The high pressure 

section is followed by the low pressure section where steam is generated at a lower pres-

sure. The temperature of the exhaust gas at the boiler outlet is usually lower than in single-

pressure configuration.  

 

 
Figure 2.3. Typical exhaust gas and steam temperature profiles in a dual-pressure boiler presented qualita-
tively. 

 

The total amount of heat recovered can be increased in some cases through rearrangement 

of the heat transfer surfaces or through common economizer concept as discussed earlier. 

This option is illustrated in Figure 2.4, where HP and LP superheaters and evaporators are 

installed sequentially and the boiler utilizes common economizer which feeds both the HP 

and LP evaporators. This arrangement allows usually the exhaust gases to be cooled down 

even further compared to the dual-pressure system illustrated in Figure 2.3.  
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Figure 2.4. Typical exhaust gas and steam temperature profiles in a dual-pressure boiler with rearranged heat 
transfer surfaces and a common economizer presented qualitatively. 

 

The surface temperature of the tube is also an important factor to consider when selecting 

the materials for the tubes. According to Rayaprolu (2009, 639), the temperature on the 

tube surface is approximately 10 °C higher than the mean temperature of the fluid flowing 

inside the economizer and evaporator tubes. For superheater, the surface temperature of the 

tube is roughly 35 °C higher than the average steam temperature inside the tubes (Ibid.). 

 

2.4 Feasibility of the Waste Heat Recovery 
There are a number of dimensioning parameters of fundamental importance in WHRB de-

sign process. The temperature, flow rate, and chemical composition of the incoming ex-

haust gas flow are some of the key factors when determining the feasibility of waste heat 

recovery system. The exhaust temperature of the four-stroke reciprocating engines for die-

sel power plant applications is typically between 320… 450 °C as stated earlier. 

 

The starting point in WHRB design process is usually the evaluation of steam generation 

rate and temperature profiles of the exhaust gas and steam. The total amount of energy 

recovered from the exhaust gas is calculated according to  
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( )outeg,ineg,p TTcmq −=  , (1) 

where q is the heat rate, m is the exhaust gas mass flow rate, cp is the specific heat, Teg,in is 

the exhaust gas temperature at boiler inlet, and Teg,out is the exhaust gas temperature at boil-

er outlet. 

 

Pinch and approach points are important parameters which determine directly the steam 

generation rate, the temperature profiles, and the heat transfer surface area required in the 

WHRB. The pinch point is defined as the minimum temperature difference between two 

streams, in this case the exhaust gas and the water or steam, as illustrated in Figure 2.2. In 

practice, the pinch point is usually the difference between saturation temperature and tem-

perature of the exhaust gas at the evaporator outlet in waste heat recovery steam boilers. 

After the exhaust gases have transmitted a certain amount of heat and cooled to a certain 

temperature, there is a point below where the further cooling of the gases requires dispro-

portionately large heat transfer surface area resulting in expensive WHRB design. As the 

pinch point decreases, the increase of the heat transfer surface area of the evaporator is 

exponential, whereas the increase of recovered heat is only linear. In other words, the 

smaller the pinch point, more efficient the WHRB, but also more expensive the design. 

The commonly used pinch point in WHRB designs is usually between 8…15 °C. (Raya-

prolu 2009, 632.)  

 

Approach point can be defined as the difference between the economizer water outlet tem-

perature and the saturation temperature in the steam drum. (Ibid.) The approach point 

quantifies the amount of heat transfer surface required in the economizer. For Alfa Laval 

Aalborg boilers the approach point is typically selected to be 0 °C since the construction of 

the boiler is such that it allows steam generation in the economizer section. In some cases, 

it may be desirable to maintain the outlet water temperature in the economizer some de-

grees below the saturation temperature. That being the case, approach point is typically 

selected between 2…10 °C. (Kehlhofer et al. 2009, 191-192.).  However, the approach 

point should be kept as small as possible, because it decreases the amount of steam gener-

ated in the evaporator. In the design process of a WHRB, one usually first determines the 

power output for each heat section based on the selected design pinch and approach points 

and then calculates the overall heat transfer coefficient, the logarithmic mean temperature 

difference, and finally, the required heat transfer surface area (Ganapathy 2011, 617; 621).  
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Another important consideration is the exit temperature of the exhaust gas which deter-

mines the amount of energy recovered from the exhaust gas stream as Equation (1) sug-

gests. The exit temperature of the exhaust gas is mainly limited by acid dew point. In boil-

er industry, the acid dew point usually refers to the sulphuric acid dew point temperature, 

because it is the highest temperature at which acid condensation occurs (Cramer & Covino 

2006, 494). Generally, the acid dew point is the temperature at which combustion product 

acids and water condense onto heat transfer surfaces depositing corrosive substances. The 

sulphuric acid dew point is depending strongly on the amount of sulphur in the exhaust 

gas. Especially in the economizer section, where exhaust gases are at their coolest, corro-

sion is a major concern. (Petchers 2012, 135.) The exhaust gas exit temperature is usually 

maintained well above the acid dew point, but even more important than that is also to 

make sure that the surface temperature of the tube in any case doesn’t decrease below the 

acid dew point in order to prevent chemical corrosion of the heat transfer surfaces.  

 

Another important design parameter is the allowable pressure drop across the WHRB 

which usually should not exceed 1,2 kPa. Pressure drop should be kept low in order to lim-

it losses in power output and efficiency of the reciprocating engine. Also, there needs to be 

buoyancy in the exhaust gas for chimney draught and discharge in the atmosphere 

(Goodall 1981, 73). 

 

The design and dimensioning of the WHRB is usually done case by case depending on the 

chemical composition, temperature, and flow rate of the available exhaust gas. WHRBs are 

often slightly oversized in order to meet the performance requirements even when fouled. 

Fouling reduces the efficiency of the heat transfer because it reduces the overall heat trans-

fer coefficient. The degree of oversizing is typically determined by incorporating fouling 

factors into the design calculation. (Beggs 2009, 210.) 

 

The heat sections of water tube boilers consist of arrays of finned tubes suspended in the 

steel structure of the boiler. The geometric dimensions of the finned tube together with fin 

spacing are normally fixed and the parameters changing are the length of the tube, number 

of tube rows in transversal direction, and number of tube rows in longitudinal direction. 

The cross-sectional area of the waste heat recovery boiler is then optimized by changing 

these parameters based on required output and allowable pressure drop. Based on experi-

ence, a good balance between heat transfer and resulting pressure drop is usually achieved, 
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when exhaust gas velocities in the order of 15 m/s are used as dimensioning values to cal-

culate the required heat transfer area (Rayaprolu 2009, 639).  

 

2.5 Auxiliary Components of a WHR System 
In addition to the boiler, a WHR system requires some auxiliary components which usually 

include at least steam drum, feed water tank, feed water pumps, and steam header. If the 

boiler uses forced circulation system, circulation pumps are also required and depending 

on the process, the system could also include condensate tank and condensate pumps. In 

addition, WHRB often includes a bypass damper which ensures that the exhaust gas flow 

to the boiler can be modulated according to the steam or hot water demand.  

 

In natural circulation systems steam drum is often installed on top of the boiler and con-

nected to the boiler with downcomer and riser pipes. The height difference between the 

water level of the steam drum and the evaporator tubes should be sufficient to create the 

driving force for the flow circulation based on density differences. In forced circulation 

systems the steam drum can be located more freely. The main purpose of the steam drum is 

to supply feed water to the evaporator and to separate water and steam. In addition to this, 

the steam drum acts as water storage in case of load changes, a reference point for feed 

water control, and removes impurities by blowdown. (Teir & Kulla 2002a, 2; 5.)  

 

The feed water system consists of feed water tank and feed water pumps. Feed water tank 

supplies feed water for the boiler by collecting condensate and mixing it with make-up 

water. The feed water tank often includes deaerator which is used to remove non-

condensing gases from the feed water. The deaerator and gas removal takes place prior the 

feed water is directed to the tank and the removal of gases is achieved by raising the tem-

perature of the water. The deaerator breaks up the water into small droplets as it enters the 

deaerator. Breaking the water up into droplets allows them to be heated rapidly and air and 

gas bubbles to be removed. The feed water tank is usually heated with low pressure steam. 

The feed water pumps are used to raise the pressure of the feed water to the steam drum 

pressure. Usually WHRB system includes two similar feed water pumps which are paral-

lel-connected and have enough power to singularly supply the amount of feed water re-

quired. In this way, the other pump is working as a spare in case the other one is damaged. 

The feed water pumps are most often of centrifugal type. (Heselton 2005, 176; 249; Teir & 

Kulla 2002a, 6-7.) 

 



25  
  

Units for water softening, chemical dosing, and thermal deaeration are also often included 

in the WHR system. Steam boilers must be supplied with chemically and thermally treated 

feed water because impurities in water and steam cause fouling inside the tubes which may 

lead to overheating of the tubes (Ganapathy 2011, 608). Calcium, magnesium, and oxygen 

are all substances contained in the untreated water and harmful to the heating surfaces over 

the course of time through corrosion and limestone deposits. 

 

In addition to the equipment mentioned above, a control system is often also supplied as a 

part of the WHR system. The control system is used to control the operation of the boiler 

and other components and it is most often based on modular programmable logic controller 

(PLC) which is an industrial computer consisting of a central processing unit and an in-

put/output interface system.   
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3 HEAT TRANSFER AND PRESSURE DROP IN FINNED TUBE 
BUNDLES 
Heat transfer occurs whenever there is a temperature difference within a system. Heat may 

be transferred through three different mechanisms: convection, conduction, and thermal 

radiation.  

 

Convection occurs when moving gas or liquid comes into contact with a solid surface of a 

different temperature. Convection can be regarded to be comprised of two heat transfer 

mechanisms: energy is transported both by random molecular motion, or diffusion of ener-

gy, and by the bulk motion of the flowing fluid. Convection heat transfer is classified ac-

cording to the nature of the flow. In natural convection, the only driving force of the fluid 

flow is the density difference generated by the temperature gradients. In forced convection, 

an external force, for example pump, fan, or reciprocating engine as is the case of this the-

sis, is used to move the fluid over the heating surface. Heat flux by convection can be cal-

culated as 

 

 ( )sconv TThq −=′′ ∞ , (2) 

 

where h is the convection heat transfer coefficient, Ts is the surface temperature and T∞ is 

the bulk temperature of the fluid. (Incropera et al. 2007, 6-9.)  

 

Conduction is heat transfer within solids. It can be defined as the flow of energy from the 

region of higher temperature to one of lower temperature by molecular interaction. The 

heat flux by conduction in the x, y and z directions under the steady-state conditions can be 

calculated according to Equation (3) recognizing that the heat flux is a vector quantity. 
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(3) 

 

where λ is thermal conductivity characteristic to the surface material, ∇ is the three-

dimensional del operator, and T(x,y,z) is the scalar temperature field. The minus sign indi-

cates that heat is transferred in the direction of decreasing temperature. The total conduc-

tive heat rate at certain point in the solid three-dimensional body is the resultant of qcond,x, 

qcond,y, and qcond,z at that point. (Incropera et al. 2007, 3-5; 59.) 
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Heat transfer by radiation takes place due to the propagation of electromagnetic waves 

when a body at a certain temperature emits electromagnetic radiation. According to Stefan-

Bolzmann’s law, the heat flux by radiation for a real surface is given by   

 

 ( )4
s

4
rad TTq −=′′ ∞εs , (4) 

 

where ε is the emissivity of the surface and σ is the Stefan-Bolzmann constant. (Incropera 

et al. 2007, 9-10.) Since the exhaust gas temperature levels of the waste heat recovery boil-

er considered in this thesis are relatively low, the overall heat transfer is dominated by 

convection and conduction, and the radiation effects can be assumed negligible.  

 

3.1 Heat Transfer and Flow Considerations 
In this section, the external flow of the exhaust gas across the finned tube bundle and flow 

characteristics are introduced and discussed from general theoretical point of view. The 

flow structure of the exhaust gas between the fins is complex and the local flow phenome-

na and behaviour may vary greatly depending on the location in the finned tube bundle. 

Because of this complex nature of the exhaust gas flow within finned tube bundle, the de-

sign and optimization process of finned tubes usually requires experimentally derived cor-

relations of gas-side heat transfer and pressure drop characteristics. Flow conditions within 

finned tube bundle are dominated by boundary layer separation effects and by wake inter-

actions, which have a significant effect on the convection heat transfer (Incropera et al. 

2007, 437).  

 

3.1.1 Flow Past a Circular Cylinder in Cross-Flow 

As illustrated in Figure 3.1, when the fluid flow encounters a circular cylinder, a stagnation 

point is formed at the angular location of 0° with an accompanying rise in pressure (In-

cropera et al. 2007, 423). From this point on, the pressure starts to decrease as the fluid 

flows further and the boundary layer develops under the influence of favorable pressure 

gradient, dp/dx < 0, and hence, the free-stream flow accelerates, du∞/dx > 0. As the rear of 

the cylinder is approached, the pressure must eventually reach a minimum after which the 

boundary layer development occurs under the influence of an adverse pressure gradient, 

where dp/dx > 0 and du∞/dx < 0. Therefore, from u∞ = 0 at the stagnation point, the fluid 

accelerates until it reaches a maximum velocity when dp/dx = 0, and then decelerates in the 

presence of an adverse pressure gradient. Eventually, the velocity gradient at the surface 

becomes zero and boundary layer separation must occur due to insufficient momentum of 
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the fluid to overcome the pressure gradient causing continued downstream movement to 

become impossible. As the boundary layer detaches from the tube surface, the separation 

of the flow past a circular cylinder causes formation of eddies above and below the cylin-

der resulting in a wake forming in the downstream region. In the wake region, a phenome-

non called vortex shedding can be observed. Vortex shedding is caused by eddies traveling 

into the wake region where the flow involves the formation and shedding of vortices alter-

nating from one side to the other in an oscillatory pattern. The occurrence of vortex shed-

ding is of major importance because the alternate formation and shedding of vortices cre-

ates alternating forces, which have significant effects and fluctuations especially on drag 

and lift forces. (Ibid.) 

 

 
Figure 3.1. Boundary layer formation and separation on a circular cylinder in cross-flow (Incropera et al. 
2007, 423). 

 

3.1.2 The Convection Boundary Layer 

To the understanding of convection heat transfer between a surface and a moving fluid, 

which in our case is the exhaust gas, the concept of boundary layer development is essen-

tial. When a moving fluid and a bounding surface interact, the development of velocity 

boundary layer is triggered. Velocity boundary layer is a region where the flow velocity 

varies from zero at the bounding surface to a free-stream velocity u∞ associated with the 

flow as presented in Figure 3.2 (Incropera et al. 2007, 349). The development of velocity 

boundary layer is a consequence of viscous effects associated with relative motion between 

a moving fluid and a surface and the velocity boundary layer is characterized by velocity 

gradients and shear stresses. (Incropera et al. 2007, 6-9.) At the bounding surface, the fluid 

particles assume zero velocity. As these particles interact with the particles in the adjoining 

fluid layer, the motion of the particles in the adjoining fluid layer is retarded. These parti-

cles then interact with the particles in the next layer, and so on until the retardation of fluid 

motion becomes negligible at a distance y = δu from the surface as shown in Figure 3.2. 
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The boundary layer thickness δu is typically defined as the value of y for which u = 0,99u∞ 

(Incropera et al. 2007, 348-349.)  

 

 
Figure 3.2. Velocity boundary layer development on a flat plate (Incropera et al. 2007, 349). 

 

Moreover, if temperature gradient exists between the fluid and the bounding surface, an-

other boundary layer called thermal boundary layer will be formed as a consequence of the 

heat transfer between the fluid and the surface as shown in Figure 3.3 (Incropera et al. 

2007, 350). Thermal boundary layer is a fluid region through which the temperature varies 

from Ts at the surface to T∞ which corresponds to the temperature of the free-stream flow. 

Thermal boundary layer region is characterized by temperature gradients and heat fluxes. 

(Incropera et al. 2007, 6-9.) 

 

 
Figure 3.3. Thermal boundary layer development on a flat plate (Incropera et al. 2007, 350). 

 

Fluid particles in contact with the bounding surface achieve thermal equilibrium at Ts and 

as these particles interact with the particles in the adjoining fluid layer, they exchange en-

ergy and as a consequence, temperature gradients are developed in the fluid. The thermal 

boundary layer thickness δt is typically defined as the value of y for which  
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(Incropera et al. 2007, 349-350.) 
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3.1.3 Basic Fin Theory and Definitions 

The purpose of the fins is to increase the heat transfer rate from a surface by increasing the 

effective heat transfer surface area. The fin’s performance in enhancing the heat transfer 

e.g. from the exhaust gas to the fluid flowing inside the tube can be measured either with 

fin effectiveness εf, thermal resistance Rf, or fin efficiency ηf. Fin effectiveness defined as 

the ratio of the fin heat transfer rate to the heat transfer rate that would exist without the fin 

may be expressed as  

 

 
( )bbc,

f
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q
−

=
∞

ε , (6) 

  

where qf is the fin heat transfer rate, h is the convection heat transfer coefficient, Ac,b is the 

cross-sectional area of the fin base, T∞ is temperature of the surrounding environment, and 

Tb is the surface temperature at the base of the fin. Generally, fin effectiveness εf should be 

designed as large as possible what can be achieved e.g. by the choice of material with high 

thermal conductivity, increasing the ratio of the fin perimeter to the cross-sectional area, or 

extending the length of the fin. (Incropera et al. 2007, 147-148.) 

 

Another measure of the fin performance is the thermal resistance. The driving temperature 

gradient for case of hot exhaust gas flow and cold water flowing inside the tubes is the dif-

ference between exhaust gas temperature and surface temperature of the tube i.e. tempera-

ture at the base of the fin.  
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(Incropera et al. 2007, 148.) 

 

The fin performance may also be quantified with fin efficiency. However, there is no par-

ticular value of ηf which would represent the best design and maximizing the fin efficiency 

doesn’t necessarily lead to optimal design and maximum heat transfer. The value of fin 

efficiency ηf is a function of fin geometry, thermal conductivity of the fin material, and 

convection heat transfer coefficient. Fin efficiency is defined as the ratio of actual heat 

transferred from the fin to the heat that would be transferred if the entire fin were at its tip 
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temperature, the tip of the fin being the area where the maximum temperature of the fin 

occurs. 
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where Af is the total surface area of the fins, hf is the local convection heat transfer coeffi-

cient, Tf is the local temperature on fin surface, and h is the mean convection heat transfer 

coefficient of the finned tube, Tb is the surface temperature of the bare tube. (Incropera et 

al. 2007, 149.) In this thesis, the fin efficiency for H-type fins with constant cross-sectional 

area is calculated iteratively according the method suggested for rectangular-shaped fins in 

VDI Heat Atlas in which the fin efficiency is calculated from  
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where 
2

odϕ  is defined as the weighted fin height, h is the mean convection heat transfer 

coefficient for finned tube, λ is thermal conductivity of the fin material, and δ is the fin 

thickness (Schmidt 2010, 1273). The operand φ is calculated as 
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where b is the fin width, do is the tube outer diameter, and L is the fin height (Schmidt 

2010, 1274). 

 

3.1.4 Gas-Side Pressure Drop 

The pressure drop occurring in the gas flow over the tube bundle is mainly a result of fric-

tion drag and pressure drag. Friction drag is caused by boundary layer surface shear stress-

es and pressure drag is caused by pressure gradients in the flow direction resulting from 
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turbulent wake formation (Incropera et al. 2007, 423-424). Additional pressure drop is 

caused by flow acceleration due to density differences.  

 

3.2 Analogy between Heat Transfer and Flow Characteristics 
Convection heat transfer coefficient depends on development and conditions in the velocity 

and thermal boundary layer which are mainly affected by surface geometry, the nature of 

the fluid motion, and thermodynamic and transport properties of the fluid (Incropera et al. 

2007, 8). The mechanisms controlling the heat transfer from exhaust gases to water flow-

ing inside the tubes are convection from the surroundings to the fin surface and conduction 

through the fin cross-section. Bare tubes and the bases of the fins welded on the tubes form 

the primary heat transfer surface within the finned tube heat exchanger and the secondary 

heat transfer surface consists of fin surfaces (Thulukkanam 2013, 184). 

 

Convective heat transfer is greatly influenced by the flow conditions and boundary layer 

development. Fluid motion is characterized by velocity components in the x, y and z direc-

tions. Flow velocity slows down near the wall as the boundary layer grows. (Incropera et 

al. 2007, 359-360.) Generally, both heat and momentum transfer depend on the flow veloc-

ity in turbulent flow, while in laminar flow only the momentum transfer depends on the 

flow velocity, while the heat transfer depends on the residence time. As the Reynolds 

number increases, the boundary layer becomes narrower and the temperature gradient in-

creases, thus the heat transfer rate increases. 
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4 FIN GEOMETRY 
Waste heat recovery applications often utilize annularly finned circular tubes with fins of 

constant thickness. The majority of finned tubes used in WHRB industry and heat recovery 

applications employ rectangular or square shaped vertical fins and both single and double 

tube configurations are used as shown in Figure 4.1 (Ekströms Värmetekniska 2015). Heli-

cally wounded circular fins of either solid or serrated design shown in Figure 4.1 (right-

hand side) are also popular among several WHRB manufacturers, but their utilization is 

usually constricted to clean exhaust gas applications only (Ó Cléirigh & Smith 2014, 680). 

Cleaning of the tube banks is a major concern especially with exhaust gas streams contain-

ing ash and other particulates, and for this reason, the selection of fin configuration is usu-

ally made based on cleanliness considerations. The in-line tubular arrangement is used by 

most of the WHRB manufacturers for the ease of cleaning. The selection of the fin depends 

also on the maximum allowable pressure drop across the boiler and temperature constraints 

imposed by the fin material.  

 

 
Figure 4.1. Finned tubes (Ekströms Värmetekniska 2015). 

 

H-type finned tube is a specific type of finned tube typically used in the field of waste heat 

recovery systems. H-type finned tube is mostly derived from rectangular-type finned tube 

and as it is selected as the subject of study in this thesis, other fin types are not discussed 

any further. In this chapter, a variety of different fin geometric parameters and their effects 

on heat transfer performance of the H-type finned tube are discussed. In addition, a brief 

look at the existing research and previously obtained results is made. 

 

4.1 H-Type Finned Tubes 
H-type finned tubes are widely used in WHR applications utilizing extended surfaces 

(Chen et al. 2014, 7095). H-type finned tube is usually comprised of two separate plates 
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welded on either side of the tube forming a narrow slit between the fin plates as shown in 

Figure 4.2. This configuration is referenced as the H-type finned tube due to its shape and 

it is usually of single or double tube type construction as also shown in Figure 4.2. The H-

type fins on round tubes are geometrically characterized by fin length L, fin width b, slit 

width w, fin spacing s, fin thickness δ, tube outer diameter do, and tubular spacing. 

 

 
Figure 4.2. Schematic figure of H-type finned tube heat transfer surface for double tube and single tube con-
figuration, respectively. 

 

The advantage of the rectangular shaped fins with in-line tubular arrangement is that they 

offer minimal resistance to the exhaust gas flow and the straight flow paths between the 

fins prevent fouling. In particular, the H-type finned tubes enable easy cleaning of the tube 

bundles e.g. via steam sootblowing when in-line tubular arrangement is used. The ease of 

cleaning of the tube bundle is of great importance for the waste heat recovery applications 

where the fouling of the heat transfer surfaces needs to be controlled and minimized for the 

boiler to operate efficiently. (Jin et al. 2013, 242.) 
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4.2 Fin Design Considerations 
The efficiency of the gas-side heat transfer is a primary consideration when determining 

the finned tube design for a heat exchanger. Primarily, the distribution of the convection 

heat transfer coefficient over a fin and tube surface is dependent on fin geometry and flow 

characteristics such as local fluid velocity and fluid properties (Mon 2003, 9). One way of 

increasing convection heat transfer between the exhaust gas flow and the heat transfer sur-

faces is to induce turbulence. This results in enhanced heat transfer, but is usually accom-

panied by increased gas-side pressure drop. The pressure drop is not allowed to increase 

beyond a certain point in order to ensure efficient operation of the reciprocating engine and 

exit flow of the gases from the WHRB. Usually, the allowable pressure drop is a pre-

determined value and a starting point for WHRB design. Thus it is obvious that the fin de-

sign is an open-ended subject of optimization and the selected fin design is often a trade-

off between heat transfer characteristics, allowable pressure drop, and cost-effective con-

struction. Lienhard and Lienhard (2011, 177) have summarised some of the deciding fac-

tors that need to be considered when determining the optimal fin shape for a heat exchang-

er: 1) the weight of material added by the fin, 2) the possible dependence of the convection 

heat transfer coefficient on temperature difference between fin and the surroundings, flow 

velocity past the fin, or other influences, 3) the influence of the fins on convection heat 

transfer coefficient as the fluid moves around the fins, 4) the cost and complexity of manu-

facturing fins, and 5) the pressure drop introduced by the fins. 

 

Fin geometry and characteristics have an important effect on the flow distribution over the 

tube bundle, which in turn, basically determines the pressure drop across the tube bundle 

and the heat transfer performance of the WHRB. These characteristics include fin dimen-

sions, fin spacing, fin thickness, and thermal conductivity of the fin material. Heat transfer 

surface area can be increased for example by increasing fin height or shortening the fin 

pitch. However, the fin effectiveness usually decreases as the height of the fin increases 

which may result in lower heat transfer rates. Very tight fin spacing may also lower the 

local heat transfer due to the formation of thick thermal boundary layers and laminarisation 

of the flow conditions between the fins. In case of laminarisation, thermal boundary layers 

on adjacent fin surfaces grow to the point where they are interacting and possibly prevent-

ing the fluid to penetrating as far into the fins as it would if the spacing was wider. The 

result of this would be a reduced heat transfer rate. Thus, the optimal values of fin height 

and spacing are also related to the development of boundary layer and its thickness. In 



36  
  

general, the fin efficiency is increased when the fin height decreases and fin thickness in-

creases. (Thulukkanam 2013, 188.)  

 

Heat transfer, flow, and pressure drop characteristics of finned-tube bundles have been 

studied excessively by both numerical and experimental methods. However, the studies 

have mostly focused on spirally finned tubes, plate finned tubes, or serrated finned tubes 

utilizing circular shaped fins, while fewer studies are concentrating on H-type or rectangu-

lar-type finned tubes. A brief review is presented in the following. Chen et al. (2014) con-

ducted experimental measurements in high-temperature wind tunnel for H-type finned 

tubes of single tube construction. They studied the effects of fin width, fin height, fin spac-

ing and air velocity on fin efficiency, convection heat transfer coefficient, integrated heat 

transfer capacity, and pressure drop. They concluded that the convection heat transfer coef-

ficient was proportional to the fin spacing, but inversely proportional to the fin height and 

width. Jin et al. (2013) studied the heat transfer and pressure drop characteristics of single 

H-type finned tube banks by three-dimensional numerical simulation. They examined the 

effect of seven geometric parameters and Reynolds number on fin performance. According 

to the study, the transversal tube spacing had the most important effect on heat transfer and 

pressure drop characteristics, and the slit width had the least important effect. Jin et al. 

(2013, 245-246) also studied the effect of number of tube rows by varying the number of 

streamwise tube rows from 1 to 10. As a result, they stated that the heat transfer and fluid 

flow didn’t become fully developed until after the 10th tube row which could suggest that 

the flow in fully developed region may be significantly different compared to the flow in 

the developing region. Yin et al. (2014) numerically investigated the effects of fin width, 

fin length, and fin thickness of rectangular-shaped fins on heat transfer, fin efficiency, and 

pressure drop. They varied the fin length to width ratio from 1 to 2,5 and found out that for 

rectangular fins, the recirculation occurring under the tube after the flow passes the tube is 

closely connected with the fin length to width ratio and almost no recirculation occurred, 

when the ratio was 1,5. Due to this, the fin with length to width ratio 1,5 yielded to the 

highest Nusselt number and the smallest friction coefficient value in the investigated 

Reynolds number range resulting in highest heat transfer coefficient and the smallest pres-

sure drop. Moreover, the effect of fin thickness and shape was studied with the length to 

width ratio of 1,5 and compared to circular fin performance. The results showed that the 

effect of fin thickness on pressure drop was small and although the circular shaped fin had 

higher fin efficiency and smaller pressure drop than the rectangular fin with the same heat 

transfer surface area, at the same time the Nusselt number for the fin with rectangular 
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shape was larger and that denoted higher heat transfer coefficient compared to circular fin. 

In addition, according to the results the pressure drop across the fin was mainly dependent 

on the length of the fin leading edge i.e. fin height, the pressure drop being smaller when 

the length was decreased. (Yin 2014, 323-326.) Chen et al. (2007, 47) applied the finite 

difference method in conjunction with the least-squares scheme to predict the average heat 

transfer coefficient and the fin efficiency on a vertical square fin of one-circular tube plate 

finned-tube heat exchangers from experimental temperature data. The experiments were 

conducted in a wind tunnel. Chen et al. (2007, 56) estimated the heat transfer coefficients 

in eight sub-fin regions and the obtained results showed that especially in the downstream 

region of the fin there was a considerable temperature drop between the tube wall and the 

edge of the fin. The air flow accelerated around the tube and formed a low-velocity wake 

region behind the tube. The average heat transfer coefficients were found to be very low in 

downstream region of the fin behind the circular tube and much higher in the entrance fin 

region. The ratio of the average heat transfer coefficient in the upstream fin region to that 

in the wake region was up to 10 times under the studied conditions. (Chen et al. 2007, 51-

54; 56.) Yu et al. (2010) examined the heat transfer and flow resistance characteristics of 

both the single and double H-type finned tube bundles by experimental tests and numerical 

simulation. The obtained results showed that the heat transfer and resistance characteristics 

of H-type finned tube bundles are influenced by the Reynolds number of the air and as the 

Reynolds number of the flow increases, the air-side Nusselt number will also rise gradual-

ly, whereas Euler number, which corresponds to the dimensionless pressure drop, will drop 

step by step until it stabilized to a fixed value. In the case of same Re, the heat transfer per-

formance of the single H-type finned tube bundle will be better than that of double tubes 

and for the pressure drop the effect is the opposite. Moreover, the flow and temperature 

fields obtained by numerical simulations were found to agree well with the experimental 

data indicating that the numerical calculation method may be used for analysis of flow and 

heat transfer characteristics of H-type finned tube bundles. (Yu et al. 2010, 433.) Zhang et 

al. (2010) carried out numerical simulations on heat transfer characteristics of H-type 

finned tube. They studied the effects of number of tube rows and longitudinal space on 

heat transfer coefficient and according to their results, the heat transfer coefficient in-

creased with the increase of gas velocity and longitudinal space, and the decrease of the 

number of streamwise tube rows. (Zhang et al. 2010, 368.) Wu et al. (2013) performed 

experimental tests in a wind tunnel for H-type finned tube bundles with different geomet-

rical parameters, including the tube diameter, fin height, fin spacing, transverse tube spac-

ing, and longitudinal tube spacing. Based on experimental results, they derived correlations 
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for Nusselt number and friction factor for H-type finned bundles with tube diameter of 38 

mm. (Wu et al. 2013, 88.) 

 

4.3 Geometric Fin Parameters 
Ideally, the improved fin design should meet the following criteria as stated earlier: mini-

mum weight, enhanced heat transfer performance, and decreased pressure drop compared 

to the original design. However, the main objective is to find areas of development for the 

H-type finned tube that would lead to an increased convection heat transfer coefficient be-

tween the fin and its surroundings while keeping the increase in pressure drop as small as 

possible. 

 

Especially with finned tubes, heat transfer surface area alone can sometimes be misleading. 

The design with the highest fin density and largest surface area is seldom the best solution, 

for optimum fin configuration with a lower surface area may be able to transfer the same 

heat duty or even more. Therefore, it is essential to evaluate the heat transfer and pressure 

drop characteristics of each design configuration separately and to study the effects of dif-

ferent fin parameters instead of making the decision based on surface area alone. (Ganapa-

thy 1996, 38-39.) 

 

Therefore, the effects of fin width and height, fin spacing, and fin thickness are chosen to 

be the subjects of study presented in this thesis. Some attention is also paid to the effect of 

tube outer diameter and tube spacing. The heat transfer and flow characteristics on the gas-

side and temperature distribution on the fin surface for each one of the studied geometries 

are to be evaluated with the means of numerical simulations. Especially, convection heat 

transfer coefficient h and pressure drop Δp are important characteristics in the design of 

finned tube bundles. The schematic figures of fin geometries subject to the simulations are 

shown in Figure 4.2 and the range of fin dimensions to be examined are presented in Table 

4.1. The fin parameters in Table 4.1 are non-dimensionalised by the tube outer diameter. 
 

 

 

 

 



39  
  

Table 4.1. Geometric parameters and their range of values examined in this thesis. The values are non-
dimensionalised by the tube outer diameter. 

      Range of values 

Parameter Symbol           Double tube               Single tube 

                

 

 

Fin height l 3,82  1,76 / 2,16 / 2,55 

Fin width b 1,84 / 2,37 / 2,89  1,76 / 2,16 / 2,55 

Fin spacing s 0,26 / 0,39 / 0,66  0,20 / 0,29 / 0,49 

Fin thickness δ 0,03 / 0,05 / 0,08  0,02 / 0,04 / 0,06 

Tube outer diameter do 38 mm    51 mm 

Transversal tube spacing ST 1,97 / 2,50 / 3,03  1,86 / 2,25 / 2,65 

Longitudinal tube spacing SL 1,97 / 2,50 / 3,03   1,86 / 2,25 / 2,65 
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5 NUMERICAL SIMULATIONS 
Computational fluid dynamics (CFD) is a numerical simulation technique used for solving 

problems that involve e.g. fluid flow and heat transfer. The finite volume method (FVM) is 

a common approach used in CFD codes, but also e.g. the finite element method (FEM) or 

the finite difference method (FDM) could be applied for numerical analysis. Numerical 

simulations have been widely used to analyse complex flow fields in recent years. Experi-

mental measurements are often expensive and measurement of local heat transfer and visu-

alization of the flow may be difficult to execute, so in many cases, numerical simulation 

provides more cost-effective and faster alternative to experimental study. In this thesis, a 

numerical model is created and conjugate fluid flow and heat transfer calculations are per-

formed to solve heat convection over the finned tubes and heat conduction within the fin 

and tube walls. The objective is to determine the temperature distributions and average 

convection heat transfer coefficients of selected fin configurations and to study the flow 

behaviour within tube bundle and in between two adjacent fins. Also, the effects of varying 

fin geometric parameters on the heat transfer and pressure drop characteristics are studied. 

The grid generation in this thesis is performed with ANSYS ICEM CFD© 15.0 software 

and a numerical analysis is performed with commercial CFD software ANSYS Fluent© 

15.0.  

 

The total heat transfer surface of a waste heat recovery boiler cannot be simulated within 

the scope of this thesis due to the limitations of the computing resources and thus size of 

the computational domain is restricted to six successive tubes and three tubes in parallel. 

 

5.1 Governing Equations 
The finite volume method (FVM) is based on decomposition of the domain into small con-

trol volumes. The equations governing fluid flow and heat transfer are integrated formally 

over all the control volumes of the solution domain. Resulted integral equations are then 

discretized into a system of algebraic equations. Finally, the system of algebraic equations 

is solved iteratively for each control volume. (Versteeg & Malalasekera 2007, 3-4.) 

 

The governing equations of the fluid flow are continuity, momentum, and energy equa-

tions. In general form, three-dimensional equations using index notation can be written for 

the conservation of mass (12), momentum (13), and energy (14). Index notation is used to 

express operations on Cartesian (x, y, z) components of vectors and tensors. If an index 
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appears twice in a product of vectors or tensors, summation is assumed over the repeated 

index. 
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In the mass conservation equation (12), the first term indicates the rate of increase of mass 

inside the volume and the second term indicates the net flow of mass into the volume 

across boundaries. In the momentum conservation equation (13), p is the static pressure, SM 

is the source term including contributions due to body forces, and ijτ denotes the viscous 

stresses where suffices i and j indicate the direction of the viscous stresses. In energy con-

servation equation (14), the rate of change of energy according to the first law of thermo-

dynamics is equal to the sum of the net rate of heat addition, the net rate of work done on 

the fluid particle, and the rate of increase of energy due to sources. (Versteeg & Malalasek-

era 2007, 9-23.) 

 

For three-dimensional, steady-state, incompressible fluid in the absence of gravity the 

above equations for conservation of mass (15), momentum (16)…(18), and energy (19) 

yield 
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(Ibid.) The above presented equations are discretized and solved by the finite volume 

method by using commercial CFD software ANSYS Fluent© 15.0. 

 

5.2 Geometry 
The schematic figure of H-type finned tube subject to study and currently used by Alfa 

Laval Aalborg is presented in Figure 5.1. The finned tube consists of two aligned tubes and 

rows of thin rectangular steel plates welded on each side of the tubes. Due to current manu-

facturing method, the fins are cut near the tube surface according to Figure 5.1 and the 

welding seam is not constant but there are a few tiny gaps along the welding seam. 

 

 
Figure 5.1. H-type finned tube design currently used by Alfa Laval Aalborg Oy. 

 

In order to improve the quality of the mesh for the numerical analysis, the H-type finned 

tube geometry presented in Figure 5.1 is slightly simplified by excluding the gaps in weld-

ing seam between fin and tube and excluding the thermal resistance between the base of 

the fin and tube surface. Also, to achieve even higher quality of the mesh the construction 

is modified further by replacing the angled corners of the fin near the tube with straight 

attachment to the tube as shown in Figure 5.2. Pre-simulations were conducted to estimate 

the influence of this modification and the results are discussed briefly later in Chapter 7. 

Two basic H-type finned tube configurations are selected for the study: single and double 
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tube type. The geometry for double and single tube types is presented schematically in 

Figures 5.2 and 5.3, respectively. For single tube type, the outer diameter of the tube is 

increased to 51 mm due to manufacturing reasons instead of 38 mm used in double tube 

configuration.  

 

 
Figure 5.2. Schematic figure of double H-type finned tube heat transfer surface. 

 

 
Figure 5.3. Schematic figure of single H-type finned tube heat transfer surface. 

 

5.3 Mesh 
The computational domain is defined by the mesh. Meshing is the discretization of the do-

main into small control volumes. The domain geometry is built and the mesh generation 

for all cases is performed using ANSYS ICEM CFD© 15.0 software. Altogether 15 cases 

are modelled based on different combinations of non-dimensional fin parameters and tube 

dimensions according to the tabulated values in Table 5.1. The case with number 0 corre-

sponds to the current finned type design used by Alfa Laval Aalborg and it is used as refer-

ence to which the subsequent cases will be compared. Later in this thesis the cases are ref-

erenced according to the numbering in Table 5.1.  
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Table 5.1. Studied cases. 

Case L  

 

b  s  δ  ST, SL  do [mm] 
0 3,82 1,84 0,39 0,05 1,97 38 
       1 3,82 1,84 0,39 

 

0,03 1,97 38 
2 3,82 1,84 0,39 0,08 1,97 38 
3 3,82 1,84 0,26 0,05 1,97 38 
4 3,82 1,84 0,66 0,05 1,97 38 
5 3,82 2,37 0,39 0,05 2,50 38 
6 

 

 

3,82 2,89 0,39 0,05 3,03 38 
7 1,76 1,76 0,29 0,04 1,86 51 
8 1,76 1,76 0,20 0,04 1,86 51 
9 1,76 1,76 0,49 0,04 1,86 51 
10 1,76 1,76 0,20 0,06 1,86 51 
11 1,76 1,76 0,29 0,06 1,86 51 
12 1,76 1,76 0,49 0,06 1,86 51 
13 

 

 

2,16 2,16 0,29 0,04 2,25 51 
14 2,55 2,55 0,29 0,04 2,65 51 
 

The domain consists of three connected sections: an entrance section, a tube bundle sec-

tion, and an exit section. The entrance section of the domain is located upstream of the 

flow and it is a rectangular duct having two times the fin height as height. The tube bundle 

section consists of six streamwise and three transversal rows of finned tubes arranged in-

line. The exit section is located downstream in the flow direction and it is composed in a 

similar manner as the entrance section except the length of the exit section being four times 

the fin height. Both the entrance and exit sections are assumed to be adiabatic. The en-

trance section is constructed to ensure a fully developed turbulent flow condition at the 

entrance of the tube bundle section and to minimize the effect of the uniform flow velocity 

inlet boundary condition near the finned tube walls. The exit section is also extended to 

ensure well-mixed conditions when the flow exits the tube bundle section and to avoid the 

effect of outlet boundary condition on the flow exiting tube bundle. Schematic figures of 

the domain with boundary conditions for double tube and single tube configurations are 

illustrated in Figure 5.4 with the dimensional values listed in Table 5.1. 
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a) b) 

Figure 5.4. Schematic figure of the computational domain for a) double tube and b) single tube configura-
tions including boundary conditions, respectively. 

 

The mesh is structured and consists of multiple blocks using point to point connections. All 

cells are hexahedral elements with quadrilateral faces. Meshing near tube is performed 

using the O-grid technique which means that O-type mesh is created around the tubes to 

achieve improved mesh quality near circular surfaces (Figure 5.5).  
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Figure 5.5. Details of multiblock-structure of the grid and O-grid near tube surface. 

 

The grid density should be high enough to capture all relevant features of the exhaust gas 

flow. Especially, the refinement of the mesh near the fin edges and tube wall is important 

to be able to resolve areas with adverse gradients i.e. secondary flows such as flow separa-

tion and recirculation flows. Also, the accuracy of the numerical computation is signifi-

cantly affected by the near-wall region treatment. For these reasons, the mesh is refined in 

areas where gradients are expected to be high and also near the fin edges and gaps between 

the fins to capture the flow acceleration due to the decrease in cross-sectional area (Figure 

5.6). The height of the cell is gradually increased from the tube wall with an incremental 

ratio of 1,2.  

 

 
Figure 5.6. Mesh refinement near tube and fin edges. 
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The quality of the mesh plays a critical role in the accuracy and stability of the numerical 

solution since elements of bad quality can cause instability and inaccuracy in the solution 

process. For that reason, the quality of the mesh needs to be evaluated. Key indicators of 

the quality of the mesh studied are orthogonal quality, aspect ratio, and equiangle skewness 

of the elements. Orthogonal quality is calculated for each cell on the mesh separately using 

the vector from the cell centroid to each of its faces, the corresponding face area vector, 

and the vector from the cell centroid to the centroids of each of the adjacent cells. The or-

thogonal quality varies between 0…1, where values of 0 and 1 describe the worst and op-

timal value, respectively. Aspect ratio is a measure of the stretching of the cell. It is calcu-

lated as the ratio of the maximum value to the minimum value of any of the following dis-

tances: the normal distances between the cell centroid and face centroids or the distances 

between the cell centroid and nodes. (Ansys 2013a, 129-131.) Equiangle skewness deter-

mines how close to equiangular i.e. ideal quadrilateral a face or a cell is. Equiangle skew-

ness also varies between 0…1, where value of 1 indicates an ideal equilateral cell and val-

ue of 0 indicates a completely degenerate cell where the nodes are almost coplanar. (Ansys 

2013b, 136-137). Generally, for good quality mesh the minimum orthogonal quality and 

equiangle skewness should be as close to 1 as possible, and the maximum aspect ratio 

should be as small as possible. Based on the quality parameters mentioned, Figures 5.7, 5.8 

and 5.9 for baseline case 0 indicate a good and satisfactory overall quality of the mesh. 

Although the maximum aspect ratio is relatively high, the mean aspect ratio of 3,946 indi-

cates that there are only few distorted cells and majority of the cells are of good quality. 

The structure of the mesh is similar in all grids so the same applies to all grids.  
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Figure 5.7. The cells of the mesh categorized by orthogonal quality. 

 

 
Figure 5.8. The cells of the mesh categorized by equiangle skewness. 
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Figure 5.9. The cells of the mesh categorized by aspect ratio. 

 

The procedure of grid generation described in this chapter is adopted for all cases in this 

study. Due to the limitations on computer resources and CPU time, the size of the domain 

is restricted to six successive and three transversal rows of finned tubes in aligned ar-

rangement. Number of fins in z direction in each of the cases is three. The grid density is 

determined based on the results of grid independence tests. The execution and the results 

of the grid independence tests for baseline case 0 are presented separately in Section 5.6 

and according to the results of grid independence studies, grid density ranging from ap-

proximately 8 000 000 to 12 000 000 cells is used depending on the volume of each com-

putational domain.  

 

5.4 Boundary Conditions and Initial Settings 
Prior to the simulation, boundary conditions, fluid properties, solution methods, conver-

gence criteria, and several other parameters need to be defined. The computational domain 

comprises two regions: fluid and solid. The external flow of exhaust gas constitutes the 

fluid region, and the solid region includes the finned tubes. The CFD analysis is performed 

using boundary conditions which are chosen to present the actual operating conditions of a 

waste heat recovery boiler as closely as possible. The composition and thermal properties 

of the exhaust gas are selected based on the typical composition of the exhaust gas gener-

ated by diesel engine burning heavy fuel oil (HFO). The composition of the exhaust gas is 

assumed according to Table 5.2.  
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Table 5.2. Typical composition of the exhaust gas of diesel engine burning HFO. 

N2 76,00 vol-% 
O2 13,20 vol-% 

H2O 5,45 vol-% 

CO2 5,29 vol-% 

SO2 0,06 vol-% 

 

Due to significantly larger heat transfer coefficient between the water flowing inside the 

tube and the inner wall of the tube compared to the outer heat transfer coefficient, the inner 

wall is assumed to be at constant temperature. Wall temperature of the tube at the inner 

surface and exhaust gas temperature at the inlet are set to constant values of 170 °C and 

350 °C, respectively. Heat transfer mechanisms considered are heat convection to the fin 

and heat conduction within the fin and the tube. Hence, the computations are of conjugated 

type meaning that both the temperature at the fin surface and in the fluid are solved simul-

taneously. The material of the fins and tubes is assumed to be carbon steel with constant 

material properties set as density of 7930 kg/m3, thermal conductivity of 45 W/m∙K, and 

specific heat of 502,5 J/kg∙K.  

 

Temperature dependency of the local density, specific heat, dynamic viscosity, and thermal 

conductivity of the exhaust gas are accounted for by polynomial expressions included in 

the model by user-defined functions (UDFs). UDFs are written in the C programming lan-

guage and they are functions that one can write to add custom-made features to Fluent. The 

written UDFs are based on the calculation method suggested by VDI Heat Atlas for ther-

mal properties of gas components and UDFs use looping macros to assign values of physi-

cal properties to individual cells and cell faces in the fluid zone of the computational do-

main. The calculation method and correlations for thermal properties of exhaust gas com-

ponents are described in Appendix 1 and the written UDFs are presented in Appendix 2. 

Density of the exhaust gas is calculated according to the incompressible ideal gas law as a 

function of the operating pressure and local temperature as suggested in literature (Kleiber 

& Joh 2010a, 131). The operating pressure at exhaust gas side is assumed to be atmospher-

ic pressure.  

 

 The inlet boundary condition is velocity inlet and the inlet velocity of the exhaust gas is 

calculated based on the chosen Reynolds number typically encountered in WHRB applica-

tions defined as 
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in

oininRe
µ
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= . (20) 

 

The inlet velocity uin in y direction is set to constant value of -5 m/s in all modelled cases 

i.e. the exhaust gas flows downwards and the Reynolds number defined by Equation (20) 

is kept constant in all simulations. The velocity components in the x and z directions are 

considered to be zero and the turbulence intensity and turbulent viscosity ratio are estimat-

ed as suggested for external flow in ANSYS Fluent 15.0 user’s guide (Ansys 2013a, 258-

259). The turbulence intensity is estimated to be 1 % and the turbulent viscosity ratio is 

estimated to be 2 %. The outlet boundary condition is pressure outlet and a zero gauge 

pressure is defined at the flow outlet. No-slip condition for the velocity is applied at the fin 

and tube surfaces. All surrounding walls of the domain are symmetry planes with zero heat 

flux.  

 

The turbulent quantities are calculated using turbulence models based on Reynolds-

averaged Navier-Stokes (RANS) equations. In this thesis, the turbulence model used to 

account for the viscous effects of turbulent flow is shear-stress transport (SST) k-ω model. 

The main characteristics of the SST k-ω turbulence model and reasoning for its selection 

are discussed briefly in the following Section 5.5.  

 

5.5 Solution 
An implicit 3D solver model of Fluent is used and the flow is treated as three-dimensional, 

turbulent, incompressible, and steady. The assumption of incompressible flow is valid due 

to low Mach number and based on that, the pressure-based solver can be used in Fluent. 

Heat transfer by radiation may be assumed negligible. Richardson number represents the 

effect of natural convection, which would occur due to fluid motion caused by buoyancy 

forces, relative to forced convection. The effect of natural convection may be neglected if 

the inequality Ri << 1 is satisfied. (Incropera et al. 2007, 560; 565.) Richardson number for 

incompressible gases may be defined as 
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where Gr is Grashof number, Re is Reynolds number based on fin length, g is gravitational 

acceleration of 9,81 kg/s2, T∞ is the temperature of the exhaust gas, Ts is the fin surface 
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temperature, L is the fin length, ν is the kinematic viscosity of exhaust gas, and β is the 

volumetric thermal expansion coefficient calculated for ideal gas as the inverse of mean 

temperature between exhaust gas and fin surface according to 
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TT
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(Incropera et al. 2007, 564-565.) The calculated value of Richardson number based on the 

fin length is less than 0,02, thus the buoyancy effects and the effect of natural convection 

may be neglected.  

 

The viscous effects of the turbulent flow are accounted for by using SST k-ω turbulence 

model. The SST k-ω model is a two-equation eddy-viscosity model widely used in engi-

neering applications. The model combines two different turbulence models and it was orig-

inally developed in order to solve the problem of the standard k-ε model’s inaccurate near-

wall performance for boundary layers with adverse pressure gradients. The SST k-ω model 

uses standard k-ε model for the free stream turbulent region far away from the wall and k-ω 

model at the near-wall region. The model uses blending functions to achieve a smooth 

transition between standard k-ε model and k-ω model. This improves the accuracy of the 

model at the near-wall region where high gradients are expected. The definition of the tur-

bulent viscosity is also modified to account for the transport of the turbulent shear stress. 

Moreover, the SST k-ω model is stated to be the current most reliable turbulence model for 

flows with separation, adverse pressure gradients, airfoils, and transonic shock waves. 

(Ansys 2013a, 699.) Since the gap between the fins is narrow and the fins are very close to 

each other, it is expected that the formation of boundary layers has a strong influence on 

the exhaust gas flow between the fins. Moreover, the occurrence of flow separation and 

adverse pressure gradients is expected. Therefore, the SST k-ω model is chosen in order to 

make sure the proper modelling of flow separation and the near-wall flow. 

 

In addition to the Reynolds-averaged Navier-Stokes equations (RANS), two additional 

transport equations are required to solve for turbulent velocity and turbulent length scale. 

In SST k-ω model these transport equations include equations for turbulent kinetic energy 

k and for specific turbulence dissipation ω, which are given in conservation form using 

index notation by the following Equations (23) and (24), respectively. 
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where Gk and Gω are production terms, Yk and Yω are dissipation terms, and Sk and Sω are 

user-defined source terms, σk and σω are turbulent Prandtl numbers for k and ω, respective-

ly, Dω is a cross-diffusion term, and μt is a turbulent viscosity (Siikonen 2014, 169-170). 

Here, further definitions and equations for terms mentioned are not discussed and addition-

al information can be found from literature (e.g. Siikonen 2014, 169-170; Versteeg & Mal-

alasekera 2007, 91-92). 

 

SIMPLE algorithm is used for the pressure-velocity coupling. Initially, simulations are run 

using first order upwind scheme as the discretization scheme for the momentum and ener-

gy equations in order to achieve faster convergence. Later, second order upwind scheme is 

used for the discretization of both convective and diffusive terms to achieve better accura-

cy of the solution. To validate the convergence of the solution, static pressure at inlet and 

surface heat transfer coefficient at fin surface are monitored during the solution process. 

The computations are continued until negligible differences are obtained between two suc-

cessive iterations. Also, to monitor the convergence of the solution, the convergence crite-

ria in the form of unscaled residuals are monitored. An estimation of the effect of the dif-

ferencing scheme on the accuracy of the solution and discretization error is performed in 

Section 5.9. 

 

5.6 Grid Independence Study 
The accuracy of the numerical results depends on the mesh resolution. In order to validate 

the independence of the solution from the grid density, the grid independence study is per-

formed by changing the number of cells in three dimensions. Trial simulations are carried 

out with several different mesh resolutions, including grids with approximately 1 500 000, 

4 200 0000, 9 000 000, 11 100 000, 13 500 000, and 24 700 000 cells, and for each grid 

average temperature of the total heat transfer surface Twall, heat transfer rate q, and pressure 

drop Δp across the domain are determined. The results from different mesh sizes for wall 

temperature, heat transfer rate, and pressure drop are illustrated in Figures 5.10, 5.11, and 

5.12.  
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Figure 5.10. Results of grid independence study for average temperature of total heat transfer surface Twall. 

 

 
Figure 5.11. Results of grid independence study for heat transfer rate q. 

 

It can be seen in Figure 5.10 that wall temperature starts at a higher value and then stabilis-

es after the total number of cells reaches about 11 million. Heat transfer rate also stabilises 

after the grid size exceeds 11 million (Figure 5.11). From Figure 5.12 it can be seen that 

the behaviour of pressure drop is similar to wall temperature until about 13,5 million cells 

are reached after which the pressure drop appears to slightly decrease again. 
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Figure 5.12. Results of grid independence study for pressure drop Δp. 

 

Solutions corresponding different grids are presented in Table 5.3. Figures 5.10, 5.11, and 

5.12 and Table 5.3 show that the solution achieved with fine grid of 11 100 000 cells can 

be regarded grid-independent for case 0. For more dense grids, the relative differences of 

Twall and q are less than 0,2 %. Hence, the grid with 11 million cells for baseline case 0 can 

be adopted for further simulations and the grids for following cases are generated in the 

similar manner. However, it should be acknowledged that the solution for pressure drop 

seems to be more unstable. The difference between extra fine grid and fine grid is 0,2 % 

whereas the difference between the fine grid and the most dense grid is 5,2 %. The possible 

reason for this discrepancy could be that less denser grids may fail to resolve some flow 

feature details due to complexity of the flow field arising from the flow instabilities in the 

finned tube bundle. However, while the lack of agreement of the densest grid regarding the 

pressure drop solution is somewhat disappointing compared to the other grids, the differ-

ence of pressure drop solution between the densest grid and the coarsest grid is only 9 % 

which is a relatively narrow range given that the coarsest grid has six times fewer cells 

than the densest grid and thus the degree of grid convergence is assumed to be acceptable 

for the present purpose. 
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Table 5.3. Results of grid independence study for baseline case 0. 

Grid size Number of cells Twall [°C] q [W] Δp [Pa] 
finest 24 700 000 195,54 2362 40,40 
extra fine 13 500 000 195,48 2357 42,67 
fine 11 100 000 195,55 2361 42,60 
medium 9 000 000 195,75 2372 42,63 
coarse 4 200 000 220,37 2199 44,07 
extra coarse 1 500 000 222,63 2284 54,86 

 

 

5.7 Post-Processing  
After the converged solution is obtained, the heat transferred from the exhaust gas flow to 

the fins, fin efficiency, average convection heat transfer coefficient, and pressure drop 

across the tube bundle will be computed. The outlet exhaust gas temperature is calculated 

by Fluent as a mass-averaged temperature at the outlet of the computational domain 
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The gas-side heat transfer rate is calculated according to  

 

outin HHq  −= , (26) 

where inH  and outH  are exhaust gas enthalpy rates of the inlet and outlet positions of the 

computational domain determined as  

 

 
∑∫
=

⋅=⋅=
n

i
iiii AuhAduhH

1
outin,

ˆˆ  ρρ . (27) 

 

From the heat transfer rate, the average convection heat transfer coefficient assumed to be 

equivalent for the total heat transfer surface for comparison purposes may be evaluated as  
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where Ab is the total surface area of the bare tube, Af is the surface area of the fins, ηf is the 

fin efficiency calculated iteratively according to the calculation method described earlier in 

Section 3.1.3, and bT∆  is the driving temperature gradient for convection defined as the 

temperature difference between the fluid and the base of the fin as 

 

 
b

outin
b 2

T
TT

T −
+

=∆ , (29) 

 

where Tb is calculated as the area-weighted average temperature of the tube outer surface 

(Incropera et al. 2007, 148-153; 353).  

 

The Reynolds number of the flow is given by 
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(30) 

where physical properties of the fluid are evaluated at average fluid temperature, the outer 

diameter of the tube is adopted as the characteristic length, and flow velocity at the small-

est cross-section within finned tube bundle is adopted as the characteristic velocity. The 

gas-side pressure drop Δp across the tube bundle is determined as the static pressure differ-

ence between the upstream and downstream sides of the tube bundle.  

 

 outin ppp −=∆ , (31) 

 

where the static pressure at the inlet and outlet of the tube bundle is evaluated as area-

weighted average according to 
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5.8 Validation of the Numerical Model 
In order to validate the numerical results of the present study, a numerical analysis is per-

formed for a similar H-type finned tube bundle according to the geometrical configuration 

presented by Chen et al. (2014) using the same methods, boundary conditions, and initial 

values as presented in Section 5.2 with the exception of the gas-side fluid modelled as air 

instead of exhaust gas. Chen et al. (2014) studied experimentally heat transfer and pressure 

drop characteristics of in-line H-type finned tube bundle. The measurements for 2 x 2 

finned tube bundle were carried out in an open high-temperature wind tunnel equipped 

with air heating and cooling systems. Based on measurement results, they established em-

pirical correlations for Nusselt number, Euler number, and fin efficiency. (Chen et al. 

2014, 7095-7096.)  

 

In order to validate the current results, a comparison with obtained numerical results and 

experimental data obtained from Chen et al. (2014) is performed. The schematic figure of 

the studied H-type finned tube is presented in Figure 5.13 and the corresponding geometric 

parameters are shown in Table 5.4.  

 
Figure 5.13. Schematic figure of H-type finned tube (Adapted from Chen et al. 2014, 7097). 

 
Table 5.4. Geometric parameters of H-type finned tube for model validation. (Chen et al. 2014, 7097-7098.) 

do [mm] t [mm] l [mm] b [mm] w [mm] δ [mm] s [mm] ST [mm] SL [mm] 

38 4 89 95 13 2,5 16,55 98 92 

 

In the numerical data reduction for this code validation study, the definitions for dimen-

sionless parameters Reynolds number, Nusselt number, and Euler number are as follows  
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In the calculations of the above equations, physical properties of the fluid are evaluated at 

average fluid temperature, the outer diameter of the tube is adopted as the characteristic 

length for the Reynolds and Nusselt numbers, and flow velocity at the smallest cross-

section is adopted as the characteristic velocity for the Reynolds and Euler numbers. 

Nusselt and Euler numbers obtained from the numerical results are then compared with the 

corresponding results from experimentally derived correlations suitable for Reynolds num-

ber ranging from 5 000 to 18 000 presented as Equations (36) and (37), respectively. Also, 

the accuracy of the used calculation method for fin efficiency adopted from Schmidt (2010, 

1273-1274) is tested by comparing the calculated value with the fin efficiency obtained 

from Equation (38) which is experimentally derived by Chen et al. (2014, 7099).   
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Reynolds number for the studied air flow obtained from Equation (33) is 8120. From Table 

5.5, the relative deviation between numerical and experimental results is 8,6 % in Nu and 

7,9 % in Eu. The numerical results are slightly underestimated but in line with the values 

given by empirical correlations. The difference between the fin efficiency calculated based 

on method suggested by VDI Heat Atlas and the experimental value is 3,5 %. Chen et al. 

(2014, 7102-7103) reported the relative errors of the correlations to fall between 2,1…3,7 

%. Therefore, it can be concluded that the numerical model of present study can be used to 

predict heat transfer and pressure drop characteristics of H-type finned tube bundles with 

an acceptable accuracy. 
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Table 5.5. Comparison of numerical values and values from experimental correlations. 

Results Nu [-] Eu [-] η [-] 
Chen et al. (2014), eq. (36)…(38) 33,70 0,379 0,678 
present study 

 

32,01 0,349 0,702 
relative difference 8,6 % 7,9 % 3,5 % 
 

 

5.9 Estimation of Discretization Error 
Discretization methods are used to simplify governing equations that normally would have 

no analytical solution. The accuracy of the solution depends on the differencing scheme 

used and it is inevitable that discretization error is present in all discrete calculation meth-

ods to some extent. The differencing scheme applied in this thesis was 2nd order upwind 

scheme which can be regarded as conservative, bounded, and transportive i.e. the fluxes 

across control volumes are expressed in a consistent manner, the coefficients of the discre-

tized equations are always positive and satisfy the requirements for boundedness, and the 

scheme is able to account for the direction of the flow, respectively. The main disad-

vantage of the upwind scheme is that if the flow is not directly aligned with the grid lines, 

it produces numerical error referred to as false diffusion. This error causes diffusion-like 

transported property distributions where no diffusion should occur and results in over-

estimation of diffusion. (Versteeg & Malalasekera 2007, 149-150.) 

 

Celik et al (2008, 078001-1) have recommended Grid Convergence Index (GCI) – method 

to be used for the estimation of numerical error and uncertainty due to discretization in 

CFD simulations. This chapter presents the estimation of discretization error carried out for 

baseline case 0. The GCI method is based on Richardson extrapolation method. The proce-

dure involves selection of three significantly different sets of grids and solutions for stud-

ied variable: fine, medium, and coarse. Representative cell sizes for each grid are calculat-

ed as 
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where N is the total number of cells and ΔVi is the volume of the ith cell. Next, grid re-

finement factors r21 and r32 are calculated according to 
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where indices 1 to 3 refer to fine, medium, and coarse grids, respectively. It is stated that 

the grids should be selected in a way that the refinement factors are greater than 1,3. 

Hence, the grids of 24 700 000, 9 000 000, and 1 500 000 cells are selected. (Celik et al. 

2008, 078001-1–078001-2.) The studied variables are chosen as the average wall tempera-

ture of the heat transfer surfaces Twall, heat transfer rate q, and pressure drop Δp across the 

domain. First, Equation (42) for order of convergence P is solved using fixed-point itera-

tion with the initial guess equal to the first term of the equation. (Ibid.) 
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where εij is the absolute difference of studied variables and term q(P) is calculated as  
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The next step is to calculate the extrapolated value for each of the studied variable as 
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and similarly for the 32
extφ . For estimated rates of convergence obtained with GCI-method, 

the exact solution of the studied variable is not required as would be the case for traditional 

discretization error estimation. The extrapolated value for each of the studied variable 

serves as an estimate of the converged numerical solution. Finally, estimates for approxi-

mate relative error, extrapolated relative error, and fine-grid convergence index can be ob-

tained according to Equations (45)…(47), respectively.  
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The evaluated discretization error estimates for computational grid with 9 million cells 

using wall temperature, heat transfer rate, and pressure drop as the studied variables are 

presented in Table 5.6 below.  

 
Table 5.6. Estimate for discretization error for grid with 9 million cells using wall temperature, heat transfer 
rate, and pressure drop as the studied variables. 

Variable Symbol Twall q Δp 

Number of cells N 9 000 000 9 000 000 9 000 000 
     
Solution of studied variable Twall 195,75 °C 2372 W 42,63 Pa 
Grid refinement factor r 1,40 1,40 1,40 
Extrapolated value Twall,ext 195,53 °C 2358 W 38,54 Pa 
     
Approximate relative error ea 0,04 % 0,42 % 5,51 % 
Extrapolated relative error eext 0,003 % 0,16 % 4,85 % 
Fine-grid convergence index GCIfine 0,004 % 0,19 % 5,78 % 
     
Discretization error GCIfine 0,02 °C 4,62 W 2,46 Pa 
 

 

According to results of GCI – method and based on grid size of approximately 9 million 

cells, numerical error and uncertainty due to discretization is estimated to be 0,02 °C for 

wall temperature, 4,62 W for heat transfer rate, and 2,46 Pa for pressure drop. Also, it 

should be noted that the discretization error is expected to decrease slightly since number 

of cells for all grids used in further simulations is slightly higher than the grid size used 

here for discretization error analysis.   
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6 RESULTS AND DISCUSSION 
Numerical simulations are conducted to evaluate the variation of temperature and velocity 

distributions across the computational domain. The flow structure of the exhaust gas be-

tween the fins is complex and it is essential to investigate the distributions of flow velocity 

and temperature in the tube bundle for understanding the local flow phenomena and behav-

iour. In addition, the effects of different geometric parameters of the fin on heat transfer 

and pressure drop performance are investigated by varying one parameter in a certain 

range at the time while keeping the finned tube geometries otherwise identical. However, it 

should be noted that varying e.g. the width of the fin, it is evident that the transverse tubu-

lar spacing changes accordingly. The model parameters remain the same in all simulations 

as defined in Chapter 5. The baseline case 0 corresponds to the existing design of H-type 

finned tube currently used by Alfa Laval Aalborg Oy and it is used as reference to which 

the subsequent cases will be compared. The results will be presented in two planes at the 

mid-plane between two adjacent fins in xy-plane and at the mid-plane between two succes-

sive tubes in xz-plane. Also, some results will be presented near the fin surface in xy-plane. 

 

6.1 Local Flow Behaviour and Heat Transfer 
This chapter discusses the general structure and local behaviour of the flow in H-type 

finned tube bundles of single and double tube configuration. The numerical analysis is ini-

tiated with baseline case 0 with double fins and the corresponding case 7 with single fins. 

Both cases have evenly thick and evenly spaced fins. The effects of different geometric 

parameters will be illustrated and discussed separately in the following chapters.  

 

Despite geometrical simplicity of the H-type finned tube, flow around fins and tubes exhib-

its complex flow features including adverse pressure gradients, flow separation, recircula-

tion, and vortex shedding. Determination of the distribution of temperature and velocity in 

the tube bundle is essential for understanding of the local flow phenomena which is the 

main factor affecting the heat transfer and pressure drop characteristics in tube bundle.  

 

6.1.1 Local Velocity Distribution 

Figure 6.1 shows the velocity distribution at the mid-plane between two adjacent fins for 

double and single tube configurations, respectively. The in-line arrangement of the finned 

tubes forces major part of the exhaust gas flow to form bypass-streams between the tubes 

as can be seen in Figure 6.1. By comparing single and double tube cases, it can be noted 
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that the flow velocities of the exhaust gas are slightly higher throughout the domain in the 

single case suggesting enhanced turbulence and higher heat transfer performance. 

 

 
  

 a) b) 

Figure 6.1. Exhaust gas velocity distribution within H-type finned tube bundle for a) double tube and b) sin-
gle tube configuration at the mid-plane between two adjacent fins, m/s. Exhaust gas flows downwards. 

 

The exhaust gas flows downwards in the domain and as the free-stream flow of the exhaust 

gas approaches the tube bundle section a stagnation point is formed at the angular location 

of 0° at the first tube row. At stagnation point, the flow velocity slows down to zero and 

total pressure, being inversely proportional to flow velocity, experiences its maximum val-

ue in the domain. As the exhaust gas flows further downstream, the pressure starts to de-

crease as discussed in Section 3.1.1 and eventually, the boundary layer separates from the 

tube surface. The separation causes a zone to form behind the tubes where the fluid veloci-

ty is significantly lower than in the mainstream flow and in some parts of the region even 

close to zero. The vortices in this recirculation region are caused by the wake effect of the 

preceding tube rows. Hence, it can be concluded that the successive tube rows are affected 

by the upstream rows, causing significant part of the heat transfer area to lie in the wake 

region of the preceding tube row.  
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Velocity distribution near the fin surface plane is presented in Figure 6.2. It can be ob-

served that the velocity distribution near the fin surface is quite different compared to one 

in the mid-plane between two adjacent fins presented in Figure 6.1. The velocity close to 

fin surface is significantly decelerated due to boundary layer development on the fin sur-

face. 

 

 
Figure 6.2. Velocity distribution 0,5 mm away from the fin surface for single tube configuration, m/s. 

 

6.1.2 Local Flow Behaviour 

The separation of the boundary layer from the tube surface can clearly be seen in Figure 

6.3 for double tube configuration and in Figure 6.4 for single tube. The separation of the 

boundary layer from the tube surface causes formation of eddies and vortices behind the 

tubes and triggers the formation of recirculation region causing a rather complicated flow 

pattern. The reversal of the flow primarily occurs due to an adverse pressure gradient 

which causes the flow velocity at the tube surface to decrease significantly or even go to 

zero, if the pressure gradient is strong enough. The result of this is the boundary layer sep-

aration. Thus, so called dead flow zones are formed in the wake due to separation and only 

relatively small portion of the fin surface is exposed to the main hot exhaust gas flow.  
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Figure 6.3. Velocity vectors at the mid-plane between two adjacent fins for double tube configuration, m/s. 

 

From Figures 6.3 and 6.4 it can be seen that the flow separates from tube wall approxi-

mately at angular location of 98° (or 262°) in both cases. The reattachment of the flow oc-

curs at the subsequent tube surface at approximately 60° or (300°). Also, the development 

of separated shear layers are observed between the bypass-stream velocity of 15,3 m/s for 

double tube and 17,7 m/s for single tube configuration and near-zero velocity occurring 

within the wake region. 
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Figure 6.4. Velocity vectors at the mid-plane between two adjacent fins for single tube configuration, m/s. 

 

The structure of the recirculation region forming in the wake area is illustrated in more 

detail in Figure 6.5 for both the double and single tube configurations. As can be seen for 

the single tube case, eddies and vortices are more irregular and velocities are slightly high-

er compared to the double tube case where two almost symmetrical counter-rotating vorti-

ces are formed.  
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a) 

 
b) 

Figure 6.5. Velocity vectors in the recirculation region caused by the wake effect of the preceding tube rows 
for a) double tube and b) single tube configuration, m/s.  

 

Velocity distributions at the mid-plane between 3rd and 4th tube row in xz-plane are pre-

sented in Figure 6.6. By comparing the two cases, it can be observed that once again eddies 

and vortices are more pronounced in the case with single fins where the flow experiences 

slightly higher velocities compared to double case. It can also be noted that the slit between 

fin plates welded on either side of the tube promotes the mixing of the flow to some extent 

in xz-plane. 
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a) 

 
b) 

Figure 6.6. Velocity vectors presented at the mid-plane between 3rd and 4th tube row in x-plane for a) double 
and b) single tube configuration. The length of the vector is directly proportional to the flow velocity. The 
vectors are also coloured by the flow velocity, m/s.  

 

Velocity distributions between two adjacent fins of the 1st, 3rd, and 6th tube row for single 

and double tube configurations are visualized in Figure 6.7. One of the most important 

factors influencing heat transfer performance of finned tube is the boundary layer devel-

opment and shape which varies mainly with fluid velocity, fin spacing, and fin height. 

Generally, when velocity increases, the formation of vortices also intensifies and the 

boundary layer thickness decreases. As the exhaust gas flow encounters the leading edge of 

the fin, a velocity boundary layer starts to form and with increasing distance from the lead-

ing edge, the viscous effects penetrate further into the free-stream and the boundary layer 

starts to grow in thickness. The formation of velocity boundary layer has a significant im-

pact on the transport of convection. In a velocity boundary layer, the velocity gradient at 

the surface depends on the distance from the leading edge. Flow patterns at the first tube 

row for both cases are similar, but the flow velocities for double tube case are significantly 

higher than for the single case. The possible explanation may be that the first row of single 

fin case is somehow influenced by the rows downstream.  

 

Due to the boundary layer separation caused by in-line arrangement of the tubes, there are 

reverse flows upstream of the second rows and therefore, the major part of the fin surface 

of the second and subsequent rows lie in the wake regions and the flow velocity in both 3rd 

and 6th row is significantly reduced compared to the first row as can be seen in Figure 6.7. 
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In comparison to the double tube case, velocities for single tube case are slightly augment-

ed and the flow pattern is not as even as in double tube case probably due to enhanced tur-

bulence and improved mixing the flow. In addition, the flow pattern for 3rd and 6th row in 

double tube case is very similar, whereas for single tube case the flow pattern is more un-

stable. 

 

 
Figure 6.7. Velocity distribution between two adjacent fins: a) double tube and b) single tube configuration, 
m/s. 

 

Figures 6.8 and 6.9 present the velocity field between two adjacent fins at the same loca-

tion between 3rd and 4th tube row in yz-plane. Once again it can be noted that the flow field 
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in double tube case is much more stable and the velocities are lower than in single tube 

case. 

 

 
Figure 6.8. Velocity vectors between two adjacent fins for double tube configuration, m/s. 

 

 
Figure 6.9. Velocity vectors between two adjacent fins for single tube configuration, m/s. 
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6.1.3 Local Temperature Distribution 

The exhaust gas is cooled down as it flows downwards in the domain. Naturally, the high-

est heat transfer rate occurs at the first tube row compared with the other rows due to high-

er fluid temperature. As discussed earlier, there is a recirculation zone forming behind the 

tubes where the fluid temperature is significantly reduced compared to elsewhere in the 

domain. Hence, in that area also the convection heat transfer coefficient being dependent 

of flow velocity and fluid temperature is significantly lower. Otherwise, it can be noted 

from Figure 6.10 that the temperature distribution across the tube bundle is quite similar in 

both cases. 

 

 
  

 a) b) 

Figure 6.10. Exhaust gas temperature distribution in the mid-plane between two adjacent fins for a) double 
tube and b) single tube configuration, K. 

 

In Figures 6.11 and 6.12, the temperature distribution within tube bundle is illustrated in 

more detail with the help of velocity vectors coloured by temperature. By closer examina-

tion, the temperature in the recirculation zone is almost constant value of 225 °C (498 K) 
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which is considerably lower than the temperature of the free-stream flow which is 350 °C 

(623 K). The temperature distribution in both cases is almost identical. 

 

  
Figure 6.11. Velocity vectors coloured by temperature between two adjacent fins for double tube configura-
tion, K. The length of the vector is directly proportional to flow velocity. 
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Figure 6.12. Velocity vectors coloured by temperature between two adjacent fins for single tube configura-
tion, K. The length of the vector is directly proportional to flow velocity. 

 

In Figure 6.13, velocity vectors coloured by temperature are presented in xz-plane. In this 

plane, more variation in local temperature of the exhaust gas may be observed between 

cases.  

 

 

 
a) 

 
b) 

Figure 6.13. Velocity vectors coloured by temperature in xz-plane for a) double tube and b) single tube con-
figuration, K. The length of the vector is directly proportional to flow velocity. 
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Figure 6.14 illustrates temperature distribution between two adjacent fins for 1st, 3rd, and 

6th tube rows. As for the 1st row, the temperature distribution is almost identical in both 

cases. The temperature levels for 3rd row are close to each other, but the levels are slightly 

higher for the double tube case and the distribution of temperature is more even in single 

tube case as it is for the double case. The same applies for the results corresponding to the 

6th row. The slightly decreased, but simultaneously more even temperature distribution 

shown in Figures 6.13 and 6.14 for the single tube case is probably the result of enhanced 

turbulence and better mixing of the flow compared to double tube case. 

 

 
Figure 6.14. Temperature distribution between two adjacent fins in yz-plane: a) double tube and b) single 
tube configuration, K. 
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Temperature distribution over the tube bundle and the heat transfer rates are primarily con-

trolled by the flow pattern and inlet flow velocity. Moreover, since the heat transfer within 

the fin and tube wall is by molecular conduction, it depends upon the temperature gradient in 

the fluid in the immediate vicinity of the fin surface. From 2nd and subsequent rows down-

stream, it was noted that the most of the up- and downstream parts of the fins are in the 

recirculation region with lower flow velocity and they can be practically regarded as the 

inactive heat transfer regions. Hence, it would be essential to enhance the turbulence i.e. 

mixing of the flow especially in these regions in order to enhance the overall heat transfer 

rate.  

 

6.1.4 Temperature and Heat Flux Distribution on the Fin Surface 

Temperature distribution over the fin surface is presented in Figure 6.15 for double tube 

and single fin configuration. For both cases, the highest temperature gradients are encoun-

tered at the fin tips and as the exhaust gas flows downstream and cools down, the surface 

temperature of the fin decreases accordingly. Moreover, it can be seen that the inactive 

heat transfer area pointed out by low surface temperature becomes larger with every row. 
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                            a)                          b) 

Figure 6.15. Temperature distribution on the fin surface for a) double tube and b) single tube configuration, 
K. 

 

By comparing the temperature distributions in Figure 6.15, the case with single fins experi-

ences higher surface temperatures as the double tube configuration and the maximum sur-

face temperature for single case is even 16 degrees higher than in double case. In addition, 

the average surface temperature of the fin is higher for single tube case as in double tube 

case, which can be observed even more clearly by examining Figures 6.16 and 6.17 illus-

trating the temperature distribution of the fin for tube rows 3…6 of the bundle.  
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Figure 6.16. Temperature distribution on the fin surface for tube rows 3…6 for double tube configuration, K. 

 

The difference in surface temperature is clear between double tube and single tube case 

and the temperature gradients are considerably higher in the single tube case (Figures 6.16 

and 6.17). The average temperature of the total fin surface is 7 degrees higher in single 

tube case compared to double tube case. 
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Figure 6.17. Temperature distribution on fin surface for rows 3…6 for single tube configuration, K. 

 

Figure 6.18 shows the surface temperature of the fin for case 0 along the fin length at four 

different locations along the fin width in order to further demonstrate the effect of recircu-

lation flow to the surface temperature and heat transfer rate of the fin. According to the 

figure, it can be concluded that almost regardless of the location along the fin length, the 

temperature at the inner edges of the fin plates drops by 30…50 degrees due to the low 

flow velocity and temperature of the recirculation zone. Similar behaviour can be observed 

in Figure 6.19 which presents the surface temperature of the fin along the fin length at four 

different locations along the fin width. At locations closer to tube surface the surface tem-

perature drops by 50 degrees and the effect of recirculation zone can be experienced even 

in the left and right edges of the fin: even though the left and right edges of the fin are ex-

posed and in contact with the main hot exhaust gas flow, the surface temperature close to 

recirculation zone decreases by 15 degrees. 
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Figure 6.18. Surface temperature of the fin at different locations along the fin width and at three different 
locations along fin length for double tube configuration. The temperature distribution is presented for the 
middle fin corresponding to 3rd and 4th tube rows.  

 

 

 
Figure 6.19. Surface temperature of the fin along the fin length at four different locations along the fin width 
for double tube configuration. The temperature distribution is presented for the middle fin corresponding to 
3rd and 4th tube rows. 
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Figure 6.20 illustrates the distribution of surface heat flux on the fin surface for 3rd and 4th 

tube rows. It can be noted that the surface heat flux experiences its maximum values at the 

fin edges and near the tube surface before the flow separates from the tube surface. Figure 

6.20 also demonstrates how the surface heat flux is significantly reduced at the fin surface 

in contact with the recirculation zone. 

 

 
Figure 6.20. Surface heat flux distribution on fin surface for 3rd and 4th tube row for a) double tube and b) 
single tube configuration, W/m2. 

 

6.1.5 Turbulent Properties 

According to Figure 6.21, as the exhaust gas separates from the tube wall, it creates turbu-

lent vortices that are forming in the regions where separated shear layers occur. Due to 

turbulent effects, heat transfer rate in these areas is enhanced as can be noted by compari-

son with Figure 6.20. In the passages between the tubes the turbulence is weak because of 

straight flow paths of the exhaust gas. As the flow reattaches again to the surface of the 

subsequent tube, turbulent intensity is increased and this continues as the exhaust gas flows 

further downwards. Distribution of turbulent intensity at separated shear layer regions is 

quite similar in both double and single tube cases. However, single tube configuration is 
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found to have higher turbulence in the recirculation regions compared to double tube con-

figuration. 

 

 
   

 a) b) 

Figure 6.21. Turbulent intensity percentage for a) double tube b) single tube configuration, %. 

 

The distribution of turbulent intensity percentage and turbulent kinetic energy in the mid-

plane between 3rd and 4th tube row is illustrated in Figures 6.22 and 6.23. According to the 

figure, turbulent effects are the highest near the fin edges in both cases. Moreover, the most 

significant observation is that for double tube case, there is practically no turbulent kinetic 

energy present in the recirculation regions and the turbulent intensity is also significantly 

lower in these areas, whereas for single tube case, the mixing of the exhaust gas flow is 

more effective and the existence of some turbulent kinetic energy can be observed in the 

same region.  
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a) 

 
b) 

Figure 6.22. Turbulent intensity percentage in the mid-plane of 3rd and 4th tube row in x-plane for a) double 
tube and b) single tube configuration, %. 

 

 

 
a) 

 
b) 

Figure 6.23. Turbulent kinetic energy in the mid-plane of 3rd and 4th tube row in x plane for a) double and b) 
single tube configuration, m2/s2. 

 

To summarise, fin geometry has a significant impact on the flow conditions which in turn 

have a primary influence on the distribution of the temperature over finned tube bundle and 

thus the convection heat transfer coefficient varies along the fin surface due to different 

flow conditions.  
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6.2 Fin Efficiency  
Fin efficiencies for different finned tube geometries are calculated according to the method 

described in Section 3.1.3. The obtained results are presented in Figure 6.24. In general, fin 

efficiencies are higher for the double tube configuration than for the single case. As stated 

earlier, there is no particular value of ηf which would represent the best design and maxim-

izing the fin efficiency doesn’t necessarily lead to optimal design and maximum heat trans-

fer between the fin and the surroundings. The area-averaged temperature at the fin base 

and at the surface of the bare tube for all cases falls between 170,9…171,6 °C showing 

only mild variation. Therefore, the effect of the temperature of the surrounding exhaust gas 

is pronounced, and as the convection heat transfer coefficient increases, the fin efficiency 

decreases. Furthermore, from Figure 6.24 it can be observed that the increase in fin width 

decreases the fin efficiency when cases 0, 5, and 6 and cases 7, 13, and 14 are compared 

with each other. On the other hand, the effect of fin spacing to fin efficiency is quite weak 

as shown by the cases 0, 3, and 4 for double tube configuration and cases 7, 8, and 9 for 

single tube case. Regarding the fin thickness, the fin efficiency increases with the increase 

in fin thickness which can be noted when comparing cases 0…2 for double tube configura-

tion and cases 7, 9, 11, 12, and 13. Thus it may be concluded that the fin dimensions have 

a significant impact on the fin efficiency. However, based on the analysis of this thesis, it 

may not be confirmed which part is the effect of change in flow dynamics, e.g. increased 

flow velocity, or which part is a result of change in fin dimensions. 

 

 
Figure 6.24. Fin efficiencies for studied geometries. Cases are referenced according to the numbering in Ta-
ble 5.1. 
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6.3 Effects of Fin Height and Width 
The effects of fin height and width for both single and double tube configurations are 

demonstrated by conducting simulations for three cases which have otherwise identical 

geometries but differ in fin width. The fin width which is non-dimensionalised by the tube 

outer diameter is varied from 1,84 to 2,89 for double tube configuration and from 1,76 to 

2,55 for single tube configuration. Due to the square shape of the fins in single tube con-

figuration, it is inevitable that the fin height increases equally as the fin width is increased. 

For double tube configuration, the height of the fin is kept constant.  

 

The results for convection heat transfer coefficient, heat transfer rate per frontal area, and 

pressure drop, are presented in Figure 6.25 for double tube. First, by examining the double 

tube case it can be observed that convection heat transfer coefficient, heat transfer rate, and 

pressure drop all decrease almost linearly and with nearly the same slope with the increase 

in fin width. With the widest fin, the pressure drop decreases considerably compared to the 

baseline case, but at the same time, the convection heat transfer coefficient has collapsed to 

11,8 W/m2⋅K and heat transfer rate per frontal area to value of 148 kW/m2, which are the 

lowest values encountered in any of the studied cases. For the baseline case 0, the mean 

convection heat transfer coefficient is calculated to be 18,6 W/m2⋅K and the heat transfer 

rate per frontal area to be 206 kW/m2. The fact that the use of wider fins gives a lower heat 

transfer rate is accompanied by increased exhaust gas outlet temperature.  
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Figure 6.25. Effects of fin width on convection heat transfer coefficient, heat transfer rate per frontal area, 
and pressure drop for double tube configuration. 

 

For single tube configuration, the representative results are presented in Figure 6.26 and 

the effect of fin width and length on heat transfer is not as straightforward as in double 

tube case. First, it can be seen that as the fin width is increased, convection heat transfer 

coefficient, heat transfer rate, and pressure drop are all decreasing. As the fin width is in-

creased even further, the pressure drop still continues to decrease, but with considerably 

gentler slope. Heat transfer coefficient and heat transfer rate, however, change direction 

and increase considerably. The possible explanation for this may be that as the fin width is 

increased, the fin height changes accordingly, which may trigger some flow effects, asso-

ciated for example to the boundary layer development, which cannot be identified here 

based on limited number of the cases studied. As a result, it might be that increasing the fin 

width will decrease the heat transfer rate as in the case of double tube configuration, 

whereas the simultaneous increasing of the fin height will have an opposite effect on the 

heat transfer. Therefore, as the non-dimensional fin width and fin height are increased from 

value of 1,76 to value of 2,16, the negative effect of the increased fin width is larger than 

the positive effect of increased fin height. As the non-dimensional fin width and fin height 

are increased even further to value of 2,55, the positive effect of the increase of fin height 

overcomes the negative effect of the increase in fin width. This may suggest that there ex-

ists an optimal ratio of fin height and width at which the heat transfer rate in relation to the 

induced pressure drop is the maximum.  
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Figure 6.26. Effects of fin width on convection heat transfer coefficient, heat transfer rate per frontal area, 
and pressure drop for single tube configuration. 

 

Table 6.1 presents the results for flow velocity within the smallest cross-section of the 

finned tube bundle and for average surface temperature of the total heat transfer area. The 

table also presents calculated values for Reynolds number where the flow velocity within 

the smallest cross-section of the tube bundle is adopted as the characteristic velocity and 

for resulting fin mass per meter of tube length. The fin mass per meter of tube length is 

directly proportional to the material cost and according to Table 6.1, the lightest finned 

tube configuration is achieved with case 7 and naturally, as the fin width and height in-

crease, the fin mass will also increase. Moreover, from Table 6.1 it can be observed that 

the average temperature of the total heat transfer surface increases as the fin width increas-

es. This results from the fact that in case of wider fins larger portion of the fin surface area 

is in contact with the hot exhaust gas of the by-pass stream. During the simulations the 

Reynolds number based on inlet velocity is kept constant and as a result, the Reynolds 

number based on the smallest cross-section of the domain decreases as the fin width is in-

creased.  

 

 



88  
  

Table 6.1. Values for Re, umax, Twall, and mf for studied cases where the fin width and height are varied. 

Configuration b/do 
[-] 

Re 
[-] 

umax  
[m/s] 

Twall 
[°C] 

mf  
[kg per tube m] 

Double, case 0 1,84 11330 15,3 195,6 10,8 
Double, case 5 2,37 9440 13,0 206,7 13,5 
Double, case 6 2,89 8230 11,6 218,2 16,3 
Single, case 7  1,76 17930 17,7 202,5 9,5 
Single, case 13 2,16 16360 16,3 222,3 13,1 
Single, case 14 2,55 15440 15,5 242,7 17,5 
 

 

6.4 Effect of Fin Spacing 
In order to examine the effect of fin spacing on heat transfer and fluid flow, simulations are 

conducted for the non-dimensional fin spacings from 0,26 to 0,66. Figure 6.27 presents 

velocity distributions between fins of the 1st, 3rd, and 6th row at three different fin spacings 

at the angular location of 0°. This corresponds to the stagnation point of the 1st tube row.  

Due to reduced flow resistance between the fins, the velocity is augmented for 3rd and 6th 

row as the fin spacing increases. For the 1st row, the distribution of flow velocity is quite 

similar in all three cases. As previously discussed, recirculating flow system forms be-

tween the successive tubes due to adverse pressure gradient. For case with the largest fin 

spacing, the intensity of the recirculation flow is the strongest which can be seen as im-

proved mixing of the flow and higher average flow velocity for the case with the largest fin 

spacing in Figure 6.27 below. 
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Figure 6.27. Velocity distribution between two adjacent fins for double tube configuration. 

 

The temperature gradient at the fin surface depends on the surrounding flow field. From 

Figure 6.28 it can be seen that the development of thermal boundary layer starts from the 

leading edge of the fin and gradually increases in size along the fin length as expected. For 

the 1st row, temperature distribution is the same in all cases. In case of narrowest fin spac-

ing, it can be seen that the boundary layers are thicker compared to other cases and due to 

this, less of the hot exhaust gas flow is able to reach the surface of the tube. The decrease 

of temperature gradient at the fin base and tube surface results in reduced heat transfer rate 

and decrease of the local convection heat transfer coefficient. For the case with non-

dimensional fin spacing of 0,39, the thermal boundary layers are slightly thinner. For the 

case with the largest spacing, the boundary layers are even thinner and clearly separated 

from each other at the base of the tube. This attributes to higher temperature gradient at the 

fin and tube surface. Thus it may be stated that the velocity and thermal boundary layer 

developments between adjacent fins are fundamentally impacted by the fin spacing.  
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Figure 6.28. Temperature distribution between adjacent fins for double tube configuration. 

 

Figure 6.29 illustrates the effects of fin spacing on convection heat transfer coefficient, 

heat transfer rate, and pressure drop for double tube configuration and Figures 6.30 and 

6.31 illustrate the same results for single tube configuration with two different fin thick-

nesses.  
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Figure 6.29. Effects of fin spacing on convection heat transfer coefficient, heat transfer rate per frontal area, 
and pressure drop for double tube configuration. 

 

According to Figure 6.29, both the heat transfer rate and pressure drop are decreasing as 

the fin spacing increases. The behaviour of convection heat transfer coefficient is not as 

linear, and therefore, no certain conclusions can be drawn concerning the effect of fin spac-

ing on convection heat transfer coefficient, although the case with the largest fin spacing 

shows improved convection heat transfer coefficient of 22,2 W/m2⋅K where the resulted 

increase is 19,7 % compared to the baseline case 0. Another positive effect of increasing 

the fin spacing is the decrease in pressure drop which is approximately 14,6 % compared 

to the baseline case 0. However, the heat transfer rate per frontal are will decrease with the 

increase in fin spacing as the cross-sectional area of the domain increases. It should also be 

noted that even though the heat transfer rate per frontal area decreases with the increase of 

fin spacing when comparing cases 0 and 4, the convection heat transfer coefficient varies 

in the opposite way. A possible explanation for this observation may be that the decrease 

of heat transfer rate due to the reduction of average flow velocity between the fins is not 

linear while the reduction of heat transfer surface area with the increase in fin spacing is 

linear resulting in higher convection heat transfer coefficient. 

 

As shown in Figures 6.30 and 6.31, the change in heat transfer rate per frontal area and 

pressure drop as the fin spacing increases, is similar as in double tube case. However, the 

heat transfer rate and the pressure drop decrease in a much more linear manner in the sin-
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gle tube configuration. For single tube configuration with thicker fins, the convection heat 

transfer coefficient also decreases linearly with the increase in fin spacing with a similar 

slope as the heat transfer rate and pressure drop (Figure 6.31). For single tube configura-

tion with slightly smaller fin thickness, the development of the convection heat transfer 

coefficient is not as linear showing similar but opposite behaviour as in double tube case.  

 

 
Figure 6.30. Effects of fin spacing on convection heat transfer coefficient, heat transfer rate per frontal area, 
and pressure drop for single tube configuration with non-dimensional fin thickness of 0,04. 
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Figure 6.31. Effects of fin spacing on convection heat transfer coefficient, heat transfer rate per frontal area, 
and pressure drop for single tube configuration with non-dimensional fin thickness of 0,06. 

 

In conclusion, the convection heat transfer coefficient of the single tube configuration with 

51 mm tube decreases as the fin spacing increases. However, for double tube configuration 

with 38 mm tube diameter, the trend is the opposite and the heat transfer coefficient may 

be stated to increase with the fin spacing which probably is related to the reduction of heat 

transfer surface area. Moreover, Table 6.2 presents the results for flow velocity within the 

smallest cross-section of the finned tube bundle, average surface temperature of the total 

heat transfer area, Reynolds number based on the smallest cross-section of the domain, and 

a resulting fin mass per unit tube length. According to Table 6.2, fin mass decreases as the 

fin spacing increases resulting in lower material cost. Reynolds number of the flow also 

decreases due to lower velocities encountered within finned tube bundle as the fin spacing 

increases. As a result of change in flow dynamics, the average surface temperature of the 

total heat transfer area will also decrease with the increase in fin spacing. 
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Table 6.2. Values for Re, umax, Twall, and mf for studied cases where the fin spacing is varied. 

Configuration s/do 
[-] 

Re 
[-] 

umax  
[m/s] 

Twall 
[°C] 

mf  
[kg per tube m] 

Double, case 3 0,26 12620 16,3 198,0 14,1 
Double, case 0 0,39 11330 15,3 195,6 10,8 
Double, case 4 0,66 11170 15,3 194,4 7,9 
Single, case 8  0,20 17700 17,1 203,8 11,8 
Single, case 7 0,29 17930 17,7 202,5 9,5 
Single, case 9 0,49 15330 15,7 199,2 7,5 
Single, case 10 0,20 19070 18,1 197,7 14,7 
Single, case 11 0,29 18300 17,9 196,5 11,8 
Single, case 12 0,49 16230 16,5 193,5 9,0 
 

The effect of the fin spacing on pressure drop is similar in all studied cases. As the fin 

spacing decreases, the pressure drop increases. The increased pressure drop is most likely 

the result of increased flow disturbance due to enhanced turbulent effects and additional 

frictional surface caused by larger fin density. As the fin spacing is increased, heat transfer 

surface area per frontal area decreases and flow velocity in the tube bundle is lowered re-

sulting in lower pressure drop and heat transfer rate. The pressure drop and heat transfer 

rate per unit frontal area decrease significantly with the increase of fin spacing. However, it 

can be noted that the overall tendency is the improved heat transfer and decreased pressure 

drop as the fin spacing increases.  

 

6.5 Effect of Fin Thickness 
The simulations were conducted for non-dimensional fin thicknesses from 0,03 to 0,08. 

Figure 6.32 presents the effects of fin thickness on convection heat transfer coefficient, 

heat transfer rate, and pressure drop for double tube configuration. It shows that the thick-

est fin provides the highest convection heat transfer coefficient and heat transfer rate, but 

comes with the penalty of increased pressure drop. The increase in heat transfer rate and 

pressure drop is explained by increased average flow velocity of the exhaust gas with the 

increase of fin thickness as shown in Table 6.3. Both heat transfer rate and pressure drop 

increase in proportion to each other. Based on the results for the thinnest fin, there is not 

much benefit in decreasing the fin thickness compared to the baseline case, since the con-

vection heat transfer coefficient and pressure drop in both cases are practically close to 

each other. 
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Figure 6.32. Effects of fin thickness on convection heat transfer coefficient, heat transfer rate per frontal area, 
and pressure drop for double tube configuration. 

 

Figure 6.33 illustrates the effect of fin thickness on finned tube bundle performance for 

single tube configuration. Convection heat transfer coefficient, heat transfer rate, and pres-

sure drop increase with the fin thickness which is induced from the increase of average 

flow velocity within the tube bundle as in double tube case. However, the increase in pres-

sure drop is proportionally slightly higher than the increase of convection heat transfer. 
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Figure 6.33. Effects of fin thickness on convection heat transfer coefficient, heat transfer rate per frontal area, 
and pressure drop for single tube configuration. 

 

Table 6.3 presents the results for flow velocity within the smallest cross-section of the 

finned tube bundle, average surface temperature of the total heat transfer area, Reynolds 

number, and resulting fin mass per unit tube length.  

 
Table 6.3. Values for Re, umax, Twall, and mf for studied cases where fin thickness is varied. 

Configuration δ/do 
[-] 

Re 
[-] 

umax  
[m/s] 

Twall 
[°C] 

mf  
[kg per tube m] 

Double, case 1 0,03 11460 15,4 209,9 7,2 
Double, case 0 0,05 11330 15,3 195,6 10,8 
Double, case 2 0,08 12900 17,0 192,0 14,1 
Single, case 7  0,04 17930 17,7 202,5 9,5 
Single, case 11 0,06 18300 

 

17,9 

 

196,5 

 

11,8 

  

In conclusion, the decrease in the fin thickness and the effect on the combined heat transfer 

and pressure drop performance of the finned tube is hardly beneficial or significant accord-

ing to the studied cases, because if the fin thickness is increased, the heat transfer will im-

prove, but with the penalty of the pressure drop increasing proportionally at the same rate. 

Therefore, the fin thickness of the H-type finned tube should be minimized in order to re-

sult in optimized pressure drop performance, but taking into consideration that the heat 

transfer surface meets the required heat transfer rate. 
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6.6 Effect of Fin Configuration  
Both double and single tube configurations were considered for study, respectively. Here, 

the cases 0 and 7 are compared to each other and Table 6.4 below presents the obtained 

results including i.a. convection heat transfer coefficient, heat transfer rate per frontal area, 

and pressure drop. In addition to the configuration, the main difference between these two 

cases is that in the double tube configuration the tube diameter used is 38 mm and in the 

single tube configuration it is 51 mm. 

 
Table 6.4. Comparison of obtained results between cases 0 and 7. 

Variable Unit 
 

Double type (case 0) Single type (case 7) 
h W/m2K 18,6 38,8 
q/A kW/m2 205,7 224,6 
Δp Pa 42,6 59,2 
Twall °C 195,6 202,5 
Tb °C 171,2 171,2 
umax m/s 15,3 17,7 
Re - 11330 17930 
mf kg/m 10,8 9,5 
 

According to Table 6.4, it can be concluded that the overall heat transfer performance of 

the H-type finned tube bundle may benefit from the use of single fins instead of the double 

tube configuration utilized at the moment due to additional disruption of the gas-side flow 

resulting in enhanced heat transfer characteristics. It must be acknowledged, however, that 

as the Reynolds number at the inlet is kept constant, the Reynolds number based on maxi-

mum flow velocity at the smallest cross-section within the tube bundle varies as shown in 

Table 6.4. Consequently, no firm conclusions can be drawn which part of the enhanced 

heat transfer is a result of change in fin configuration and which part a result of increased 

Reynolds number of the flow. This would require further investigations in the form of nu-

merical simulations or experimental measurements. Furthermore, as indicated in Table 6.4, 

the trade-off for enhanced heat transfer performance is often increased pressure drop. 

However, when comparing with the other cases with single configuration, the induced 

pressure drop in the H-type finned tube bundle is quite sensitive to the geometric parame-

ters and in some cases, as in case 9, the pressure drop stays constant when compared to the 

baseline case 0. Therefore, the enhanced heat transfer characteristics and increase in pres-

sure drop are greatly dependent on the geometric fin parameters and need to be evaluated 

case by case. The convection heat transfer coefficient for the single tube configuration 
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(case 7) is 109 % higher than for the double tube configuration (case 0) and the heat trans-

fer rate per frontal area is also increased by 9,2 %. 

 
6.7 Summary of the Results 
The general flow pattern and flow features are similar in all studied cases. The boundary 

layer separates from the tube surface at angular location of 98° (or 262°). Formation of the 

recirculation region is caused by the wake effect of the preceding tube rows. Fluid in the 

recirculation region loses kinetic energy while overcoming the shear forces present in the 

velocity boundary layer. The remaining kinetic energy of the exhaust gas particles is insuf-

ficient to resist pressure forces that are increasing which results in reversed flow. Due to an 

in-line arrangement of the tubes, a considerable part of the upstream and downstream area 

of the fin lies in the wake region where the heat transfer rate is weak due to low fluid ve-

locity and temperature of the recirculation flow. As a result, these parts of the fin partici-

pate poorly in the overall heat transfer and become inactive heat transfer surface.  

 

Convection heat transfer coefficients for single tube configuration in all studied cases are 

85…128 % higher compared to baseline case corresponding the currently utilized H-type 

finned tube design by Alfa Laval Aalborg Oy. However, the increase in heat transfer 

comes with the penalty of increased pressure drop due to enhanced turbulence within the 

tube bundle, although in some cases the increase in pressure drop is very moderate. For 

example, case 9 with non-dimensional fin width of 1,76 and non-dimensional fin spacing 

increased to 0,49, the induced pressure drop is the same as in baseline case 0, but the con-

vection heat transfer coefficient increases by 104,7 %. As an additional positive effect, the 

fin mass per unit tube length is also reduced by 30,9 % being 9,0 kg/m. To conclude, the 

obtained results would suggest that the performance of finned tube bundle could be im-

proved significantly by replacing the current double H-type finned tube configuration with 

the single H-type tube configuration. However, it should be acknowledged that as the 

Reynolds number of the flow based on the smallest cross-section within the tube bundle 

varies between cases due to the chosen method of analysis in this thesis, the results for dif-

ferent H-type finned tube bundles may not be directly comparable to each other since the 

effect of increased Reynolds number on the convection heat transfer coefficient and pres-

sure drop may not be captured and separated from the effect of geometric fin parameters. 

Thus further investigations and experimental measurements are required to validate the 

results. 
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The effects of geometric fin parameters on heat transfer and pressure drop performance of 

the finned tube bundle are evaluated. Generally, the obtained results would suggest that the 

increase in the fin width gives lower fin efficiency, lower convection heat transfer coeffi-

cient, and smaller pressure drop for the H-type finned tube bundle. However, due to lim-

ited number of studied cases and also the simultaneous increase in fin height in some cas-

es, any firm conclusions cannot be drawn.  

 

The effect of fin spacing was investigated for nine different cases with three different fin 

spacings. The effect of the fin spacing on pressure drop is similar in all studied cases. As 

the fin spacing decreases, the pressure drop increases. The increased pressure drop is most 

likely the result of increased flow disturbance due to enhanced turbulent effects and addi-

tional frictional surface caused by larger fin density. Primarily, the convection heat transfer 

coefficient increases with the increase of fin spacing for double tube configuration, but for 

the single tube configuration, the trend was the exact opposite and the convection heat 

transfer coefficient decreased as the fin spacing increased which probably originates from 

the reduced turbulence and flow velocity within tube bundle.  

 

The effect of fin thickness was also studied by conducting simulations with three different 

fin thicknesses. The thickest fin provided the highest convection heat transfer coefficient 

and heat transfer rate accompanied with the highest pressure drop. Due to pressure drop 

increasing at the same slope with heat transfer rate, the fin thickness of the H-type finned 

tube should be minimized in order to result in optimized pressure drop performance, but 

taking into consideration that the heat transfer surface meets the required heat transfer rate. 
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7 CONCLUDING REMARKS AND RECOMMENDATIONS 
In this thesis three-dimensional, steady-state, turbulent, incompressible flow of exhaust gas 

across H-type finned tube bundle with varying fin geometric parameters was investigated. 

Mesh generation was performed with ANSYS ICEM CFD© 15.0 and the computational 

domain included six tubes in streamwise direction and three tubes in transversal direction. 

Numerical model was developed and numerical analysis was performed with ANSYS Flu-

ent© 15.0 to predict the fluid flow and heat transfer characteristics in a H-type finned tube 

bundle in aligned arrangement and to evaluate the effect of fin spacing, fin width and 

height, fin thickness, and fin configuration on heat transfer, pressure drop, and flow char-

acteristics of the H-type finned tube bundles. Based on the results, the following conclu-

sions were drawn. 

 

The main objective of the thesis was to provide an improved understanding of the flow 

dynamics and heat transfer phenomena present in the H-type finned tube bundle and to 

identify weaknesses and potential areas of development in the current H-type finned tube 

design. The general flow pattern and flow features were similar in all studied cases. De-

spite geometrical simplicity of the H-type finned tube, flow around fins and tubes exhibits 

complex flow features including adverse pressure gradients, boundary layer separation, 

recirculation, and vortex shedding. As the exhaust gas encounters the tube surface, the flow 

accelerates around the tube, until the boundary separates approximately at angular location 

of 98° (or 262°) due to adverse pressure gradient and forms a low-velocity wake region 

behind the tube. As a result, the convection heat transfer coefficient distribution on the fin 

surface is very non-uniform and the heat transfer coefficients are the lowest on the fin parts 

lying in the wake region. Thus these parts of the fin can practically be considered inactive 

heat transfer area. The formation of velocity and thermal boundary layers on the fin surface 

has a significant impact on the convection heat transfer and it depends strongly on the 

finned tube geometric dimensions and flow characteristics. The influence of fin spacing on 

development of boundary layers was found to be the most significant of all the geometric 

parameters studied.  

 

The extent of the numerical analysis performed in this thesis was limited due to computa-

tional resources available. Further numerical studies could be conducted with the grid re-

fined based on computed results in this thesis and subsequent repeats of the numerical 

simulation. It would be interesting to study the effect of the geometrical features excluded 

and simplifications made in this thesis, e.g. the angled attachment of the fin to the tube 
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surface, ideal contact between fin base and the tube, and welding gaps along the weld seam 

between fin and the tube. In addition, more comprehensive grid independence tests would 

be required to investigate the reasons for the instability of the pressure drop solution. Fur-

thermore, the flow field of the H-type finned tube bundle may involve complex interac-

tions between the shear layers and vortices which were not identified in the analysis of this 

thesis. Moreover, the number of different H-type finned tube bundle configurations was 

also limited due to scope of this thesis and further investigations are required to validate 

the conclusions made in this thesis. 

 

Numerical modelling is a cost-effective tool to be used to predict results, but in order to 

verify the accuracy of the solution the model should always be validated with experimental 

measurements. As stated, the turbulent flow around fins and tubes is complex due to its 

three-dimensional nature and exhibits complex flow features including adverse pressure 

gradients, boundary layer separation, recirculation, and vortex shedding what introduces 

additional challenges and uncertainties into numerical simulation. Although the numerical 

analysis was validated with experimentally derived correlations by Chen et al. (2014) with 

satisfactory accuracy for the purpose of this thesis, experimental measurements for the H-

type finned tube bundle subject to study are required to further validate the numerical re-

sults of this thesis. Generally, there are three main methods for experimentally visualizing 

the fluid flow within finned tube bundle. These methods include total heating, point heat-

ing, and mass transfer methods. In total heating method, the entire surface of the fin is 

heated by a flux through the fin base and the temperatures are then measured locally on the 

fin surface. In the point heating method, a uniform heat flux is provided through a small 

strip on the surface of the fin and the surface temperature is measured by placing thermo-

couples on fin surface. As a result in both methods, the local heat transfer coefficient is 

determined from the measured local flux and temperatures. In mass transfer methods, an 

analogy between heat and mass transfer is used to estimate the local heat transfer coeffi-

cient. This is done by coating the entire surface of the fin with a substance which sublimes 

easily into the flow. (Banerjee et al. 2012, 735-737.) 

 

Currently used H-type finned tube geometry presented in Figure 5.1 features angled fin 

attachment to the tube surface, but H-type finned tube with straight fins attached directly to 

the tubes was selected as the geometry for numerical study for modelling reasons to 

achieve higher quality of the mesh. Experimental measurements and further studies are 

also required in order to account for and to study the effect of some geometrical features of 
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the H-type finned tube that were excluded in this thesis. Pre-simulations were conducted to 

estimate the influence of the actual angled fin design presented in Figure 5.1 on heat trans-

fer performance in comparison to straight fin design selected for modelling shown in Fig-

ure 5.2. According to the results from pre-simulations, the angled fin would result in in-

creased heat transfer rate of 1,8 % compared to straight design due to increased turbulent 

effects derived from removal of some heat transfer area in the wake and recirculation re-

gion. Because of the enhanced turbulence, however, the pressure drop of the angled H-type 

finned tube is larger than that of the straight fin type. According to the pre-simulations, the 

increase in pressure drop is 4,5 % compared to straight-type. Since the same simplification 

of straight fin attachment to the tube surface was applied for all cases studied, the results of 

this thesis in that sense are comparable with each other, but it should be taken into account 

that the actual finned tube geometry with the angled fin attachment to the tube may have 

significant impact to the heat transfer and pressure drop characteristics. 

 

As discussed, a larger heat transfer rate, a smaller pressure drop, and lower manufacturing 

costs are the main criterions that need to be considered in order to design an optimal and 

cost-effective finned tube. From the criterions mentioned, economical aspects were not 

examined in this thesis and they would require some further evaluation. However, some 

attention was paid to mass of the finned tubes which is directly related to the material cost.  

 

On the basis of the findings made in this thesis, current H-type finned tube design needs 

modifications to improve the gas-side heat transfer performance especially in the wake 

area that causes a significant part of the fin surface to become inactive heat transfer area 

due to occurrence of recirculation flow with low velocity and temperature. The results sug-

gested that the effect of the wake area could be diminished by replacing the current double 

tube configuration with the single tube configuration where the gaps between the fins en-

hance the mixing of the flow resulting in improved turbulence and disturb the formation of 

boundary layers in the fluid flow over the fin increasing convection heat transfer at the 

surface, but further investigations are required in order to validate the results. Moreover, it 

should be acknowledged that as the Reynolds number of the flow based on the smallest 

cross-section within the finned tube bundle varies between cases due to the chosen method 

of analysis in this thesis, the results for different H-type finned tube bundles may not be 

directly comparable to each other given the fact that the effect of increased Reynolds num-

ber on the results of convection heat transfer coefficient and pressure drop cannot be dis-

tinguished from the effects of geometric fin parameters or fin configuration. 



103  
  

 

Interesting topics for further study and investigations include also extended surfaces with 

alterations such as slotted, punched, or perforated fins. There have been several recent 

studies suggesting that fin alterations e.g. slots and perforations disrupt the boundary layer 

and enhance turbulence due to better mixing of the flow and hence result in increased heat 

transfer although usually accompanied with drawback of increased pressure drop (Banerjee 

et al. 2012, 737). For example, Shaeri & Yaghoubi (2009, 220-228) studied numerically 

turbulent fluid flow and convective heat transfer from an array of solid and perforated fins 

mounted on a flat plate deployed for cooling by forced convection. Perforations such as 

small channels with square cross-section were arranged streamwise along the length of the 

fin and the results showed that for perforated fins the length of the recirculation zone form-

ing behind the fins was reduced compared to solid fins, and turbulence along with mixing 

of the flow were improved resulting in enhancement of the heat transfer rate accompanied 

with higher pressure drop. (Shaeri & Yaghoubi 2009, 220-228.) 

 

This thesis aimed to provide an improved understanding of the flow dynamics and heat 

transfer phenomena present in the H-type finned tube bundle since deeper understanding of 

the local heat transfer and local flow behaviour usually yields improved fin design and H-

type finned tube bundle performance. The evaluation of average convection heat transfer 

coefficient was also essential to estimate to be able to compare the heat transfer perfor-

mances of the H-type finned tube bundles. However, due to limited number of studied cas-

es that were included in the scope of this thesis, it should be acknowledged that the ob-

tained results would require further investigations and validation.   
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Appendix 1: Calculation of Thermal Properties of Exhaust Gas  
 

The calculation of thermal properties of exhaust gas is conducted according to the method suggested 

in VDI Heat Atlas. The specific heat, dynamic viscosity, thermal conductivity, and density of the gas 

mixture are calculated as the volume-weighted sums using the volume fractions presented in Table 

A.1. 

 
Table A.1. Volume fractions of the exhaust gas components and calculation of gas constant R. 

Gas xi [vol-%] Mi [kg/kmol] Ri [J/kgK] R [J/kgK] 

N2 76,00 28,013 296,80 225,57 

O2 13,20 31,999 259,83 34,30 

H2O 5,45 18,015 461,52 25,15 

CO2 5,29 44,010 188,92 9,99 

SO2 0,06 64,070 129,77 0,08 

sum 100   295,09 

 

 

The specific heat for each species in the exhaust gas is calculated according to  
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where T is the temperature of the exhaust gas, K (Kleiber & Joh 2010b, 302). The gas constant R is 

dependent of volume fractions of the gas species and it is obtained as volume-weighted sum (Table 

A.1). According to Table A.1, the obtained value of the gas constant is 295,09 J/kgK. The correspond-

ing coefficients for calculation of cp are given in Table A.2. 

 
  



 
Table A.2. The coefficients for calculation of cp of exhaust gas components (Kleiber & Joh 2010b, 344-345). 

Coefficient N2 O2 H2O CO2 SO2 

A 432,2027 2122,2098 706,3032 514,5073 848,4734 

B 3,516 3,5302 5,1703 3,4923 4,1379 

C 2,8021 -7,1076 -6,0865 -0,9306 -0,0601 

D -4,1924 -1,4542 -6,6011 -6,0861 -4,0449 

E 42,0153 30,6057 36,2723 54,1586 56,0276 

F -114,25 -83,6696 -63,0965 -97,5157 -109,335 

G 111,1019 79,4375 46,2085 70,9687 76,84 

 

 

 Dynamic viscosity for each species in the exhaust gas is defined as  

 

  432 ETDTCTBTA
R

++++=
µ ,        (A2) 

 

where the corresponding coefficients are given in Table A.3 (Kleiber & Joh 2010b, 301). 

 
Table A.3. The coefficients for calculation of µ from exhaust gas components (Kleiber & Joh 2010b, 361). 

Coefficient N2 O2 H2O CO2 SO2 

A∙105 -0,0102 -0,10257 0,64966 -0,18024 -0,13559 

B∙107 0,74785 0,92625 -0,15102 0,65989 0,5123 

C∙1010 -0,59037 -0,80657 1,15935 -0,37108 -0,11626 

D∙1012 0,0323 0,05113 0,10080 0,01586 0 

E∙1015 -0,00673 -0,01295 0,031 -0,003 0 

 

 

Thermal conductivity of gas components is calculated according to the equation below and the corre-

sponding coefficients for calculation are presented in Table A.4 (Kleiber & Joh 2010b, 301). 

 

  432 ETDTCTBTA ++++=λ .        (A3) 

 
  



 
Table A.4. The coefficients for calculation of λ from exhaust gas components (Kleiber & Joh 2010b, 376-377). 

Coefficient N2 O2 H2O CO2 SO2 

A∙10-3 -0,133 -1,285 0,64966 -0,18024 -0,13559 

B∙10-3 0,101 0,92625 -0,15102 0,65989 0,51230 

C∙10-6 -0,06065 -0,80657 1,15935 -0,37108 -0,11626 

D∙10-9 0,03361 0,05113 0,10080 0,01586 0 

E∙10-12 -0,0071 -0,01295 0,03100 -0,00300 0 

 

 

Incompressible ideal gas law can be used with sufficient accuracy to calculate density of the exhaust 

gas components as a function of the operating pressure, 1,01325 bar(a), and local temperature (Kleiber 

& Joh 2010a, 131). 

 

  
RT
p

=ρ            (A4) 

 

If the density of the exhaust gas is defined by a custom function, the pressure correction equation in 

Fluent requires an extra term related to the speed of sound in order to stabilize the pressure solution in 

Fluent. Consequently, a function for speed of sound must be included in the model and it is calculated 

as 

 

  RTa γ= ,           (A5) 

 

where γ is the ratio of specific heats of exhaust gas at a constant pressure to exhaust gas at a constant 

volume and it is assumed to be 1,35.   



 

Appendix 2: UDFs for Calculating Temperature-Dependent Properties of Exhaust 

Gas  
 

/****************************************************************************** 

UDFs for calculating temperature-dependent properties of exhaust gas components 

******************************************************************************/ 

#include "udf.h" 

 

DEFINE_PROPERTY(cell_density,c,t) 

{ 

 real rho; 

 real XN2=0.76;     

 real XO2=0.132; 

 real XH2O=0.0545; 

 real XCO2=0.0529; 

 real XSO2=0.0006; 

/* if enough memory for T: temperature at the cell, else constant value 300 K */ 

 real temp = NNULLP(THREAD_STORAGE(t, SV_T)) ? C_T(c,t) : 300;  

 rho = XN2*101325*pow(temp*296.80,-1)+XO2*101325*pow(temp*259.83,-

1)+XH2O*101325*pow(temp*461.52,-1)+XCO2*101325*pow(temp*188.92,-

1)+XSO2*101325*pow(temp*129.77,-1); 

 return rho; 

} 

 

DEFINE_PROPERTY(cell_viscosity, c, t) 

{ 

 real mu, mu_N2, mu_O2, mu_H2O, mu_CO2, mu_SO2; 

 real XN2=0.76; 

 real XO2=0.132; 

 real XH2O=0.0545; 

 real XCO2=0.0529; 

 real XSO2=0.0006; 

 real temp = NNULLP(THREAD_STORAGE(t, SV_T)) ? C_T(c,t) : 300; 



 
 mu_N2 = -0.0102e-05+0.74785e-07*temp-0.59037e-10*pow(temp,2)+0.0323e-12*pow(temp,3)-

0.00673e-15*pow(temp,4); 

 mu_O2 = -0.10257e-05+0.92625e-07*temp-0.80657e-10*pow(temp,2)+0.05113e-12*pow(temp,3)-

0.01295e-15*pow(temp,4); 

 mu_H2O = 0.64966e-05-0.15102e-07*temp+1.15935e-10*pow(temp,2)+0.1008e-12*pow(temp,3) 

+0.031e-15*pow(temp,4); 

 mu_CO2 = -0.18024e-05+0.65989e-07*temp-0.37108e-10*pow(temp,2)+0.01586e-12*pow(temp,3)-

0.003e-15*pow(temp,4); 

 mu_SO2 = -0.13559e-05+0.5123e-07*temp-0.11626e-10*pow(temp,2); 

 mu = XN2*mu_N2+XO2*mu_O2+XH2O*mu_H2O+XCO2*mu_CO2+XSO2*mu_SO2; 

 return mu; 

} 

 

DEFINE_PROPERTY(cell_conductivity, c, t) 

{ 

 real ktc, ktc_N2, ktc_O2, ktc_H2O, ktc_CO2, ktc_SO2; 

 real XN2=0.76; 

 real XO2=0.132; 

 real XH2O=0.0545; 

 real XCO2=0.0529; 

 real XSO2=0.0006; 

 real temp = NNULLP(THREAD_STORAGE(t, SV_T)) ? C_T(c,t) : 300; 

 ktc_N2 = -0.133e-03+0.101e-03*temp-0.06065e-06*pow(temp,2)+0.03361e-09*pow(temp,3)-

0.0071e-12*pow(temp,4); 

 ktc_O2 = -1.285e-03+0.107e-03*temp-0.05263e-06*pow(temp,2)+0.02568e-09*pow(temp,3)-

0.00504e-12*pow(temp,4); 

 ktc_H2O = 13.918e-03-0.047e-03*temp+0.258066e-06*pow(temp,2)-0.183149e-09*pow(temp,3)+ 

0.055092e-12*pow(temp,4); 

 ktc_CO2 = -3.882e-03+0.053e-03*temp+0.07146e-06*pow(temp,2)-0.07031e-09*pow(temp,3)+ 

0.01809e-12*pow(temp,4); 

 ktc_SO2 = -0.738e-03+0.103e-03*temp-0.06759e-06*pow(temp,2)-0.03945e-09*pow(temp,3)-

0.00947e-12*pow(temp,4); 

 ktc = XN2*ktc_N2+XO2*ktc_O2+XH2O*ktc_H2O+XCO2*ktc_CO2+XSO2*ktc_SO2; 

 return ktc; 



 
} 

 

DEFINE_SPECIFIC_HEAT(cell_cp, T, Tref, h, yi) 

{ 

 real cp, cp_N2, cp_O2, cp_H2O, cp_CO2, cp_SO2; 

 real XN2=0.76; 

 real XO2=0.132; 

 real XH2O=0.0545; 

 real XCO2=0.0529; 

 real XSO2=0.0006; 

 real temp=T; 

 { 

cp_N2 = (3.516+(2.8021-3.516)*pow(temp/(432.2027+temp),2)*(1-(temp/(432.2027+temp))* 

(-4.1924+42.0153*(temp/(432.2027+temp))-114.25* pow(temp/(432.2027+temp),2)+ 

111.1019*pow(temp/(432.2027+temp),3))))*296.80; 

cp_O2 = (3.5302+(-7.1076-3.5302)*pow(temp/(2122.2098+temp),2)*(1-

(temp/(2122.2098+temp))*(-1.4542+30.6057*(temp/(2122.2098+temp))-83.6696 

*pow(temp/(2122.2098+temp),2)+79.4375*pow(temp/(2122.2098+temp),3))))*259.83; 

cp_H2O = (5.1703+(-6.0865-5.1703)*pow(temp/(706.3032+temp),2)*(1-

(temp/(706.3032+temp))*(-6.6011+36.2723*(temp/(706.3032+temp))-63.0965* 

pow(temp/(706.3032+temp),2)+46.2085*pow(temp/(706.3032+temp),3))))*461.52; 

cp_CO2 = (3.4923+(-0.9306-3.4923)*pow(temp/(514.5073+temp),2)*(1-

(temp/(514.5073+temp))*(-6.0861+54.1586*(temp/(514.5073+temp))-97.5157* 

pow(temp/(514.5073+temp),2)+70.9687*pow(temp/(514.5073+temp),3))))*188.92; 

cp_SO2 = (4.1379+(-0.0601-4.1379)*pow(temp/(848.4734+temp),2)*(1-

(temp/(848.4734+temp))*(-4.0449+56.0276*(temp/(848.4734+temp))-109.335* 

pow(temp/(848.4734+temp),2)+76.84*pow(temp/(848.4734+temp),3))))*129.77; 

  cp = XN2*cp_N2+XO2*cp_O2+XH2O*cp_H2O+XCO2*cp_CO2+XSO2*cp_SO2; 

*h=cp*(temp-Tref); 

 } 

 return cp; 

} 

 

DEFINE_PROPERTY(sound_speed, c, t) 



 
{ 

 real a, R; 

 real XN2=0.76; 

 real XO2=0.132; 

 real XH2O=0.0545; 

 real XCO2=0.0529; 

 real XSO2=0.0006; 

 real temp = NNULLP(THREAD_STORAGE(t, SV_T)) ? C_T(c,t) : 300; 

 R = XN2*296.80+XO2*259.83+XH2O*461.52+XCO2*188.92+XSO2*129.77; 

 a = sqrt(1.35*R*temp); 

 return a; 

} 
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