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Pumps as turbines (PaTs) have been traditionally used in small-scale hydropower and
industrial hydraulic power recovery as a cost-effective alternative for conventional turbines.
Standard centrifugal pumps can be run as turbines usually without any modifications with
equal or even slightly better efficiency compared to the pump mode. However, pump
manufacturers rarely provide the turbine mode performance characteristics for pumps, and
pump’s turbine mode performance have been found to be difficult to predict accurately on
the basis of pump mode performance, despite the numerous attempts.

PaTs are typically coupled to induction motors, which can be run as generators to produce
electricity. Typically, generators have been connected directly to the utility, so they run at
fixed rotational speed. Fixed rotational speed requires the control of the system operation
point by valves, which dissipate part of the available hydraulic energy. This dissipation could
be avoided by applying four-quadrant frequency converter, which can be used for PaT
rotational speed control. The variable rotational speed would also make the PaT
dimensioning less critical, since the rotational speed can be adjusted afterwards more
suitable, if the PaT performance does not correspond to the predicted.

The main objective of this thesis is to provide information about variable-speed PaT systems,
and especially to study their suitability for flow and pressure control purposes, so that the
energy wasting valves in fluid control systems could be replaced by an energy harvesting
alternative. Devices required in variable-speed PaT system and a method for dimensioning
such a system are introduced. Also a novel theoretical model for variable-speed PaT is
derived, and its accuracy is studied through laboratory measurements carried out for three
centrifugal pumps in turbine mode. Model seems to provide a reasonable accuracy, and it
could be applied for e.g. soft-sensor operation point estimation and maximum power point
tracking. Also “turbine’s valve characteristic” is presented, which makes the comparison of
control valves and PaTs easier.
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Pumppuja on kaytetty turbiineina perinteisesti pienen kokoluokan vesivoimaloissa ja
teollisuudessa hydraulisen energian talteenotossa kustannustehokkaana vaihtoehtona
tavallisille turbiineille. Standardikeskipakopumput toimivat turbiineina usein ilman mitdin
muokkauksia, tarjoten samalla vastaavan tai jopa hieman paremman hyotysuhteen kuin
pumppumoodissa. Valmistajat kuitenkin harvoin tarjoavat pumpuille turbiinimoodin
suorituskykytietoja, ja niiden ennustaminen tarkasti pumppumoodin suorituskyvyn
perusteella on havaittu haastavaksi lukuisista yrityksista huolimatta.

Pumpputurbiinien kanssa kaytetddn usein oikosulkumoottoreita, joita voidaan ajaa
generaattoreina sahkontuotantoa varten. Tyypillisesti generaattorit kytketddn suoraan
séhkoverkkoon, jolloin ne pyorivat vakionopeudella. VVakiopydrimisnopeus vaatii kuitenkin
systeemin toimintapisteen saatamisté venttiileilld, jotka hukkaavat osan saatavilla olevasta
hydraulisesta energiasta. Tamé voidaan valttaa kayttaméalla nelikvadranttitaajuusmuuttajaa
turbiinin - pydrimisnopeuden séatamiseen. Muuttuva pydrimisnopeus tekee myds
pumpputurbiinin mitoittamisen vahemman Kkriittiseksi, silla py6rimisnopeus voidaan
jalkikédteen asettaa sopivaksi, mikéli ennustettu pumpun turbiinimoodin suorituskyky
poikkeaa todellisesta.

Diplomitydn paatavoite on tarjota tietoa muuttuvanopeuksista pumpputurbiinisysteemeista
ja erityisesti tarkastella niiden soveltuvuutta virtaus- ja painesaatoon venttiilien tilalle.
Muuttuvanopeuksiseen pumpputurbiinilaitteistoon tarvittavat komponentit sekd menetelma
niiden mitoittamiseen esitellaan tydssa. Pumpputurbiinille kehitetddn myo6s uusi teoreettinen
malli, jonka tarkkuus todennetaan laboratoriomittauksilla kolmelle standardi-
keskipakopumpulle turbiinimoodissa. Malli toimii suhteellisen hyvalla tarkkuudella ja sit&
voidaan soveltaa esim. systeemin anturittomaan tarkkailuun ja maksimitehosaatoon. Tydssa
esitellddn myds “turbiinin venttiilikarakteristika”, jonka tarkoituksena on tehda
séatoventtiilien ja pumpputurbiinien vertailu helpommaksi.
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LIST OF SYMBOLS AND ABBREVIATIONS

Roman letters

A Area, constant coefficient
B constant coefficient

C pump to turbine mode performance conversion factor, constant coefficient
D impeller diameter

E energy consumption

H head

I current

K coefficient

P power

Q flow rate

R constant coefficient

T torque

U voltage

a constant coefficient

c absolute velocity

cos(¢p) power factor

f frequency

g acceleration due to gravity
k coefficient

m dimensioning exponent

n rotational speed, speed

p number of pole pairs, pressure
r radius

S slip

t time

u tangential velocity

W relative velocity

Z blade number



Greek letters

S angle between the direction of tangential and relative velocity
A difference
a angle between the direction of tangential and absolute velocity
7 phase angle between current and voltage
n efficiency
p density
o Thoma coefficient
1) angular speed
Subscripts
0 initial
1 impeller eye, 1
2 impeller tip, 2
plant
C constant
FC frequency converter
H Head
L runaway
P pump, power
Q flow rate
R required
T turbine
\Y volumetric
cont continuous
df disk friction
dyn dynamic

e electric



fr flow friction

generator
h hydraulic
I leakage
m motor, meridional component, mechanical
max maximum
n nominal
p piping
q specific
ref reference value
S synchronous, specific, shock
st static
sys system
th theoretical
v dissipated, valve
w resistance
Acronyms
4Q 4 Quadrant
AC Alternate Current
DC Direct Current
FC Frequency Converter
IGBT Insulated Gate Bipolar Transistor
NPSH Net Positive Suction Head
PaT Pump as Turbine
TREH Total Required Exhaust Head

VSD Variable Speed Drive



1. INTRODUCTION

This thesis discusses the application of variable-speed reverse running pumps as turbines in
hydraulic energy harvesting. The main objectives of the thesis are to provide comprehensive
literature review on pumps as turbines (PaTs) and required electrical drivetrain for electricity
production, give information about dimensioning of a variable-speed PaT system, derive
theoretical model for variable-speed PaT and discuss the suitability of variable-speed PaT
for flow and pressure control purposes to replace valves.

1.1 Background of the study

Reverse running centrifugal pumps as turbines have been traditionally used in small-scale
hydropower plants and industrial or municipal applications, where there is a possibility to
produce electricity from hydraulic energy, but conventional hydraulic turbines may be too
expensive or otherwise inappropriate for a given application. Since low investment costs are
often crucial in these schemes, PaT is usually coupled to a standard squirrel cage induction
motor, which can be run as a generator to produce electricity. However, since pumps and
motors are not primarily intended for reverse operation, manufacturers do not usually publish
the turbine or generator mode performance characteristics for neither of them. The lack of
accurate performance information makes the correct selection of devices difficult (especially
with PaTs) and the system may run in totally different operation point and with much lower
efficiency than predicted. Despite of numerous attempts, complete and reliable procedure
for prediction of pump’s turbine mode performance has not been published (Gilich 2014).

PaT coupled to an induction generator is usually connected directly to the utility or stand-
alone grid, so it runs with a fixed rotational speed. Therefore the proper selection of PaT is
important, since otherwise it may run with low efficiency. Basically this requires expensive
testing of reverse mode operation of pumps, and the part of the cost advantage to the
conventional turbines is lost. If there are also varying system conditions, the operation point
has to be adjusted by the throttle and bypass valves, which dissipate part of the hydraulic
power available.

In industrial applications, PaTs have been typically used in processes, where high amounts
of pressure needs to be produced to start or to maintain the process, or the pressure is built
up due to height differences in the system. The exceeding pressure is then typically needed
to be reduced in some part of the process by using a pressure reducing valve or a turbine.
Many processes have been found to be suitable for hydraulic power recovery in numerous
studies, for example

1. Water supply systems (Williams 1996, KSB 2011, Alatorre-Frenk 1994, Ginter
2012, Carravetta 2012, Chapallaz 1992, Garay 1990, Pulli 2009),

2. Scrubbing of natural gases (Wildner 2014, KSB 2011, Gopalakrishnan 1986, Ginter
2012, Nesbitt 2006, Adams 2011, Sulzer 2014, Chapallaz 1992),

3. Hydrotreating processes (Wildner 2014, Gopalakrishnan 1986, Nesbitt 2006, Adams
2011, Sulzer 2014, Chapallaz 1992),

4. Fertilizer production (Wildner 2014, Gopalakrishnan 1986, Alatorre-Frenk 1994,
Sulzer 2014),

5. Oil supply systems (KSB 2011),
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6. Seawater desalination by reverse osmosis (Raja 1981, KSB 2011, Nesbitt 2006,
Alatorre-Frenk 1994, Ginter 2012, Adams 2011, Chapallaz 1992),

7. Mine cooling (Alatorre-Frenk 1994, van Antwerpen 2004, Chapallaz 1992) and

8. Pulp and paper mills (Andritz 2010)

Basically any process requiring high pressure drop can be suitable for a hydraulic power
recovery. An example of the power recovery potential in hydrocarbon industry is illustrated
in Fig. 1.1.

2500

1500 kW
B  Refining of hydrocarbon liquids
E  Scrubbing of natural gases
2000 + O  Synthetic gas manufacture
1500
—_
g
a8
1000 r
500 -
0 1 1 1 1 1 1 1 ]
0 50 100 150 200 250 300 350 400
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Fig. 1.1 Applicable operation areas for turbines in hydrocarbon processes including power contours
(modified from Gopalakrishnan 1986).

As can be seen in Fig. 1.1, hydrocarbon processes have a high power recovery potential for
turbines, and equal potential can be found in many other types of processes too. According
to Adams (2011), it is not uncommon to find over 1.5 MW could be recovered at an industrial
plant by hydraulic power recovery by turbines. PaT systems have been found to provide a
short payback period in these applications (Gopalakrishnan 1986, Adams 2011, Wildner
2014), while a lifespan of the system can be decades.

There exists also various purpose-made alternatives for hydraulic power recovery, e.g.
pressure exchangers and hydraulic turbocharges, which are typically able to only hydraulic-
to-hydraulic energy conversation, and cannot be used to produce electricity like PaTs.
Pressure exchangers are positive-displacement devices used in seawater desalination with
typically high efficiency (even more than 94 %), but they are also expensive (Li 2008).
Hydraulic turbochargers include a turbine and a pump connected by shaft in the same casing.

1.2 Objectives of the study

Nowadays many pumping systems are variable-speed-driven, where a pump operation point
Is not governed by valves, but a variable speed drive (VSD), i.e. frequency converter. VSD
can be used to adjust the pump rotational speed, which affects the produced flow rate and
pressure, and therefore the unnecessary dissipation of hydraulic power by valves can be
avoided. For the same reason, VSDs could be also used with PaTs, but very limited amount
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of studies have been published about the topic (e.g. van Antwerpen 2004). Besides avoiding
the dissipation of hydraulic energy by valves, VSDs could be also applied for soft-sensor-
based operation point estimation, system monitoring and identification, as previously done
in pumping, fan and compressor systems (Ahonen 2011, Tamminen 2013, Niinimé&ki 2013).
VSDs could also make possible the maximum power point tracking of PaT, so that the
maximum shaft power would be produced with the given constraints (e.g. required flow rate
or pressure drop). Freedom of governing the rotational speed makes also the PaT selection
less crucial, since rotational speed can be adjusted suitable for the system, even if the actual
performance of PaT deviates significantly from the predicted.

Variable-speed-driven hydraulic power recovery system considered in this thesis includes a
standard centrifugal pump run as turbine, an induction motor as a generator and a four-
quadrant (4Q) frequency converter. An example variable-speed PaT system device setup is
illustrated in Fig. 1.2.

| 4Q FC !
A | I
| Line-side 2 |
i converter | |
| |
| Il | ) Other
| PeBwe | ~~[" machinery
! I | 2nd frequency
| Motor-side | . converter
Ha s | converter 2 |
e —-—- |
Induction
generator
Throttling
valve Q
4 : I

Pump as Turbine
Inlet Outlet Flow
pressure pressure meter

><

Bypass
valve

Fig. 1.2 Variable-speed PaT system including pump as turbine, induction motor as generator, 4Q
frequency converter, throttle and bypass valves and measurement sensors.

An ability to control the rotational speed of PaT would be beneficial especially in
applications, where the system conditions and/or requirements for flow or pressure have high
variation. One potential application for PaT would be to use it as an energy recovering
“throttling valve”, i.e. flow or pressure control device. Since throttling valves dissipate huge
amounts of energy in many pumping systems by converting hydraulic energy into heat,
replacing them by PaTs would most likely increase the energy efficiency of pumping
systems significantly. Even though installing VSDs to the pumps supplying the system
would be often even more energy efficient alternative than PaTs, as already mentioned, there
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exists many applications, where the high pressure production is required by the process, and
the pressure is then needed to be reduced by means of valve, PaT or some other device.

The main objective of this thesis is to study the feasibility of variable-speed PaT system for
flow and pressure control purposes, to replace existing control valves in suitable
applications. The applicability of variable-speed PaT system devices for this kind of
operation is studied through comprehensive literature review and laboratory tests. Also
dimensioning of the system is discussed, and variable-speed PaT theory is investigated.

1.3 Outline of the thesis
This thesis is outlined as follows:

Chapter 2 provides information about principles of turbine operational characteristics and
suitability of centrifugal pumps for turbine operation.

Chapter 3 discusses about electrical drive (induction motor as generator and 4Q frequency
converter) required for electricity production with PaT.

Chapter 4 introduces laboratory setup and tests carried out to investigate three centrifugal
pump in turbine mode and electrical drivetrain.

Chapter 5 discusses about the dimensioning of PaT system and provides methods for
selection of a PaT, an induction motor as generator and a 4Q frequency converter for given
application.

In Chapter 6, theoretical models for variable-speed PaT are derived on the basis of known
pump theory, and models are verified on the basis of laboratory tests.

Chapter 7 discusses on using variable-speed PaT with throttle valve for flow and pressure
control purposes.

Chapter 8 provides conclusions of the thesis.
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2. PUMP AS TURBINE

Standard centrifugal pumps are easily turned into turbines, since there is usually no need for
any modifications (possible modifications are discussed in section 2.3). To work as a turbine,
pump must be simply “turned around” so that the discharge nozzle of the pump becomes the
inlet nozzle of the turbine, and the suction nozzle of the pump becomes the outlet nozzle of
the turbine. This causes the reverse directions of flow and rotation compared to the pump
mode operation. Flow and rotation directions turbine operation are illustrated in Fig. 2.1.

Turbine inlet

Turbine outlet

Fig. 2.1 Flow and rotation directions of a centrifugal pump running as a turbine. Directions are reversed
compared to the pump mode.

For small-scale hydraulic power recovery applications, it is often more viable to use a
standard centrifugal pump as a turbine (PaT) instead of conventional turbine (such as Pelton,
Francis or Kaplan turbines) due to lower investment costs. Due to mass production, pumps
are inexpensive and easily available with short delivery times. PaTs are often at least 50 %
or even more than 80 % cheaper than comparable conventional turbines (Ranjitkir 2006,
Chapallaz 1992). Even though pumps are not designed primarily for turbine operation, they
often have reasonably high efficiency in turbine mode.

Pump and turbine mode operation characteristics differ significantly from each other, which
is a major problem when selecting a PaT. While pump characteristics are available for every
pump, turbine mode characteristics are rarely provided by the pump manufacturer. Usually
pump’s fluid handling capacity grows in turbine operation, so the correct sizing of PaT for
particular plant can be challenging (Williams 1996). Several different performance
prediction methods for pump’s nominal point in turbine mode have been presented, but none
of them gives reliable prediction in the entire range of specific speeds (Williams 1994,
Gulich 2014). Pumps also lack of efficient hydraulic control device, which conventional
turbines usually have, such as adjustable guide vanes or wicket gates. Therefore pumps have
lower efficiency than conventional turbines, especially at the part load operation (Chapallaz
1992). Benefits and drawbacks of PaTs are listed in Table 2.1.
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Table 2.1  Benefits and drawbacks of PaTs compared to conventional turbines (Chapallaz 1992, Alatorre-
Frenk 1994, Williams 1996).

Benefits Drawbacks

+ Inexpensive - Lower efficiency compared to conventional

+ Pumps and spare parts are easily available with turbines

short delivery times - Turbine characteristics are not usually available
+ Good know-how in maintenance - No efficient hydraulic control device in the

+ Standard pipe fittings system

+ Manufactured for wide range of flow rates and

heads

+ Can be manufactured of material able to handle
abrasive and corrosive liquids

2.1 Turbine characteristics and control

Turbine mode performance of a centrifugal pump can be described by similar characteristics
used for conventional turbines. Both pump and turbine mode performances are described by
a set of curves, which are used to select the correct device to meet the requirements of a
given application. Typically performance curves include head H, shaft power
consumption/production P and efficiency » as a function of flow rate Q for constant
rotational speeds n and/or impeller diameters D». Pairs of flow rate Q and head H are called
operation points, and the operation point with best efficiency for given impeller diameter
and rotational speed is called nominal operation point or best efficiency point (BEP).
Example curves for pump and turbine mode performance are illustrated in Fig. 2.2.

The nominal operation point in turbine mode locates at higher flow rate and head compared
to the pump mode, with same impeller diameter and rotational speed. Also the shaft power
is typically higher than in pump mode (Adams 2011). Therefore it is usual to select smaller
pump for the given PaT application, than would be predicted directly on the basis of the
pump mode performance.



H A
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Fig. 2.2 Pump and turbine mode performance curves for constant rotational speed and impeller diameter.
Purple curves represents pump mode performance and green curves turbine mode performance.
Subscript n denotes the nominal value, P the pump and T the turbine. Graphs from top to bottom
are illustrating head H, shaft power P and efficiency # as a function of flow rate Q. As can be seen,
pump’s fluid handling capacity grows in turbine operation. The figure is modified from one
published by Adams (2011).
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Turbine operation at plant can be described by means of turbine performance curves and
system curve. System curve describes the head available for turbine as a function of flow
rate. At zero flow rate, the system curve describes the static head of the plant Hast. The
system head decreases with increasing flow rate due to increased losses in the inlet and outlet
piping systems of the turbine (Gulich 2014). The system head Ha can be described by the
equation

Hp = Hpg — kQ?, (2.1)

where Hat is the static head and k is the friction coefficient of the piping system. The turbine
operation point locates at the intersection of the turbine and system curves, in the same way
as in the pump characteristics. The system and turbine performance curves for several
rotational speeds are illustrated in Fig. 2.3.

16
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Runaway
10 F Resistance

Turbine curves 12 %m
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0 5 10 15 20 25 30 35
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Fig. 2.3 Turbine mode performance characteristics of a centrifugal pump Sulzer A22-80. The operation
point of the turbine locates at the intersection of the turbine curve and system curve. The applicable
area for turbine operation locates between purple runaway curve and orange resistance curve.
Outside the area delimited by these curves, turbine consumes power instead of producing it. As
can be seen in the figure, lower rotational speed causes higher flow rate. It should be noted that
rotational speeds in figure are reverse compared to the pump mode.

In addition to turbine performance curves for several rotational speeds, also the operation
range suitable for power production is usually shown in turbine characteristic. This range is
delimited by so called runaway and resistance curves. Runaway curve Hy describes the
turbine operation, when it is run without any external load, i.e. torque T = 0 and turbine shaft
power Pt = 0. The runaway condition occurs, when the turbine shaft is disconnected from a
load or the turbine running a generator loses the electrical load as a result of grid failure.
Turbine reaches its runaway speed fast, which may cause harmful pressure surges or make
turbine to run over speed. Therefore it is important to take the runaway characteristic into
account in terms of safety and system protection, when designing the system (discussed more
in detail in section 2.3.4). As can be seen in Fig. 2.3, runaway curve has a parabolic shape,
and it follows approximately the correlation H. ~ Q? ~ n? (Giilich 2014).
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Another curve delimiting the applicable area for turbine operation is the turbine resistance
curve Huw. It describes the turbine’s ability to resist flow, when turbine shaft is locked, i.e.
rotational speed n = 0 and Pt = 0. Maximum flow rate and torque Tw are achieved at the
resistance curve, and it follows the correlation Tw ~ Hw ~ Q? (Giilich 2014). When turbine
operation point locates between the runaway and resistance curves, turbine converts
hydraulic energy of the fluid into mechanical energy. Turbine shaft power Pt can be
described by the equation

Pr = ntpgQH, (2.2)

where #7 is the turbine efficiency, p is the fluid density (~998 kg/m?® for water) and g is
acceleration due to gravity (~9.81 m/s?). Turbine can be run in operation point at the left side
of runaway curve, but there it consumes energy.

2.2 PaT control methods

Standard centrifugal pumps do not have hydraulic control device, such as adjustable guide
vanes, so the PaT operation point has to be governed by throttle and bypass valves or by
adjusting PaT rotational speed. With throttle control, PaT runs at fixed rotational speed and
flow rate through PaT is controlled with valve installed in series with PaT. Throttling the
valve increases the hydraulic resistance of the system, so operation points follow the turbine
curve of applied rotational speed. Since hydraulic resistance is increased, throttling
dissipates part of the hydraulic power into heat. The power dissipated by throttling APthrottie
can be described by the equation

APhrotne = PgQAH, (2.3)

where AH is the head difference between system curve and turbine curve with certain flow
rate. With throttle control, the maximum flow rate is achieved in the point, where fixed speed
turbine curve intersects the system curve with fully open valve. If flow rates higher than that
are required, bypass piping and valve are used. Bypass valve is installed parallel to the PaT,
and it lets part of fluid bypass the PaT. Also bypass valve dissipates part of the hydraulic
power APhypass, Which can be described by the equation

APbypass = pgAQH, (2.4)

where AQ is the difference between flow rate at system curve and turbine curve with certain
head. With variable-speed control, the operation point is shifted by adjusting rotational speed
of the PaT, and operation points follow the system curve. With variable-speed control,
hydraulic power is not dissipated like with throttle and bypass control. However, shaft power
with variable-speed control may be lower in some cases even if the available hydraulic power
is higher, since PaT may run with lower efficiency. The control methods for PaTs are
illustrated in Fig. 2.4.
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Throttle, bypass and variable-speed control of PaT illustrated in QH plane. With throttle control,
the operation points follow the fixed speed turbine curve (in figure 800 rpm), and the head AH is
dissipated by the valve. If higher flow rates are required, bypass valve can be used, and flow rate
AQ is let through the valve. Operation points with bypass control follow the system curve, but
only operation points at the right side of the system curve can be achieved. Both throttle and
bypass control dissipate part of the hydraulic power. With variable-speed control, the hydraulic
energy is not dissipated and operation points follow the system curve.
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2.3 Suitability for turbine operation

Although pumps usually operate as turbine without any modifications, some components
may be unsuitable for reverse direction of rotation and flow. Also turbine mode efficiency
can be improved with some modifications. The suitability of centrifugal pumps for turbine
operation from different point of views is discussed in this section, and possible problems
are introduced. The main components of a centrifugal pump are illustrated in Fig. 2.5.

Bearings

Impeller
Shaft seal

Volute casing

Fig. 2.5 Main components of a centrifugal pump (modified from Sulzer (2011)).

2.3.1 Reverse direction of rotation

Some components of a centrifugal pump, such as bearings and shaft seals, may be unsuitable
for reverse direction of rotation. For example, hydrodynamic bearings may be designed only
for one direction of rotation (Chapallaz 1992). Also a high runaway speed occurring at load
rejection may require bearings to be redesigned (Garay 1990). Suitability of shaft sealing for
turbine should be also ensured. The conventional stuffing box is usually suitable for reverse
operation, but they are not recommended for high head applications (head more than 200
m). Mechanical seals used in modern pumps can be used for high heads, but they may operate
properly in only one direction (Chapallaz 1992). In some cases, fastening of rotating parts
mounted on the shaft can be loosened due to reverse rotation direction. Even though modern
pumps are usually suitable for turbine operation, it is recommended to ensure that from a
manufacturer.

2.3.2 Axial and radial thrust

In centrifugal pump design, axial and radial thrusts have to be taken into account for correct
selection of bearings and design of the motor (Grundfos 2009). In turbine mode, both axial
and radial thrusts differ from the pump mode. According to Fernandez (2004), radial thrust
in turbine mode is increasing as a function of flow rate, but excluding very high flow rates,
it does not exceed the forces experienced in pump mode. Therefore the material fatigue is
not increased compared to the pump mode. Due to increasing radial forces, the best
efficiency point of the turbine does not correspond to the minimum of the forces, which is
usually the case in pump mode. Axial thrusts in turbine mode are found to be lower in turbine
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mode than in pump mode in similar operating conditions (Chapallaz 1992, Gilich 2014).
However, according to Morros (2011), unsteady oscillations may occur when PaT is run
beyond nominal conditions.

2.3.3 Cavitation

Cavitation is an undesired and harmful phenomenon, which may occur in pumps and
turbines. In cavitation, vapour bubbles are created in the areas, where static pressure drops
to the vapour pressure of the fluid. When the bubbles move to the higher pressure, they
collapse and cause pressure waves. Cavitation lowers the head, causes noise and vibration
and may cause mechanical damage to the pump (Grundfos 2009).

Pump requires certain pressure at suction side to avoid cavitation and run in acceptable
conditions. This pressure is called required net positive suction head (NPSHR) and it is given
by manufacturer. In turbine mode, cavitation usually occurs at the outlet of the turbine, where
pressure is lower than in the inlet. Therefore NPSHr in turbine mode is called total required
exhaust head (TREH). TREH for conventional turbines is about 50 % of NPSHr of a pump
with similar specific speed and head, so TREH of a PaT is likely to be somewhere in between
pump mode NPSHr and TREH of conventional turbine with similar specific speed
(Chapallaz 1992). Cavitation independent of rotational speed can be described by Thoma
coefficient o, which is described for pumps by

_ NPSHg -
Op = Hop ) (2.5)
and for turbines by
_ TREH -
oT = Hn,T. (2.6)

Thoma coefficient as a function of specific speed for pump and turbines is shown in Fig. 2.6.
These values apply only for nominal operation point of the machine.
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Fig. 2.6 Thoma coefficient o as a function of specific speed nq for pumps, and Francis and Kaplan turbines.
Thoma coefficients for PaTs locate in somewhere in between the values for pumps and turbines.
The figure is valid only for nominal point (Chapallaz 1992).

Small pumps tend to cavitate earlier, so with them TREH is recommended to be selected at
least the same as NPSHr in pump mode (Chapallaz 1992). According to Gulich (2014),
TREH for pumps in turbine mode is usually 35-50 % of the NPSHr of the pump. Also
Lobanoff (1992) states that TREH in turbine mode is less that the NPSHr in pump mode for
the same machine and same flow rate. Therefore it can be concluded, that using pump mode
NPSHr values for turbine mode TREH should provide adequate safety margins for turbine
mode operation.

2.3.4 Runaway condition

Load rejection due to grid failure causing a PaT to reach its runaway speed may cause a
pressure surge or too high rotational speed. This may damage piping or PaT, since pump can
reach its runaway speed in only 1 to 2 seconds (Gulich 2013). Radial PaTs have usually
relatively low runaway speed, but high sudden head increase may cause a harmful pressure
surges. Mixed flow PaTs do not cause such a high pressure surges, but the runaway speed is
higher, which may also damage the turbine. The damages caused by runaway condition can
be avoided by installing a fast opening bypass valve (Singh 2005). The example rotational
speeds in runaway condition as a function of time t are illustrated in Fig. 2.7.
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Fig. 2.7 Runaway speeds of different types of PaTs at sudden load rejection as a function of time. The
rotational speed is shown relative to the nominal value. As can be seen, radial PaT runaway speed
is relatively low compared to the other types of PaTs. Figure is modified from one published by
Alatorre-Frenk (1994).

2.3.5 Impeller modifications

A pump impeller does not necessarily need any modifications, but the efficiency in turbine
mode can be improved rounding shrouds and vane tips of an impeller, as shown in Fig. 2.8
(Wildner 2014). This can improve the maximum efficiency by 1 to 2 %, by reducing losses
caused when fluid enters the impeller (Alatorre-Frenk 1994, Giilich 2014). According to Jain
(2015), blade rounding can give even 3 to 4 percent rise in efficiency at rated speed.
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Fig. 2.8 Turbine performance of pump can be improved by rounding shrouds and vane tips of the impeller
(Wildner 2014).

PaT impeller can be trimmed for better match to required operation conditions. Reducing
the impeller diameter D causes reduction to the nominal flow rate and head of the PaT.
However, the impeller trimming is not usually done for PaTs (Lobanoff 1992). The required
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shift of operation point can be achieved by adjusting the rotational speed, which is possible
with variable-speed controlled PaTs.
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3. ELECTRICAL DRIVE

Electrical drive is required in variable-speed PaT systems to control the rotational speed of
PaT and to convert the shaft power of PaT into electrical power of utility. There are many
different alternatives for electrical drive, but only combination of induction motor as
generator and voltage source 4Q frequency converter is discussed in this thesis. Principles
of these devices are introduced in this section.

3.1 Induction motor as generator

For electricity production, PaT needs to be coupled with a generator. A purpose-made
synchronous generator can be used, but also a standard induction motor running as generator
can be often a viable solution. Three-phase squirrel cage induction motor is the most
common type of motor used in the industry, so it has typical advantages of mass-produced
devices; low price, easy and quick availability and they are available for small sizes.
Induction motors are also robust and maintenance-free, and they work as generators without
any modifications. Pumps are often delivered with a directly coupled induction motor, which
can even lower the price of the system. The protection against dirt and water is good, since
they are totally enclosed. Unlike some synchronous generators, induction generator does not
need any protection for grid failure, since it loses excitation in that case and does not produce
electric power (Garay 1990). Also required control and protective devices are same as for an
induction motor (Eaton 1997). Benefits and drawbacks of induction motors as generators are
listed in Table 3.1.

Table 3.1  Benefits and drawbacks of using induction motor as generator.

Benefits Drawbacks

+ Inexpensive - Lower efficiency compared to synchronous

+ Easily available and short delivery times generators

+ Robustness - Generator mode characteristics are not usually
+ Often delivered as an integrated unit with available

centrifugal pump
+ No electrical protection required for grid failure
+ Available for small sizes

Three-phase squirrel cage induction motor consists of two main parts; a stator and a rotor.
The stator has three phase windings in a stator slot, while the rotor includes a stack of
insulated laminations, which have electrically conducting bars inside them. The bars are
electrically shorted at the each end of the rotor by end-rings (Mohan 2003). The construction
is simple, since induction motors have no winding, diodes or slip rings in the rotor (Smith
1994).

Connecting the stator to a three-phase AC supply creates rotating magnetic field in it. This
magnetic field causes current to induce in bars of a rotor, which creates magnetic field to the
rotor. Magnetic field of the rotor is lagging to the magnetic field of the stator, which causes
torque, making the rotor to accelerate until the torque balances the external load. Since the
torque is caused by the lagging of the rotor, induction motor speed is always lower than the
synchronous speed ns, described by equation

ng = 60 z, (3.1)
p
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where f is the supply frequency and p is number of pole pairs. Typical pole pair numbers and
their synchronous speed in 50 Hz system are shown in Table 3.2.

Table 3.2 Pole pair numbers and their synchronous rotational speeds in 50 Hz system.

Pole pair number p Synchronous speed ns
1 3000 rpm
2 1500 rpm
3 1000 rpm
4 750 rpm

The relative difference between synchronous speed and rotor speed is called slip s, described
by the equation

_ng—n
S = ns ) (3.2)

where n is rotational speed of the motor. Increasing load torque causes the motor to lag more
to the synchronous speed, which increases the slip and reduces the rotational speed. To work
as a generator, induction motor has to rotate faster than synchronous speed i.e. it requires
external force to drive it. This causes negative slip and motor generates electric power to the
utility. The induction machine torque as a function of slip for connected to a supply with
constant voltage and frequency is illustrated in Fig. 3.1.

Motoring

-10p ° : 0% —>
1p e Generating ’ 100 % s (%)

- -100 %

Fig. 3.1 Induction machine torque as a function of slip, when motor is driven with constant voltage and
frequency supply. When slip is negative, motor runs in generating mode.
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The maximum torque Tmax in both motor and generator modes is called break down torque.
Break down torque in motor mode is typically 2 to 3 times the nominal torque in motor mode
(ABB 2011). In maximum torque point, the absolute value of slip is higher than nominal. To
run the induction machine efficiently, the slip value should be kept between maximum
torque values. To achieve the nominal efficiency with variable torque and rotational speed
either as motor or as generator, the torque characteristic can be shifted by controlling voltage
and frequency supplied for machine (ABB 2011). This can be done by frequency converter,
which is introduced in section 3.2. The shifting of speed torque characteristic with frequency
converter is illustrated in Fig. 3.2.

Torque

ST
CE T e

| X XXX XX X
Fig. 3.2 Speed torque characteristic of a frequency converter controlled induction machine (ABB 2011).

As can be seen in Fig. 3.2, the nominal and maximum torque are now available for more
than one rotational speed. The maximum torque is achievable for all frequencies under
nominal frequency in both motor and generator modes. This range is called a constant flux
range. The range above the nominal frequency is called field weakening range, where
machine can operate with constant power. Therefore, the available torque is diminishing in
the field weakening range.

The speed torque characteristics are not the same in motor and generator mode. According
to Hadziselimovi¢ (2013), generator mode breakdown torque can be 2 to 4 times higher than
in motor mode, and consequently also the nominal power in generator mode is higher than
in motor mode. Also the direction of power is reversed to the motor mode. The shaft, airgap
and electric power in motor and generator mode are illustrated in Fig. 3.3.
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Fig. 3.3 Shaft, airgap and electric power of an induction machine as a function of slip, with constant
voltage and frequency supply. As can be seen in the figure, shaft power is higher in generator
mode. Figure is modified from one published by Hadziselimovi¢ (2013).

The generator input power, i.e. shaft power is determined by the equation

n
Pshaft =Tw=T- 27'[@, (33)

which basically corresponds the motor mode output power. The generator output power Py
is electric power and it is described by the equation

P, = V3UI cos(¢), (3.4)

where U is voltage, | is current and cos(¢) is the power factor based on phase angle ¢ between
current and voltage. The generator efficiency #q is described by the equation

P P,

8 g
_ _ , 3.5
Te Pshaft Pg + Ploss ( )

where Pioss describes the power losses in generator. Power losses in induction machine
consist of stator and rotor copper losses, core loss, friction, windage and stray losses (Eaton
1997). The power losses are reflected in temperature rise, which can be different in motor
and generator mode. To ensure long winding life, generator temperature should be kept
below its full load operating temperature as a motor (Smith 1994). According to Deprez
(2006), induction machines with efficiency rating higher than EFF2 (nowadays
corresponding efficiency class is IE1), have equal or higher efficiencies in generator mode
compared to the motor mode, while low efficiency machines may have several percent lower
efficiency in generator mode. The higher efficiency and lower power losses in generator
mode are reflected to lower temperature rise (Hadziselimovi¢ 2013).



28

3.2 Four quadrant frequency converter

Frequency converter is a power electronic device able to convert the frequency of electric
grid into another frequency with desired amplitude. This allows the control of rotational
speed of an electric machine, while a machine connected directly to the grid would run nearly
at a constant speed. To be able to supply generated electric energy to the utility, four-
quadrant (4Q) frequency converter is required. 4Q frequency converters (called also
regenerative drives) are able to run in four quadrants, which basically describe the
acceleration and deceleration for both rotation directions. In acceleration, the direction of
torque and rotational speed are the same. In deceleration, i.e. regeneration, the direction of
torque is opposite to the rotational speed (Barnes 2003). In deceleration, power flows from
generator to the frequency converter, and frequency converter supplies electric power to the
utility. The four quadrants of operation are illustrated in Fig. 3.4. In regeneration, 4Q
frequency converter runs in 2" or 4" quadrant. Since the PaT rotational speed is opposite to
the normal pump operation, frequency converter in PaT system basically runs in 4" quadrant.

=1 4

O]
>

Fig. 3.4 The four quadrants of frequency converter operation.

Using a 4Q frequency converter in PaT system provides many benefits. Variable-speed
operation allows the optimal power production in variable system conditions. The PaT
dimensioning is less critical compared to the fixed speed system, since operation point can
be adjusted with rotational speed, if the actual performance of PaT deviates from what is
predicted. 4Q frequency converter can be used also for reactive power compensation and to
filter network harmonics (Komsi 2011). The benefits and drawbacks in using 4Q frequency
converter with PaT and induction generator are listed in Table 3.3.

Table 3.3  Benefits and drawbacks in using regenerative frequency converter as turbine system controller.

Benefits Drawbacks
+ Allows speed control - Causes some losses in produced electrical power
+ Intermediate circuits of multiple frequency - Relatively high additional investment cost

converters can be connected

+ Can be used for reactive power compensation

+ Allows the PaT operation point adjustment, if the
actual turbine mode performance does not
correspond to what is approximated
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Voltage source converters are the mostly used converter type at low voltage applications (<
1000 V), and therefore they are only converter type discussed in this thesis. 4Q frequency
converters consists of three main parts; line-side converter, intermediate circuit and motor-
side converter. Both converters consist of six insulated gate bipolar transistors (IGBT) with
freewheeling diodes, and they are used to convert AC voltage from the grid or generator to
DC voltage of intermediate circuit and vice versa. Line-side converter is able to transfer the
electric power in both directions between intermediate circuit and grid. Motor-side converter
controls the motor/generator, and it supplies the electric power from intermediate circuit to
machine or from machine to intermediate circuit, depending on whether the machine is
running as motor or generator. The intermediate circuit or DC Bus, consists of capacitor(s).
The intermediate circuits of multiple frequency converters can be connected, so the produced
electric power can also be used by other frequency converter driven devices. Also line-side
filter is typically required with regenerative drives, which supresses the AC voltage and
current harmonics. It can be included in frequency converter, or external unit can be used.
The main circuit of 4Q frequency converter is illustrated in Fig. 3.5 (ABB 2013).

Optional e e e -
=Me LCL filt |
filter fter L L L
|
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V1 o— 4§ _]:Tmr__‘ e
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Wie— - iy e
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Varistor )
connection

Fig. 3.5 Main circuit of ABB ACS800-11/U11 4Q frequency converter. Frequency converter includes two
IGBT converters, one for line-side and another for motor-side. Motor-side converter is connected
to the motor and it controls the motor operation. The line-side converter transfer energy to and
from supply network (ABB 2013).

Motor-side converter

UDC+ UDC-
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4. LABORATORY TESTS

Laboratory tests were carried to out investigate the turbine mode performance of centrifugal
pumps and electrical drive. Tests were performed in LUT pump laboratory, which consists
of three centrifugal pumps driven by variable-speed induction motors, piping, reservoir,
valves and several sensors for different measurements. LUT pump laboratory is illustrated
in Fig. 4.1. The laboratory setup is described in detail in by Laaksonen (2013).

Closed

Fig. 4.1 LUT pump laboratory. Laboratory includes three centrifugal pumps, a water reservoir, valves and
sensors. In turbine mode performance measurements, one pump was used to supply water for
another pump running as a turbine. The main valve at the top of the piping marked with purple
circle was closed and valves marked with green circles were open, so all the water flows through
the PaT back to the reservoir. Both pumps in the figure can be used as pumps or turbines. The
third pump is not shown in the figure.

In turbine performance measurements, one pump is used to supply water for another running
as a turbine. The water is supplied from the reservoir shown in Fig. 4.1, where it flows back
after passing through PaT. Turbine performance tests were carried out for three pumps in the
laboratory; Sulzer APP22-80, A22-80 and A11-50. All of them are single stage end-suction
centrifugal pumps with open impellers. The laboratory pumps before the installation of A11-
50 are shown in Fig. 4.2.



Fig. 4.2 Pumps in the laboratory. APP22-80 is shown on the left and A22-80 on the right. Third pump
A11-50 is not shown in the figure.

APP22-80 and A22-80 are driven by ABB 4-pole 11 kW induction motors. The motors are
connected to frequency converters ABB ACS800 and ACS880, allowing variable-speed
operation. A11-80 is coupled to ABB 2-pole 5.5 kW motor and ABB ACS880 frequency
converter. The frequency converter of pump running as turbine is equipped with ABB
ACSM1-204 regen supply module and ABB WFU-11 regen filter. The regen supply module
is a separate line side converter, which can be connected to the intermediate circuit of
frequency converter to supply produced electric power to the utility.

Turbine characteristics were measured for all three pumps in the laboratory. Measurements
were carried out for runaway and resistance characteristics, and for turbine curves at several
rotational speeds. The operation point was controlled in all measured curves by adjusting the
supply pump rotational speed, which was increased from 50 to 1500 rpm by 50 rpm steps,
and each operation point was measured for 30 seconds. The runaway characteristic was
measured by letting PaT run without any external load. The resistance characteristic was
measured by locking the rotor of the PaT. Since the mechanical locking of rotor was not
possible, the rotor was locked electrically by frequency converter. This was done by setting
a very small rotational speed reference for the frequency converter. At lower flow rates,
rotational speed was almost zero, but with higher flow rates, the turbine achieved even 20
rpm speeds. However, rotational speed was still relatively small, so no high deviation from
real locked rotor was caused. The turbine curves were measured by setting a fixed rotational
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speed reference for the frequency converter, and the curves were measured for several
rotational speeds with 200 rpm steps. It was not possible to measure the turbine mode
performance at pump mode nominal speed with all pumps due to limitations caused by
supply pump power and the resistance of the piping. The information about different pumps
and their measurements are given in following sections. Pump and turbine mode
performances are also compared for each pump.

4.1 Sulzer APP22-80

Sulzer APP22-80 is a single stage end-suction centrifugal pump with four blade open
impeller. The pump is coupled to ABB M3BP160 M4 11 kW induction motor, which has
EFF 1 efficiency class. The pump mode information is shown in Table 4.1.

Table 4.1  Sulzer APP22-80 pump mode information.

Sulzer APP22-80

Nominal flow rate Qn 251/s
Nominal head Hn 16.5m
Nominal power Pn 5,5 kW
Nominal efficiency n 73 %
Nominal rotational speed Nn 1450 rpm
Impeller diameter D; 255 mm
Specific speed Nq 28

Blade number z 4

Turbine characteristics for APP22-80 were measured for runaway and locked rotor
conditions and for following rotational speeds; 200, 400, 600, 800, 1000, 1200 and 1400
rpm. The pump and the turbine mode QH curves with efficiency contours for APP22-80 are
shown in Fig. 4.3. The pump mode curves are provided by the manufacturer.
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Fig. 4.3 Sulzer APP22-80 a) pump mode and b) turbine mode performance curves in QH plane with
efficiency contours.

As can be seen in Fig. 4.3b, APP22-80 has maximum measured turbine mode efficiency 72
%, while maximum pump mode efficiency given by manufacturer is 73 %. However, pump
may not reach the given pump efficiency anymore due to wearing, so turbine mode
efficiency is most likely nearly the same as in the pump mode.

Also the total efficiency of PaT system from hydraulic power to electric power supplied to
the utility was determined. Total efficiency takes into account efficiencies of PaT, generator,
frequency converter, regen supply module and regen filter. Turbine mode QH curves with
total efficiency contours are illustrated in Fig. 4.4.
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Fig. 4.4 Sulzer APP22-80 turbine curves in QH plane with total efficiency contours.

As can be seen from Fig. 4.4, the total efficiency is significantly lower than turbine efficiency
due to losses of the electrical drive. The maximum total efficiency is 51 % in measured
operation area. Total efficiency also decreases significantly at lower rotational speeds, but
the best efficiency areas are still nearly the same as for turbine in Fig. 4.3b. Electrical
drivetrain (including induction motor as generator, frequency converter, regen supply
module and regen filter) has 70.8 % efficiency in the best total efficiency point. Since the
induction motor has EFF 1 efficiency class, the major share of electrical drivetrain losses are
caused in frequency converter and regen filter.

4.2 Sulzer A22-80

Sulzer A22-80 is a single stage end-suction centrifugal pump with six blade open impeller.
The pump is coupled to ABB M3BP 160 MLA 4 induction motor with IE2 efficiency class.
Pump information is shown in Table 4.2.

Table 4.2 Sulzer A22-80 pump mode information.
Sulzer A22-80

Nominal flow rate Qn 351/s
Nominal head Hn 21.5m
Nominal power Pn 9.6 kW
Nominal efficiency n 77 %
Nominal rotational speed Nn 1450 rpm
Impeller diameter D, 265 mm
Specific speed Ng 27.17
Blade number z 6

For Sulzer A22-80, turbine characteristics were also measured for runaway and locked rotor
conditions and for following rotational speeds; 200, 400, 600, 800, 1000 and 1200 rpm. The
pump and turbine mode QH curves with efficiency contours are shown in Fig. 4.5. The pump
mode curves are provided by the manufacturer.
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Fig. 4.5 Sulzer A22-80 a) pump mode and b) turbine mode performance curves in QH plane with
efficiency contours.

As can be seen in Fig. 4.5b, the maximum efficiency in turbine mode for A22-80 is 79 % at
approximately 800 rpm, which is higher than nominal efficiency in pump mode 77 %, even
if the rotational speed in that point is much lower than nominal rotational speed. This may
be due to measurement uncertainty, but also Jain (2015) has reported that turbine mode
efficiency may be better at rotational speeds under the nominal. The total efficiency was also
measured, and it is illustrated in QH plane in Fig. 4.6.
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Fig. 4.6 Sulzer A22-80 turbine curves in QH plane with total efficiency contours.

As can be seen in Fig. 4.6, the maximum total efficiency for A22-80 and electrical drivetrain
in measured range is 57 %. The electrical drivetrain efficiency in that point is 72 %. The
slight improvement from APP22-80 drivetrain efficiency has been most likely caused by
newer induction motor with IE2 efficiency class.

4.3 Sulzer A11-50

Sulzer A11-50 is a single stage end-suction centrifugal pump with five blade open impeller.
Pump information is shown in Table 4.3.

Table 4.3  Sulzer A11-50 pump mode information.
Sulzer A11-50

Nominal flow rate Qn 14 1/s
Nominal head Hn 13.5m
Nominal power Pn 2.6 KW
Nominal efficiency n 71%
Nominal rotational speed Nn 1420 rpm
Impeller diameter D> 210 mm
Specific speed Ng 23.7
Blade number z 5

For Sulzer A11-50, turbine characteristics were measured also for runaway and locked rotor
conditions and for following rotational speeds; 800, 1000, 1200, 1400, 1600 and 1800 rpm.
Lower rotational speeds were not measured due to loadability limitations of the generator.
The pump and turbine mode QH curves with PaT efficiency contours are shown in Fig. 4.7.
The pump mode curves are given by the manufacturer.



37

55 | 1800 pm | Pump efficiency

/
L 9
1600 rpm / ; eQ QR
20 P /

SO
1400 rpm
15 r

-7
| 1000 // /,

5 | 800 rpm/e/h&%*@ e
—

H (m)

0 1 1 1 1
0 5 10 15 20
0O (I/s)
a)
20 +
18
16
14+ 1800rp
~ 12 F
g 1600 rpm

8 /
¢ 771200 rpm ///; S
4+ 1000 zpe Il[/ Runaway
800 rpm Resistance

25 Turbine curves
0 Turbine efficiency

0 2 4 6 8 10 12 14 16 18

0 (I’s)
b)

Fig. 4.7 Sulzer A11-50 a) pump mode and b) turbine mode curves in QH plane with efficiency contours.

As can be seen in Fig. 4.7, there is a slight improvement in turbine mode maximum
efficiency 71 % from pump mode maximum efficiency 70 % in measured operation range.
The turbine curves with total efficiency contours are illustrated in Fig. 4.8.
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Fig. 4.8 Sulzer A11-50 turbine curves in QH plane with total efficiency contours.

As shown in Fig. 4.8, the maximum total efficiency of A11-80 and electrical drivetrain is 50
% in measured operation range. The electrical drivetrain efficiency in maximum total
efficiency operation point is 70 %. According to manufacturer’s statement, the combined
motor and VVSD efficiency in that operation point in motor mode is approximately 84 %. The
electrical drivetrain efficiency is thus significantly lower, than would be expected on the
basis of motor mode information, which is most likely caused by additional line-side
converter and regen filter.

4.4 Conclusions from laboratory measurements

With all three centrifugal pumps, the measured maximum turbine mode efficiency was
nearly the same or slightly better than the pump mode nominal efficiency given by
manufacturer. Thus it can be concluded, that standard centrifugal pumps run also very well
as turbines. However, the electrical drivetrain including induction motor as generator,
frequency converter, regen supply module and regen filter, diminished the total efficiency
significantly.
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5. DIMENSIONING PROCEDURE FOR VARIABLE-SPEED PAT SYSTEM

The basic principles of dimensioning of PaT and electrical drive for certain nominal
operation point is introduced in this section. PaT is selected on the basis of slightly modified
Chapallaz-method (Chapallaz 1992), induction motor as generator is selected on the basis of
principles introduced by Smith (1994) and 4Q frequency converter and grid filter are selected
on the basis of generator current. In the real-life application, also variable system conditions
should be taken into account by applying adequate safety margins in dimensioning.

5.1 Turbine mode performance prediction

Since turbine mode characteristics for pump are not usually provided by manufacturer, one
of the major research subjects considering PaTs has been the turbine mode performance
prediction on the basis of pump mode performance. Most of these methods have been
developed for PaT nominal operation point prediction, since PaTs have been traditionally
used for fixed speed operated micro-hydro power. Nevertheless, reliable and complete
procedure has not been published (Gilich 2014). A slightly modified version of turbine
mode performance prediction procedure published by Chapallaz (1992) is introduced in this
section. The selected procedure is used, because it is formed on the basis of over 80 measured
pumps, and it covers pumps with different specific speeds and efficiencies.

Basically any type of pump can be used as a turbine. Pumps can be divided in the three main
categories on the basis of pump impeller type; radial, mixed and axial flow. The pump type
can be described by specific speed nqg, which is a dimensionless quantity describing the pump
performance regardless of its size, and described by the equation

Ao 5.1)

qu = nn Hn3/4_ﬁ

where subscript n denotes a nominal value. The units in calculation of specific speed in this
thesis are rpm for speed, m®/s for flow rate and meters for head. The different pump types
have the following characteristics (Sulzer 2010):

1. Radial flow pumps have flat head characteristic and they are suitable for low flow
and high head applications. Radial type pumps have low specific speed, ranging up
to ng= 120.

2. Mixed flow pumps are feasible applications with medium flow and head rates. Their
specific speed range from ngq = 40 to nq= 200.

3. Axial flow pumps have steep head characteristic, and they are mostly used for high
flow and low head applications. Their specific speed range from nq= 160 to nq= 350.

Different impeller types as a function of specific speed are illustrated in Fig. 5.1.
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Fig. 5.1 Impeller and pump mode performance curve shapes as a function of specific speed (Ahonen 2011).

In addition to these main pump types, there are also multistage and double-entry pumps. In
multistage pumps, multiple impellers are placed one after another in series into single pump
unit. Flow rate through each impeller stage is equal and each stage boosts the pressure, so
multistage pumps are often used for low flow and high head applications. In double-entry
pumps, there are two parallel impellers, which doubles the flow of the pump while
maintaining the same head. Therefore double-entry pumps are suitable for high flow and low
head applications (Grundfos 2009).

When selecting a suitable PaT for given plant, the first required information is the estimated
turbine mode nominal operation point (Qn,1, Hn,t). With that information, the correct pump
type can be selected on the basis of Fig. 5.2.

1000

100

H (m)

10

Q (I/s)

Fig. 5.2 General application ranges for PaTs. The figure is used in selection of correct PaT type for a plant
on the basis of estimated required turbine mode nominal operation point (Chapallaz 1992).

When the suitable pump type for plant is known, required turbine mode specific speed nqt
is calculated by the equation (5.1) on the basis of estimated turbine mode nominal operation
point and rotational speed. Chapallaz (1992) suggests that the first estimation for pump
nominal rotational speed should be near 1500 rpm, since selecting higher rotational speeds,
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e.g. 3000 rpm, may cause too high runaway speed in the case of grid failure. However,
pumps rated for 1500 rpm and 3000 rpm have often the same mechanics, so it can be possible
to use pump rated for 3000 rpm, but with lower rotational speed.

If the suitable pump according to Fig. 5.2 is multistage or double-entry pump, the number of
stages or impeller entries have to be taken into account in calculation of specific speed. For
multistage pumps, specific speed is calculated per impeller stage. Flow rate through each
stage is equal, and if all the impeller stages are similar, head rise produced per stage Hstage IS
calculated by the equation

Hy,r
Hstage = -L: (5.2)

stage

where and istage IS the number of stages in the pump. With multistage pumps, estimated
nominal flow rate Qn and head rise per stage Hstage are used in calculation of specific speed
by (5.1). For double-entry pumps, the specific speed is calculated per impeller side. Head
rise is equal for both impeller sides and the flow rate for each pump entry Qentry is determined
by the equation

Qentry = .QLT; (5.3)

entry

where ientry 1S the number of pump entries. With double-entry pumps, flow rate per entry
Qentry and estimated nominal head Hnq 1 are used in calculation of specific speed.

According to Chapallaz (1992), pump mode specific speed nqp is directly proportional to the
turbine mode specific speed, and it can be determined by the equation

1
nq,p = @nq"r. (54)
Pumps with specific speeds smaller than 15 should not be used as turbines, since they tend
to have low efficiency and their performance cannot be predicted accurately. In these cases,
using Pelton turbines can be more preferable. For such applications, also multistage pumps
can be used, since they have higher specific speed and similar operation range (Chapallaz
1992).

The pump mode efficiency can be approximated on the basis of evaluated pump mode
specific speed and nominal flow rate. The nominal flow rate in pump mode Qnp is differs
from turbine mode, and the first approximation can be determined by the equation
(Chapallaz 1992)

Qn,T
1.3°

Qup = (5.5)

On the basis of approximated pump mode specific speed and nominal flow rate, pump mode
efficiency #np can be approximated by empirical correlations published by Gulich (2013).
The maximum efficiency as a function specific speed and nominal flow rate for single-stage
radial, mixed and axial, multistage and double-entry pumps are shown in Figs. 5.3-5.6,
respectively.
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Fig. 5.6 Nominal efficiency of single-stage double-entry pumps as a function of pump specific speed and
nominal flow rate. The flow rate corresponds to the total flow rate and specific speed with the
flow per impeller side (Gilich 2013).

The efficiencies shown in Figs. 5.3-5.6 are calculated by the equations below, (5.6)-(5.11).
In following equations Qret = 1 m®/s, which is valid for flow rates Qnp >0.005 m%/s. It is also
required to calculated exponent m, which is determined by the equation

0.15 0.06
m = 0.1a <Qref> <£> , (5.6)

Qn,P nq,P

where a = 1 for flow rates Qnp < 1 m®/s and a = 0.5 for flow rates Qnp > 1 m®/s. The nominal
efficiency for radial single-stage pumps with ngp < 100 can be evaluated by the equation

Qrfm
nn,p=1—0-095<Qe>

n,P

reo? Q)0 (5.7)
—0.3(0.35 — log (== ref
03 (035 og(23 ) (inp ,
for mixed and axial flow pumps with ngp > 45 by the equation
_ Qref " Ng,p 25
Mp=1— 0.095( =) - 0.09 (1og (E)) , (5.8)
for radial multistage pumps with nqp < 60 by the equation
_ Qref " Ng,p z
Mp=1— 0.116( <) - 0.4 (0.26 —log (E)) , (5.9)

and for single-stage double-entry pumps with ngp < 50 by the equation
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m
Mnp = 1 —0.095 (Qref>

n,P nqp , Q f 0.05 (5.10)
’ re
~0.35(0.35 — log (ﬁ)) <Qn,p> .
If pump has axial thrust balance holes, the efficiency is reduced by
25 1.6
An = 0.018 (—) ) (5.11)
nq’p

for pumps with nqp < 40. For pumps with nqp > 40, Ay = 0.01. Equations (5.6)-(5.11) can be
used, if more accurate approximation of efficiency is required, than can be determined from
Figs. 5.3-5.6. However, figures provide usually sufficient accuracy for determination of
efficiency.

High efficiency pump has also high efficiency in turbine mode (Jain 2015), and therefore it
Is recommended to compare the efficiencies for different types of pumps, with the help of
Figs. 5.3-5.6, if there are more than one suitable pump types for given application according
to Fig. 5.2. There is no unanimous determination for turbine mode efficiency compared to
the pump mode efficiency. Usually PaT efficiency in nominal point is considered to be +2
percentage points of corresponding pump efficiency (Garay 1990, Gilich 2013). However,
according to Chapallaz (1992), the efficiency can be same, but it is usually 3-5 % lower. The
efficiency herein is assumed to be the same in pump and turbine mode, #n.1 = #n,p.

Now that the pump mode specific speed nqp and nominal efficiency #np are known, the
required pump mode nominal operation point can approximated on the basis of conversion
factors determined from Fig. 5.7. The conversion factors for nominal flow rate Cq and
nominal head Cn are determined on the basis of approximated pump mode specific speed
and efficiency.
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Fig. 5.7 Conversion factors from pump to turbine mode a) nominal flow rate Cq and b) nominal head Cy
as a function of pump mode specific speed and pump mode efficiency. Figure is modified from
Chapallaz (1992).

When the conversion factors are determined, the required pump mode nominal flow rate can
be calculated by the equation

Qn,T
Cq ’

Qnp = (5.12)

and pump mode nominal head by the equation



46

Hn,P =

" (5.13)

If the pump mode nominal flow rate differs greatly from the value used for first
approximation in (5.5), it is recommended to recalculate the pump mode nominal efficiency
and conversion factors with the new approximated value.

The conversion factors Cq and Cn are valid for different rotational speeds and also for
trimmed impeller diameters with slightly lower accuracy (Chapallaz 1992). However,
according to Lobanoff (1992), trimming the impeller diameter is not usually done for
turbines, as it is done for pumps.

Now that the required pump mode nominal operation point is approximated, it is
recommended to check if manufacturer has pump models, which have already been used as
turbine successfully. Some manufacturers provide purpose-made PaTs, but these are
generally approximately 10 % more expensive than equivalent pump, due to modifications
and testing in turbine mode (Lobanoff 1992). However, measured test data of these devices
can be used to verify the PaT suitability for the plant. If there is no turbine mode information
available, pump can be selected from manufacturer’s catalogue or by selection tool with the
approximated pump mode nominal operation point.

Since PaT systems considered in this thesis are variable-speed-driven, the pump selection is
not that critical as it is with fixed speed PaTs, because the rotational speed of the PaT can be
adjusted to match the plant conditions. If the actual turbine mode performance does not
correspond to the approximated performance, the rotational speed can be changed to meet
the required operation point better. This is also possible with varying system flow and head
conditions, where fixed speed PaT would run inefficiently in some cases.

To predict the performance of PaT away from nominal operation point, the general curves
for different specific speeds normalized to the nominal operation point shown in Fig. 5.8 can
be used (Chapallaz 1992).
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Fig. 5.8 General a) QH and b) Ox curves for PaTs as a function of pump mode specific speed normalized
to the nominal operation points (Chapallaz 1992).

Chapallaz (1992) states that general performance curves in Fig. 5.8 are not intended for
actual computations, since their accuracy rapidly diminishes away from nominal operation
point. However, according to comparison between three measured PaTs described in
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previous section and general performance curves for nq = 25, the approximation seems to
give relatively accurate results, as shown in Fig. 5.9.
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Fig. 5.9 Comparison between measured QH and QO curves of SulzerA11-50 (1200 rpm, nq = 24), APP22-
80 (1000 rpm, nq = 28) and A22-80 (800 rpm, nq = 27) normalized to nominal operation point and
general performance curves for pump mode nq = 25 published by Chapallaz (1992). As can be
seen in figure, both head and efficiency approximations as a function of flow rate have reasonable
accuracy.

The performance curves for selected pump can be formed on the basis of the approximated
best efficiency point and general normalized performance curves shown in Fig. 5.8. The
shaft power as a function of flow rate can be formed on the basis of approximated head and
efficiency curves by applying the equation (2.2).
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5.2 Electric drive

Manufacturers do not usually publish generator mode performance characteristics for
standard induction motors, but the machine can be still selected on the basis of motor mode
performance. At first, the required rotational speed range of PaT is determined, and suitable
pole pair number p of generator is selected on the basis of that information. Pole pair
numbers for different synchronous rotational speeds are given in Table 3.2. Induction
machines can usually withstand twice the nominal rotational speed, excluding two pole and
large machines, so runaway condition is usually more considerable problem for PaTs than
for generators (Smith 1994).

Next, the required nominal power of generator is determined. The power rating of induction
motors is defined by the shaft power. Normally the induction generator output rating, i.e.
electric power is selected to correspond the shaft power in motor mode, if the efficiency in
generator mode is the same or slightly less (Eaton 1997). A generator selected in this way
will run cooler than in motor mode, ensuring that the generator temperature rise will be
within the limits of motor mode, and it will be capable to handle slightly higher shaft powers
if demanded. Therefore a suitable motor power rating for generator Pm,, can be approximated
on the basis of shaft power produced by the PaT by the equation

Pr

P - )
T

(5.14)

where #m is the motor mode efficiency. PaT torque increases with lower rotational speeds,
as will be described in section 7.4, so the maximum torque for continuous operation of
generator is determined for lowest required rotational speed. Starting torque of generator
does not have to be taken into account, since generator can be started, when PaT is first
accelerated to a suitable runaway speed with a help of a throttling valve. The nominal torque
of the motor can be calculated by the equation

T — Pm,n _ Pm,n (5.15)
P T :
27T60

As was shown in Fig. 3.2, the maximum and nominal torque of the motor or generator can
be achieved in constant flux range, where the frequency is lower than nominal frequency of
the motor. However, with self-ventilated motors, the thermal loadability decreases with
rotational speed due to reduced ventilation, which limits the maximum continuous torque
(ABB 2011). A motor with separate cooling can be run at nominal torque also with rotational
speeds lower than nominal. With rotational speeds higher than nominal, i.e. in the field
weakening range, the available continuous torque diminishes with both self-ventilated and
separately cooled machines. The loadability of an induction motor is illustrated in Fig. 5.10.
It should be noted that the loadability does not necessarily correspond to the generator mode
loadability, but motor mode information can be used as a help in evaluation of generator
loadability, if it is necessary to run the generator with rotational speed under the nominal.
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Fig. 5.10 Induction motor loadability (ABB 2011). The loadability curves describe the maximum

continuous torque a function of rotational speed (supply frequency), both relative to the
nominal value. As can be seen in the figure, loadability decreases as a function of rotational
speed, since temperature of the motor becomes too high without separate cooling. The
loadability also decreases in the field weakening range.

Frequency converters for motors are selected on the basis of required motor current.
However, since the generator mode performance of induction motor is not known, the
current cannot be calculated completely reliably. Loadability of frequency converter is more
critical than motor’s (ABB 2011), so the adequate safety margins are recommended. The
selection of 4Q frequency converter in following dimensioning example is performed with
ABB DriveSize software, which calculates required motor mode current, and can therefore
give indicative information of current in generator mode. Also suitable line-side filter is
required, if frequency converter itself does not include it.

5.3 Dimensioning example

In this example, variable-speed PaT system is dimensioned for an industrial application,
where approximated required PaT nominal operation point is Qa1 = 200 I/s, Hn1t = 30 m.
Flow rate is relatively high to the head, so radial, mixed or double-entry pumps are
recommended for given application according to Fig. 5.2. Radial flow pump type is selected.
The first approximation for rotational speed is selected 1500 rpm. On the basis of the
approximated nominal operation point, turbine mode specific speed nqr can be calculated
by the equation (5.1), leading to

/0.2m3/s

ngr = 1500 rpm -

Pump mode specific nq,p can be approximated from the turbine mode specific speed by (5.4),
resulting
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5233 _
MqP = 7ggg ~ %Y

The first approximation for turbine mode nominal flow rate is calculated by (5.5), leading to

2001/s
nP =793

= 153.851/s

On the basis of approximated pump mode specific speed and flow rate, the maximum
efficiency can be approximated from Fig. 5.3 or by the equation (5.7), which give the
nominal pump mode efficiency 87.77 %.

The required turbine mode nominal operation point can be now converted into required
pump mode nominal operation point. The conversion factors for approximated pump mode
specific speed and efficiency read from Fig. 5.7 are approximately Co = 1.23 and Cx = 1.28,
leading to pump mode nominal operation point

_2001/s
P23

=162.61/s,

Hoo=0m_ o2y
np = Jog T 4

The calculated pump mode nominal flow rate Qnp and the first used approximation for flow
rate are almost equal, so recalculation of nominal efficiency is not required. The suitable
pump for application can be now selected on the basis of approximated pump nominal
operation point. Many manufacturers provide selection tools for pumps, which select a
suitable pump on the basis of given constraints. Sulzer Select online tool is used for the
selection of the PaT. The tool provides the most suitable alternatives basis of approximated
pump nominal operation point. The pump is selected with maximum diameter and variable-
speed.

The selected pump is a standard centrifugal single suction radial centrifugal pump Sulzer
A31-150 SO with 293 mm special open impeller diameter, running at rotational speed of
1549 rpm to meet the nominal operation point requirements. Pump efficiency in nominal
operation point is 85.04 %, and the same efficiency is assumed for turbine mode operation
also. The pump information is shown in Table 5.1.

Table 5.1 Selected PaT Sulzer A31-150 SO information.

Sulzer A31-150 SO

Flow rate Qn 162.6 /s
Head Hn 23.4m
Efficiency 7n 85.04 %
Rotational speed Nn 1549 rpm
Impeller diameter D, 293 mm
Specific speed Ng 58.71

Since the actual specific speed differs only little from the estimated required pump mode
specific speed, recalculation is not necessary, since new conversion factors would be almost
same. If turbine mode efficiency is assumed to correspond pump mode efficiency, the output
power of the turbine can be calculated by the equation (2.2), leading to nominal power of
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kg m 1
Pyt = 0.998T- 9.815—2- 200; 30 m - 0.8504

= 49.95 kW.
Turbine nominal torque can be calculated by

Pt 49.95 kKW
T =2l = = 307.9 Nm.
2r 2m + 1549
60" 60 rpm

When the required nominal power and torque are known, induction generator can be
selected. In the motor selection, the machine is assumed to operate only at the nominal
operation point, so the loadability issues at lower rotational speeds are not taken into account
in dimensioning. The generator and frequency converter are selected with ABB DriveSize
software, which is an automatic selection tool. The approximation for selection is rotational
speed of 1549 rpm and shaft power of 49.95 kW. On the basis of that information, ABB
M3BP 280 SMC 4 is selected, which is a 4-pole 55 kW induction machine. According to
drive size, the maximum continuous torque in nominal operation point is 421 Nm and power
is 68.2 kW, which should be adequate to the required torque of PaT. The motor information
is shown in Table 5.2.

Table 5.2  Selected induction motor ABB M3BP 280 SMC 4 information.

ABB M3BP 280 SMC 4

Voltage U 400 V
Frequency F 50 Hz
Nominal power Pn 75 kW
Poles 2p 4

Nominal rotational speed Nn 1487 rpm
Nominal current In 130 A
Nominal torque Tha 481 Nm
Maximum torque T 29Ty

Power factor cos(p) 0.86
Nominal efficiency 7n 96.2 % (IE4)

According to DriveSize, the required continuous current from motor is 106 A. The selected
frequency converter is ACS800-11-0070-3 75 kW regenerative drive, which has maximum
continuous current of 150 A. The frequency converter includes line-side filter, so no external
filter is required. The information about selected frequency converter is shown in Table 5.3

Table 5.3  Selected frequency converter ACS800-11-0070-3 information.

ACS800-11-0070-3

Voltage U 400V
Nominal power Pn 75 kKW
Nominal current I 143 A
Maximum current I max 234 A

Maximum continuous current  lconmax 150 A

By assuming that the nominal efficiency of the generator is the same than in motor mode,
and that frequency converter efficiency is nrc = 98 %, the produced electric power to the
utility would be
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P, = NgNpcPar = 0.962 - 0.98 - 49.95 kW = 47.09 kW.
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6. DERIVATION OF THEORETICAL MODEL FOR VARIABLE-SPEED PAT

Predicted or measured turbine mode performance curve applies only for one rotational speed,
and does not provide any information about performance at other rotational speeds nor
suitable range for turbine operation. Since PaTs considered in this thesis are variable-speed-
driven, theoretical polynomial models for turbine head H and shaft power P as a function of
flow rate Q and rotational speed n are derived in this section. This allows the approximation
of

performance curves for all rotational speeds,

suitable area for power generation (runaway and resistance curves),
optimal rotational speed as function of flow rate,

inherent and installed “turbine valve characteristics” for PaT and
speed-torque characteristic for generator dimensioning for given plant.

agsrwONE

The models are derived on the basis of known pump theory, and accuracy of models is
verified by comparison to the laboratory measurements performed for three centrifugal
pumps in turbine mode described in section 4. Theoretical models for variable-speed
PaTs/turbines have been published before by Kimmel (1997) and van Antwerpen (2004),
but they differ for the most parts from models derived in this thesis.

6.1 Turbine head

Polynomial model for turbine head can be derived by applying similar theoretical principles
applied for centrifugal pumps. Turbine head can be expressed as a sum of theoretical head
absorbed by impeller and different hydraulic losses. Theoretical head Hw describes the loss
free performance of the turbine and it can be described by means of Euler’s equation for
turbomachinery and velocity triangles. Velocity triangles are determined for turbine inlet
and outlet and they consist of three velocities; the absolute velocity of the fluid c, the relative
velocity with the respect to the impeller w and the tangential velocity u. Absolute velocity
of the fluid is determined as a sum of the tangential velocity and the relative velocity

c=u+w. (6.1)

The velocity triangles in pump and turbine mode are illustrated in Fig. 6.1, where subscript
2 denotes the tip of the impeller and 1 the eye in both modes, which is a common practice in
PaT literature. Angles a and f describe the relative and absolute velocity angles compared
to the tangential velocity, respectively.
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Fig. 6.1 Inlet and outlet velocity triangles in a) pump mode b) turbine mode (Alatorre-Frenk 1994).

The theoretical head in pump and turbine mode both is determined by Euler’s equation for
turbomachinery

1
Hy, = E (uzCay — UsC1y), (6.2)

where subscript u denotes the tangential component of a velocity. In Euler’s equation for
turbomachinery, it is assumed that impeller has infinite number of extremely thin blades,
which makes the flow angle vane congruent (Grundfos 2009). Since this is not the case with
real impellers, which have a finite number of blades with certain thickness, theoretical head
is reduced by so called slip. Slip sp is caused due to fact that flow angle is not vane congruent,
and therefore pump mode outflow angle £, and tangential component of absolute velocity
Cou are reduced, as shown in Fig. 6.1a. This causes also reduction in theoretical head, as can
be deducted from (6.2). In pump mode, the flow angles a2 and f- are largely independent of
flow rate (Gulich 2014). It should be noted that slip is not a loss, but an expression that the
flow is not vane congruent (Grundfos 2009).

As can be seen in Fig. 6.1b, turbine mode velocity triangles differ from pump mode. In
turbine operation, the performance of turbine with fixed guide vanes or volute is mostly
determined by flow angles a2 and 1, which are largely independent of the flow rate (Gulich
2014). Slip may occur in inner periphery of the runner, so the angle f1 deviates from actual
blade angle, and the inlet flow angle a> equal to volute or diffuser angle (Alatorre-Frenk
1994). The outlet slip in turbine mode has not been properly studied (Alatorre-Frank 1994),
so there is no unanimous determination, how it should be taken into account. According to
Chapallaz (1992), slip in turbine is practically negligible, since it occurs at the inner
periphery of the runner. Lobanoff (1992) states that slip factors used for pump design applied
to the turbine outlet velocity triangle produce good results. Nevertheless, since the slip is
occurring in the eye side of the turbine, it has smaller effect to the head than in pump mode.

Euler’s equation for turbomachinery is used herein only for derivation of polynomial model
for turbine mode head, so it is not necessary to take slip into account, since flow angles are
assumed to be constant as a function of flow rate. By applying basic trigonometrical
principles to Euler’s equation for turbomachinery and velocity triangles, theoretical head in
turbine mode can be expressed in the form (Gilich 2014)
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1
Hy, = 7 (UpCam COtay — uf + Uy Cypy COL ) (6.3)

where subscript m denotes the meridional component of velocity. The tangential velocity
can be described by the equation

2nr
= = 6.4
U=rw 0 n, (6.4)

where r is the radius, o is the angular speed and n is the rotational speed of the impeller.
Meridional components of absolute velocities cim and cam are directly proportional to flow
rate Q and can be described by the equation

Q

Cm =1V 7 (6.5)

where #v is the volumetric efficiency and A is the ring area. Volumetric efficiency takes into
account the leakage flows of the turbine and it can be described by the equation

Q
=— 6.6
v 0+ 0 (6.6)
where Qi is the leakage flow. Inserting (6.4) and (6.5) into (6.3) leads to
/27tr2nvn cota, (2nr1 )2\
1 o0a, ¢ (o™
ch -_ . (67)
g N 2nrynyn cot B,
604,

Geometrical parameters of a pump, radius r and ring area A, do not vary. Also flow angles
a2 and p1 are largely independent of the flow rate (Gulich 2014). The volumetric efficiency
nv is also assumed to be constant. If PaT is running at fixed rotational speed, so that flow
rate is the only variable, PaT theoretical head described by (6.7) can be simplified into from

Hyy = An@Q@ — B, (6.8)
where Aw and Bt are constants. Thus it can be concluded that Hin is described as a straight
line, which grows as a function of flow rate. In addition to theoretical head, different losses
occurring in the turbine have to be taken into account in the turbine head. There are two

major hydraulic losses occurring in the turbine; flow friction and shock loss. Head loss due
to flow friction He can be described by the equation

Hfr = kerzf (69)

where ks is constant. Shock loss Hs occurs due to a difference between flow angle and blade
angle at the runner, and it can be described by the equation

Hg = ks(Q — Qn)?, (6.10)
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where ks is constant. The turbine head H is determined as a sum of theoretical head absorbed
by the runner and the head loss components

H = Hy, + Hg + H,. (6.11)
By inserting (6.8), (6.9) and (6.10) into (6.11), the turbine head can be expressed by

H = Hy, + Hee + Hg = AnQ — By + kerQ? + ks(Q — Qn)?, (6.12)
which can be further simplified into form

Hy = AxQ§ + BfQo + Cyj, (6.13)
where Ay, By and Cw are constants, and subscript O denotes the values at initial rotational
speed. The equation describes turbine head with fixed rotational speed as a function of flow

rate. The theoretical head and loss components in turbine head curve are illustrated in Fig.
6.2.

1.5 - | M Friction loss
Shock loss

Actual head

Theoretical head

0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8
/0.

Fig. 6.2 Turbine mode head as a function of flow rate relative to the nominal operation point. Turbine head
consists of theoretical loss free head, flow friction loss and shock loss.

The derived head model (6.13) applies only for fixed rotational speed. As is the case in pump
mode, flow rate, head and power can be converted for other rotational speeds by affinity
laws described by the equations

Q= (nio) Qo (6.14)
H= (nlo) Ho, (6.5)
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p (1)3 P, (6.16)

no
where subscript 0 denotes the initial value. Inserting (6.14) and (6.15) into (6.13) leads to
H = AHQZ + BHnQ + CHTLZ, (617)

where An, Bn and Ch are constants. The equation shown above allows the prediction of
turbine mode performance as a function of flow rate and rotational speed, so it is especially
useful with variable-speed-driven PaTs. Similar polynomial models for head has been
derived in a bit different way for pump mode performance by lonel (1986) and for PaTs by
van Antwerpen (2004).

The accuracy of PaT head model (6.17) is verified by comparison to the laboratory tested
pumps. The model is applied by generating a second degree least squares polynomial fitting
for turbine mode head curve at certain rotational speed, which is called a base curve. Turbine
head curves are then estimated for other rotational speed, when An, Bx and Cn are kept
constant in (6.17). The values of these constants and the rotational speed of base curve used
for polynomial fitting for each pump are shown in Table 6.1. The measured and estimated
QH curves are illustrated for three measured PaTs in Fig. 6.3.

Table 6.1 Base curve rotational speed and values for constants An, By and Cy for each laboratory tested
pump. The values shown in the table are applied in generation of estimated curves by (6.17) in

Fig. 6.3.
APP22-80 A22-80 Al1-50
Base curve 600 rpm 600 rpm 1000 rpm
An 1.55-10* 7.89:10°° 5.38:10*
BH -1.10-108 -5.74-107 -1.56:10°8

Ch 5.38:10° 5.76:10° 4.37-10°
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Fig. 6.3 Measured and model estimated turbine curves at different rotational speeds for a) Sulzer APP22-
80, b) Sulzer A22-80 and c) Sulzer A11-50. The base curve marked as red, is used for generating
the second degree least squares polynomial fitting for model. As can be seen in figure, the model
predicts the turbine head as a function of flow rate and rotational speed with reasonable accuracy.

As can be seen in Fig. 6.3, generated polynomial model gives reasonably accurate prediction
of turbine head as a function of flow rate and rotational speed. The deviations between
measured and approximated curves may be caused due to inaccuracy of the fitting due to too
narrow flow range used in generation of fitting, but the most likely reason is the reduction
of turbine hydraulic efficiency as a function of rotational speed, which affinity laws do not
take into account. Since the QH curves for A11-50 are measured until zero flow rate, as
shown in Fig. 6.3c, the part of the curve at the left side of runaway curve is neglected in
generation of fitting, since it would reduce its accuracy significantly.

6.2 Turbine power

Similar polynomial model as a function of flow rate and rotational speed can be derived for
turbine shaft power also. Turbine shaft power Pt is described by the equation

Pr = pgQHnT (6.18)

where 77 is the turbine efficiency, which can be further expressed by the equation
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N1 = Th1vm (6.19)

where #n is the hydraulic efficiency, v is the volumetric efficiency and #m is the mechanical
efficiency. Hydraulic efficiency #n describes the hydraulic losses, i.e. friction loss and shock
loss, which have been already taken into account in derivation of head model. Hydraulic
efficiency is described by the equation

H
M= (6.20)
Also volumetric efficiency nv is taken into account in derivation of head model, and it is
assumed to be constant as a function of flow rate. Therefore theoretical head Hw basically
describes the absorbed head, which can converted into shaft power. Mechanical efficiency
nm takes into account the mechanical losses Pm and disk friction losses Pgf, which do not
affect in the flow rate nor head, but reduce the output power of the turbine. Mechanical losses
include bearing and seal losses, and they are often modelled as a constant (Grundfos 2009).
Disk friction losses are proportional to the cube of the rotational speed (Grundfos 2009,
Gulich 2014), so they can be described by the equation

Py = kqen®, (6.21)

where kqr is constant. Turbine shaft power Pt can be described as a subtraction of available
hydraulic power and losses (Gulich 2014)

Pr = pg(Q + Q)H — pgQ(1 —ny)H — pgQH — Py — Py. (6.22)

In the equation above, the turbine shaft power is described as a subtraction of available
hydraulic power and different losses. Available hydraulic power includes the actual flow
rate through the turbine and leak flow, and is described by the term pg(Q+Qv)H. Hydraulic
losses including friction and shock loss apply only for the flow rate through the turbine, and
they are described by the term pgQ(1-n#n)H. Volumetric losses (pgQLH) apply only for the
leak flow, and mechanical and disk friction losses are not affected by flow rate nor head at
all. The turbine power and losses are illustrated by Sankey diagram in Fig. 6.4.
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Fig. 6.4 Sankey diagram of turbine mode power. Hydraulic, leakage and mechanical losses are subtracted
from hydraulic power to get the turbine power.

As can be seen in Fig. 6.4, the hydraulic and leakage losses subtracted from hydraulic power
results theoretical shaft power pgQHin. Therefore turbine shaft power can be described by
the equation

Pr = pgQHwy, — Pas — B (6.23)
Inserting (6.8) into (6.23), the turbine shaft power can be expressed in the form
Pr = pgQ(AnmQ — Bw) — Pys — P (6.24)

Since mechanical and disk friction losses are assumed to be constants as a function of flow
rate, turbine power can be simplified into form

Pr = ApQ? + BpQ + Cp, (6.25)

where Ap', B  and Cp’ are constants. By applying affinity laws (6.14) and (6.16) in similar
way as in head model (6.17), leads to form

PT = APTLQZ + BPTLZQ + Cpn3, (626)

where Ap, Bp, Cp are constants. The equation allows the turbine power prediction as a
function of flow rate and rotational speed. Similar model for pump mode power has been
derived by lonel (1986).

The accuracy of power model is verified by comparison to the laboratory tests. The model
is applied the same way as head model in Fig. 6.3. The resulting constants and applied base
curve for fitting for (6.26) are shown in Table 6.2.
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Table 6.2  Base curve rotational speed and values for constants Ap, Bp and Cp for each laboratory tested pump.
The values shown in the table are applied in generation of estimated curves by (6.26) in Fig. 6.5.

APP22-80 A22-80 Al1-50
Base curve 1200 rpm 800 rpm 1200 rpm
Ap 4.76-103 3.19:10°3 4.80-10
Bp -1.53-107 3.96:107 4.89-107
Cp -4.70-10 -1.68-10° -4.01-10'%

The measured and approximated turbine shaft power curves are illustrated for the three
pumps in Fig. 6.5.

357 /
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Fig. 6.5 Approximated and measured turbine shaft power curves for a) Sulzer APP22-80, b) Sulzer A22-
80 and c) Sulzer A11-50. The solid lines illustrate measured curves and dotted lines approximated
curves. The curves used for generating the second degree least squares polynomial fittings are as
follows: APP22-80: 1200 rpm, A22-80: 800 rpm and A11-80: 1200 rpm.

As can be seen in Fig. 6.5, the power model provides shaft power approximation with
reasonable accuracy, but the accuracy is slightly lower than for head model. The most likely
reason for deviations between measured and approximated curves is that the turbine
efficiency is not constant as a function of rotational speed, as it is assumed in affinity laws.
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6.3 Turbine efficiency

A polynomial model for turbine mode efficiency can be derived on the basis of formed head

and power models. Turbine efficiency is described by the equation
pgQH

Nt (6.27)

By inserting (6.17) and (6.26) into (6.27), turbine mode efficiency can be expressed in the
form

(6.28)

1 (Aanz + BanQ + Cpn3 >
n .

~ 09 \AnQ® + BynQ? + Cyn2Q

6.4 Resistance and runaway conditions

The suitable range for turbine operation can be approximated by applying formed turbine
head and shaft power models, by defining the runaway and resistance characteristics. The
maximum flow rate is achieved in resistance condition, where rotational speed is zero.
Therefore resistance curve Hy can be solved from equation (6.17), by inserting n = 0, leading
o

The runaway condition determines the minimum flow rate with constant head without power
consumption. In runaway condition, torque is zero. Turbine torque T can be described by the
equation

Pr  ApnQ? + Bpn?Q + Cpn®
T=—-= 5 = ArQ* + BrnQ + Crn?, (.30

mn

where Ar, Bt, Ct are constants, with a relation At = Ap/(21/60) etc. By solving the roots of
the equation shown above, runaway speed n. can be determined as

_ =2B1Q £/ (BrQ)? — 4CrArQ? 6.31
n, = 2Cr | (631

By inserting requested flow rate and solved runaway speed into equation (6.17), runaway
head Hy. can be determined. The approximated resistance and runaway curves delimiting the
turbine operation range are compared to the measured curves in Fig. 6.6.
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Fig. 6.6 Approximated and measured runaway and resistance curves for a) Sulzer APP22-80, b) A22-80
and A11-50. Measured curve is illustrated as solid line and approximated curve as dashed line.
The used head and power model base curve fittings are the same as used in Figs. 6.3 and 6.5.

As can be seen in Fig. 6.6, the given results are reasonably accurate, and therefore they can
be used in evaluation of suitable operation range in turbine mode. The accuracy of resistance
curve depends only on the head model accuracy, while both head and power models are
affecting to the accuracy of runaway curve.

6.5 Maximum power curve

For optimal power recovery, it is interesting to know the maximum power of turbine for each
flow rate and how it is achieved. Maximum power curve as a function of flow rate can be
determined by solving the derivative of (6.26) with respect to rotational speed n and solving
the roots, leading to

dP.
—— = A4pQ* + 2BpnQ + 3Cpn® = 0, (6.32)
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The rotational speed for maximum power for each flow rate nmax,p can determined by solving
the quadratic equation for each flowrate

—2B + 2B 2 —12CpAp0Q2
Nmax,p = PO % \/( 6P(?p) pApC . (633)

By solving the power with each Q and solved Nmax,p, maximum power as a function of flow
rate can be determined. The power in each of these operation points can be calculated by
(6.26). Measured turbine shaft power curves and approximated maximum power curves are
illustrated in Fig. 6.7.
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Fig. 6.7 Measured shaft power curves and approximated maximum power curve as a function of flow rate
for a) Sulzer APP22-80 b) Sulzer A22-80 and c¢) Sulzer A11-50. The used fittings for the model
are the same as used in Fig. 6.5.

As can be seen in Fig. 6.7, maximum power curve illustrates the maximum achievable shaft
power with good accuracy in the range of measured rotational speeds. To get better
understanding, how the required flow and head conditions for maximum power are achieved,
the maximum power curve in QH plane with measured shaft power contours is illustrated in
Fig. 6.8.
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Fig. 6.8 Turbine mode QH curves with shaft power contours and approximated maximum power curve for
a) Sulzer APP22-80, b) Sulzer A22-80 and c) Sulzer A11-50.

As can be seen in Fig. 6.8, the maximum power curve provides relatively accurate
approximation of maximum power point at each flow rate. Due to system curve shape, shown
in Fig. 2.3 and described by (2.1), it can be concluded that achieving maximum power in
entire flow rate range requires a combination of variable-speed and throttle control. A
method for achieving maximum power point with constant flow or head control is described
in Section 7.3.
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7. REPLACING VALVE CONTROL WITH PAT

Since PaTs are often suitable for replacing control valves, it is useful to have a similar
characteristic for PaTs as used with valves. The main difference in these characteristics is
that the flow rate through the valve is controlled by the stem position, while the flow rate
through the PaT is controlled by its rotational speed. A “turbine’s valve characteristic”
introduced in this section can be used for comparison of valves and PaTs, and also for
converting the existing control signal for valve stem position into turbine rotational speed to
achieve the same flow rate, without modifying the existing control system. The turbine valve
characteristic also provides useful information about useful flow range and produced power,
and it can be formed by applying the models derived in previous section. Also the
combination of PaT and valve for constant flow or pressure control purposes to achieve
maximum power with given constraints is discussed in this section.

7.1 Inherent turbine’s valve characteristic

Valves are usually described by inherent valve characteristic, which describes the flow rate
as a function of valve stem position x with constant pressure drop Apy. Flow rate through the
valve can be described by the equation

Apv
— ’_ 7.1
Q Kv(x) : ( )

where Q is flow rate in m3/h, Ky(x) is the flow coefficient as a function of stem position, p =
1 kg/dm? for water (5-30 °C) and pressure loss through the valve Apy in daN/cm? (lonel
1986). In inherent valve characteristic, flow rate is directly proportional to the flow
coefficient due to constant pressure drop. There are three main types of inherent valve
characteristics: linear, quick-opening and equal-percentage. The valve characteristic can be
described by the following equations; for linear valve by

Ky(x) _

Kv,max

X, (7.2)

for quick opening valve by

Kv(x) 1
— /a
= xt/a 7.3
Kv,max ( )
and for equal percentage valve by

Ky (x) _

KV = Kv,maxRx 1' (7-4)

v,max

where a> 1, Ris constant and Ky max is the flow coefficient of the fully open valve (Bequette
2002). These three types of valve characteristics are illustrated in Fig. 7.1.
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Fig. 7.1 Linear, quick-opening and equal-percentage inherent valve characteristics. Quick opening
characteristic is shown for a = 3 and equal percentage characteristic for R = 100.

To be able to compare the behaviour of valve and PaT as a flow controller, the inherent
turbine valve characteristic for PaT can be derived from (6.17), by assuming the constant
head. Head can be described by the equation

_Ap

H )
2

(7.5)

so it is directly proportional to pressure drop, and therefore it can be used in place of pressure
drop in turbine valve characteristic. With constant head Hc the rotational speed for each flow
rate can be solved from (6.17), leading to

n = —2ByQ + /(BuQ)? — 4Cu(AnQ* — Hc) (7.6)
2Cq '

In inherent valve characteristic, the stem position x and flow coefficient Ky are shown related
to the maximum values. To make turbine valve characteristic easier to compare with valve
characteristic, the rotational speed and flow rate are converted relative to the maximum
values. The minimum flow rate Q = 0 is achieved with maximum rotational speed Nmax,
which can solved from the equation (6.17), leading to

= |Z€ (7.7)

Omax = |— (7.8)
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By dividing the pairs of flow rates and rotational speeds calculated by (7.6), by maximum
values Qmax and nmax, the inherent valve characteristic for PaT relative to the maximum
values can be formed.

Since PaT can be considered as an energy recovering control valve, it is also useful to know
the produced shaft power as a function of flow rate. The shaft power production can be
solved by inserting rotational speeds solved by (7.6) and flow rate with each rotational speed
into (6.26). The maximum shaft power is then searched from the solved data, and by dividing
all the other solved shaft power values with the maximum power, the shaft power values are
converted relative to the maximum value. The inherent turbine valve characteristic, i.e. the
flow rate and shaft power relative to their maximum values as a function of rotational speed
with constant head, is shown in Fig. 7.2.
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Fig. 7.2 The inherent turbine valve characteristic for Sulzer A22-80. The characteristic illustrates the flow
rate and shaft power relative to the maximum values as a function of rotational speed relative to
the maximum value with the constant head drop. The area where rotational speed exceeds runaway
speed is delimited by rectangle with dashed line. In that area, flow rate can be still decreased by
increasing the PaT rotational speed, but power production becomes negative. Since power is
consumed in that area, it should be avoided.

As can be seen in Fig. 7.2, turbine can produce shaft power only at rotational speeds lower
than 90 % of nmax, SO the suitable flow range for power production is in the range of 60 to
100 % of Qmax. If lower flow rates are required, the flow rate adjustment has to be done by
throttling a valve in series with PaT, or by dissipating the energy with the turbine by running
it faster than runaway speed. The maximum power in Fig. 7.2 is achieved with rotational
speed of 56 % of nmax. In PaT’s valve characteristic, the coefficient Ay in (6.17) basically
corresponds to the Kymax Of the valve. By comparing these two values, the difference
between maximum flow rates of PaT and valve can be evaluated. The procedure for
determination of inherent turbine valve characteristic is illustrated by block diagram in Fig.
7.3
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Fig. 7.3 A block diagram describing the procedure in determination of inherent turbine valve
characteristic.

7.2 Installed turbine’s valve characteristic

Since there always occurs pressure losses in the inlet and outlet piping of the system, inherent
valve characteristic introduced in previous section does not completely correspond to the
actual performance at the plant. However, if the friction coefficient k and static head Ha st of
the system are known, they can be taken into account in turbine valve characteristic. Such a
characteristic is called installed turbine valve characteristic, which basically means a valve
characteristic at particular plant conditions. As mentioned in section 2.1, the operation point
of the PaT at plant locates at the intersection of turbine curve and system curve. Therefore
(2.1) and (6.17) must be equal, leading to

Hpse — kQ* = AyQ? + BynQ + Cyn?,
(7.9)
(AH + k)QZ - HA,St + BHnQ + CHnZ = 0.

If the static head Hast and friction coefficient k of the system are known, the required
rotational speed for each flow rate can be determined by solving the roots of (7.9), leading
to

_ ~BuQ £ (BuQ)? — 4Cu((An + K)Q* — Hast) (7.10)
2Cy '

The installed turbine valve characteristic for Sulzer A22-80 as turbine with Hast = 13 m and
friction coefficient k = 6.6076x10°° 1?’m/s? is illustrated in Fig. 7.4.
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Fig. 7.4 Installed turbine valve characteristic for Sulzer A22-80 in a system with static head Hast = 13 m

and friction coefficient k = 6.6076x10® 1°m/s?.
The procedure for determination of installed turbine valve characteristic is shown in Fig. 7.5.
The installed characteristic is more useful for evaluation of the actual flow control
performance at the plant, than inherent characteristic, since the effect of piping resistance
can be taken into account.
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Fig. 7.5 A block diagram describing the procedure in determination of installed turbine valve

characteristic.

7.3 Constant flow or pressure control with maximum power production

In many flow/pressure control applications where PaTs could be used, constant flow rate or
pressure is desired. To achieve the maximum power in variable system conditions while
maintaining constant head or flow rate, the combination of PaT and control valve is required,
as already discussed in section 6.5. The reason for this is that even though hydraulic power
is not dissipated by variable-speed control (as is the case with valve control), PaTs efficiency
can reduce significantly in some operation points if there is a high variation in system
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conditions. Therefore in some cases it is more beneficial to sacrifice part of the available
hydraulic power for higher efficiency. A method for using combination of PaT and valve for
maximum power constant flow rate and pressure control is introduced in this section.

Head drop through the valve Hy as a function of valve flow coefficient and flow rate can be
described by inserting (7.5) into (7.1), leading to

QZ

H, = —
v gK?

(7.11)

where Ky is determined on the basis of used valve type. Typical flow coefficient functions
for different types of valves are described by equations (7.2)-(7.4). In the system including
PaT, valve and piping, the static head Hast must be equal to the head drop caused by these
components:

Hpst = Hp + Hy + Hr, (7.12)

where Hp, is the head loss in the piping and Hr is the turbine head. Inserting (6.17), (2.1) and
(7.11) into (7.12) leads to

2
HA,st = kQZ +

gK‘? + AHQZ + BHTlQ + CHTlZ,

. (7.13)
(k +gK‘; +AH) QZ - HA,St + BHTlQ + CHTlZ = 0.

The rotational speed for constant flow rate with given head can be now solved, if the friction
coefficient of piping k, valve flow coefficient Ky(x) and PaT head model parameters (An, Bx
and Cy) are known. The maximum power for given flow rate can be then solved from (6.32).
In constant flow rate system, it is recommended to adjust the rotational speed, when head is
operation point is under maximum power curve. If head is over maximum power curve, the
exceeding pressure is throttled, so that the maximum power is achieved. The constant flow
control in variable system conditions with combination of PaT and valve is illustrated in Fig.
7.6.
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Fig. 7.6 An example constant flow (25 I/s) system control with a) design point (Hast = 13 m), b) static
head higher than in design point (Hast = 15 m), and c) static head lower than in design point (Ha st
=11 m). The design point is determined from maximum power curve. If head is higher, rotational
speed is remained the same and exceeding head is throttled. With head lower than design head,
the rotational speed is lowered.

In some cases it may be more beneficial to increase the rotational speed of the turbine instead
of throttling in Fig. 7.6b, since the turbine shaft power does not drop significantly, but the
generator and frequency converter may run more efficiently at higher rotational speeds. The
block diagram for generation of maximum power constant flow rate control model is shown
in Fig. 7.7.
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Fig. 7.7 A block diagram describing the procedure in determination of model for combined PaT and valve
control for maximum power constant flow rate system.

Maximum power constant head control can be achieved in a similar manner as introduced
for flow control. The main difference in constant head control is that the rotational speed is
increased if static head is increased. The maximum power constant head control is illustrated
in Fig. 7.8.
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Fig. 7.8 An example maximum power constant head (H = 7 m) control with a) design point (Hast = 10 m),
b) static head higher than in design point (Hast = 12 m) and c) static head lower than in design
point (Hast =9 m). The design point is determined from maximum power curve. If head is higher,
rotational speed is remained the same and exceeding head is throttled. With head lower than design
head, the rotational speed is lowered.

Rotational speed for maximum power with constant head can solved from inherent turbine
valve characteristic described by equation (7.6), but normalization to maximum values is not
required. With heads lower than design head, rotational speed is increased. With heads
higher than design head, rotational speed is kept optimal, and the exceeding pressure is
throttled. The block diagram for determination of model for constant head control with PaT
and valve is shown in Fig. 7.9.
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Fig. 7.9 A block diagram describing the procedure in determination of model for combined PaT and valve

control for constant head system.

In some cases, fluid is supplied for PaT by a pump, and the system curve can be described
by the equation

Hp = H, — kQ?, (7.14)
where Hp is head produced by the pump. The losses in the system are subtracted from pump
head. The head rise produced by the pump can be described by similar equation, as derived
for turbine (lonel 1986)

Hp = Ay pQ? + BypQ + Cyp, (7.15)
where Anp, Bup and Chp are constants. If supplying pump is variable-speed-driven, the
rotational speed can be taken into account by forming similar equation to (6.17). If the

sustem is supplied by a pumps, Hp in equation (7.12) is substituted by Ha solved by the
equation (7.14).

7.4 Speed torque characteristic

For selection of generator and frequency converter, speed-torque characteristic of PaT is
required in variable flow and head conditions. The reason for this is that higher flow rates
require lower rotational speed and higher torque. However, self-ventilated generator’s
loadability, i.e. maximum torque for continuous operation, decreases as a function of
rotational speed. Therefore generator has to be dimensioned on the basis of evaluated
minimum rotational speed and maximum continuous torque in that operation point.
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Speed-torque characteristic for given system can be determined with the installed turbine
valve characteristic, by solving the rotational speed for each operation point by (7.10).
Torque can be then solved by (6.30). The speed-torque characteristic for the same pump and
system used in Fig. 7.4, is illustrated in Fig. 7.10.

301
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25

T (Nm)

10 -

0 1 1 1 1 1
200 400 600 800 1000 1200

n (rpm)
Fig. 7.10  Speed-torque characteristic for Sulzer A22-80 in a system with static head Ha st = 13 mand friction
coefficient k = 6.6076x10 1?m/s.

As can be seen in Fig. 7.10, torque decreases as a function of rotational speed with used PaT
and system. Therefore applications, where wide range for flow rate and rotational speed are
required, the increasing torque has to be taken into account in dimensioning of generator and
frequency converter.

7.5 Parallel operation

To extend the flow region of PaT system, multiple PaTs can be connected in parallel. If there
are two pumps connected in parallel, called 1 and 2, then head, flow rate and power for them
are described by the equations

Hyor = Hy = H, (7.16)
Qtot = Q1 + 0Q; (7.17)
Pt0t=P1+P2 (718)

The head curve for two identical PaTs in parallel is shown in Fig. 7.11.
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8. CONCLUSIONS

The applicability of variable-speed standard centrifugal pumps as turbines for hydraulic
energy harvesting has been studied in this thesis. The suitability of pumps for reverse mode
of operation was studied through comprehensive literature review and proven by laboratory
tests performed for three pumps. According to previous studies and laboratory tests,
centrifugal pumps do not require any modifications to run as turbines and provide same or
even slightly better efficiency in the turbine mode compared to the pump mode. Due to
benefits of mass production, PaTs provide cost effective and easily available alternative for
conventional turbines in small-scale applications.

The special interest in this study is to prove the feasibility of variable-speed PaT for flow
and pressure control purposes in industrial and municipal applications, where it could be
used to replace control valves. Variable-speed PaTs can be used as energy producing fluid
system control device, and therefore they can be seen as “energy recovering valves”. By
means of PaTs, the energy efficiency of many plants could be improved, by implementing
the flow or pressure control with them. Even though variable-speed-driven pumps supplying
the system are often the most energy efficient alternative for flow or pressure control, there
exists many applications, where the high pressure production is required by the process, and
the pressure is then needed to be reduced by means of valve, PaT or some other device.

PaTs have been traditionally running at fixed rotational speed and only few studies have
been considered variable-speed PaTs. This thesis provides procedure for dimensioning a
variable-speed PaT system including standard centrifugal pump as turbine, induction motor
as generator and 4Q frequency converter. PaT system dimensioning have been seen as a
difficult task, since pump manufacturers rarely provide turbine mode characteristics, and
completely reliable procedure for pump’s turbine mode performance prediction has not been
published. However, in variable-speed PaT system, the dimensioning of PaT is less critical,
since the rotational speed can be adjusted more suitable, if the actual performance deviates
from the predicted.

A novel theoretical model to describe variable-speed PaT behaviour has been derived in this
thesis. Model can be used to predict PaT behaviour (flow rate, head, power production and
efficiency as a function of rotational speed), and it requires only one measured or predicted
PaT curve as an input. The model can be also used to approximate runaway and resistance
curves, and maximum power curve as a function of flow rate. According to the verification
of the model by laboratory tests, it seems to provide results with reasonable accuracy, and
could be therefore used for multiple different applications, e.g. soft-sensor operation point
estimation and maximum power point tracking.

Since PaTs can be used to replace valves, a useful method “turbine’s valve characteristic” is
introduced in this thesis. Turbine’s valve characteristic makes the comparison of valve and
PaT easier, and it is also a good way to visualize the suitable flow range for power production
in the given system as a function of rotational speed. Also the maximum power flow and
pressure control with combination of PaT and valve is investigated, since PaT by itself
cannot always provide the theoretical maximum power in variable system conditions.
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8.1 Suggestions for future work

The theoretical model for PaT could be applied in soft-sensor operation point estimation and
maximum power point tracking, which would be interesting to see to be implemented in
real-life application. The feasibility variable-speed PaT system for flow and pressure control
purposes has been proven in laboratory-scale tests, but it is still needed to be implemented
in suitable industrial application. Also the dimensioning procedure introduced in this thesis
for variable-speed PaT system could be improved, so that the variable system conditions
could be taken into account (e.g. generator loadability). The dimensioning procedure could
be also combined with turbine’s valve characteristic, so that the selection of PaT to replace
valve would be even easier. Also cost efficiency comparison of different kind of electric
motors in generator purposes would be interesting.
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