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Abstract 

In an active magnetic bearings (AMBs) supported rotor system, the touchdown bearings have been proposed to 

support the rotor during an electromagnetic field shortage. The heat generation due to the high impact and collision 

of the rotor and touchdown bearing, in addition to the internal friction in the bearing, raises the temperature of the 

touchdown bearing. In this work, a numerical model is applied to simulate the rotor dropdown where the FE-

model of the rotor is integrated with the dynamic and thermal model of the touchdown bearing. The rotor that is 

used as a case study is supported by a deep groove ball bearing and a pair of angular contact ball bearings installed 

in an X-configuration. The present study focuses on evaluating different orders of surface waviness in a pair of 

angular contact ball bearings. The equivalent electrical circuit model is implemented for computing the thermal 

behavior of the touchdown bearing. Results indicated that the dynamic friction coefficient between the rotor and 

inner race has a considerable impact on bounce height and the whirling motion of the rotor. Furthermore, for a 

certain amplitude of surface waviness, the effect of various orders of waviness is investigated and it has been 

found that surface waviness of the bearing alters the contact force and friction loss in the touchdown bearing. In 

addition, the effect of a higher amplitude of surface waviness on thermal expansion of the touchdown bearing is 

studied. 
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1 INTRODUCTION 

 

The field of rotating electric machines has experienced a dramatic change from constant rotational speed machines 

to variable speed machines controlled by a frequency converter. Simultaneously, the rotational speeds have 

increased due to the advantages of higher rotational speeds. The highest rotational speeds can be achieved when 

the rotor can be rotated freely without mechanical contact with any other parts, even the bearings. This can be 

achieved using airfoil bearings that levitate the rotor on the air film, but this solution requires high rotational 

speeds to function and still the aerodynamic losses are noteworthy. The solution that is more promising is to 

levitate the rotor using a controlled electromagnetic field. In the active magnetic bearings (AMBs) supported 

system, electromagnetic forces levitate the rotor. The system does not suffer from wear due to this no-contact 

operation. Therefore, the AMBs are the preferred choice in high-speed applications compared to other bearing 
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types. Nevertheless, an AMB system requires a backup system for preventing fatal failures in case the 

electromagnetic field is lost due to electric short circuit or error in the control system. 

 

Several studies have been conducted on rotor and touchdown bearing contact. As demonstrated by Kärkkäinen et 

al. [1] and Ecker [2], the high collision and friction forces in the dropdown will influence the whirling motion of 

the rotor. The nonlinear dynamic model of rotor casing rub has been extensively studied during the last century. 

A few well-known studies on rotor rub were performed by Taylor [3], Newkirk [4] and Childs [5]. Choy and 

Padovan [6] developed a theoretical model on the relation between rub force histories, energy levels, rub duration, 

incidence separation angles, as well as initiation of backward whirling. Muszynska [7], studied the rotor-stator 

rub theoretically and experimentally. Keogh [8,9] studied the contact of the rotor and the touchdown bearing, 

thermal bending of the rotor, and the effect of open loop and closed loop control systems for recovering the rotor 

levitation on AMBs. Recently, Liu et al. [10] developed a method based on signal processing to identify the orbit 

response of an AMB supported rotor during the bounce, and rub in the touchdown bearings. They applied the 

Fourier transform to identify the pendulum vibration and the full rub of the rotor.  The previous study on the 

experimental and numerical rotor drop investigated by Schmied and Pradetto [11] indicated that because of the 

presence of electromagnetic force at the start of the dropdown test and also the time lag in the control system, the 

numerical result can deviate from the outcome of the experimental test.  

 

Even though there has been considerable advancement in bearing technology, several cases of thermal failures of 

the bearings have been reported [12,13]. The reported failures were due to the rapid growth of the thermal induced 

preload and high-temperature gradient in the bearing. This type of failure can occur even without a considerable 

change in the vibration levels [13]. Numerous publications implemented the equivalent electrical circuit to study 

the heat transfer in the touchdown bearings [14-18]. Takabi and Khonsari [13,19] developed an experimental 

setup to evaluate the temperature in the conventional deep groove ball bearing. The experimental setup enabled 

them to investigate the variation of temperature under different speeds and operating conditions. The touchdown 

bearings utilized in an AMB supported rotor differ from the conventional rotor bearing system and the differences 

have been demonstrated in paper by Neisi et al. [20].  Due to the complicated geometry of the bearing assembly 

and the change in the heat generation rate, some simplifications for the boundary conditions and the model might 

be required. Accordingly, the result of the analytical solution might be slightly different from the experimental 

result [21]. In addition to the single-row bearings, the thermal analysis of double-row bearings has been studied. 

Yan et al. [22] and Ai et al. [23] performed the thermal analysis of the double-row tapered roller bearing. Jin et 

al. [17] compared the thermal structure of the single-decker and double-decker touchdown bearings. They 

presented a model for improving the rotational speed of the intermediate race of the double-decker ball bearing. 

They concluded that the double-decker configuration decreases the temperature rise in the touchdown bearing. 

The aforementioned publications on the thermal model of the touchdown bearing presume that the bearing is 

installed in an ideal condition. However, as a result of the surface waviness, particularly due to the wear between 

rotor and touchdown bearing in the previous dropdown of the rotor, the friction torque and the power loss 

calculated for the thermal model of the touchdown bearing can be different from the ideal condition of the bearing.  

As stated in the standard API 617, the touchdown bearing should withstand a minimum of two full dropdowns 

https://www.google.fi/search?dcr=0&q=antti+k%C3%A4rkk%C3%A4inen&spell=1&sa=X&ved=0ahUKEwj3hvv3lLPWAhXqIJoKHeKTC3MQBQghKAA


3 
 

from maximum continuous speed to zero speed and a minimum of ten partial contacts due to disturbances in the 

system exceeding the force capacity of the AMBs [24]. 

 

The waviness in the bearing can be considered as one of the main reasons for bearing vibration. There are 

numerous studies about bearing waviness in a conventional ball bearing. Zhuo et al. [25] evaluated the influence 

of applied load, internal clearance, number of balls as well as surface waviness on the kinematic behavior of a 

double-row self-aligning ball bearings. They described the vibration characteristic of the rotor bearing system 

including surface waviness in the bearing races. The influence of the surface waviness on the stability of a rigid 

rotor supported by ball bearings is presented in a paper by Harsha and Kankar [26]. They showed that the nonlinear 

vibration response of the rotor bearing system due to the surface waviness in the bearing system is highly affected 

by the number of balls and order of waviness. In addition, they pointed out that by increasing the number of balls, 

the stiffness of the system will be higher and the influence of ball pass frequency decreases. Wardle [27,28] 

conducted both a mathematical and experimental study on the frequency response and vibration analysis of the 

bearing having surface waviness. The study by Changqing and Qingyu [29] on the effect of internal clearance and 

waviness includes the high-speed effect, and their work indicated that the waviness causes the change in the 

frequency of the peak of amplitude. Liu et al. [30] developed a multibody dynamic model for a ball bearing. They 

found that as a consequence of the high-speed effect in the bearing, the waviness in the outer race has a higher 

influence on the vibration of the system rather than the waviness in the inner race. The aforementioned 

publications on the surface waviness in the bearing mainly discuss the influence of surface waviness, theoretically. 

A recent paper by Heikkinen et al. [31] evaluates the vibration analysis of a spherical roller bearing from surface 

waviness both experimentally and numerically.  

 

Few studies have focused on the influence of the waviness in touchdown bearing application. Recently, Halminen 

et al. [32,33] developed a multibody model of the touchdown bearing including surface waviness. They 

investigated the effect of 1st, 2nd and 3rd order surface waviness in the bearing races in the calculation of the friction 

loss in the touchdown bearing. It is possible to acquire further improvement in the touchdown bearing design by 

considering the influence of the surface waviness in the dynamic and thermal model of the touchdown bearing. 

With this goal, the present study aims to apply the simple model for the ball bearing to evaluate the contact force 

and power loss in a rotor drop. Moreover, the influence of friction heat generated in the touchdown bearing due 

to different orders of surface waviness in bearing rings will be identified. Furthermore, this work presents the 

impact of the waviness on the temperature rise in the bearing during rotor drop. 

  

2 MODEL OF THE ROTOR  

The FE-model of the rotor of a high-speed electric motor depicted in Fig. 1 has been constructed based on the 

shear deformable Timoshenko beam element that was used for rotating shafts by Nelson [34]. In regular operation 

of the machine, the rotor is levitated in the electromagnetic field and AMBs carry the weight of the rotor and the 

operational loads. The equation of motion of the system can be written as:  

 

 MẌ+(C+ωG)Ẋ+KX=ω2Q
1
+Q

2
 (1) 
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In the equation of motion, M defines the mass matrix, C is damping matrix and K represents the stiffness matrix. 

The gyroscopic matrix is denoted by G. The vector of the generalized coordinate is shown by X. The vector Q
1
 

is vector of nodal unbalance and the vector of externally applied force is denoted as Q
2
 and ω is the angular 

rotation speed of the rotor.   

 

Fig. 1. A case study of the electric motor.   

 

3 MODEL OF A TOUCHDOWN BEARING  

The touchdown bearings are simulated utilizing the model for the ball bearing developed by Sopanen and Mikkola 

[35]. The relative displacement between bearing rings is as follows:  

 

 ej
r= ex cos β

j
+ey sin β

j
 

ej
t = ez − (ψ

x
sin β

j
+ψ

y
cos β

j
) (Rin+εin+rin) 

(2) 

 

where 𝑒𝑥, ey and ez feature the relative displacements between the bearing races along main axes. The index j 

represents the ball number. β
j
 is the azimuth angle of jth ball. In Fig. 2, the inner race radius and inner race groove 

radius are denoted as Rin and rin, respectively. The tilting of the inner race in principle directions are denoted as 

ψ
x
 and ψ

y
. The distance between the bearing rings is given by:   

 

 
Dj=rout+rin −

(R
in

+εin)+rin+ej
r − (Rout+εout)+rout

cos φ
j

 
(3) 

 

where the contact angle is denoted as φ
j
: 

 

 
φ

j
= tan−1 (

ej
t

Rin+εin+rin+ej
r − Rout − εout+rout

)  
(4) 
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where εin and εout represent the thermal expansion of the inner race and outer race, respectively. In the dropdown, 

based on the relative displacement of the rotor and inner ring, the contact angle, φ
j
 , can be slightly different from 

the nominal contact angle of the bearing mentioned in the bearing catalogue.  

 

(a) (b) (c) 

Fig. 2. Cross-section of the ball bearing. 

  

The total elastic deformation of the inner race is as follows:  

 

 δj
tot

=dj+ ε𝑏 − D
j
 (5) 

 

where ε𝑏 is thermal expansion of balls. Then, the contact force between ball jth and inner race can be obtained by 

Hertzian contact theory [1]: 

 

 Fj=Kb(δj
tot)

3/2
 (6) 

 

The detailed calculation of total contact stiffness, Kb , is presented in previous publications [35].  

 

3.1 Model of the contact  

The radial contact force between rotor and touchdown bearing is calculated based on the nonlinear contact model 

introduced by Hunt and Crossley [36] and the energy dissipation during the impact is taken into account: 

 

 
Fr= {

Kδ
n
+bδ

n
δ̇

q
         ;er>cr  and Fr>0

               0              ;er≤cr  and   Fr≤0 
 

(7) 

 

where K represents the contact stiffness between the rotor and inner race, q=1 and n is a constant dependent on 

the type of the contact (for the contact between the rotor and touchdown bearing n=10/9) and δ̇ is the rate of 

indention. The damping parameter (b) can be related to the coefficient of restitution which is defined as the ratio 

of relative velocity before and after collision of the bodies. Hunt and Crossley [36] showed that b =
3

2
λK and they 
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pointed out that the contact parameter λ ranged between 0.08 and 0.32 sec/m can be reasonable. If λ is very low, 

the material will be very resilient. On the other hand, very large value of λ as 0.64 sec/m can raise questions in the 

assumption for deriving 𝑏 =
3

2
λK and might not be appropriate. This method has been also used in simulation of 

the dropdown by Sun [18]. For the steel the coefficient λ ranges 0.08 and 0.2 [18]. In present study the contact 

parameter 𝜆 equal to 0.08 has been used in the simulation.  

 

The penetration of the rotor in the inner race can be obtained as: 

 

 δ=er − cr + εin  (8) 

 

where the radius of the air gap between the rotor and touchdown bearing is denoted as cr. In the modified Hertzian 

contact model, the velocity of penetration of the rotor in the touchdown bearing, δ̇,  has been taken into account. 

The following equation can be used to obtain the radial displacement of the rotor [1]:  

 

 
er = √ex,r

2 +ey,r
2  

(9) 

 

where the radial displacement between the rotor and the inner race along the x- and y-axis are denoted as ex,r and 

ey,r. The friction force between the rotor and inner race is given by: 

 

 Fμ=μFr (10) 

 

where μ is the friction coefficient between the rotor and inner race. The comparative study on the effect of the 

friction coefficient and the friction model in the simulation of the rotor dropdown presented in the study of 

Kärkkäinen et al. [1] indicated that the Coulomb Mohr friction model with the constant friction is able to provide 

acceptable results for the dynamic simulation of rotor dropdown. The assumption of constant friction coefficient 

has been made for the simulation since,  the dropdown occurs in a short time interval and it was expected that not 

significant change in friction coefficient happens. Furthermore, the sensitivity analysis for the influence of 

different values of the dynamic friction coefficient on the temperature rise of inner ring of touchdown bearing 

shows that there is a small change in the temperature rise of inner ring due to increasing the friction coefficient 

[17]. It is important to note that the friction coefficient is not the only parameter affecting the heat generation in 

the touchdown bearing and the temperature rise is influenced by additional parameters as: geometry and structure 

of rotor, bearing and support properties as well as the angular velocity of rotor in the start of dropdown. Beside 

that during the life time of the touchdown bearing due to the wear between rotor and inner ring the friction can 

increase.  

 

Considering the contact model and the bearing model introduced earlier, the mechanical model for the interaction 

of the rotor and touchdown bearing is introduced in Fig. 3. Fr and Fμ are the normal and tangential force in the 

contact of the rotor and touchdown bearing. The forces can be obtained from equations 7 and 10 respectively. Ksup 
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and Csup represent the support stiffness and damping. The damping of the bearing Cb typically ranges (0.25-

2.5)∙10-5 bearing stiffness Kb [37]. Defining the support stiffness and damping parameters is not straightforward, 

but they can be obtained experimentally or using FE analysis. Mv is friction drag torque (load dependent friction 

torque) that will be demonstrated in section 3.4.  ωi and ωr represent the angular velocity of inner race and rotor, 

respectively. 

 

Fig. 3. Mechanical model for interaction of the rotor and touchdown bearing. 

 

3.2 Modeling of surface waviness  

The waviness imperfection refers to the dimensional irregularity where the bearing surface periodically deviates 

from the nominal dimension. Hence, it can influence the total elastic deformation of the bearing race. 

Consequently, it can change the contact force in the touchdown bearing. The surface waviness in the bearing can 

be modeled using the sinusoidal function as follows:  

 

 Ain=A sin(mβ) 

 

(11) 

where A is amplitude, m is order of waviness and β is azimuth angle of the bearing (Fig. 4).  

 



8 
 

Fig. 4. Model of surface waviness in bearing races. 

 

Therefore, the elastic deformation of the bearing race can be rewritten as: 

 

 
δj

tot
=dj+ ε𝑏 −  D

j
+ ∑ Am

in

n

Nw=1

sin(min(β)+θirw) + ∑ Am
out

n

Nw=1

sin(mout(β)+θorw) 
(12) 

 

where m is waviness order and θirw and θorw are the phase angels of mth order waviness of the inner race and outer 

race, respectively. In practice, it is possible that the surface waviness in the bearing will be a combination of 

different waves. Therefore, the amplitudes of the various number of waves (n) are summed.  

 

3.3 Bearing Kinematic 

In the high-speed bearing, the spinning of the ball around its axis can be considered as one of the sources of the 

friction generated in the bearing. Applying the instant center of velocity and trigonometry relation, the spinning 

velocity of the ball can be derived [38]. The angular speed of the ball in the contact area between ball/inner race 

(ω
ci

) and ball/outer race (ω
co

) intersect each other at the point P along the axis of the bearing (Fig. 5). 

 

Fig. 5. Spinning velocity in the ball bearing. 

 

The spinning velocity in the contact of ball and bearing races is as follows [39]: 

 

 ωsi= −  ωb sin(φ
𝑖

− θ) +ωci sin(φ
𝑖
) 

ωso=ωb sin(φ
𝑜

− θ) +ωco sin(φ
𝑜

) 

(13) 

 

where φ
𝑖
 and φ

𝑜
 represents the contact angle in inner race and outer race, respectively. The ball pitch angle is 

denoted as θ:  
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tan θ =

sin φ
𝑜

cos φ
𝑜

+db/d𝑚

 
(14) 

  

and ωb is the angular speed of ball and it can be calculated as follows [40]: 

 

 
ωb=

ωco(dm+db cos φ )

db

  
(15) 

 

where db and d𝑚 represent the ball diameter and pitch diameter, correspondingly.  

 

3.4 Thermal model of bearing 

In the touchdown bearing, heat transfers by both conduction and convection heat transfer mechanisms. The 

friction between the rotor and the inner race, and also the friction heat generated between the ball and bearing 

races, are considered as heat sources. Previous studies [15-18]  presented the one-dimensional heat transfer model 

for the thermal model of the touchdown bearings. Fig. 6 shows a schematic of the equivalent electrical circuit of 

the thermal model.  

 

Fig. 6. Equivalent electrical circuit model of the bearing.  

 

The thermal resistances are summarized in Table 1. Where db , dh, di, do, ds, do, Lh and W are the dimensions of 

the bearing that can be found from the bearing catalog and the drawings of the case study. Hi, Ho and Hr represent 

the heat generation in the inner ring, outer ring and in the contact of rotor and touchdown bearing, respectively 

and that will be described in section 3.5. 

 

 

Table 1: Thermal resistance of bearing elements [16].  

Shaft/Inner race Ball/ambient Outer race Housing 

𝑅1   convection 𝑅5 conduction 𝑅7 conduction 𝑅8  conduction 

𝑅2   conduction 𝑅6  convection    𝑅9 convection 

𝑅3   conduction 

𝑅4   conduction 
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The following equation represents the coefficient of free convection heat transfer from the bearing housing [41]: 

 

 hh=23(T − T∞)
0.25

  (16) 

 

where T is temperature and T∞ is the ambient temperature.  

The heat transfer balance should be satisfied in each node of the model [16]. 

 

 
Hin − Hout=ρCV

dT

dt
 (17) 

 

where 𝐻in and 𝐻out are input and outflow power loss, respectively. C is the specific heat , 𝜌 is the density and  𝑉 

is the volume. The temperature gradient is denoted as 𝑑𝑇 𝑑𝑡⁄ . In a discrete form, the thermal balance in the bearing 

can be rewritten as [17].  

 

 MbrgCbrg(Tt+∆t − Tt)=(Hin
t − Hout

t )∆t (18) 

 

where Mbrg is lumped mass matrix and Cbrg is a matrix form of the specific heat for the bearing model. The input 

heat flux and output heat flux are denoted as Hin
t  and Hout

t , correspondingly. The temperature in new time step 

(T
t+∆t

) can be obtained by the temperature in the previous time step (Tt). 

 

3.5 Calculation of Power Loss in Dropdown  

As mentioned earlier, the friction between the rotor and the inner race besides the friction inside bearing are 

considered as heat sources. The power loss resulting from the contact between the rotor and inner race can be 

expressed as follows [17]: 

 

 Hr=FfrcVrel (19) 

 

where Vrel is the relative velocity between rotor and inner race and Ffrc is the friction force between the rotor and 

touchdown bearing. The second part of the power loss is due to friction between the balls and the races. The 

equation that expresses the global friction in the bearing (M) is as follows [41]: 

 

 M=ML+Mv (20) 

 

The load-dependent term is given by [42]: 

 

 ML=f
1
Pdm (21) 

 

where 𝑃 is the equivalent load of the ball bearing. The velocity-dependent term can be calculated by [42]: 
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{
Mv=10-7f

2
(νN)2/3dm

3
νN>2000

Mv=160×10-7f
2
dm

3
    νN≤2000

 (22) 

 

where, f
1
 and f

2
 are factors dependent on the design of the bearing and the load on the bearing, 𝜈 is kinematic 

viscosity (centistoke) and 𝑁 is speed of inner race (rpm) and dm presents the pitch diameter (mm). In high-speed 

application, the spinning torque, as a consequence of the spinning movement of the individual balls around its 

own axis, cannot be neglected. The spinning torque in the inner ring can be expressed as follows [43]: 

  

 
Msi=

3μFjaζ̅

8
 (23) 

 

where 𝜇 is the friction coefficient, 𝐹𝑗 is contact force given in equation (6). The parameter ζ̅ is the elliptical 

integral of second type. The equation that describes the total heat generation at the inner race is as follows [16]: 

 

Hi= ∑ Hij= ∑ (ωbMij+ωsiMsi)
j

j

 (24) 

 

where, Mij is the friction torque in the inner race and Msi is spinning drag torque. A similar approach can be applied 

to obtain the total heat generation at the outer race. 

 

3.6 Bearing Deformation Under Thermal Effect 

As a result of variation in the temperature, the dimension of the bearing components can be changed. The thermal 

expansion of ball and inner race are expressed as [18]: 

 

  εb=αbrbTb (25) 

 
εin =

αi

3

(1+vi)rs

ri+rs

[∆Ti(2rs+ri)+∆Tci(2ri+rs)] 
(26) 

 

The radius of the ball, inner race and cross section of rotor in the location of the touchdown bearing are denoted 

as 𝑟𝑏, ri and rs, respectively. The thermal expansion coefficient of the ball and inner race are expressed as 𝛼𝑏 

and αi, respectively. vi is the Poisson’s ratio of the inner ring. The temperature of the ball is denoted as Tb, and 

∆Ti is the difference between the temperature of the inner ring and ambient temperature. Likewise, ∆Tci shows 

the corresponding value for the contact area of the ball/inner ring. 

Calculation of the radial thermal expansion of the outer race is as follows [18]:  

 

 
εout=

αo

3

(1+vout)rout

rout+rh

[∆Tout(2rout+rh)+∆Th(2rh+rout)] 
(27) 

 

In the above equation, rout and rh refer to the radius of the outer race and housing, respectively. α𝑜 is the thermal 

expansion coefficient of the outer race and vout is the Poisson’s ratio of the outer race. The difference between the 



12 
 

temperature of the outer race and housing with the ambient temperature are denoted as ∆Tout and ∆Th, 

correspondingly.  

The following equation gives the total radial interface in the bearing [16]:  

 

 
εt=εb+

(εin − εout)

2
cos φ 

(28) 

 

The data from the thermal expansion of the bearing are required to obtain the thermal preload of the bearing which 

will be described in the following section.  

 

3.7 Updating the Model 

The material of the bearing and the geometry will be designated in a way that there should be a balance between 

the heat generation inside the bearing and the heat dissipated from the bearing. If the heat dissipation is less than 

the heat generated inside the bearing, the temperature in the bearing will rise and it can promote the possibility of 

thermal failure. Therefore, it is essential to update the thermal effect in the model and include the effect of thermal 

expansion in equations (2)-(5) and (8). The flow chart of the simulation is presented in Fig. 7.   

 

Fig. 7. Flowchart of updating bearing load in the AMB supported rotor. 

 

 

4 CASE STUDIES AND RESULTS 

The parameters required to analyze the case study of a rotor are shown in Table 2. The main dimensions of the 

rotor are depicted in Fig. 8-a. The touchdown bearings 1 is a hybrid deep groove ball bearing of the type 6014 
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HC5/C3 and touchdown bearing 2 is a pair of angular contact ball bearings of the type 71914-E-T-PS4 installed 

in an X-configuration, the technical data of bearing are shown in Table 3. Fig. 8-b shows the FEM model of the 

rotor main shaft and the location of the touchdown bearings. The rotor FE model includes 31 rotor nodes. The 

bearing coordinate system shown in Fig. 2 differs from rotor coordinate system that is considered by using a 

transfer matrix for bearing forces. In the FE model, the touchdown bearings are located at nodes 2 and 28. The 

connection gear (node 1), axial AMB (node 5), axial AMB nut (node 3), nuts for radial AMB rotor stacks (nodes 

7, 25), radial AMB rotor stacks (nodes 10, 22) are modeled as mass points. A conservative modeling approach 

was used and only the main shaft is modeled as beam elements whereas all the surface elements are included as 

mass elements neglecting the stiffness of the components contributing to the total rotor stiffness. The copper end-

rings in the rotor are also considered as mass points at nodes 13 and 19. The detail figure for the mechanical 

interaction of the rotor and touchdown bearing is shown in Fig. 3.  

The FEM model of the rotor is validated using experimental modal analysis by obtaining the bending frequencies 

of the rotor. The lowest bending mode frequency of the rotor without actuators such as impellers was 673.5 Hz 

[44]. The FE model of the rotor is created in self-made MATLAB rotordynamics toolbox. The transient analysis 

was performed using a ready-made ode45 integrator that is based on 4th order Runge-Kutta integration method. 

The simulation time was 0.3 seconds using a time step of 1e-5 s, the maximum integration step was 5e-6 s and the 

maximum allowable integration error 1e-5.” 

The support stiffness was obtained by FEM analysis and the damping was estimated using FE modal analysis and 

damping ratio of 1 % that is typical for steel structures. The effective mass for the support stiffness was obtained 

using FE modal analysis and 3D model of the structure by obtaining the moving part of the structure at first mode 

and defining the corresponding inertia properties from 3D model. The unbalance masses are obtained from 

balancing results of a low speed balancing of the prototype machine and balancing planes are used for unbalance 

locations. The value used for the static and dynamic contact friction is selected from the literature [17]. 

 

a) 
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b) 

Fig. 8. The main dimensions and FEM model of the electric motor rotor/touchdown bearing.  a) Dimension, b) 

FEM model of rotor 

Table 2. The main data for the simulation of the rotor dropdown.  

Initial rotation speed of the rotor 15200 rpm    

Modulus of elasticity of steel part of rotor 2.0·1011 Pa 

Material density of steel part of rotor 7850 kg/m3 

Poisson’s ratio of steel part of rotor  0.3 

Modulus of elasticity of radial AMB lamination of rotor  1.85·1011 Pa 

Material density of radial AMB lamination of rotor  7600 kg/m3 

Poisson’s ratio of radial AMB lamination of rotor,  0.285 

Mass of rotor 109.7 kg 

Effective mass of support, NDE 50 kg 

Support stiffness of NDE (Ky, Kz) (1.5, 1.1)·109 N/m 

Effective mass of support, DE 85 kg 

Support stiffness of DE (Ky, Kz) (2.7, 1.5)·109 N/m 

Support damping of NDE (Cy, Cz) (2.82)·103 Ns/m 

Support damping of DE (Cy, Cz) (3.68)·103 Ns/m 

Contact stiffness between rotor and inner race (bearing 1)-TB1 1.144·109 N/m1.11  

Contact stiffness between rotor and inner race (bearing 2)-TB2 1.73·109 N/m1.11  

Radial Air gap between rotor and touchdown bearings 250 µm 

Polar moment of inertia of rotor 0.39 kgm2 

Diameter moment of inertia of rotor 4.5535 kgm2 

Unbalance mass at AMB disk 1.07·10-6 kg·m @ 180°  

Unbalance mass at the center of the rotor active part 2.78·10-6 kg·m @ 180°  

Static contact friction coefficient between rotor and inner race 0.05 

Dynamic contact friction coefficient between rotor and inner race 0.1 

 

Table 3. Bearing data, bearing type 71914-E-T-PS4 

Bore diameter 70 mm 

Outside diameter of inner race 78 mm 

Inside diameter of outer race 100 mm 
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Outside diameter of outer race 110 mm 

Pitch diameter 85 mm 

Bearing width (for one row) 16 mm 

Housing axial width (for one row) 25 mm 

Housing diameter 120 mm 

Nominal contact angle 25 degree 

Number of balls  23 

 

Thermal properties Ceramic Steel  

Thermal conductivity of race (W/mK) 35 70 

Linear expansion coefficient  3.2·10-6 11.8·10-6 

Linear expansion coefficient    

Poisson’s ratio  0.3 0.26 

Density 3200 7800 

Modulus of elasticity  3.15·1011 Pa 2.0·1011 Pa 

specific heat capacity (J/kgK) 673 510 

kinematic viscosity of air (m2/s) 1.5·10-5 

 

4.1 Orbital motion of rotor 

The orbital motions of the rotor for three different dynamic friction coefficients between the rotor and touchdown 

bearings are shown in Fig. 9. It can be seen in Fig. 9 (a-c) that after the initial impact of the rotor with touchdown 

bearings, the rotor bounces back up to the height more than half of the air gap. The simulation result revealed that 

the friction has a visible influence on the orbital motion. As can be seen in Fig 9-a, with the low value of the 

friction coefficient as 0.05, after the second contact of the rotor and touchdown bearing number 2 (TB2), the rotor 

bounces up to approximately -150 µm. As the friction between the rotor and touchdown bearing increases to 0.1 

and 0.15, the rotor impacts the touchdown bearing at a point where the arc length is wider and the rotor gradually 

settles toward the right and the magnitude of the bounce height decreases (Fig 9-b,c).  

  

 

 

a) b) c) 

Fig. 9.  The orbital motion of a rotor for different values of dynamic friction coefficient between rotor and inner 

race: a) 0.05    b) 0.1   c) 0.15.  
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In the FE-model of the rotor, the x-axis is defined along the longitudinal axis of the rotor (Fig. 8). This work 

focuses on studying the deformations and contact forces in the bearing plane (y- and z-directions) and the axial 

deformations are not considered. Fig. 10 shows the displacements in y- and z-directions of the rotor at the locations 

of touchdown bearings during a touchdown event using the friction coefficient listed in Table 2. The first hit of 

the rotor on the touchdown bearings deforms both bearings and support, resulting in higher displacement than 250 

μm that is the air gap length of the touchdown bearings. After the first hit, the rotor lifts off from the inner ring 

and during the subsequent contacts the displacement in the vertical direction is reduced (Fig. 10 (a)) and gradually 

the rotor will stabilize on the bottom of the bearing inner ring having a total displacement slightly higher than the 

air gap length. The contacts of the rotor with the touchdown bearings can be also seen from the z-displacement 

(Fig. 10 (b)). In this direction, the displacement is not exceeding or even approaching very close to the air gap 

length. The results curve indicates a smooth swinging motion on the bottom of the bearing inner ring, decreasing 

gradually in the direction of the gravity (0 displacement in the z-direction). 

   

a) b) 

  

Fig. 10.  The displacement of rotor at touchdown bearing location: a) y-direction    b) z-direction.    

Fig. 11 shows angular velocities of the inner rings in both bearings. As can be seen, the inner rings of the 

touchdown bearings accelerate with different rates. That is mainly due to the different bearing types having 

different inertia properties. The touchdown bearing 1 is a deep groove ball bearing that accelerates faster. After 

0.2 s, the tangential velocity of the bearing inner ring equals the tangential velocity of the rotor outer surface. As 

the pair of angular contact bearing has a higher mass and moment of inertia, the acceleration of the second bearing 

is lower.  

https://www.powerthesaurus.org/subsequent/synonyms
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Fig. 11.  Angular velocity of rotor and inner race during dropdown.  

 

4.2 Effect of surface waviness  

In order to evaluate the influence of the surface waviness on the friction heat generated in the touchdown bearings, 

the contact forces and the friction heat generation in the bearing has been evaluated for six different configurations 

that are introduced in Table 4. The first case presumes that the bearing has an ideal surface. In cases 2-4, the inner 

race has a surface waviness with the amplitude of 1 µm and the 1st, 2nd and 3rd orders of waviness are studied. The 

last two cases are used to evaluate the influence of a higher amplitude of surface waviness.  

Table 4. Various cases of waviness in bearing. 

 

4.2.1 Contact force  

Figure 12 shows the contact force between the rotor and the bearing inner ring as functions of time. The waviness 

orders of the first to third orders (namely eccentricity, ellipticity and triangularity) are studied and compared with 

the bearing having the ideal geometry. In the simulation, the contact forces between individual balls and bearing 

races have been investigated. Then, the magnitudes of bearing force depicted in Fig. 13 are obtained based on the 

model presented in [35]. The first hit of the rotor on the bearings results in high contact forces exceeding 5000 N. 

After the first two hits, the rotor experiences lower bounces thus shorter time periods where rotor and inner ring 

are not in contact. Fig. 12-b shows a close zoom of the figure for the time span of 0.025 - 0.1 s. The figure shows 

that with the surface waviness of amplitude 1µm, the contact occurs in the time close to the bearing with the ideal 

surface and it does not cause noticeable change in the contact time of the rotor and touchdown bearing. Eventually, 

the rotor is in continuous contact with the bearing inner ring and the contact force between the rotor and the inner 

Different cases of surface waviness in bearing, waviness order (Amplitude) 

 
Ideal 1st (1 µm) 2nd (1 µm) 3rd (1 µm) 2nd (4 µm)  3rd (2 µm) 

Ideal surface of bearing  - - - - - 

Waviness in both races  -      

Waviness in contact of rotor 

inner race 

-      
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ring gradually settles around 500 N.  The difference of the bearing waviness can be seen actually at the time when 

the rotor is in continuous contact with the bearing. The waviness components affect the variation of the forces 

when the rotor is swinging smoothly on the bottom of the touchdown bearing. In the ideal case, the contact force 

between the rotor and inner ring settles at the level of 500 N soon after the first hits. In other cases where any 

order of bearing waviness is included, the contact force varies below or above the magnitude of the contact force 

in the ideal bearing. The magnitude of the variation can be as high as double the stabilized level of the contact 

force in the ideal case. The highest variation in contact forces between the rotor and the inner ring are in the case 

of triangular waviness where the contact force varies between 150 and 1000 N when the rotor is swinging on the 

bearings. Contradictorily, the contact forces in the bearing are evenly smooth in the case of triangular bearings 

and in ideal bearings (Fig.13). In cases of first and second order waviness, the contact forces in the bearing vary 

notably. A reason for such behavior is most likely geometrical. The triangularity of the bearing has a 120-degree 

phase difference between wave peaks that results in forces that are counteracting with respect to each other. In the 

case of a 180-degree phase difference in the waves, there are no such counteracting forces and the highest force 

component follows the wave peak traveling in the lower half of the bearing ring.   

 

a) 

 

b) 

Fig. 12.  Magnitude of the contact force between the rotor and inner race for the bearing with the ideal surface 

and a bearing with waviness. a) simulation time 0.3s, b) zoomed view from 0.025 to 0.1s. 
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Fig. 13.  The magnitude of the bearing force for the bearing with an ideal surface and bearing with waviness.  

 

4.2.2  Friction heat generation  

Fig. 14 (a) shows the friction torque in the touchdown bearing in the case of the ideal bearing surface. In this case 

study, the load-dependent friction torque is less than the velocity-dependent friction torque. In the first contact, 

the load-dependent friction has the highest value of about 0.14 Nm. After the second contact, it is reduced and 

gradually approaches a uniform level. The velocity-dependent term is highly affected by the angular velocity of 

the inner race and by increasing the angular velocity, the level of viscous friction torque rises. In the high-speed 

application, the velocity-dependent viscous friction term is the most determinative term in the calculation of global 

friction torque (equation 20). It is required to mention that applying the empirical equation for the velocity 

dependent fiction determined by Palmgren [42], equation (22), can raise some uncertainties in the calculation of 

the velocity dependent term in oil free touchdown bearing. Above equation is valid for the case where the bearing 

operates at moderate speed and does not carry excessive load and can be used for the oil with the specific gravity 

of 0.9. Therefore, it is necessary to investigate the influence of the velocity dependent term in the calculation of 

the power loss in the bearing. Later on, in section 4.2.3 it will be shown that the internal heat generation in the 

inner ring and outer ring is relatively low compared to the friction heat due to the contact of rotor and inner ring. 

Therefore applying the equation for the calculation velocity dependent term by Palmgren still can provide 

reasonable result for the dropdown of the rotor in oil free touchdown bearing. The velocity of the bearing inner 

ring increases constantly when the rotor is in contact resulting in a smooth friction torque curve. Fig. 14 (b) shows 

that for surface waviness with the amplitude of 1 µm, the global friction torque has a small variation irrespective 

of the waviness order, and the effect is negligible.  
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(a) (b) 

Fig. 14.  Friction torque in bearing a) ideal surface b) global friction torque for ideal surface and the bearing 

with 1–3 order waviness with the amplitude of 1µm. 

The effect of the spinning velocity on the calculation of the total heat generation in the bearing race (equation 24) 

should be taken into account. The spinning torque of the ball which undergoes the highest contact stress is shown 

in Fig. 15. The spinning torque in the rotor drop is not uniform and in the first hit, the contact force between the 

ball and bearing race is high and in the following contacts, the spinning torque is reduced.  

 

Fig. 15.  The spinning loss due to the contact of the ball with the highest contact stress and the bearing race 

(Case I - Table 4). 

4.2.3 Heat generation 

Fig. 16 shows the heat generation in the bearing during a 0.3 second time span from the rotor drop. The figure 

shows that from the start of the dropdown until 0.2 s, the heat generation increases in both races; afterward it is 

stabilized around the constant value. In the case of the bearing with the ideal surface, the maximum heat generation 

in the contact of the outer race is 60 W; that is approximately 10 W higher than the maximum heat generation in 

the inner race. This figure reveals the heat generation in the bearing races has a similar trend to the acceleration 

of the bearing race (Fig. 11). In addition, for the surface waviness with the amplitude of 1µm, regardless of the 

waviness order, the heat generation in the bearing is higher than the bearing with the ideal surface. In the case of 

first order waviness, the maximum heat generation in the bearing races is about 10 % higher than the 
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corresponding values for the bearing with the ideal surface. In the same amplitude of surface waviness, for the 

higher order of waviness  (2nd, 3rd), the difference in the heat generation of the bearing with surface waviness and 

the ideal surface are reduced to approximately 7% and 5 %, respectively. Furthermore, at the start of dropdown 

the difference between the heat generation in the bearing with surface waviness and the bearing with the ideal 

surface is low and as the rotor starts to rub against the touchdown bearing, the difference will be higher; after 0.2 

s the difference in the heat generation of the bearing with surface waviness and ideal case reaches to the maximum 

value.  

As demonstrated in [16], the global friction torque in the bearing is divided into the friction torque in the inner 

ring and outer ring. Due to the smaller radius of the inner race rather than the outer race radius, the friction torque 

in the inner race (The term Mij in equation 24) is less than the friction torque in the outer race. Therefore, the inner 

race experiences less heat generation compared to the outer ring. As mentioned earlier, the heat generation in the 

bearing races is dependent on the friction torque and the angular velocity of the bearing component. Just after the 

dropdown, the touchdown bearing experiences a high contact force and at this time the angular velocity of the 

inner ring is still low. For this reason, in the first few milliseconds of the simulation, the main part of the global 

friction torque is due to the load-dependent friction torque. When the inner ring accelerates because of the high 

angular velocity of the inner ring, the friction drag torque increases. In addition, the friction drag torque is 

expressed in terms of the angular velocity of the inner ring. For this reason, the heat generation in the bearing 

follows the same trend as the acceleration of the inner ring. Moreover, when the surface waviness exists in the 

bearing, the overall magnitude of the contact force in the bearing is higher compared to the bearing with the ideal 

surface. After the inner ring rotates at the same speed as the rotor, a clear fluctuation in the magnitude of the heat 

generated in the bearing is observed. This can be attributed to the nature of the sinusoidal function used for the 

numerical simulation of the waviness.  

   

a) b) 

Fig. 16.  Internal heat generation in the touchdown bearing a) inner ring b) outer ring. 

Figure 17 depicts the frictional heat generation that is created during the contact between the rotor and the 

touchdown bearings. The figure shows that a few milliseconds after the dropdown, the heat generation in the 

bearing with the ideal surface rises to the maximum value of 2.8·104 W. Then it is reduced and for a couple of 

milliseconds becomes zero. Then, the second peak in the heat generation is observed. Afterward, the reduction in 
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the heat generation is followed by a fluctuation until 0.2. Then, the heat generation becomes zero. The overall 

pattern shows that waviness imperfection results in greater amount of heat generation between the rotor and inner 

ring rather than the bearing with the ideal surface.   

When the magnetic field fails, a few milliseconds will pass before the rotor drops and contacts the touchdown 

bearing. At this time, the rotor does not have contact with the inner ring and therefore in the start of the dropdown, 

the heat generation between the rotor and inner ring is zero. Due to the high magnitude of the contact force between 

the rotor and inner race, and also the high magnitude of the relative angular velocity of the rotor and inner race, 

the heat generation in the first contact of the rotor and inner race were found to be considerably greater than 

internal heat generated in the bearing. When the rotor bounces for a second time, there is no physical contact 

between the rotor and touchdown bearing. Therefore, the heat generation again becomes zero.  As the inner ring 

accelerated with the same speed as the rotor (after 0.2 s), the relative velocity between the rotor and inner ring 

becomes zero. Therefore, the heat generation is equal to zero.  

The surface waviness in the bearing results in greater penetration of the rotor in the inner ring. Consequently, the 

contact force increases and the bearing has to endure higher heat generation. Even though the magnitudes of the 

peak values are very high, the time periods for the highest peaks are is just some milliseconds, resulting in a 

moderate rise in temperatures, as will be shown in the next section.  

 

Fig. 17.  Friction heat generation in the contact of rotor and touchdown bearing.  

 

4.3 Thermal analysis  

First, the thermal analysis of the bearing has been studied for the case where the bearing has an ideal surface. Fig. 

18 shows the temperature rise for different nodes of the model introduced in Fig. 6 during the 0.3 s time span after 

the dropdown. This figure shows that in the dropdown, the temperature of bearing races, ball, the contact area of 

the ball and bearing races, housing as well as the rotor, is increased. Nevertheless, the thermal expansion of 

different components of the bearing and rotor are dissimilar. For the few milliseconds after the dropdown, the 

temperature of the inner ring is the same as ambient temperature; then the sudden increase in the temperature is 

observed. Afterward, for the second time, the temperature of the inner ring remains constant and instantaneously 

rises. This behavior continues until gradually the temperature reaches the maximum value of 296.2 K at 0.2s. 
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Then, the temperature stabilizes. A similar pattern has been observed for the temperature of the shaft. However, 

the maximum temperature of the shaft is approximately six times less than the maximum temperature of the inner 

ring. In the contact point of the ball and bearing race, the temperature increases rapidly to just slightly above the 

maximum temperature of the inner ring and then remains almost constant. During the simulation time of 0.3 s, the 

temperature of the ball and outer race increases to 294.5 and 293.2 K, respectively. The bearing housing does not 

experience a significant rise in temperature and remains close to 293 degrees.    

 

It should be noted that the temperature rise in the bearing is not a linear phenomenon. The rotor drop speed, 

geometry and material property of the rotor and bearing, the air gap clearance, as well as the friction in the bearing, 

can influence the temperature of the rotor and touchdown bearing. In the beginning of the dropdown, the rotor 

moves downwards; at this time the rotor is not in contact with the touchdown bearing. For this reason, during the 

first few milliseconds, the temperature of the inner ring is the same as the ambient temperature. After the initial 

contact, there is a considerable friction heat generation between the rotor and inner ring which can explain the 

instantaneous increase in the temperature of the inner race. After the first contact of the rotor and inner ring, the 

rotor bounces back; at this time the temperature remains constant until the rotor contacts the bearing for a second 

time. This behavior lasts until the rotor continually whirls in the bearings. The temperature of the inner ring 

increases in relation to the acceleration of the bearing race. When the inner ring accelerates, the temperature of 

the inner ring increases and when it rotates with the same angular velocity as the rotor (from 0.2s to end of 

simulation), the heat generation remains constant and the temperature of the inner ring stabilizes. The high friction 

between the bearing and rotor, and also the friction inside bearing, makes the temperature in the contact region of 

the ball and bearing race and ball be high. In addition, it is clear from Fig. 6 that in the thermal model of the 

bearing, the lumped mass of the shaft is significantly greater than the lumped mass of bearing components. 

Therefore, the temperature of the rotor increased at a lower rate rather than the bearing. Inside the bearing housing, 

the heat transfers via conduction and the natural convection occurs between the outer face of the housing and 

environment. Therefore, the temperature rise is lower than in other parts and there is not a significant difference 

in the temperature rise. 

 

Fig. 18. Temperature rise in the rotor (Ts), inner ring (Ti), outer ring (To), ball (Tb), housing (Th), contact of the 

ball and bearing races (Tci,Tco). 



24 
 

The results can be partially validated based on the existing literature on the rotor dropdown. The trend in the 

temperature increase of the inner race is found to be similar to Jin et al. [17] and Zhao et al. [16]. In the start of 

dropdown, a sharp increase in the temperature of the inner ring has been observed. Then the temperature increase 

until a maximum level is reached. In their study, the maximum temperature rise of the inner ring was 

approximately 6 C, which is in line with results of this study. In the simulation it is shown that high contact force 

between rotor and inner ring occurs for a very short moment (mainly in first contact) and a similar finding was 

reported by Zhao [16].  

Fig. 19 (a) presents the temperature rise of the inner race for the different amplitude of surface waviness. In the 

circumstance where the bearing suffers from surface waviness regardless of either the amplitude of waviness or 

the waviness order, the temperature of the inner ring is higher than the temperature of the bearing with the ideal 

surface. For the surface waviness with the amplitude of 1 µm, the first order waviness results in a higher 

temperature rise rather than the higher order of waviness. In order to observe the influence of the higher amplitude 

of surface waviness in the temperature rise of the bearing, the last two cases, 2 µm (3rd) and 4µm (2nd), has been 

also studied. The highest studied amplitude for the surface waviness is 4 µm, which is within the range of the 

surface waviness of bearings with best bearing manufacturing conditions reported in [45]. The higher amplitude 

of surface waviness (2 µm, 3rd) leads to more temperature rise in the inner ring. For the bearing with the ideal 

surface, the temperature rise is 3.5 degrees, whereas for the last case (4 µm, 2nd) the temperature of the inner race 

has an 8º K increase. A similar pattern has been found for the temperature rise of the contact area of the ball and 

the inner ring (Fig. 19 (b)). The previous section showed that in the case of surface waviness with the amplitude 

of 1 µm, the waviness orders 1–3 causes a minor change in friction heat generation. Consequently, the temperature 

of the inner ring experiences a small increase (approximately 1º K) when compared to the bearing with the ideal 

surface. With the higher amplitude of the waviness, there are noticeable increases in the contact force and power 

loss in the bearing. For this reason, the temperature of the inner ring rises noticeably higher than the bearing with 

the ideal surface. In addition, when both races have waviness, the contact force and the power loss is higher than 

the case where only one race has waviness.  

  

a) b) 

Fig. 19. Temperature rise of the inner ring and the contact area of ball/inner ring for both ideal surface and the 

various order and magnitude of surface waviness; a) inner ring b) contact point of ball inner ring.   
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5 CONCLUSION 

In this study, the dynamic and thermal model of touchdown bearings in a rotor drop were presented. In the 

simulation, the FE-model of the flexible rotor was integrated with the dynamic model of the touchdown bearing. 

The contact forces between the rotor and safety bearing, as well as internal contact force in the touchdown bearing, 

were calculated by Hertzian contact theory. The friction heat generated due to impact, whirling of the rotor on the 

touchdown bearing, and the internal friction torque in the bearing were obtained. The one-dimensional equivalent 

electrical circuit model is applied to the thermal model of the touchdown bearing. The orbital motion of the rotor 

showed that the higher dynamic friction coefficient between the rotor and touchdown bearing increases the arc of 

the contact region which the rotor settles in the bearing. The results showed that the temperature rise in the bearing 

is influenced by the variation of the angular velocity of the rotor and inner ring, viscosity of lubrication and the 

friction between the rotor and touchdown bearing, as well as the friction inside the bearing. Moreover, differences 

in surface waviness in the bearing have been studied. It has been found that for a small amplitude of surface 

waviness, the various orders of surface waviness result in small changes in the contact force and heat generation 

in the bearing. The results indicated that the amplitude of the waviness has a greater effect on increasing the power 

loss and contact forces between balls, and also the contact of the rotor and inner race. Meanwhile, for the constant 

amplitude of the waviness, the higher waviness order does not lead to a considerable change in the results.  
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