
 

 

 

 

 

 

 

ANALYSIS OF ELECTROMAGNETIC VIBRATION IN SHAFT GENERATOR 

APPLICATION 

 

 

 

 

 

 

 

 

Lappeenranta–Lahti University of Technology LUT 

Master’s Programme in Mechanical Engineering, Master’s thesis   

2023  

Seyedmajid Mirzahosseini 

Examiners:  Professor Jussi Sopanen 

Associate professor, Janne Heikkinen  



ABSTRACT 

Lappeenranta–Lahti University of Technology LUT 

LUT School of Energy Systems 

Mechanical engineering 

 

Seyedmajid Mirzahosseini 

 

ANALYSIS OF ELECTROMAGNETIC VIBRATION IN SHAFT GENERATOR 

APPLICATION 

 

Master’s thesis 

2023 

130 pages, 61 figures, 21 tables and 3 appendices 

Examiners: Professor Jussi Sopanen and associate professor Janne Heikkinen 

Keywords: Electromagnetic vibration, 1xLF, excitation harmonic, dynamic air-gap, shaft 

stiffness, harmonic response 

 

This master's thesis focuses on the analysis of electromagnetic vibration in a permanent 

magnet shaft generator when subjected to harmonics of the fundamental frequency 

excitation. Specifically, the study aims to understand the rotor lateral vibrations resulting 

from static and dynamic eccentricity. To achieve this, a comprehensive investigation is 

conducted using finite element modal and harmonic analysis on a full model employing solid 

elements. Mathematical models of harmonic forced vibration are also developed and 

validated using the finite element model. The research incorporates the analysis of 

experimental data, with a particular emphasis on key observation parameters. Through the 

application of both analytical techniques and the finite element method, the amplitude 

progression of the excitation force as a function of dynamic air-gap is estimated, and the 

amplitude of the one-time line frequency excitation at the resonance state is calculated. The 

influence of shaft deflection on dynamic air-gap variation is examined as well. Moreover, 

the study delves into the examination of the equivalent stiffness of the rotor line and its 

correlation with air-gap stiffness. By determining the minimum required stiffness, valuable 

insights into the system's behavior is obtained in which can be contributed to intermediate 

shaft design criteria.  
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SYMBOLS AND ABBREVIATIONS 

  

Roman characters 

a distance of point force from hinged joint   [m] 

b distance of point force from simply supported joint   [m] 

C damping matrix     [Ns/m] 

c damping coefficient     [Ns/m] 

E elastic modulus     [N/m] 

f damped natural frequency     [Hz] 

F excitation force matrix     [N] 

F excitation force     [N] 

F0 excitation force per mass unit    [N/kg] 

I second moment of inertia     [m4] 

K stiffness matrix     [N/m] 

k spring factor      [N/m] 

L beam length      [m] 

M mass matrix      [kg] 

m mass      [kg] 

P point force      [N] 

R reaction force     [N] 

t time      [s] 

V eigenvector (mode shape) matrix    [mm] 

V deflection      [m] 

x displacement vector     [m] 



 

x displacement     [m] 

x velocity vector     [m/s] 

x velocity      [m/s] 

x acceleration vector     [m/s2] 

x acceleration      [m/s2] 

 

Greek characters 

Φ steady state phase angle [rad] 

θ transient phase angle [rad] 

ωn angular natural frequency [rad/s] 

ω damped angular natural frequency [rad/s] 

ωd damped natural frequency  [Hz] 

λ eigenvalues [(rad/s)2] 

 

constants 

e Euler’s number 2.7182 

 

Dimensionless quantities 

A Integral constant 

a coefficient vector in direct method solution  

B integral constant 

b coefficient vector in direct method solution  

K mass normalized stiffness matrix 



L lower triangular matrix 

s modal coordinate  

q modal coordinate  

ζ damping ratio  

ɻ  proportional damping constant  

ɼ proportional damping constant 

S stiffening effect  

γ modal mass coefficient of free-free shaft 

 

Subscripts 

0 per mass unit 

cf center flange 

cos cosine 

d damped 

dist distributed mass 

eff executive 

eq equivalent 

eq-sh equivalent with respect to shaft  

free free-free mode 

i order 

m modal 

p particular solution 

point point mass 

r rotor 



sh shaft 

sin sinus 

supp supported  mode 

tot total 

 

Superscripts 

integers power  

i order 

T transpose 

Ȣ First differentiation 

ȢȢ Second differentiation  

 

Abbreviations 

1F one time fundamental frequency harmonic 

1xLF one time line frequency 

2x twice rotational speed harmonics 

2xLF two times line frequency  

3D three dimensional 

4xLF four times line frequency  

6xLF six times line frequency 

12xLF 12 times line frequency  

16x 16 times rotational speed harmonics 

36F 36 times fundamental frequency harmonic  

84F 84 times fundamental frequency harmonic 



AC alternating current 

DE drive end 

DOF degree of freedom 

EMF electromotive force 

FE finite element 

FEM finite element method 

NDE non drive end 

N-L no-load 

PMaSynRel permanent magnet assisted synchronous reluctance motors  

PMG permanent magnet generator 

PMSG permanent magnet shaft generator 

PMSM permanent magnet synchronous motor 

PTH power take home 

PTI power take in 

PTO power take out 

SG shaft generator 

UMP unbalanced magnetic pull 
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1  Introduction 

In general, electric motors are reliable and produce a moderate level of vibrations unless the 

electromagnetic, mechanical, or aerodynamic matters are not considered in their operation 

process. Excessive vibration in electrical machines has the potential to negatively impact the 

windings of the machine, subject the rotor bearings to significant strain, reduce the critical 

speed, and deteriorate overall implementation. These problems can result in unreliable 

machines, more process failures, and even final failure. Acoustic noises can also be harmful 

to people's health and the environment.  

Rotating electric machines, such as motors and generators, experience electromagnetic 

forces that act radially on the rotor and stator surfaces in opposite directions. These radial 

forces are typically larger than the tangential forces that produce torque. But, if the air-gap 

spreading between the rotor and stator is consistent, the radial forces can balance one 

another, leading to more stable machine with reduced vibration, which is crucial for its 

performance and durability. (Xiang & Liu F & Liu H & Han & Zhang 2016, p. 1-2.) 

Nonetheless, eccentricity, caused by factors like mass imbalance forces, manufacturing 

defects, and bearing wear, and misalignment inevitably results in non-uniform air-gap 

distribution and leads to uneven forces, which pushes the rotor in the direction of the smallest 

air space towards the stator and causing electromagnetic vibration. Accordingly, in this 

study, an assessment of rotor’s lateral vibration in shaft generator application shown in 

Figure 1, is carried out. 
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Figure 1. Bearingless permanent magnet shaft generator (The Switch internal documents). 

 

According to the vibration test setups for examination of vibration possibilities, permanent 

magnet shaft generators (PMSG) are investigated. These test setups are related to factory 

test system and are planned for research and developments. During the mentioned tests, 

elevated vibration level had been observed while there is no evidence of vibration issues in 

machine operation in other circumstances. Test results revealed that elevated vibration 

happened, particularly during no-load testing when supply frequency coincides with test 

shaft first horizontal natural frequency. As a result, the electromagnetic source of the 

vibration is stated as being at one time-line frequency (1xLF) excitation force. 1xLF 

vibration may occur, though it is not as common as twice line frequency vibration.  

The presence of an unbalanced magnetic pull (UMP) can lead to vibrations occurring at the 

same frequency as the power line frequency, along with the usual vibrations at twice the line 

frequency. Transferring the rotor or stator from one side of the motor to the other can cause 

a change in the location of the narrowest air gap. When the frequency of this movement 

coincides with the frequency of the fluctuating magnetic field, the imbalanced magnetic 

force shifts back and forth along with the narrowest gap, resulting in vibrations at the line 

frequency. Normally, these vibrations at the line frequency are very small or nonexistent. 
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However, if the stator or rotor system has a resonance at or close to the line frequency, the 

vibrations can become critical. (Finley & Hodowanec & Holter 2000, p. 3.) Also, test 

measurements, revealed the problem is significantly influenced by the system's total lateral 

stiffness since, machines with greater stiffness (by reducing bearing span) exhibited lower 

levels of vibration than systems with smaller rigidity and longer bearing span. Previous 

studies have obtained the electromagnetic force and uneven magnetic flux density by using 

methods like finite element method (FEM) electromagnetic analysis or analytical 

calculations. These studies have focused on understanding the excitation force. Additionally, 

a few publications have also been published regarding 1xLF excitation as a source of 

electromagnetic vibration. In contrast, the present study aims to estimate the amplitude of 

the excitation force, which is currently unknown. Furthermore, the main research problem 

is how much rotor shaft rigidity is needed to avoid elevated vibration level when the 1xLF 

coincides with first horizontal shaft natural frequency.  

Also, the study is planned to respond to the research questions which are defined as: 

1. What happens to the vibration response at resonance state, when the ratio between 

the stiffness of the air gap and stiffness of the system is altered? 

2. What is/are the cause(s) of elevated vibration levels in performed tests? 

3. How large is the 1xLF excitation and how it behaves as a function of dynamic airgap 

variation or vibration velocity change? 

The case study of the present investigation made by Yaskawa Environmental Energy/The 

Switch. These shaft generators have 24-60 pols and depending on application requirements 

serves power from 1–12 MW with nominal torque in the range of 73–2130 kNm. 

The major machine’s components, which comprise a frame, stator, rotor, rotor shaft, cooling 

unit, terminal boxes, and end shields, are illustrated in Figure 2.   
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Figure 2. Major components of permanent magnet shaft generator in question (The Switch 

internal document). 

 

It should be noted that torsional vibration investigation is excluded from the research and 

the main focus is on lateral vibrations caused by one-time line frequency excitation. Based 

on the flexible mounting, it is estimated that the vibration of the cooling unit can be 

disregarded, as it is considered negligible and unlikely to transmit to the other machine 

components. Also, in mathematical models, torsional and axial degrees of freedom (DOF) 

are restricted, and only horizontal and vertical (DOF)s are considered.  

ANSYS 2022 R1 and MATLAB R2022a are employed to finite element (FE) assessment of 

excitation force magnitude evaluation using 3D solid elements and mathematical vibration 

modelling respectively.  

In the following, list summarizes the thesis' main procedures: 
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- Reviewing the literature about the electromagnetic excitation in shaft generators. 

- Introduction of advantageous mechanism and usage justification of (PMSG)s. 

- Examining test results to verify by mathematical model and identify key findings. 

- Constructing analytical vibration model 

- Constructing FE vibration model of the machine, including the stator, to evaluate 

excitation force magnitude and mechanism. 

- Results of the mathematical and FE models correspond to the study objectives. 

- Discussion  

- Conclusion 
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2  Permanent magnet shaft generators and excitation sources 

In this part, linked subjects are reviewed via the research literature to provide support for the 

study and to identify any gaps that exist between them. The mechanism, benefits, and use 

justifications of permanent magnet generators are discussed in this part, along with common 

vibration sources that may be used to understand the rationale behind vibration behavior. 

Additionally, applied vibration theory of the case study in question is explained. 

2.1  Literature review of electromagnetic excitation in permanent magnet electric 

machines 

The noise and vibration harshness on permanent magnet assisted synchronous reluctance 

motors (PMaSynRel) are examined by (Li & Mahmoud & Degano & Gerada 2019, p. 4-6). 

The excitation force is calculated analytically and using FE electromagnetic analysis. They 

came to the conclusion that the fundamental frequency and its harmonic orders may cause 

vibration fluctuation, with 1F, 36F, and 84F being the most significant frequencies. 

Moreover, FE electromagnetic analysis for unbalanced magnetic pull (UMP) calculation and 

entire motor FE model superposition analysis are utilized to predict the interior 

electromagnetic noise of PMSM used in electric cars (Qian & Wang & Gao & Sun & Liang 

2018, p. 11-13). They determined that the connection case and upper surface of the motor 

are the main sources, and the noise generated by electromagnetic force has a high frequency 

while the noise generated by motor suspension and rotor imbalance force is in the medium 

or low frequency range.  

To predict UMP in rotor eccentricity of permanent magnet machines an improved 

superposition approach is suggested by (Li & Lu & Zhu 2017, p. 5-10). They calculate the 

UMP of symmetric and asymmetric rotating windings in terms of the number of sections in 

the radial direction analytically. They proved the method's usefulness for UMP axis-varying 

eccentricity in machines with a high number of slots and poles. Additionally, their research 

showed that symmetric machines only experience unbalanced magnetic force if the rotor is 

eccentric, but asymmetric machines are more sensitive to the armature field even when it is 

precisely made-without eccentricity. 
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To conduct a comprehensive analysis of the dynamic electromagnetic field in Permanent 

Magnet Synchronous Motors (PMSM)s with rotor eccentricity an improved FE model is 

applied by considering both radial and tangential air-gap flux densities and eccentric forces 

(Li & Palazzolo 2018, p. 6). Their findings revealed motor eccentricity produces two types 

of transverse forces-constant negative stiffness and time-varying harmonics which the 

harmonics could lead to resonance if they match with natural frequencies. Furthermore, they 

ascertained that the forces acting in the radial and tangential directions manifest harmonic 

patterns at the frequency of the rotating rotor, as well as at various multiples of the supply 

frequency. In addition, they found, force magnitude and vibration increase linearly with 

respect to eccentricity.  

The dynamic nonlinearity behavior of the rotor system of PMSM, according to Jeffcott rotor 

model in hybrid electric and electric vehicles influenced by UMP was studied by (Xiang et 

al. 2016, p. 17). They confirmed that the rotor system experiences negative stiffness effects 

under UMP, leading to reduced system stiffness and natural frequency in line with (Li et al. 

2018) explores. Furthermore, they explored the presence of positive stiffness generates 

several points of balance, whereas negative stiffness results in a single unstable balance point 

that is separated. The variations in radial displacement components, which produce 

amplitude modulation effects, arise from phase alterations in both forward and backward 

whirling movements due to the non-linear properties of UMP. The frequency characteristics 

exhibit a softening pattern, and the response amplitude remains restrained within two distinct 

equilibrium points. System stiffness is sensitive to response amplitude variation near 

equilibrium points, leading to degraded resistance to bending of the rotor shaft and loss of 

stability under external disturbances.  

In addition to the UMP result of mixed-static and dynamic eccentricity, the UMP variation 

in the axial direction is also modeled analytically for rotor dynamic analysis of centrifugal 

pumps rotating by integrated PMSM (Kim & Posa & Nerg & Heikkinen & Sopanen 2019, 

p. 13). Aligned with (Xiang et al. 2016) and (Li et al. 2018) negative stiffness of the UMP 

is proved in both models, while the axially variant UMP excited the additional vibration 

component.  

In most of the scholars mentioned above, electromagnetic force and UMP flux density is 

obtained either through FEM electromagnetic analysis or analytical calculations means that 
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excitation force was known. By contrast, in present study, the magnitude of excitation force 

is unclear for some harmonics. To explain more, regarding line frequency harmonics, in case 

study, 1, 2, 4, 6, and 12 are harmonics in which among them 2xLF is caused by eccentricity. 

6xLF is result of winding topology and is known because the case study is 3-phase machine 

and there are 2 poles in one electrical period meaning 2*3 = 6xLF. Also, 12xLF is caused 

due to stator slotting since there are 12 slots per one electrical period it is present. In other 

words, 2xLF, 6xLF, and 12xLF are known and could be calculated whether analytically or 

by FE electromagnetic analysis. Moreover, 1 and 4, line frequency harmonics currently are 

not well understood and during the tests 1xLF is clearly present in some situations, when it 

coincides with first horizontal test shaft natural frequency. The lack of occurrence in 

electromagnetic FE analysis is probably caused by the long stabilization time of the 

simulation; in fact, it is not visible. Reason for 1xLF excitations is not completely clear but 

it is somehow referring to winding configuration. There are parallel routes in windings, and 

it might have some contribution to 1xLF. Also, there are internal circulating currents inside 

the machine that will probably contribute to 1xLF the excitation force. So, estimation of its 

amplitude is one of the study objectives. 

2.2  Permanent magnet shaft generator  

Recent developments in electric machines include the advancement of permanent magnet 

motors. They have been studied since the early 1900s but gained popularity in the 1980s due 

to cost-effective production and high energy output. (Posa 2016, p. 12.) 

In general, alternating current (AC) motors are classified into induction and synchronous 

motors. The first type of synchronous is a permanent magnet AC motor, where the rotor's 

magnetic field is created directly by permanent magnets, while the second type uses excited 

poles for magnetic field generation. Another category of AC motors is known as induction 

motors, where the magnetic field in the rotor is produced through the induction effect on the 

rotor bars or windings. These motors function by connecting an AC power supply to the 

stator winding, generating a rotating magnetic field in which induces current in the rotor 

windings through electromagnetic induction. Consequently, the rotor generates its own 

magnetic field, causing it to rotate synchronously with the stator's rotating magnetic field. 

On the other hand, permanent magnet AC motors employ permanent magnets to generate 
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the required magnetic field, eliminating the need for separate excitation windings. A form 

of permanent magnet AC motor known as a permanently excited synchronous motor runs 

on a voltage with a sinusoidal shape and a sinusoidal return electromotive force (EMF). This 

type of motor is called a permanent magnet AC motor. The back EMF refers to the induced 

voltage in the motor conductors when exposed to a rotating magnetic field. The magnitude 

of the back EMF and the motor's rotational velocity exhibit a direct proportional relationship. 

(Tong 2014, p. 40-42.) 

Electricity generators are devices designed to transform mechanical energy into electrical 

energy by utilizing the principles of electromagnetic induction. They consist of coils 

enclosed by a magnetic field, generated by either permanent magnets or electromagnets (Lai 

& Chan 2007, p. 21). Permanent magnet generators (PMGs) are synchronous machines that 

use permanent magnets instead of rotor windings. They are preferred due to their immunity 

to demagnetization during faults and their ability to operate over a wider speed range, 

providing more power in a given frame size. Permanent synchronous generators can operate 

at or near unity power factor, which is a considerable quality. They offer numerous 

advantages such as brushless construction, lightweight and compact design, high reliability, 

low maintenance requirements, and excellent efficiency. (Lai et al. 2007, p. 23.) 

In the marine industry, there is a specific type of generator called a shaft generator (SG), 

which is powered by the ship's primary engine. It serves multiple functions, including acting 

as an alternator to supply power to the ship (power take out, or PTO), functioning as an 

electric motor to enhance power (power take in, or PTI), and serving as a backup propulsion 

system in case of a main engine failure (power take home, or PTH). (Cummins 2021, p 2.) 

2.2.1  Excitation sources for vibration in shaft generators 

Vibration in rotary electrical machines involves electromagnetic and mechanical vibration, 

as well as self-excited vibration.  Additionally, out of center rotation of rotor with respect to 

stator center, damaged rotor bars, irregular air-gap, magnetic harmonics, and phase disparity 

are several identified roots of electromagnetic vibration and the resultant noise. This type of 

vibration gives rise to low-frequency noise within the motor. Conversely, mechanical 

vibration and noise arise from unbalanced mechanical forces experienced by machine parts 

as they oscillate around their equilibrium positions. There are a number of typical factors 
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that may lead to mechanical vibration, including asymmetrical mass in rotating parts shaft 

misalignment, bearing wear, and frame deformation. (Tong 2014, p 482.) 

Mass unbalance is a prevalent factor that induces vibration in rotating machinery. This 

occurs when there is an uneven distribution of mass, resulting in the generation of centrifugal 

force and dynamic eccentricity. The combined effects of electromagnetic deviations and 

centrifugal force lead in the overall imbalanced force. As a result of the rotor being pulled 

away from the stator bore's center by this imbalanced force, the air-gap changes, increasing 

the rotor eccentricity. The rotor's rotational speed directly correlates with the magnitude of 

this imbalanced force.  

The operating speed and coupling rigidity have an impact on the frequent problem of shaft 

misalignment in rotating equipment. Flexible couplings are known to reduce vibration levels. 

However, the impact of misalignment on motor vibration is more complex compared to rotor 

unbalance. various directions may experience various vibrations as a result of the driven 

machine shaft's misalignment with the motor shaft. Second harmonics (2x) of the shaft 

velocity of operation are often indicators of misalignment (Hariharan & Srinivasan 2011, p. 

8). 

Vibration in motors can often be traced back to the bearings. The leading factors contributing 

to bearing failures encompass various elements such as excessive loads, uneven damage, 

corrosive agents, manufacturing imperfection, fatigue, excessive heat, electrical current 

passing through the bearings, employing of high-friction sintered materials for bearing 

manufacturing, and incorrect configuration along insufficient lubrication practices. (Tong 

2014, p. 492-510.) 

Electromagnetic sources of vibration result from asymmetric air-gap in shaft generator are 

expressed as follow: 

Asymmetric air-gap results in an uneven magnetic pull 

A magnetic field is created in the air-gap while an electric machine's stator windings transmit 

electric current. Thereby, the stator and rotor are pulled to one another by this magnetic field. 

In a symmetrical air-gap, there is no resultant force. However, when there is an asymmetry 

in the air-gap, unbalanced electromagnetic forces occur, known as unbalanced magnetic pull 
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(UMP). UMP can increase the eccentricity of the rotor, and in severe cases, cause the rotor 

to touch the stator, resulting in damage. Eccentricity as shown in Figure 3, is characterized 

by the rotor moving in a circular orbit around the stator axis, known as whirling motion. 

 

 

Figure 3. Typical configuration of cylindrical circular rotor whirling (Tong 2014, p. 501). 

  

Air-gap eccentricity in electric machines can be apparent in two forms. The first static 

eccentricity in which presents when the air-gap variation remains constant in space, meaning 

no rotational movement of the rotor. In contrast, dynamic eccentricity involves the rotation 

of the maximum and minimum air-gap positions along with the rotor, causing the rotor to 

exhibit a whirling motion. (Tong 2014, p. 500.) 

The presence of an asymmetric air-gap can be attributed to several factors. One common 

cause is the nonconcentric alignment between the rotor and stator. This misalignment can 

occur due to manufacturing tolerances, wear on bearings, improper maintenance, or other 

factors.  
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Another factor contributing to an uneven air-gap is an elliptic stator, where the 

electromagnetic forces generated by the fundamental flux attempt to deform the stator into 

an elliptical shape. Similarly, an elliptic rotor configuration can lead to an uneven air-gap. 

In this case, the air-gap profile remains steady only in the rotating frame of reference that 

has the same rotational speed and direction as the rotor. Consequently, this creates a dynamic 

air-gap eccentricity.  

Rotor misalignment is another cause of an unequal air-gap. During operation, even with 

small angles of misalignment between the rotor axis and the stator axis, the air-gap varies 

along the angular position.  

Shaft deflection is yet another factor that can induce an asymmetric air-gap. Static shaft 

deflection refers to measurable deflection when the machine is not in operation, while 

dynamic shaft deflection occurs during motor operation due to centrifugal forces acting on 

the rotor.  

The presence of stator slots shown in Figure 4 can also contribute to nonuniform air-gaps. 

When electric current flows through the coils of the stator, a rotating magnetic field is 

generated, inducing magnetic fluxes that pass throughout the air-gap region. However, the 

existence of stator slots breaks the consistency of the air-gap, causing it to shift on a regular 

basis when the stator and rotor's relative positions change. (Tong 20014, p. 502-509.) 
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Figure 4. The influence of stator slots on the distribution of magnetic flux and the length of 

the air gap (Tong 2014, p. 509). 

 

These various factors that result in an asymmetric air-gap can significantly affect the 

performance and reliability of electric machines. They can lead to increased vibration levels, 

reduced efficiency, and in severe cases, physical contact between the rotor and stator, 

causing damage to the machines. (Tong 2014, p. 500-509.) 

Self-excited vibration 

Self-excited vibration is a distinctive form of sustained periodic motion observed in both 

natural and engineered systems. Unlike other types of vibration, self-excited vibration arises 

internally without any external alternating forces acting upon the system. It is a result of 

complex interactions among the system's internal elements, giving rise to its self-generating 

nature. (Ding 2012, p. i.) To put it differently, the distinguishing feature of a self-excited 

vibration system lies in its ability to generate vibrations through a direct interaction between 

the initiating force and a motion parameter, for instance acceleration, velocity or 

displacement. If the system receives energy through self-excitation, the motion amplifies, 

and the system becomes unstable. However, once the motion subsides, the driving force 

diminishes as well. In contrast, forced vibration entails a persistent external force regardless 

of whether the motion persists or ceases. (Tong 2014, p. 511.) Self-excited vibration can 

occur in different types of systems, such as mechanical systems and generalized dynamic 
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systems. In the case of generalized dynamic systems, the motion is influenced not only by 

mechanical laws but also by principles specific to such systems. These systems often have 

internal feedback loops, making them closed-loop systems. In simpler terms, they have both 

forward channels and feedback channels. Negative feedback in these systems increases 

stability, while positive feedback has the opposite effect, causing instability. (Ding 2012, p. 

15.) 

One example of self -excited vibration is diode oscillatory circuit which its dimensionless 

equation of motion is defined as: 

 

          x - ε 1 - β
2

 x + x = 0 
(1) 

 

Where, x is dimensionless coordinate of voltage variation, and variables could be found in 

(Ding 2012, p. 9-11). 

The time history of ὼ as velocity of oscillation in (1) which is named van der Pol equation 

with nonlinear damping coefficient is shown in Figure 5. When the ε = 0.1 and β = 1/3 it is 

almost harmonic oscillation and when the ε is sufficiently big it turns into a bumpy vibration. 
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Figure 5. Solution of van der Pol equation with respect to small and large amount of variable 

ε (Ding 2012, p. 11). 

 

It should be mentioned that self-excited vibration is discussed in more detail in (Ding 2012). 

2.3  Vibration theory 

The shaft generator under consideration is a bearingless type, which means that there are no 

internal bearings within the machine. Instead, external bearings are required to support the 

shaft line. This type of generator is typically installed between the vessel engine and 

propeller as illustrated in Figure 6 and relies on an intermediate shaft for operation.  
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Figure 6. Physical layout of an in-line shaft generator system (The Switch internal 

documents). 

 

The center flange of the shaft line is connected to the rotor using bolts and should be 

supported by a bearing housing on the propeller side while being coupled to the engine side. 

Since the engine, propeller, and electrical grid locations and distances can vary in different 

workplace configurations, the design of the intermediate shaft is tailored to meet the specific 

requirements of each application as determined by the clients. 

An intermediate shaft and bolted center flange inside the machine are illustrated in Figure 7.  
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Figure 7. Sectional view of intermediate shaft inside the machine. (The Switch internal 

documents). 

 

The flexibility of the intermediate shaft can result in varying levels of vibration. To ensure 

the safe operation of the machine, it is essential to investigate and mitigate any excessive 

vibrations that may occur during operation. This requires considering both the magnitude of 

the excitation force and the stiffness of the shaft line during the design phase. Therefore, a 

combination of free vibration principles and harmonic forced vibration analysis is used to 

model the vibration behavior of the shaft generator. 

2.3.1  Fundamental vibrational principles 

The field of vibration explores the recurring movement of objects in relation to a fixed point 

or typical position, typically a state of balance. Vibration can be observed in various aspects 

of our surroundings and frequently has a significant impact on engineering designs. The 
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performance of engineering devices is frequently constrained by their vibrational 

characteristics. (Inman, 2008, p. 4.) 

In this study simplifies the vibration model into three distinct mathematical models with a 

single, two, and four DOFs mass-spring systems. By focusing exclusively on lateral 

vibrations and excluding axial and torsional DOFs, the researchers can delve into the specific 

dynamics of this mode of vibration. This approach enhances our understanding of system 

behavior while managing computational complexity, facilitating the development of 

practical solutions for vibration-related challenges in shaft generator systems. 

2.3.2  Free vibration response  

The term "free response" is used to describe the process of assessing a system's vibration 

that occurs as a consequence of a nonzero setting up either displacement or velocity of the 

system, while there is no external load exerted to the system. For linear simple single degree 

of freedom of undamped spring-mass system, with help of Newton’s second law and 

Hooke’s law, the governing equation of oscillation could be obtained as follow:  

 

          mx(t) + cx(t) + kx(t) = 0 (2) 

 

Where, m, c, and k represent mass [kg], damping coefficient [Ns/m] and stiffness [N/m] 

properties of the system respectively, ὼ is acceleration [m/s2], ὼ is velocity [m/s], and x is 

displacement [m].  

Angular natural frequency is obtained as: 

 

          ωn= 
k

m
 

(3) 

 

Where, ωn is angular natural frequency of the system unit is in [rad/s], and oscillation 

frequency can be expressed as: 
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          f = 
1

2π
 
k

m
 

(4) 

 

Where, f unite is in [Hz]. Additionally, a dimensionless quantity called damping ratio is 

obtained from the system’s damping coefficient, mass, and stiffness as follows: 

 

          ζ = 
c

2Ѝmk
 (5) 

 

By substituting (5) in equation of motion (2), it can be written as: 

 

          xt = 2 ζωnxt + ωn
2xt = 0 

 (6) 

 

The solution of the rearranged equation of motion (6) is in form of: 

 

         x(t) = est (7) 

 

Substitution of solution in rearranged form yields to:  

 

          s2 + 2 ζ ωns + ωn
2 = 0 

(8) 

 

General solution of free vibration of damped system is obtained as: 

 

          x(t) = Aes1t + Bes2t = Ae
ωnt-ζ+ ζ

2
-1
 + Be

ωnt-ζ-ζ
2
-1

 
(9) 

 

Where, A and B are integration constants and could be determined by initial conditions. 

In an underdamped oscillation, the damping ratio is greater than 0 and less than 1, which 

indicates that: 

 

          0 < ζ < 1 (10) 
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Moreover, the damped natural frequency of the system is obtained as: 

 

          ω = ωn ζ
2
-1 

 (11) 

 

Where, ω is damped natural frequency [rad/s]. 

Considering damped natural frequency instead of natural frequency, general solution of (9) 

can be expressed as: 

 

          x = Ae-ζωntcos ωt + Be-ζωntsin (ωt) (12) 

 

All the above equations are created according to the Mechanical Design of Electric Motors 

by Tong (Tong 2014, p. 483- 487). 

 

In multi degrees of freedom free vibration problems, there are multi natural frequencies 

instead of one in single DOF model. Also, in M DOF problems there is a relative motion 

among the DOFs which could be determined by mode shapes. However, mode shapes and 

natural frequencies of M DOFs systems could be solved with theory of eigenvalues and 

eigenvectors in matrix principles. (Inman 2008, p. 305.) Accordingly, the equation of motion 

of M DOF free vibration of damped system could be formed in matrix presentations as 

follows: 

 

          Mx t + Cx t + Kx t = 0 (13) 

 

Where, M, C, and K represent mass [kg], damping [Ns/m] and stiffness [N/m] properties of 

the system respectively. x is acceleration vector [m/s2], x is velocity vector [m/s], and x is 

displacement vector [m]. 

Given the unique characteristics of symmetry, it is most effective to formulate the vibration 

problem as a symmetric eigenvalue problem. However mass matrix is symmetric and 

positive definite, it can be transformed into: (Inman 2008, p. 318.) 

 

          M = L LT
 

(14) 
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Where, L is lower triangular matrix-zero in all places above the diagonal. 

To divide the equation of motion in which is equivalent to the coordinate transformation, 

square root matrix should form as: 

 

          M1/2M1/2 = M (15) 

 

Given diagonal mass matrix and (14) and (15) are into each other, square root matrix yields: 

 

          L = M1/2 = 

m1 Ễ 0

ể Ệ ể

0 Ễ mi

  (16) 

 

In addition, using the invers of square root matrix, which is expressed as follow, it is possible 

to shift coordinate systems such that the vibration problem could be expressed in a single 

symmetric matrix (Inman, 2008, p. 319). 

 

          L-1 = M-1/2 = 

ụ
Ụ
Ụ
Ụ
ợ

1

Ѝm1

Ễ 0

ể Ệ ể

0 Ễ
1

ЍmiỨ
ủ
ủ
ủ
Ủ

 (17) 

 

Also, to shift the coordinates, vector x should be formed as: 

 

          x t = M1/2q(t) (18) 

 

In addition, mass normalized stiffness matrix which is equivalent to k/m in single DOF 

model is expressed as: (Inman 2008, p. 319).  

 

          K = M-1/2KM-1/2 
(19) 

 

Damping coefficients of the multi DOF system could be expressed in linear combination of 

stiffness and mass matrix: 
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           C = αM + βK (20) 

 

Where, α and β are modal damping constants.  

Constants ɻ and ɼ could be solved and total damping matrix form according to damping 

ratios (Inman 2008, p. 362). 

 

          2 ζ
i
ωi = α + βωi

2 (21) 

 

Where, ζ
i
 is damping ratio of Ὥmass. By substitution (20) and then, (18) into the equation 

of motion (13) and then by multiplying invers of square root matrix (17), the equation of 

motion could be expressed as: 

 

          q t + αI + βK  q t + Kq(t) (22) 

 

By performing symmetric algebraic eigenvalue principles eigenvalues λ and eigenvectors v 

corresponds to square root of angular natural frequencies and mode shapes are calculated as: 

 

          KÖ = λv 
 (23) 

 

Meaning that natural frequencies could be obtained as: 

 

          ωn
i = λi 

(24) 
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2.3.3  Harmonic forced vibration   

Harmonic excitation refers to the application of a single-frequency sinusoidal force to a 

system. It is a prevalent form of external force encountered in machines and structures. In 

the case of rotating machines, neighbouring components experience a sinusoidally 

fluctuating force. When a periodic external force is introduced to a system at a specific 

frequency that coincides with the system's natural frequency, resonance occurs. This 

phenomenon can result in substantial deflections within the system, potentially leading to its 

failure. (Inman 2008, p. 118.) 

The following form is a possible way to represent harmonic force using the sin or cosine 

functions. 

 

          Ft = F0 cos (ωt) (25) 

 

Where, F0 is excitation force amplitude [N], ω is excitation frequency [rad/s] and t is time 

[s]. Equation of motion for harmonic response could be produced by taking into account the 

presence of some type of damping in the system as follows (Inman 2008, p. 363): 

 

          mxt + cxt + kxt = F(t) (26) 

 

For single DOF model by dividing (26) by system mass, The equation of motion yields to: 

(Inman 2008, p. 130). 

 

          x2 + 2 ζωnx + ωn
2x = f

0
cos ωt    (27) 

 

Where, f0 is F/m [N/kg]. It is well-established in the field of differential equations that the 

forced response of a damped system can be described as a harmonic function with the same 

frequency as the influential force, but with distinct variations in amplitude and phase. By 
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substitution of the particular solution in (27) with specific form as follow (Inman 2008, p. 

131): 

 

          xp t = X cos (ωt - θ) (28) 

 

Final response for underdamped system could be obtained as a combination of particular and 

homogenous solution. It should be noted that, the homogeneous solution or first term tends 

to zero for large values of t, whereas the total solution tends to the specific solution (Inman 

2008, p. 133.) 

 

          x(t) = Ae-ζωntsin (ωdt + Φ) + X cos (ωt - θ) (29) 

 

Where, X is steady state amplitude and expressed as: 

 

          X = 
f
0

(ωn
2 - ω2)

2
+(2 ζωnω)

2

A (30) 

 

Where, A is integration constant and could be calculated with help of initial conditions: 

 

          A = 
x0 -Xcosθ

sinΦ
 (31) 

 

Where, θ is steady state angle and will be taken as following: 

 

          θ = tan-1 (
2 ζωnω

ωn
2- ω2

)   (32) 
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Additionally, Equation of motion of harmonic forced vibration in M DOFs is expressed as:  

    

          Mx(t) +Cx(t)+Kx(t) = F(t) (33) 

 

Where, M, C, and K represent mass [kg], damping coefficient [Ns/m] and stiffness [N/m] 

matrices of the system respectively, x is acceleration vector [m/s2], x is velocity vector [m/s], 

and x is displacement vector [m]. Additionally, the applied harmonic force matrix for multi 

degrees of freedom contains each harmonic force that has been applied to the system:   

 

          Fi = 
Fsin

i

Fcos
i

 (34) 

 

Where, Fsin
i and Fcos

i are applied harmonic load components in which all forces could be 

divided into two perpendicular components as it shown in below: 

 

          ἐἱ = Fsini
2 + Fcosi

2 (35) 

 

Solution of harmonic motion will be in form of: 

 

          xi t= ai sin ωf
it  + bi cos (ωf

it) (36) 

 

Where, ωf is excitation force frequency [rad/s]. Then, by substitution (36) in equation of 

motion and successive differentiation of displacement and velocity, the coefficient vectors a 

and b, directly could be calculated as follow: 
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          ai

bi =
K-(ωf

i)
2
M -ωf

iC

ωf
iC K-(ωf

i)
2
M

-1

Fs
i

Fc
i

 (37) 

 

According to superposition principle the final steady state solution yields: 

    

          x t =  ai sin ωf
it  + bi cos (ωf

it)

i

 (38) 

 

Also, in M DOF forced vibration, using damping ratios and eigenvectors, full modal 

damping matrix, could be expressed as: 

 

          Cmi = 2 ζi
ωni (39) 

 

Where, ὅ  is i th modal damping (diagonal terms of full damping matrix). 

 

          C = VT-1
× Cm × V

-1 (40) 

 

Where, C is full damping matrix [ Ns/m], and V is mode shape matrix [m]. 

Numerical integration method is the second solution of harmonic forced response in case of 

time-variant excitation force study. Time domain characteristic frequencies and response are 

obtained. Equation of motion of harmonic response of linear damped system can be 

expressed as (Inman 2008, p. 408): 

 

          Mx(t) + Cx(t) + Kx(t) = F(t) (41) 
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Changing the variables allows for the transformation of the second differential equation of 

motion into a first order differential equation. It is possible to get a numerical solution to the 

problem by employing a time integration approach: 

            

          x1= x2 

          x2 = -M-1Kx1 -M
-1Cx2 + M-1F(t) 

(42) 

 

Where, the initial conditions are defined as: 

 

          x1 0  = x 0  

          x2 0 =x2 0  
(43) 

 

Where, x1(0) is initial displacement [m] at time zero and x2(0) is velocity [m/s] at time zero. 

2.4  Approximation of excitation magnitude 

As the excitation force magnitude in different conditions currently is not well understood, 

reverse engineering is employed to approximate it based on vibration velocity measurements 

data. Excitation force magnitude at resonance is approached iteratively, using both FEM and 

mathematical calculation. 

2.4.1  FE analysis 

To investigate vibration behavior of the machine, vibration velocity levels at stator and 

bearing locations are collected through no-load test (N-L) test measurements. All data 

measured at certain operation frequency. The first horizontal natural frequency of the 

machine is also measured during the test. The model has been adapted by adjusting the 

bearing stiffness in the horizontal direction to approach identical observed natural frequency 
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of the machine during N-L test in order to improve the FE analysis compatibility with actual 

condition. Applying excitation force is examined by iteration to reach vibration velocity 

amplitude equal to test measured vibration levels. Full model of machine is illustrated in 

Figure 8. The FE model properties and procedure of excitation force estimation is explained 

in Chapter 5 . 

 

 

Figure 8. Full model of FE analysis (isometric view). 

 

2.4.2  Mathematical analysis 

In addition to utilizing FE simulation, a mathematical model is employed to approximate the 

behaviour and amplitude of the excitation force at the resonance state. This is done by 

analyzing the measured vibration velocity data at specific frequencies during the N-L test. 

The excitation force is iteratively applied to the system until it reaches a vibration velocity 

amplitude that closely matches the measured data. This procedure is repeated for all the 

measured operating frequencies. It should be noted that no adjustments are made to the 

mathematical model in order to compare its accuracy in approximating the excitation force 

with the findings obtained from FEM analysis. 
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3  Shaft generator test results 

This section begins with a short explanation of the performed test setups related permanent 

shaft generators to investigate vibration behaviour of the machine, then moves on to describe 

the vibration levels and remarkable natural frequencies that were measured throughout the 

testing, and then finish with an analysis of the most significant observations regarding the 

experiments. 

3.1  Test and measurement setups 

Permanent magnet shaft generators’ vibration is examined while there is no indication of 

vibration difficulties in machine operation under different conditions. These test 

configurations are intended for research and development and are linked to the factory test 

system. Vibration tests are performed to examine shaft generator behavior in different 

conditions. Tests are designed to find vibration sources, the most prevalent excitation force 

harmonics whether related to operational speed or fundamental frequency as well as natural 

frequencies. test finding can help to develop and improve intermediate shaft design criteria 

for customers to avoid elevated vibration and keep the noise at minimum. The vibration 

properties and frequency characteristics of the machine are measured during stationary state 

and operational condition.  

3.1.1  Modal measurements 

In order to assess vibrations, a variety of hardware elements are essential, as illustrated in  

Figure 9. These components encompass an exciter, which delivers a regulated input force to 

the construction; a transducer, responsible for converting the mechanical motion of the 

structure into an electrical signal; a signal conditioning booster, which aligns the transducer's 

features with the digital data attainment system. Also, an analyzer is required to vibration 

measurements which encompasses signal processing and modal analysis algorithm. (Inman 

2008, p. 575.) 
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Figure 9. An illustration of the equipment required to conduct a vibration test (Inman 2008, 

p. 575). 

 

In recent years, impact hammers have gained popularity as excitation devices. They solve 

the issue of mass loading and are faster to use compared to shakers. The head of an impact 

hammer contains a force transducer that enables it to collision the test construction, thereby 

generating a broad spectrum of frequencies for excitation. Once the frequency response of a 

test structure is determined, the analyzer is employed to extract diverse vibration parameters 

through the analysis of processed measurements. This procedure is commonly referred to as 

experimental modal analysis. The primary objective is to compute the natural frequencies, 

damping ratios, and modal amplitudes corresponding to each resonant peak identified within 

the frequency response function that was recorded. (Inman 2008, p. 588.) 

Modal measurements were made with an impact hammer and triaxial accelerometer. 

Medium tip was used on impact hammer regards of excite low frequency range since the 

first horizontal natural frequency of the machine is in range of 10-30 Hz. BK Connect 

software was used as analyzer with a frequency span 250 Hz-to guarantee coverage of the 

operating frequency range. 

Modal tests are conducted to determine the natural frequencies and damping ratios of 

machines, with a specific focus on rotor vibration properties. These tests are performed when 
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the machine is in a stationary state. The collected data is then used to understand the vibration 

characteristics of the machine and evaluate the effect of air-gap stiffness. Additionally, the 

data obtained from modal tests is utilized to compare the compatibility of finite element (FE) 

and mathematical models with the actual operating conditions. This comparison helps 

validate the models and assess their accuracy in representing real-world situations. Also, 

measured damping ratios from modal tests are utilized in mathematical models.  Ultimately, 

modal tests provide valuable insights into machine vibrations, aiding in design optimization 

and enhancing the compatibility of models with real-world scenarios. 

Modal test setup for only shaft is depicted in Figure 10. 

 

 

Figure 10. Modal measurement test setup-only rotor test (The Switch internal document). 

 

Sensor locations for NDE bearing housing and shaft at rotor location for modal test of only 

shaft are shown in Figure 11.  
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Figure 11. Locations of accelerometer sensors in modal test-only shaft on test bench, long 

bearing span, a) horizontal direction of non-drive end (NDE) bearing housing, b) horizontal 

direction of NDE rotor shaft (The Switch internal document). 

 

In addition to whole-machine testing, the rotor system is solely examined on the test bench 

to determine the natural frequencies and vibration levels of the rotor system and compare 

them to the condition when the rotor is within the machine. It could be beneficial in the 

investigation of the air-gap stiffness effect. Figure 12, depicts the impact hammer places for 

the modal test of a single shaft. 

 

a) 

 

b) 
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Figure 12. Hammer impact locations in modal test- only rotor on test bench, long bearing 

span (The Switch internal document). 

 

The calculation of the natural frequencies of the machine is carried out through a 

comprehensive testing process known as whole machine modal testing. In order to determine 

the vibration characteristics of the rotor, stator, and bearing housings, it is necessary to install 

accelerometer sensors in incorrect positions. Furthermore, each sensor is carefully oriented 

in a specific direction to ensure accurate data collection. It should be mentioned that the 

careful placement and orientation of these sensors play a crucial role in obtaining reliable 

results for the vibration analysis of the machine. Locations of the accelerometer sensors for 

modal test of the whole machine is illustrated in Figure 13. 
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Figure 13. Locations of accelerometer sensors in modal test (NDE side)- full machine on test 

bench (rotor inside the stator), long bearing span. Arrows indicates horizontal (red) vertical 

(orange) and axial (purple) directions (The Switch internal document). 

 

3.1.2  Vibration measurements 

Apart from analyzing the machine's stationary state, the vibration properties of a functioning 

machine are also assessed in order to gain a deeper understanding of its vibration behavior. 

The vibration characteristics of a shaft generator are examined while operating under two 

conditions: no-load and back-to-back. This involves measuring the vibration velocity and 

acceleration of the stator and bearing housings on both the DE drive end (DE) and non-drive 

end (NDE) sides to assess the levels of machine vibration in different scenarios. 

Additionally, the causes of vibration and the probability of elevated vibration levels are 

investigated during various testing arrangements. In this method accelerometer sensors are 

used to examine vibration levels in desired directions- depicted in Figure 14. BK Connect 

software was used as an analyzer program for measurements. Vibration velocity spectrums 

were measured between 2–1000 Hz-since machine vibration range of interest is among 10-

200 Hz. 
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Figure 14. Measurement points for long bearing span setup, a) bearing housing NDE 

horizontal and bearing housing NDE vertical, b) stator NDE horizontal, c) bearing housing 

DE horizontal, bearing housing DE vertical, and bearing housing DE axial (The Switch 

internal document). 

 

The term "no-load" refers to a test where the voltage, current, and power parameters of a 

generator are measured without any load. No-load testing might also be used to evaluate 

open circuit voltage as well as other facts about machine efficiency and performance.  

Figure 15 depicts the machine in no-load testing, during which the bearing span is decreased 

using pedestals mounted on the test field floor instead of the pedestals of the base frame. The 

reduction in bearing span is done to monitor the impact of shaft deflection on machine 

vibration. Or, to put it another way, a smaller bearing span increases rotor shaft stiffness. 

Additionally, a stiffer rotor shaft reduces shaft deflection, which results in smaller static 

eccentricity of the rotor system with respect to the central axis of the stator.  

Also, it should be mentioned that during the N-L test, the coupling connection shown in this 

picture was opened. 
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Figure 15. No-load test of the whole machine-short bearing span setup, coupling 

disconnected from the motor (The Switch internal document). 

 

A back-to-back test is a performance test that involves two identical generators coupled 

mechanically such that one acts as a motor and the other as a generator that are shown in 

Figure 16. It is used to assess a generator's efficiency and other performance characteristics. 

In the test, the power input to the motor is compared to the power generated by the device 

working as a generator. The back-to-back test is essential for precisely determining the 

mechanical and electrical characteristics of the generator in actual conditions.  

During the back-to-back tests performed for the shaft generators, rotors are connected 

together via coupling.  
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Figure 16. Back-to-back test setup-long bearing span (The Switch internal document). 

 

Schematic of back-to-back test of the machines with long bearing span setup also, location 

of accelerometer sensors during vibration measurements are illustrated in Figure 17. 

 

 

Figure 17. Drawing of back-to-back test-long bearing span setup, vibration measurement 

spots are shown by red rectangle shapes (The Switch internal document). 
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3.2  Natural frequencies in different conditions 

Measured natural frequencies through performed tests in different test setups are collected 

for shaft generators to observe vibration characteristics and possibility of elevated vibrations.  

From modal tests in stand still condition and vibration measurements of two generators with 

long bearing span test setups, in back-to-back, and no-load testing, natural frequencies and 

modes were measured for machines. During modal measurements the shaft was at standstill 

and coupling between two shafts, was disconnected. Also, the same machine was analyzed 

by FEM in which natural frequencies of the system are calculated to compare with modal 

tests. See Table 1. 

 

Table 1. Modal measurements of 12 sub-stacks generator at stationary state-long bearing 

span.  

Test setup 

First horizontal 

natural frequency  

[Hz] 

First vertical 

natural 

frequency [Hz] 

Modal measurements of rotor inside stator  

(the machine which was acting as generator) 

15.72 

(36.54) * 

20.45 

(47.62) * 

Modal FE analysis of generator 15.3 18.1 

*) Second natural frequencies of horizontal and vertical directions are in parenthesis. 

 

Natural frequencies result of modal test of only rotor and full machine also, results of 

vibration measurement testing are collected in Table 2. 
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Table 2. Modal and vibration measurements of single 12 sub-stacks generator on test bench-

long bearing span.  

Test setup 

First horizontal 

natural frequency 

[Hz] 

First vertical 

natural 

frequency [Hz] 

Modal measurements of rotor, shaft and bearing housings 

(stationary - only rotor) 

17.84 

(41.60) * 

21.95 

(47.56) * 

Modal measurements of rotor end ring 

 (stationary) 

only rotor on test bench 

18 

(41.5) * 

22 

(47.5) * 

Modal measurements of shaft and bearing housings 

(stationary - one machine on test bench) 

16.87 

(42.41) * 

19.82 

(47.34) * 

Vibration measurements of machine 

 (no-load - one machine on test bench) 

 

15 19.5 

*) Second horizontal natural frequencies are in parentheses. 

 

The modal measurements of two 10 sub-stacks machines coupled with each other in long 

bearing span test setup is measured that, natural frequencies are different between motor and 

generator machines, rotor was on different locations on test shaft between the machines. 

Also, to study the effect of converter, vibration measurement at no-load condition is 

performed for the generator. Run-up to over speed (1xLF = 27 Hz), continuous running at 

over speed and coast-down. During the coast-down the converter was shut down and the 

circuit breaker was opened. See Table 3. 

 

Table 3. Vibration velocity measurements of single generator at no-load test with long 

bearing span test setup. 

Test setup 

First 

horizontal 

natural 

frequency 

[Hz] 

First vertical 

natural 

frequency 

[Hz] 

Supply 

frequency  

[Hz] 

Modal measurement of shafts of both machines  

(stationary - two machines on test bench) 

18.5 (motor) 

16 

(generator) 

18.4 (motor) 

21 

(generator) 

- 

Vibration velocity measurements of generator 

 (long bearing span, no-load, run-up, steady speed, coast 

down) 

two machines on test bench 

14-15  14 
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Modal and no-load test for short bearing span test setup for 12-sub-stacks shaft generator is 

done which, test shaft first natural frequency is at 23 Hz in horizontal and 31.5 Hz in vertical 

direction. Stator natural frequency is at 28 Hz. During measurements only one machine is 

placed on the test floor. Series of no-load test runs are made. Test shaft first natural 

frequencies are 18.8-20 Hz in horizontal and 31.3-31.9 Hz in vertical direction for running 

machine. Natural frequency of shaft slightly varies on different speeds and between tests. 

For running machine, the first stator natural frequency is at 25.6 Hz. Results are depicted in 

Table 4. 

 

Table 4. Modal measurements of single 12 sub-stacks generator on test bench-short bearing 

span. 

Test setup 
First horizontal natural 

frequency [Hz] 

First vertical natural 

frequency [Hz] 

Modal measurement of test shaft and stator  

(stationary - one machine on test bench) 

23 (test shaft) 

28 (stator) 

 

31.5 (test shaft) 

 

To exclude the frequency converter as a root cause for observed vibration behaviour, the 

machine was rotated with a small auxiliary motor using cardan shaft. the auxiliary motor had 

different electromagnetic characteristics (such as pole number) than the SG, so excitations 

coming from the auxiliary motor could be distinguished from the SG excitations. 

According to modal and vibration measurement tests for long bearing span test setup of 10 

sub-stacks shaft generator where rotor is rotating with motor and cardan shaft which is 

shown in Figure 18, first, modal measurement of only rotor on test bench then, modal 

analysis for machine with rotor and finally vibration measurements for different ramps and 

steady speeds between 20–120 rpm were conducted. Natural frequencies of modal tests are 

collected in Table 5.  
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Figure 18. 10 sub-stacks generator rotating with motor and cardan-long bearing span (The 

Switch internal documents). 

 

Table 5. Modal measurements of 10 sub-stacks generator rotating with motor and cardan-

long bearing span. 

Test setup (rotating with cardan) 

First horizontal 

natural frequency 

[Hz] 

First vertical natural 

frequency [Hz] 

Modal measurements of rotor only 

(stationary - rotor connected to motor via cardan) 
18 22.5 

Modal measurements of rotor and stator, disconnected parallel 

branches 

(stationary - rotor connected to motor via cardan) 

15.5 19.75 

Modal measurements of rotor and stator connected parallel 

branches 

(stationary - rotor connected to motor via cardan) 

16.25 21.25 

Modal measurements of stator, disconnected parallel branches 

(stationary - rotor connected to motor via cardan) 
25 - 

Modal measurements of rotor and stator, connected parallel 

branches 

(stationary - rotor connected to motor via cardan) 

25.5 - 

 

Natural frequencies and corresponded supply frequencies of vibration measurement test 

could be founded in Table 6. 
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Table 6. Vibration measurements of 10 sub-stacks generator, rotating with motor and cardan 

on test bench- long bearing span.  

 Test setup (rotating with cardan) 

First horizontal 

natural  

frequency [Hz] 

Supply 

frequency  

[Hz] 

Vibration measurements of test shaft 

(rotating with cardan) 

rotor connected to motor via cardan  

17 (rotor) 

 

16  

(60 rpm) 

Vibration measurements of test shaft 

disconnected parallel branches 

(rotating with cardan) 

rotor connected to motor via cardan 

13.5 
13.3 

(50 rpm) 

Vibration measurements of test shaft 

connected parallel branches 

(rotating with cardan) 

rotor connected to motor via cardan 

15.5 

14.5* 

14.1 

(53 rpm) 

*) Natural frequency dropped to14.5 Hz when 16x went over shaft natural frequency. 

 

3.3  Vibration levels 

In this section, measured vibration levels during different tests are collected in Figure 19 - 

Figure 22. 

Vibration measurements of the single generator in horizontal direction are conducted in no-

load test for long bearing span test setup at different speeds. See Figure 19. Shaft's first 

natural frequency in the horizontal direction was measured at 14.6 Hz during no-load runs. 

Maximum velocity was at 97 rpm, (97/60) *16 (number of pole pairs),  ͯ 26 Hz supply 

frequency) at stator measurement points. Running between 14 and 18 Hz, which is close to 

the first natural frequency, is restricted during the test to prevent elevated vibrations.   
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Figure 19. Vibration velocity measurements of generator at no-load test-long bearing span 

test setup. 

 

Back-to-back vibration measurements of short bearing span test setup at 4 different speeds 

are given in Figure 20. Maximum velocity is measured at 87 rpm  ͯ23 Hz supply frequency 

from NDE bearing housing. It showed that the first natural frequency of shaft system is at 

22 Hz. The generator is run at whole operation speed range and elevated vibration level is 

not occurred at back-to-back tests. Even at time when the supply frequency coincides to the 

first natural frequency of the shaft. 
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Figure 20. Vibration velocity measurements of generator in back-to-back test with short 

bearing span test setup. 

 

The vibration velocity measurements of no-load with long bearing span test setup from 5 

measuring points corresponded to 1xLF (supply frequency) is illustrated in Figure 21. 

Measurements are performed from 10 to 24 Hz supply frequency. To avoid elevated 

vibration level supply frequencies from 14 to 19 eliminated from test since, it is not logical 

to run the test in test shaft resonance frequency. Maximum velocity is measured at 14 Hz 

supply frequency which is close to shaft first natural frequency. An elevated vibration level 

was encountered when supply and first shaft natural frequency matches with each other.  
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Figure 21. Vibration velocity measurements of single generator at no-load test with original 

test setup. 

 

In the no-load test of 12 sub-stacks shaft generator with short bearing span, machine was run 

at speed where 1xLF coincides with frequency of test shaft first horizontal natural frequency 

and was run continuously at same speed with 0.5 Hz resolution. Maximum vibration level 

was measured when 1xLF = 20 Hz. Also, slow run-up ramps with 1xLF going over the 

natural frequency are conducted. Maximum vibration level on tests was measured about 1 

mm/s measured from bearing housings. Also, vibration velocity measured from continuously 

running, when 1xLF was at 32 Hz and 120 rpm maximum vibrations measured from bearing 

housings in vertical directions were low, below 0.4 mm/s. In horizontal measurement 

direction, maximum vibration levels about 1 mm/s, recorded at frequency of shaft vertical 

bending mode. Stator natural frequency is excited when 1xLF passes it during slow run-up, 

vibration level was moderate, about 0.4 mm/s. 

Vibration measurements for different ramps and steady speeds between 20–120 rpm of 10 

sub-stacks shaft generator rotating via cardan and motor, with long bearing span were 

conducted. No elevated vibrations were encountered. Vibration measurements for different 

ramps and steady speeds between 20–120 rpm for connected and disconnected parallel 

branch are done and showed that elevated vibrations are happened in test shaft with 

connected parallel branch when 16x was 1 Hz below test shaft first horizontal natural 
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frequency. When 16x was farther away from shaft first horizontal natural frequency, 16x 

excitation were not present. Seems that shaft resonance could somehow participate in 

developing strong 16x excitation. Peak vibration levels with respect to the test shaft 

horizontal natural frequency in different tests which 16x/1xLF is close to this natural 

frequency is shown in Figure 22. It should be noted that only shaft generators with connected 

parallel branches had 16x excitation. Levels at 16x frequency measured at very low level, 

even if it matches with test shaft natural frequency. 

 

 

Figure 22. Vibration measurements of 10 sub-stacks generator rotating with motor and 

cardan-long bearing span. 

 

3.4  Key observations 

Important data and characteristics from test results are provided in this section to find 

problematic conditions, vibration sources, and excitation force leading to elevated vibration. 
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In no-load test (N-L) for both long and short bearing span, the first natural frequency in 

horizontal direction of test shaft dropped, during machine operation due to either reducing 

in bearing stiffness or increasing negative stiffness caused by UMP during rotation. 

Elevated vibrations were seen when the 1xLF/16x coincided with the test shaft's the first 

horizontal natural frequency during no-load testing on shaft generators with long bearing 

span. Additionally, throughout the back-to-back testing, the vibration levels were minimal.  

The first horizontal and vertical natural frequencies of shaft in short bearing span are shifted 

at 22 and 32 Hz respectively. Also, for machine with short bearing span in no-load test, no 

elevated vibration levels were encountered even where supply frequency (16x/1xLF) is 

matched with shaft natural frequency. 

The converter has no effect on excitation since it was opened during coast down running of 

no-load test which test shaft was excited seriously at 15 Hz. 

Reduced bearing span test shaft inside the stator in test field without machine in other test 

bench showed that, first horizontal and vertical natural frequencies are at 23 and 31.5 Hz 

respectively while, stator first natural frequency is obtained at 28 Hz.  

When the parallel branches of the stator connected, an excitation force was present in the 

rotating machine with the cardan; when the parallel branches were disconnected, excitation 

force vanished.  

The phase angle between NDE bearing housing and stator was 180 degrees close to shaft 

resonance speed, so bearing housings and stator vibrates in opposite phase. 

By approaching natural frequencies, excitation force and consequently vibration levels 

increased. 

A flexible test shaft oscillating at its natural frequency causes horizontal dynamic radial 

displacement to the rotor that is leading to air gap variation. Probably, this could feed 

electrical excitation. When 16x is getting closer to test shaft natural frequency, rotor 

displacement in vibration gets larger and this could make the electrical excitation even 

stronger, when this reaction continues very strong resonance happens. 
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4  Analytical modelling   

In this section, analytical models are created to study system vibration behaviour and 

examine the excitation force mechanism and magnitude. 

4.1  Single DOF analytical models 

Modeling the vibrations of intricate machines like shaft generators, which consist of 

numerous components and connections, requires a significant amount of time and 

computational resources. To simplify the complexity and reduce computation time, it is 

possible to represent the system as a single or multi-degree of freedom system instead of 

considering all degrees of freedom. The most basic configuration that can be employed to 

estimate the system's behaviour involves just one degree of freedom. In this configuration, 

the system's equivalent stiffness must be determined based on the connections and 

arrangement of its components.  

The calculation of the machine's equivalent stiffness begins with evaluating the stiffness of 

the rotor shaft which is determined by Hooke's law. Before that, the displacement is 

determined using the Euler-Bernoulli beam theory for a simply supported beam deflection 

under a concentrated force as shown in Figure 23. The displacement of the shaft can serve 

as an indication of the system's stiffness, with a smaller deflection suggesting a higher level 

of rigidity. This relationship implies that a system with greater rigidity will exhibit less 

deflection under a given load. Understanding and analyzing the shaft displacement provides 

valuable insights into the overall structural behavior and performance of the system. 



59 
 

 

Figure 23. Simply supported beam deflection (ASCI 2011, p 213-228). 

 

Maximum shaft deflection is occurred under point load location as shown in Figure 23. 

         

          V = 
Pa2b

2

3EIL
 (44) 

 

Where, V  is maximum shaft deflection (at point load) [m], P is point load [N], R1 and R2 are 

DE and NDE support’s reactions [N], E is elastic modulus[Pa] , I is second moment of area 

of shaft [m4], L is bearing span [m], a is distance [m] from DE support to point load location, 

and b is distance [m] from right support to point load location. 

Rotor shaft can be modeled as a spring in which its spring factor is obtained according to 

Hooke’s law:  

                

          k = 
P

x
 (45) 
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Where, ὖ is a point force [N], ὼ is displacement [m] and k is stiffness [N/m].  

Given, vibration performed tests described in previous section, rotor shaft stiffness is 

calculated for both long and short bearing span setups as illustrated in Figure 24 and Figure 

25.  

Calculated rotor line stiffnesses are utilized to calculation of equivalent stiffness of the 

system. In other words, the equivalent stiffness of the system is a combination of the different 

system’s components such as: shaft, bearings, pedestals and also, air-gap.   

 

 

Figure 24. Rotor shaft dimensions-long bearing span setup (The Switch internal documents). 

 

The dimensions of the rotor shaft, center flange and bearings of long and short bearing span 

setups are illustrated in test setup drawings. 
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Figure 25. Rotor shaft dimensions-short bearing span setup (The Switch internal documents). 

 

Equivalent spring factors of parallel and series spring configuration are employed to 

calculate equivalent spring factor for shaft, bearings, and pedestals. It should be noted that 

bearing stiffness is calculated by SKF Sim Pro Quick software at 70 rpm and pedestal 

stiffness is average of measured from test results and FE analysis (The Switch internal 

documents).  

To calculate effective modal mass coefficient of the shaft, a simply supported beam model 

is used which there are two references in literature.  The first one is used according to (Irvine 

2015, p. 19) while the second one refers to (Thomson 2018, p. 25). They propose different 

modal mass coefficients for simply supported beam. To confirm employing a more 

appropriate coefficient, FE analysis is carried out, and coefficient is derived from FEM, 

which matches to the shaft's dispersed mass. In contrast, a single DOF model requires an 

estimate of the shaft mass at the center of the bearing span, which is different from the total 

modal mass of the shaft. Therefore, modal mass coefficient from (Thomson 2018, p. 25), is 

confirmed by allocating the point mass to the shaft's center and doing an iterative analysis 

by mass increasing to attain the natural frequency corresponding to the distributed mass 

model. Moreover, the whole rotor and center flange masses are regarded as vibrating masses 

in the rotor shaft system's first horizontal and vertical modes. See Appendix 1. 
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As a result, the mass of the rotor, center flange, and rotor shaft is used to calculate the total 

system's effective modal mass: 

             

          mtot = mr + meff + mcf (46) 

 

Where, meff is effective modal mass of the shaft [kg], mr is rotor mass [kg], and mcf is center 

flange mass [kg]. 

Air gap stiffness is considered at -29.6 kN/mm by electromagnetic FE analysis which acting 

as negative stiffness between rotor and stator. Also, during the tests, damping ratio of the 

system is calculated at 0.04. (The Switch internal documents). Accordingly, the system 

properties and stiffnesses foe single DOF model are collected in Table 7.  

 

Table 7. System properties for rotor shaft stiffness model. 

Property Value Property Value 

Density [kg/m3] 7850 
DE bearing horizontal stiffness 

[kN/mm] 
330 

Shaft diameter [mm] 360 
NDE bearing vertical stiffness 

[kN/mm] 
3990 

Center flange thickness [mm] 100 
DE bearing vertical stiffness 

[kN/mm] 
3980 

Center flange diameter [mm] 1524 NDE pedestal stiffness [kN/mm] 625.5 

Rotor mass [kg] 3572 DE pedestal stiffness [kN/mm] 725 

Bearing length [mm] 135 
Long bearing span [mm]  4122 

Short bearing span [mm] 3092 

Air gap stiffness [kN/mm] -29.6 
Stiffening factor-long bearing 

span 
1.019 

NDE bearing horizontal stiffness 

[kN/mm] 
342 

Stiffening factor-short bearing 

span 
0.991 

 

The presence of a center flange on the shaft has effect on its stiffness in relation to deflection. 

This means that the magnitude of deflection can differ when comparing a shaft with and 
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without a center flange. Consequently, the center flange stiffening influence is investigated 

through finite element (FE) analysis. The FE analysis examines how the center flange 

diameter, thickness, and bearing span impact the stiffening factor of the center flange. See 

Appendix 2. Result in, actual shaft deflection is determined as follow: 

 

          VCf = 
V

Scf

 (47) 

 

Where, Vcf is shaft deflection with respect to center flange stiffening effect [m], and Scf is 

center flange stiffening factor obtained from FE analysis. 

Finally, shaft stiffness corresponded to maximum deflection of free-free shaft model with 

respect to center flange stiffening effect is calculated as: 

   

          Ksh = 
P

Vcf

 (48) 

 

Where Ksh is shaft stiffness [N/m]. 

To calculate equivalent stiffness, system configuration is considered as shown in Figure 26, 

which total effective modal mass of the system is illustrated as a vibrating mass. The bearing 

housings, pedestals, air-gap, and shaft are regarded as simplified springs in terms of their 

stiffness. Each component is assigned a specific spring factor, corelating to the vibrating 

modal mass of the system. By considering these components as springs with associated 

spring factors, the relationship between the system's vibrating modal mass and the stiffness 

of its different components can be better understood. This approach leads to a simplified 

representation of the system's dynamics, as a one mass-spring system.  
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Figure 26. Equivalent stiffness configuration of the single DOF system. 

 

The equivalent stiffness of the system is calculated as: 

 

          keq=
1

1
k1
+

ở

Ở
Ở
Ở
Ở
ờ

1

1
1
k2
+

1
k4

+
1

1
k3
+

1
k5 Ợ

ỡ
ỡ
ỡ
ỡ
Ỡ

+ k6 

(49) 

 

Where, keq is system equivalent stiffness [N/m], k1 is shaft stiffness [N/m], k2 is NDE bearing 

stiffness [N/m], k3 is DE bearing stiffnesses [N/m], k4 is NDE pedestal stiffness [N/m], k5 is 

DE pedestal stiffnesses [N/m], k6 is air-gap stiffness [N/m]. 

Equation of motion of single DOF of free vibration and also, damped natural frequency is 

obtained from (2)-(11). In addition, equation of motion for single DOF of forced vibration 

and vibration response and characteristics are formed according to (25)-(32). 
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4.2  Multi DOF models 

To study interaction air gap stiffness between rotor and stator and improving system 

behaviour simulation, second DOF is added to the system which represent stator DOF. 

4.2.1  Two DOFs free vibration 

In 2 DOF modal analysis, generator is considered with two considerable masses as rotor and 

stator correlated to each other via air-gap. It should be noted that pedestal stiffness obtained 

from FE analysis is considered identical for both the NDE and DE sides. Also, stator mass 

is included base frame and end shields mass, which is at higher amount since, according to 

FE analysis of the stator for stiffness calculation, base frame and end shields are participated 

as a vibrating mass in first horizontal mode of the stator. System properties are illustrated in 

Table 8.  

 

Table 8. System properties for two DOFs model.  

Property Value Property Value 

Modal mass of rotor shaft 

(long bearing span) [kg] 
6523.8 

DE bearing horizontal stiffness 

[kN/mm] 
330 

Modal mass of rotor shaft 

(short bearing span) [kg] 
6124 

NDE bearing horizontal 

stiffness [kN/mm] 
342 

Total stator mass [kg] 2ͯ2000 
NDE bearing vertical stiffness 

[kN/mm] 
3990 

Stator modal mass coefficient in 

horizontal direction* 
0.87 

DE bearing vertical stiffness 

[kN/mm] 
3980 

Stator modal mass coefficient in 

vertical direction* 
0.56 

Pedestal horizontal stiffness* 

[kN/mm] 
298 

Rotor shaft stiffness in horizontal 

 
130 

Pedestal vertical stiffness* 

[kN/mm] 
1335 

Rotor shaft stiffness in vertical 

[kN/mm] 
282.2 

Stator horizontal stiffness* 

[kN/mm] 
457 

Air-gap stiffness [kN/mm] -29.6 
Stator vertical stiffness* 

[kN/mm] 
1811 

)* Values are obtained by FE analysis. See Appendix 3. 
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To calculate equivalent stiffness of the system for effective modal mass of the rotor line and 

formation of modal mass and stiffness matrices of the system, substantial mass and 

stiffnesses configuration of the two DOFs system is shown at Figure 27.  

 

 

Figure 27. Spring factors and mass configuration of the 2 DOF system. 

 

Equivalent shaft stiffness with respect to bearings and pedestal stiffnesses for two DOF 

system is calculated as: 

            

          keq_sh= 
1
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(50) 
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Where, keq_sh is equivalent shaft stiffness [N/m], k1 is shaft stiffness [N/m], k2 is NDE bearing 

stiffness, k3 is DE bearing stiffnesses [N/m], k4 is pedestal stiffnesses obtained from FE 

analysis [N/m], k5 is pedestal stiffnesses [N/m] obtained from FE analysis. In addition, 

stiffness matrix could be formed as: 

             

          K = 
keq_sÈ + k6 -k6

-k6 k7 + k6
 (51) 

 

Where, K is stiffness matrix [N/m], k6 is air-gap stiffness[N/m], and k7 is stator stiffness 

obtained from FE analysis [N/m].  

Mass matrix of the system is expressed as follow: 

            

          M = 
m1 0

0 m2
 (52) 

 

Where, M is mass matrix [kg], m1 is rotor modal mass obtained from 1DOF model [kg], m2 

is stator modal mass obtained from FE analysis [kg]. Accordingly, Equation of motion of 

free vibration model for 2DOF damped system is expressed as: 

           

          
m1 0

0 m2
x t + 

c1 0

0 c2
x(t) 

keq_sh+ k6 -k6

-k6 k7+ k6
x t =

0

0
  (53) 

 

Where, c1 and c2 are damping coefficients obtained from (20)-(21). 
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4.2.2  Two DOFs harmonic response  

Two DOFs harmonic response model is created with 2 masses represents rotor and stator 

with similar mass and stiffness matrices as modal analysis model. Equation of motion of 

harmonic response for two DOFs in damped system is established as: 

               

          
m1 0

0 m2
x(t)+ 

c1 0

0 c2
x(t) 

k1+ k2 -k2
-k2 k3+ k2

x t = 
F1(t)

F2(t)
 (54) 

 

To obtain natural frequencies and mode shapes, eigen value solution is used as modal 

analysis model. Moreover, (UMP) which represents excitation force is applied on rotor and 

stator in opposite direction as: 

                 

          F = F -F 0 0 T 
(55) 

 

4.2.3  Four DOFs models 

In the context of single-degree-of-freedom (DOF) models, the rotor's effective modal mass 

is exclusively taken into account, simplifying the entire machine as the rotor in conjunction 

with other components. Similarly, in two-degree-of-freedom models, both the rotor and 

stator are modeled, interconnected through the air-gap. In order to investigate the vibration 

characteristics of bearings and enhance the accuracy of the model, an additional two DOFs 

are introduced to represent both the non-drive end (NDE) and drive end (DE) bearings that 

support the rotor shaft within the system. To simulate a system with four degrees of freedom 

(DOFs), the symmetric characteristic of the first horizontal flexural mode of the rotor shaft 

is accounted for by employing a model proposed by (Kurvinen & Viitala & Choudhury & 

Sopanen 2020, p. 4-5). The model divides the shaft into two parts: the end and middle 

sections, which are supported by bearings mounted on a pedestal. See Figure 28 for a visual 
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representation of this configuration. Moreover, in the model, half of the stator's modal mass 

is linked to the rotor middle part through utilizing half of the air-gap stiffness. 

 

 

Figure 28. Symmetry modes of free-free and supported shaft related to symmetry 

configuration (Kurvinen et al. 2020, p. 4). 

 

In order to calculate modal mass of the middle and end parts, and corresponded stiffness of 

rotor shaft, first horizontal natural frequency of the rotor shaft is obtained by FE analysis 

first with supported the both ends, next in free-free mode. The first horizontal natural 

frequency of the supported shaft could be expressed as: 

                

          ωsupp = 
1

2π

kr

mr1
 

(56) 

 

Where, ωsupp is first natural frequency of supported rotor shaft in horizontal direction from 

FEM [rad/s], kr is rotor stiffness [N/m], mr1 is modal mass of middle part of the rotor shaft 

[kg]. Similarly, the rotor shaft's initial natural frequency in free-free mode is correlated with 

its stiffness and the modal masses of its end and middle components, as shown in the 

following equation:   
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          ωfree = 
1

2π

kr(mr1 + mr2)

mr1mr2
 

(57) 

 

Where, ωfree is first natural frequency of free-free rotor shaft in horizontal direction from 

FEM [rad/s], mr2 is modal mass of end part of the rotor shaft [kg]. Moreover, half of the total 

mass of the rotor shaft is summation of its middle and end parts means that: 

               

          mr = mr1 + mr2 
(58) 

 

Where, mr is half of the rotor shaft mass [kg]. Given that, three equations, (56)-(58), three 

unknown parameters such as: kr, mr1 and mr2 could be obtained (Kurvinen et al. 2020, p. 5). 

4.2.4  Four DOFs free vibration model. 

Additional DOFs were added to the 2DOFs model, which represents the bearings and 

pedestals, in order to investigate more aspects of the whole machine and estimate machine 

vibration properly. Mass and stiffness and damping configuration are shown in Figure 29. 

     

 

Figure 29. Mass, damping and stiffness configuration for four DOFs system. 

 

Equation of motion of free vibration for four DOFs damped system could be expressed as: 
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m1 0 0 0

0 m2 0 0

0 0 m3 0

0 0 0 m4

x+ 

c1+c2 -c2 0 0

-c2 c2+c3 -c3 0

0 -c3 c3 0

0 0 0 c4

x + 

k1+ k2 -k2 0 0

-k2 k3+ k2 -k3 0

0 -k3 k3+k4 -k4
0 0 -k4 k4+ k5

x = 0 (59) 

 

Where, m1 is half of modal mass of bearing and pedestal pair from FEM [kg], m2 is half of 

the mass of end part of the rotor shaft [kg],  m3 is half of the mass of shaft at the middle [kg], 

m4 is half of stator modal mass [kg], k1 is the equivalent stiffness of one pedestal and bearing 

[N/m], k2 is half of average of NDE and DE bearing stiffnesses [N/m], k3 is rotor shaft 

stiffness [N/m], k4 is half of air-gap stiffness [N/m], k5 is stator stiffness [N/m]. See Appendix 

3. Also, to form full damping matrix, (39) and (40) are used.  

A similar solution of the two DOFs model is used to obtain natural frequencies and vibration 

levels.  

Harmonic response of four DOFs model is created based on four DOFs free vibration model. 

Excitation forces acting on rotor and stator in opposite directions. Equation of motion of 

harmonic forced vibration for four DOFs of damped system is written as:  

 

            

m1 0 0 0

0 m2 0 0

0 0 m3 0

0 0 0 m4

x(t)+ 

c1+ c2 -c2 0 0

-c2 c2+ c3 -c3 0

0 -c3 c3 0

0 0 0 c4

x(t)+

k1+ k2 -k2 0 0

-k2 k3+ k2 -k3 0

0 -k3 k3+ k4 -k4
0 0 -k4 k4+ k5

x(t) =

π
π

F3(t)

F4(t)

 (60) 

 

To form full modal damping matrix Equation (39) and (40) are used. Also, eexcitation forces 

are applied on rotor and stator in opposite direction as: 

 

          F = 0 0 F -F 0 0 0 0 T 
(61) 
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5  Extended vibration model (FE) for shaft generator  

To investigation of excitation force magnitude and mechanism, existing FE model of 12 sub-

stacks shaft generator shown in Figure 30 is extended to simulate the machine according to 

performed tests. The model includes base frame, pedestals, bearing housings, rotor shaft line, 

rotor, stator, frame, and end shields. In addition, cooling unite is excluded from the machine 

as they shown in following: 

 

 

Figure 30. Shaft generator components and materials. 

  

Part materials and material properties are set based on the Switch internal documents and 

machine specifications. Densities are adjusted to reach the corresponded actual mass values 

which is have a significant effect in modal analysis of the system.  

Additionally, the stator's stacks and the air gap between the rotor and stator are considered 

as orthotropic materials, meaning that they have distinct characteristics like elastic modulus 

in different orientations. In regard to the case study, in the radial direction the properties are 
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identical and differs in the axial direction. Furthermore, an extremely low density of 1 kg/m3 

is provided to mimic air gaps. The stacks and air-gap are shown in Figure 31.  

 

 

Figure 31. Stator’s stacks and air-gap-detailed view. 

 

Bolt connection of mounting bolts on base frame is modelled as 30 longitudinal rigid springs 

with 3 GN/m in all directions while the spring scopes are set to body-ground type. Also, 

spring lengths are assigned as 100 mm in all three dimensions (x, y, z). In, addition, 

connection area of the bolt connection between ground and base frame illustrated in Figure 

32 is calculated according to σπЈpressure cone contact theory.  
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Figure 32. bolts connection modelled as longitudinal springs-detailed view. 

   

Bearing stiffness in the NDE and DE sides, are defined as bushing type connection between 

rotor shaft and bearings as shown in Figure 33 for DE side.  

In order to replicate the stiffness of the bearings, a type of joint called body-body bushing is 

implemented, positioned at the central location where the bearings and shaft outer surface 

meet. This joint is defined to have stiffness values assigned in both the horizontal (x-axis) 

and vertical (y-axis) directions, measured as force per unit length. Specifically, the horizontal 

stiffness is set at 870 kN/mm, while the vertical stiffness is set at 5850 kN/mm, for both the 

NDE and DE bearing housings (in original model). Furthermore, for the DE bearing housing, 

an additional stiffness value is assigned in the axial direction (z-axis) at 1 kN/mm. This 

accounts for the stiffness of the joint in the axial direction, providing a comprehensive 

representation of the bearing stiffness in all three dimensions.  
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Figure 33. Bushing connection between bearing and rotor shaft, detailed view. 

 

Air-gap stiffness is defined in ANSYS APDL which is divided into 3 regions between rotor 

and stator longitudinally.  

Additionally. the meshed model geometry is illustrated in Figure 34. The combination of 

quadratic tetrahedron and hexahedron solid elements are employed to mesh the model 

geometry. At interesting areas, the mesh is fine-tuned. In addition, total number of elements 

is adjusted approximately at 134000 while the total number of nodes is around 340000. 
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Figure 34. Meshed model geometry of the machine. 

 

To examine machine natural frequencies, the first 40 modes are studied to catch horizontal 

global modes. The highest natural frequency is obtained approximately at 150 Hz in which 

cover all the natural frequencies of the interest. Additionally, direct solver is selected to 

calculate natural frequencies of the system. From modal analysis of full model, the third 

mode is related to the first horizontal natural frequency of the rotor which rotor is oscillating 

dominantly in horizontal direction at 15.494 Hz. See Figure 35. Also, the first mode natural 

frequency is at 0 Hz while second mode natural frequency is at 1.66 Hz. The second mode 

is related to axial movement of the rotor.   
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Figure 35. First horizontal mode of rotor shaft. 

  

As shown in Figure 35, the first horizontal natural frequency of the shaft is attained at 15.494 

Hz. Moreover, during performed test, the first natural frequency of the shaft was captured at 

15 Hz. (The vibration levels found in test in question are utilized to approximate the 

excitation force). In other words, roughly 0.5 Hz difference exist between actual test results 

and FE analysis. In order to investigate the excitation force magnitude at first resonance and 

bring the simulated machine closer to its real-world performance, the analysis model is 

configured to match the rotor's first horizontal natural frequency in the FE model with test 

result data. The adjustment is carried out iteratively by setting the bearings horizontal 

stiffness to reach the corresponded first natural frequency of the shaft. Thereby, by setting 

the both the NDE and DE bearings horizontal stiffness at 541 kN/mm, the first horizontal 

natural frequency of the shaft is calculated at 15 Hz.The adjusted model and first horizontal 

mode of rotor shaft is illustrated in Figure 36.  
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Figure 36. Tuned FE model for first horizontal natural frequency of the rotor shaft. 

  

The first 10 natural frequencies of the original model and tuned model are collected in Table 

9. 

 

Table 9. Calculated first 10 natural frequencies of both original and tuned model. 

Mode 
Natural frequency of original 

model [Hz] 

Natural frequency of 

tuned model [Hz] 
Difference [%] 

1 1.4371e-4 0 0 

2 1.6616 1.6628 0.07 

3 15.494 15 3.18 

4 18.265 18.162 0.56 

5 24.025 24.011 0.06 

6 27.016 27.044 0.1 

7 27.311 27.625 1.15 

8 33.914 33.939 0.07 

9 40.931 40.154 1.9 

10 44.865 45.427 1.25 

  

The harmonic response analysis for tuned model is constructed to approximate the excitation 

force amplitude based on measurements data. The model is solved based on mode 

superposition method. In addition, the frequency range of response to calculate vibration 
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levels at first resonance is set at 14.5-15.5 Hz. The vibration levels at certain frequencies are 

recorded in the FE model at the same locations as the vibration levels were measured in test. 

It should be noted that vibration level data are taken from nodes shown in Figure 37, rather 

than instead of specific surface, since the average value across the specified region may vary 

from the real value. 

     

 

Figure 37. Locations of interest for stator and NDE and DE bearing housing to capture 

vibration levels.  

 

Vibration levels for rotor is taken from center point of shaft line which is coincide with rotor 

and stator center. See Figure 38.   
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Figure 38. Location of interest for rotor to capture vibration levels. 

 

As shown in Figure 39 and Figure 40, according to UMP definition and in line with 

mathematical models, the excitation force in the FE model is applied to the internal surface 

of the stator in a horizontal direction and to the external surface of the rotor in the opposite 

direction. In addition, the amplitude of the excitation force applying in both rotor outer and 

stator inner surfaces are equal to each other.    
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Figure 39. The direction of the horizontal excitation force applied to the stator's inner surface 

(In order to improve visual comprehension, the shaft line is hidden). 

 

 

Figure 40. The direction of the excitation force acting on the rotor's outer surface. 
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6  Results 

The results of the mathematical and FE models are compiled in this chapter for comparison 

with test results and model validation using natural frequencies. The excitation force 

magnitude is then estimated using the data from the measurements.  Additionally, the rotor 

line's least rigidity requirement is calculated. 

6.1  Natural frequencies of the mathematical models 

Since both free vibration and harmonic forced vibration models employ the same mass, 

stiffness, and damping matrices, they will produce identical natural frequencies. Calculated 

rotor shaft stiffness and equivalent total system stiffness in horizontal and vertical directions 

are collected in Table 10. It should be noted that the equivalent stiffness is calculated 

according to stiffness of rotor shaft, both NDE and DE bearings, pedestal and air-gap. 

 

Table 10. Results of shaft stiffness from single DOF mathematical model. 

Property long bearing span Short bearing span 

Rotor shaft stiffness [kN/mm] 130.02 282.20 

Equivalent horizontal stiffness [kN/mm] 70.61 141.90 

Equivalent vertical stiffness [kN/mm] 87.94 199.75 

 

Also, to compare mathematical models’ results accuracy with experimental measurements 

and FE analysis, natural frequencies of the different models are collected in Table 11. 
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Table 11. Summary of calculated natural frequencies in mathematical models to compare 

with FE and test results. 

Vibration models 
First horizontal natural 

frequency [Hz] 

First vertical natural 

frequency [Hz] 

Second horizontal 

natural frequency 

[Hz] 

FE model 

(long bearing span) 

15.3 (rotor shaft 

vibrating dominantly) 

18.1 rotor shaft 

vibrating dominantly) 

24.05 (stator 

vibrating 

dominantly) 

Analytical single DOF model 

(long bearing span) 

 (only rotor) 

19.7 21.36 - 

Analytical single DOF model 

(short bearing span) 

 (only rotor)  

26.6 30.79 - 

Analytical single DOF model 

(long bearing span) 
16.54 18.46 - 

Analytical single DOF model 

(short bearing span) 
24.20 28.72 - 

Analytical 2 DOFs model 

(long bearing span) 
15.128 18.87 

23.99 (stator 

vibrating 

dominantly) 

Analytical 2 DOFs model 

(short bearing span) 
21.23 29.93 - 

Analytical 4 DOFs model 

(long bearing span) 
14.01 17.98 

34.19 (stator 

vibrating 

dominantly) 

Analytical 4 DOF model 

(short bearing span) 
20.24 29  

 

As it can be seen from Table 11, results of two DOFs model are more accurate, and they are 

close to full model FE analysis and test results rather than single and four DOFs models. It 

should be remembered that the accuracy of the model depends on by the input parameters 

that are provided for modeling. For instance, the symmetry modeling for spring factors is 

probably unsuitable for a four DOFs model. 

6.2  Harmonic responses of the system  

In order to determine the system response at resonance and other excitation force 

frequencies, a two DOFs analytical model is solved in numerically (time integration 

method). An excitation force amplitude of 5 kN is provided as an arbitrary force to the 

system to determine the phase angle of rotor and stator at resonance. It could be concluded 
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from the vibration velocity response, which is in agreement with test observations, that the 

rotor and stator vibrate in opposing directions at the first resonance state, when the rotor 

oscillation is more prominent as shown in Figure 41.  

 

 

Figure 41. Vibration velocity response at 15.13 Hz with 4% damping ratio-first resonance 

state of long bearing span setup. 

 

The rotor and stator oscillate in the same directions at second resonance and stator vibrates 

dominantly by coinciding excitation force frequency with system natural frequency. 

Vibration velocity response at second resonance is solved for two first seconds as illustrated 

in Figure 42.  
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Figure 42. Vibration velocity response at 23.99 Hz, with 4% damping ratio-second resonance 

state of long bearing span setup. 

 

In resonance, damping ratio is affecting to vibration peak development in a way that lesser 

time is needed for developing the vibration peak in system with higher damping ratio. To 

demonstrate damping effect, vibration velocity response of the system with 1% damping 

ratio indicated in Figure 43, under 5 kN arbitrary excitation force at 15.13 Hz, corresponds 

to first natural frequency of the system. 
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Figure 43. Vibration velocity response with 1 % damping ratio-long bearing span setup. 

  

Vibration velocity response of the long bearing span system with 6 % damping ratio at first 

resonance condition is illustrated in Figure 44. The excitation force magnitude is equal to 

system with 1 % damping ratio.  
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Figure 44. Vibration velocity response with 6 % damping ratio-long bearing span setup. 

 

It may be determined that a larger damping ratio reduces vibration levels substantially. 

Higher damping ratios, on the other hand, decrease the required time to achieve vibration 

amplitude at resonance.    

6.3  Excitation force study 

Excitation force is calculated using 2 DOF analytical harmonic forced vibration, and FE 

harmonic response models based on vibration velocity peak measurement data collected 

from the no-load test corresponds to the specific supply frequencies for a 12 sub-stacks 

machine. Excitation force is obtained in both models repeatedly at each distinct frequency 

to arrive at the same vibration velocity of stator measured in no-load test. In addition, since 

the vibration levels at stator was more dominant to compare with bearing housings around 

first natural frequency and also, due to lack of vibrational data measurements for test shaft 

at rotor location, the excitation force magnitude is examined by using stator vibration 

velocity data.  
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Additionally, the relative vibration velocity-which is the summation of the stator and rotor 

vibration velocity, is calculated since the stator and rotor vibrate in the opposing directions. 

Results of the mathematical model is illustrated in Table 12. The table also includes 

computed relative vibration velocity and dynamic air-gap values based on rotor and stator 

vibration levels. (All values rounded up). 

 

Table 12. Excitation force estimation data from two DOFs mathematical model-long bearing 

span. 

Supply 

frequency 

Stator 

measured 

vibration 

velocity 

(peak) [um/s] 

Iterated 

excitation 

force 

regarding 

measured 

stator 

velocity [N] 

Stator 

vibration 

velocity 

[um/s]  

Rotor 

vibration 

velocity 

[um/s] 

Relative 

vibration 

velocity 

[um/s]  

Stator 

vibration 

displacement 

amplitude 

[um] 

Rotor 

vibrati

on 

displac

ement 

amplitu

de 

[um] 

Dynamic 

air-gap 

variation 

[um] 

 

10 56 161.5 56 320 376 0.88 5.1 6 

11.09 58 129.5 58 346 403 0.83 5 5.8 

12.03 82 142.3 82 516 598 1.1 6.8 7.9 

12.97 140 176.4 140 942 1081 1.72 11.6 13.3 

13.44 3932 4034.5 3931 27479 31410 46.6 325.4 372 

13.75 8150 7122.5 8150 66029 74179 94.3 764.2 858.6 

19.06 571 3713.2 571 14182 14753 4.8 118.4 123.2 

19.38 1635 9255.5 1635 33310 34945 13.4 273.8 287.3 

21.56 789 1115.9 789 2987 3777 5.9 22.1 27.9 

22.03 849 913.7 849 2364 3213 6.1 17.1 23.2 

22.97 922 551.9 922 1366 2288 6.4 9.4 15.9 

24.06 1390 505.7 1390 965 2356 9.2 6.4 15.6 

 

Calculated excitation forces correspond to certain supply frequency from two DOFs 

mathematical model are plotted in Figure 45. According to test data, there is a lack of supply 

frequencies between the 13.75 and 19 Hz which is contain the first horizontal natural 

frequency of the test shaft. 
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Figure 45. Calculated excitation force from mathematical model in respect of supply 

frequency-long bearing span. 

 

Table 13 compiles the approximated excitation forces obtained through iterative calculations 

at a specific frequency using the FE model. In order to achieve consistent vibration velocity 

levels that align with the recorded data from a sensor mounted on the stator, a similar 

approach to excitation force approximation in the mathematical model is employed. 

Additionally, the table includes the computed relative vibration velocity and dynamic air-

gap values extracted from the vibration levels of both the rotor and stator. 
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Table 13. Approximated excitation force amplitudes correspond to measured vibration 

velocity data at stator location- lonag bearing span test setup. 

Supply 

frequency 

Stator 

measured 

vibration 

velocity 

(peak) 

[um/s] 

Iterated 

excitation 

force [N] 

Stator 

vibration 

velocity  

[um/s]  

Rotor 

vibration 

velocity 

[um/s] 

Relative 

vibration 

velocity 

[um/s]  

 

 

Stator 

vibration 

displacement 

amplitude 

[um] 

Rotor 

vibration 

displacement 

amplitude 

[um] 

Dynamic 

air-gap 

variation 

[um] 

 

10 56 173 56 341 397 0.9 5.4 6.3 

11.09 58 140 57 375 432 0.8 5.4 6.16 

12.03 82 156 81 572 653 1 7.6 8.61 

12.97 140 197 140 1081 1221 1.7 13 15 

13.44 3932 4537 3932 32212 36144 44.9 381.5 426.3 

13.75 8150 8042 8151 69791 77942 807.8 91 898.8 

19.06 571 1754 571 6205 6776 4.5 51.8 56.3 

19.38 1635 4218 1635 14092 15727 12.7 115.7 128.4 

21.56 789 746 789 1856 2646 5.9 13.7 19.6 

22.03 849 636 849 1526 2375 5 11 16.1 

22.97 922 407 922 928 1850 6.1 6.4 12.5 

24.06 1390 390 1391 690 2081 8.8 4.6 13.3 

 

The FE model is used to calculate the amplitudes of excitation forces at a specific frequency, 

which align with the measurement data obtained from tests. Figure 46 showcases the 

variation of excitation forces throughout the operational supply frequency measured during 

the test. To prevent the test shaft from operating at resonance, the supply frequencies near 

the first horizontal natural frequency of the test shaft are excluded from the measurements. 

Each computed data point is represented as a dot on the diagram, and they are connected to 

visualize the fluctuation in excitation force amplitude. Notably, a significantly higher 

magnitude of excitation force is observed around the first system resonance compared to the 

second resonance. This observation is clearly evident from the diagram. 
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Figure 46. Calculated excitation force with respect to supply frequency from FE model-long 

bearing span. 

 

Due to lack of measured vibration velocity for no-load test with short bearing span setup-

similar data in Table 12 for stator, excitation force approximation by mathematical models 

is not possible. However, to demonstrate vibration velocity response of the short bearing 

span setup, similar 6 (up to first resonance) values of calculated excitation force for long 

bearing span-collected in Table 12, are utilized to compute vibration levels in respect of 

short bearing span setup. As a vibration response of the system, relative vibration velocities 

at particular supply frequency are collected in Table 14.   
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Table 14. Vibration velocity levels in both long and short bearing span setups. 

No 

Supply 

frequency 

[Hz] 

Excitation force from 

mathematical model 

[kN] 

Relative vibration 

velocity in long 

bearing span [mm/s] 

Relative vibration 

velocity in short 

bearing span [mm/s] 

1 10 0.1615 0.37558 0.1573 

2 11.09 0.1295 0.40314 0.1495 

3 12.03 0.1423 0.59747 0.1908 

4 12.97 0.1764 1.08136 0.2759 

5 13.44 4.0345 31.41008 6.841 

6 13.75 7.1225 74.17933 12.7393 

 

Figure 47 depicts a comparison of long and short bearing span configurations with respect 

to an equivalent amount of excitation force corresponding to a certain frequency. 

 

 

Figure 47. Assessment of vibration levels in long and short bearing span setups, in regard of 

equal excitation force. 

 

Results of the Figure 47, revealed that vibration level of the machine with long bearing span 

setup of the rotor is approximately 5.8 times higher than that of the short bearing 

configuration at its maximum peak between 10 and 13.75 Hz. This may help to explain why 

short bearing span installations do not have vibration problems in tests.  
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To determine how the mathematical model estimate the excitation force, the results of 

mathematical model and FE models are compared to each other in one diagram in Figure 48. 

 

 

Figure 48. Mathematical and FE model comparison for excitation force calculation. 

   

The comparison between the FE and mathematical models for estimating excitation force, 

as depicted in Figure 48, indicates that they are approximately similar up to the first natural 

frequency-around 15 Hz. However, there is a noticeable disparity between the two 

approaches after this point. This difference can be attributed to the fact that the analytical 

model only considers 2 degrees of freedom in the horizontal direction, specifically the rotor 

and stator, neglecting the natural frequencies associated with other modes. Despite this 

disparity, the results from both models converge at a natural frequency of 24 Hz, where both 

models were able to capture it, and is common to both. It should be noted, the main focus of 

the study is the first natural frequency in horizontal direction which could verify the 

mathematical model accuracy. 
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To examine constant excitation force across the operational frequency range, vibration 

velocity amplitude of the stator in frequency range of 0-35 Hz is computed. The excitation 

force amplitude is taken from Table 12, that calculated mathematically based on test data. 

The vibration velocity amplitudes of the stator correspond to first 6 measured supply 

frequency data-up to first resonance- are plotted in  Figure 49. To explain more, each curve 

represents a vibration velocity amplitude in respect of calculated excitation force based on 

vibration level of particular supply frequency.  

 

 

Figure 49. Vibration velocity amplitude of the stator according to approximated excitation 

force amplitudes by mathematical model for long bearing span setup with 4% damping ratio. 

  

Throughout reference to Figure 49, it seems only way to explain the observed behaviour is  

that the excitation force is not constant throughout the operating frequency range, and it 

might develop in a nonlinear fashion as one gets closer to the first natural frequency of the 

system. Additionally, near close proximity to the first natural frequency experienced 

significant shifts. 
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6.4  Investigation of excitation force function of air gap and vibration velocity 

In addition to the damping ratio of the system, it seems that the excitation force is a function 

of either air gap variation, which effects dynamic eccentricity from a mechanical standpoint, 

or vibration velocity, which influences electromagnetic forces from an electromagnetic 

perspective.  

As concluded before, by approaching the first natural frequency of the system, excitation 

force amplitude rises dramatically, and it is not constant through the operation frequency. In 

other words, excitation force is a function of dynamic air gap or vibration velocity, which 

probably has effect on electromagnetic force fluctuation between rotor and stator. 

Consequently, this electromagnetic force variation that cause UMP, may change the 

excitation force amplitude. Accordingly, excitation force development is studied as a 

function of dynamic air gap change and relative vibration velocity using mathematical and 

FE models. Given that, approximated excitation force amplitudes based on measured stator 

vibration velocity, dynamic air gap, and relative vibration velocity are obtained and mapped 

in relation to the excitation force amplitude. The results of the excitation force magnitude as 

a function of vibration velocity are depicted in Figure 50. 
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Figure 50. A comparison of mathematical and FE model estimations of excitation force as a 

function of relative vibration velocity for a long bearing span setup. 

 

Likewise, the approximated amplitudes of the excitation force are also presented in 

conjunction with the variations in the dynamic air-gap. This relationship is illustrated in 

Figure 51, where the growth of the excitation force amplitude is plotted against the dynamic 

air-gap values, considering both the mathematical and FE models. By examining the data 

depicted in diagram, it can help to understand how the excitation force amplitude changes in 

response to the dynamic air-gap variations. This analysis may provide valuable insights into 

the interaction between the excitation force and the dynamic air-gap. 
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Figure 51. A comparison of mathematical and FE model approximation of excitation force 

as a function of dynamic air-gap for a long bearing span setup. 

 

Based on the estimated excitation forces corresponding to various supply frequencies, it can 

be concluded that the excitation force varies as the operational frequency changes. 

Additionally, when considering the progression of excitation force in relation to the dynamic 

air-gap or vibration velocity, it can be inferred that the force does not increase linearly, but 

rather follows a nonlinear pattern. Moreover, the curves depicting these trends indicate that 

the slope of the graph is decreasing. 

6.5  Determination of excitation amplitude for 1xLF 

Due to a lack of resonance-measured vibrational data and the seemingly nonlinear behavior 

of excitation force in the supply frequency range, it is hard to approximate the excitation 

force amplitude at resonance directly, as is done for Table 13. Despite all the challenges 

described, the excitation force is estimated to investigate how it grows and changes across 

the operating frequency range in order to examine how it responds to relative vibration 
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velocity and dynamic air-gap variation.  The approximation is carried out with the help of a 

fitting curve on the excitation force data up to the resonance that is calculated in 6.3 Its 

progression is examined through three distinct assumptions according to the fitted curves 

shown in Figure 52-Figure 54, for calculated excitation force values. By fitting the curve to 

excitation force amplitude data, the equation of the curve could be achieved, meaning that 

the progression of excitation force amplitude through the operating frequency range of the 

machine would be predictable. Regarding the results depicted in Figure 50, three relations 

are presumed for excitation force as a function of vibration velocity: 

¶ Quadratic relation  

¶ Exponential relation   

¶ Power relation   

 

 

Figure 52. Assumed quadratic relation of the excitation force growth with respect to relative 

vibration velocity in long bearing span setups. 

 

Moreover, the equation of the quadratic curve fitted on excitation force data is obtained as: 

          



99 
 

          y = 0.0007304 (x)2
+0.1494 x  + 0.06142 

(62) 

 

Where, y is excitation force amplitude [kN], and x represents relative vibration velocity 

[mm/s]. Also, R2-goodness-of-fit index in regression process is at 0.999. 

As second progression assumption, exponential relation of the excitation force as a function 

of time is illustrated in Figure 53.  

 

 

Figure 53. Assumed exponential ascent of the excitation force growing with respect to 

relative vibration velocity in long bearing span setups. 

 

Also, the exponential relation of the excitation force growth as a function of relative 

vibration velocity is collected from the curve fitted to the data as follows: 

           

          y = -10.41 e -0.01533 x + 10.46 
(63) 
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Where, y is excitation force amplitude [kN], and x represents relative vibration velocity 

[mm/s]. In addition, R2-goodness-of-fit index in regression process is at 0.99. 

The last presumed prediction of excitation force amplitude is the power relation of 

progressing as a function of relative vibration velocity, shown in Figure 54. 

 

 

Figure 54. The power relation of excitation force growing in relation to relative vibration 

velocity for long bearing span setup. 

 

Additionally, the following power relation of the excitation force increase as a function of 

relative vibration velocity is obtained from the curve fitted to the data: 

 

          y = 0.4349 (x)0.6546 - 0.152 
(64) 
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Where, y is excitation force amplitude [kN], and x represents relative vibration velocity 

[mm/s]. Furthermore, R2-goodness-of-fit index in regression process is at 0.99. 

The aforementioned hypotheses aim to investigate the relationship between the amplitude of 

excitation force and the frequency range at which the machine operates. The objective is to 

determine whether the force magnitude converges or fails to converge at a specific value, 

thereby predicting the force magnitude at resonance. To conduct these examinations, an 

iterative procedure is employed.  

To explain conducted method, at first, an arbitrary force is applied as the initial excitation 

force amplitude, and the relative vibration velocity of the system is calculated. Subsequently, 

the calculated velocity is utilized in one of the equations (62)-(64), based on specific 

assumptions to determine a new value for the excitation force amplitude. This updated force 

amplitude is then applied to the system, and the process is repeated. The iteration continues 

until the excitation force amplitude converges to a single value or fails to converge. It should 

be mentioned that convergence is defined as a difference of less than 0.01 % between two 

consecutive updated excitation force amplitudes. The flow chart of the iteration process is 

depicted in Figure 55.  
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Figure 55. Iterative convergence procedure. 

 

It is important to note that, due to the unavailability of measured vibration levels for the 12 

sub-stack machine with a short bearing span system, the excitation frequencies for this setup 

are calculated based on the measured data points' distance from the first natural frequency 

of the system in the long bearing span setup. Furthermore, it is assumed that a similar 

progressive growth in the long bearing span setup applies to the short bearing span 
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arrangement, where an equivalent excitation force amplitude as a function of relative 

vibration velocity is utilized in both setups (equations (62)-(64)).  

Excitation force amplitude at particular frequency is examined for both short and long 

bearing span setups, using quadratic relation of progression with respect to relative vibration 

velocity shown in (62). Additionally, Excitation force amplitude is approximated at first 

resonance. At certain frequency, 100 N as an initial excitation force amplitude is applied to 

the system. To compare the vibration levels, the relative vibration velocity correspond to 

converged excitation force amplitude-final value of the convergence study, is calculated. 

Results of the convergency approach for long bearing span setup, are collected in Table 15. 

  

Table 15. Excitation force convergence study according to quadratic relation of progression 

for long bearing span-values related to relative vibration velocities are rounded.  

Excitation 

frequency 

[HZ] 

Calculated 

excitation 

force 

amplitude 

from test 

data [kN] 

Relative vibration 

velocity corresponds 

to (calculated from 

test data) [mm/s] 

Number of 

iterations 

Converged 

excitation force 

amplitude from 

progression 

equation [kN] 

Relative 

vibration velocity 

corresponds 

converged 

excitation force 

amplitude [mm/s] 

10 0.1615 0.38 5 0.0941 0.22 

11.09 0.1295 0.4 7 0.1146 0.36 

12.03 0.1423 0.59 18 0.1639 0.69 

12.97 0.1764 1.1 73 0.6089 3.73 

13.44 4.0345 31.41 64 4.0292 31.37 

13.75 7.1225 74.18 34 6.3837 59.8 

15.128 - - 100* 7.0821 102.3 

*) At resonance state the excitation force amplitude is converged, the results oscillating 

around converged value.    

 

The results of the convergence study with quadratic relation of excitation force amplitude 

growing for short bearing span are depicted in Table 16. It should be explained that, for this 

setup 100 N is applied to the system as an arbitrary amplitude. 
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Table 16. Excitation force convergence study according to quadratic relation of progression 

for short bearing span. (Values related to relative vibration velocities are rounded). 

Excitation 

frequency 

[HZ] 

Number of 

iterations 

Converged excitation force 

amplitude from progression 

equation [kN] 

Relative vibration velocity 

corresponds converged 

excitation force amplitude 

[mm/s] 

16.10 6 0.11 0.30 

17.19 11 0.14 0.51 

18.13 23 0.23 1.12 

19.07 122 2.07 14.43 

19.54 40 5.60 48.64 

19.85 23 7.0221 71.78 

21.227 185 7.3096 147.13 

 

Moreover, the comparison of the convergence study with quadratic relation of excitation 

force amplitude progression is depicted in Figure 56. 

 

 

Figure 56. Comparison converged excitation force amplitude and relative vibration velocity 

with respect to excitation frequency in long and short bearing span setups. (Quadratic 

relation of excitation force amplitude progression). 
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Regarding results of the quadratic relation of progression, it could conclude that a quadratic 

relationship could not explain excitation force amplitude trend, since the excitation force 

behavior descends to negative levels with a sharply sloping trail after a specific points of 

relative vibration velocity (domain of function definition). Additionally, this relation of 

progression, calculated the excitation force amplitude at the first resonance (about 15 Hz) to 

be roughly 7 kN, which was obviously incorrect given that the excitation force amplitude at 

13.75 Hz before resonance is larger. 

The next study of excitation force amplitude estimation using exponential relation of 

growing with respect to relative vibration velocity is performed by applying 100 N as an 

initial excitation force amplitude to the system and its magnitude at first natural frequency 

is calculated. The results for long bearing span configuration are collected in Table 17. 

  

Table 17. Convergence study of excitation force amplitude based on exponential growth for 

long bearing span-values related to relative vibration velocities are rounded. 

Excitation 

frequency 

[HZ] 

Calculated 

excitation 

force 

amplitude 

from test 

data [kN] 

Relative vibration 

velocity corresponds 

to (calculated from 

test data) [mm/s] 

Number of 

iterations 

Converged excitation 

force amplitude from 

progression equation 

[kN] 

Relative 

vibration 

velocity 

corresponds 

converged 

excitation 

force 

amplitude 

[mm/s] 

10 0.1615 0.38 8 0.0794 0.18 

11.09 0.1295 0.40 6 0.0991 0.31 

12.03 0.1423 0.59 20 0.1501 0.63 

12.97 0.1764 1.1 106 0.8417 5.16 

13.44 4.0345 31.41 62 4.0074 31.20 

13.75 7.1225 74.18 35 6.1654 57.76 

15.128 - - 9 10.245 247.14 

 

The same procedure is repeated for the short bearing span configuration. The approximation 

is carried out with an exponential relation of extension for excitation force amplitude. The 

results of the excitation force amplitude convergence study for short bearing span 

corresponds to exponential relation of progression are collected in Table 18. 
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Table 18. Convergence study of excitation force amplitude based on exponential growth for 

short bearing span. (Values related to relative vibration velocities are rounded). 

Excitation 

frequency 

[HZ] 

Number of 

iterations 

Converged excitation force 

amplitude from progression 

equation [kN] 

Relative vibration velocity corresponds 

converged excitation force amplitude 

[mm/s] 

16.10 8 0.0913 0.26 

17.19 12 0.1221 0.45 

18.13 38 0.2243 1.10 

19.07 81 2.4700 17.26 

19.54 38 5.3624 46.58 

19.85 28 6.9652 71.20 

21.227 11 9.9816 200.92 

 

The variation of relative vibration velocity and excitation force amplitudes are depicted in 

Figure 57. 

 

 

Figure 57. Comparison of converged excitation force amplitude and relative vibration 

velocity with respect to excitation frequency in long and short bearing span setups. 

(Exponential relation of excitation force amplitude growth). 
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Findings of convergence examination of excitation force amplitude growth revealed that 

exponential relation of excitation force amplitude progression and relative vibration velocity 

is matched better with real excitation force development mechanism in which, rises non-

linearly up to certain point and then, almost continues constantly until close to the next 

natural frequency of the system. Furthermore, using this trend, the excitation force amplitude 

is estimated to be 10 kN, nevertheless it is impossible to know how well this estimate 

corresponds to the real amplitude due to the absence of resonance data. 

The last assumption for excitation force amplitude trend is studied as a power relation of 

progression in regard to relative vibration velocity. The results of the last convergence 

examination for the long bearing span setup are collected in Table 19. 

 

Table 19. Convergence study of excitation force amplitude based on power relation growth 

for long bearing span setup-values related to relative vibration velocities are rounded. 

Supply 

frequency 

[HZ] 

Calculated 

excitation force 

amplitude from 

test data [kN] 

Relative vibration 

velocity corresponds 

to (calculated from 

test data) [mm/s] 

Number 

of 

iterations 

Converged 

excitation 

force 

amplitude 

from 

progression 

equation 

[kN] 

Relative vibration 

velocity corresponds 

converged excitation 

force amplitude 

[mm/s] 

10 0.1615 0.38 79 0.1783 0.41 

11.09 0.1295 0.40 33 0.5586 1.74 

12.03 0.1423 0.60 30 1.1595 4.87 

12.97 0.1764 1.1 37 2.5932 15.90 

13.44 4.0345 31.41 31 4.1932 32.65 

13.75 7.1225 74.18 41 6.0370 56.55 

15.128 - - 36 37.3663 903.21 

 

In reference to the power relation of growth, the findings of the convergence investigation 

of excitation force amplitude for a short bearing span configuration are shown in Table 20. 
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Table 20. Convergence study of excitation force amplitude based on power relation growth 

for short bearing span setup-values related to relative vibration velocities are rounded. 

Excitation  

frequency 

[HZ] 

Number of 

iterations 

Converged excitation force 

amplitude from progression 

equation [kN] 

Relative vibration velocity 

corresponds converged excitation 

force amplitude [mm/s] 

16.10 35 0.4289 1.22 

17.19 31 0.8731 3.24 

18.13 31 1.6329 8.02 

19.07 30 3.3794 23.61 

19.54 31 5.2047 45.21 

19.85 36 7.1580 73.17 

21.227 35 26.3580 530.56 

 

The findings of the convergence excitation force amplitude examination and relative 

vibration velocity of the long and short bearing span setups with respect to the excitation 

frequency range are illustrated in Figure 58.  

 

 

Figure 58. Comparison of the converging excitation force amplitude and the relative 

vibration velocity in long and short bearing span configurations. (Excitation force amplitude 

increase with a power relation trend). 
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It seems that, the power relation of excitation force amplitude development increased sharply 

and converged to a high amount of amplitude. Due to insufficient observation of resonance, 

it is not possible to guarantee definitively that whether value of 37 kN will be reached at 

resonance or not, but it may lead to an overestimation of the excitation force magnitude at 

resonance.  

From all convergence investigation of excitation force amplitude progression, it could 

conclude that despite the excitation force amplitude obtained by convergence study for short 

bearing span setup is lower than long bearing span configuration, it appears that the 

excitation force amplitude progression would be different from calculated for long bearing 

span setup, as there were no observed elevated vibration levels for short bearing span 

configuration even when supply frequency coincided with the shaft first horizontal natural 

frequency. 

6.6  Rotor line stiffness requirements for PMM shaft generators 

As one of the objectives of this study, the aim is to establish the rotor line stiffness 

requirement as a design criterion in order to prevent elevated vibration levels. To accomplish 

this goal, the both the rotor shaft and rotor line are investigated within a stiffness range of 

50-700 kN/mm. It's important to note that the rotor line stiffness represents an equivalent 

stiffness that incorporates the rotor shaft, bearings, and pedestals stiffness, without negative 

stiffness-according to (50) keq_sh represents equivalent stiffness of the rotor line. The 

investigation is conducted using a mathematical model with two degrees of freedom. The 

system is numerically solved under resonance conditions, with an excitation force amplitude 

of 10.245 kN derived from the convergence study results presented in Table 17. The study 

follows a procedure where the equivalent rotor line stiffness is initially set to the lowest 

value within the stiffness range, and the natural frequencies are calculated. The first natural 

frequency is then assigned as the excitation force frequency, and the system is numerically 

solved using a time integration method. Subsequently, the vibration velocity response of the 

rotor is computed. This procedure is repeated for the entire defined stiffness range interval. 

Moreover, the effective modal mass of the rotor line is considered constant and taken from 

Table 8. The results of the rotor vibration velocity amplitude and natural frequencies 

variation whit respect to rotor line stiffness is depicted in Figure 59. 
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Figure 59. Vibration velocity amplitude and natural frequencies variation corresponds to 

equivalent rotor line stiffness. 

 

In addition, rotor shaft stiffness is also, investigated in stiffness range as is defined for rotor 

line stiffness-according to (50), k1 represents rotor shaft stiffness. The same procedure is 

used to solve system numerically and results are plotted in Figure 60. The upper plot 

illustrates the varying levels of rotor vibration velocity as the rotor shaft stiffness increases 

within the range of 50-700 kN/mm. Numerical calculations were performed to determine 

these vibration levels, specifically at the first resonance state of the system, considering 

different values of rotor shaft stiffness within the specified range. Similarly, the bottom plot 

displays the fluctuation of the first and second natural frequencies of the system at each point 

within the defined range of rotor shaft stiffness. The natural frequencies were computed for 

the system, taking into account different values of rotor shaft stiffness within the specified 

range. 
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Figure 60. Vibration velocity amplitude and natural frequencies variation with respect to 

rotor shaft stiffness. 

 

The first natural frequency is shifted toward the second (about 24 Hz) by raising the 

associated rotor line stiffness, which causes a bump in the plot between 100 and 200 kN/mm, 

as shown in Figure 59. In addition, increasing the equivalent rotor line stiffness causes the 

first natural frequency to converge to 23.7 Hz, but the second natural frequency fails to 

merge and continues to grow at a moderate pace. In addition, by growing the rotor shaft 

stiffness, the first and second natural frequencies have converged at the values of 23.5 and 

31.35 Hz respectively. This means that they are unlikely to shift to higher values anymore. 

According to IEC 60034-14 standard -mechanical vibration limitation in rotating electrical 

machine, the limitation value of the vibration levels for the machine in question is defined 

at 2.3 mm/s rms at bearing housings and rms value is defined as square root of the peak. 

Thereby, the peak value of the bearing housings vibration level limitation is calculated at 

3.25 mm/s. Due to lack of vibration information of rotor, to determine the rotor vibration 

restriction, FE model is utilized to calculate the ratio of the rotor vibration level to bearing 

housings. The vibration levels of the NDE and DE bearings and rotor are calculated from 

harmonic response of the system by applying 1 kN as an arbitrary force to the system. The 
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results of the vibration levels correspond to certain excitation force frequency are collected 

in Table 21. 

 

Table 21. Calculated vibration level of bearing housings and rotor by FE model with long 

bearing span.  

Excitation 

frequency 

[Hz] 

NDE bearing housing 

vibration level 

[mm/s] 

DE bearing 

housing 

vibration level 

[mm/s] 

Average of 

bearing 

housings 

vibration level 

[mm/s] 

Rotor 

vibration 

level 

[mm/s] 

Ratio of rotor 

vibration level to DE 

bearing housing 

vibration level 

12 0.68 0.77 0.725 3.63 4.71 

12.5 0.84 0.94 0.89 4.42 4.70 

13 1.06 1.2 1.13 5.57 4.64 

13.5 1.41 1.59 1.5 7.37 4.64 

14 2 2.28 2.14 10.43 4.57 

14.5 3.07 3.50 3.285 15.9 4.54 

15 4.05 4.63 4.34 20.89 4.51 

15.5 3.16 3.62 3.39 16.19 4.47 

   

Based on vibration levels collected in Table 21, since the vibration velocity of the DE bearing 

housing is larger than NDE side, to being more conservative, the ratio of the vibration level 

of rotor to bearing is calculated based on DE bearing housing vibration velocity. At 

resonance, the convertor coefficient is computed at 4.51, meaning that the allowed peak 

value of rotor vibration velocity is at 14.66 mm/s. To avoid elevated vibration level at rotor, 

as it shown in Figure 61, the least rotor line stiffness is obtained according to 14.66 mm/s 

peak vibration velocity for rotor at first resonance state. In addition to resonance state, the 

ratio of the rotor vibration level with respect to DE bearing housing vibration level at 

different excitation force frequency are presented in above.   
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Figure 61. Equivalent rotor line stiffness requirement with respect to limitation at 14.66 

mm/s peak, vibration velocity of the rotor. 

 

The diagram in Figure 61, revealed that, the approximately 324 kN/mm is required for 

equivalent stiffness of rotor line.  This equivalent stiffness is a combination of rotor shaft, 

bearings, and pedestal stiffnesses. On the one hand, the obtained amount of required 

equivalent rotor line stiffness is roughly 2.2 and 3.5 times larger than the equivalent stiffness 

of rotor line in short and large bearing span setups respectively. On the other hand, no 

elevated vibration was encountered for short bearing span setup during actual test, even 

when the 1xLF supply frequency coincide with first horizontal natural frequency of the test 

rotor shaft. The discrepancy might occur because due to constant consideration of excitation 

force amplitude in mathematical model. Also, it could be result of overestimation of 

excitation force amplitude at resonance state.  
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7  Analysis and discussion 

The minimum stiffness of the rotor line needed to avoid excessive vibration is computed at 

a substantial level, even more than corresponding stiffness for the short bearing span 

arrangement. To clarify this contradiction, it should be pointed out the mathematical model 

use the constant amplitude to solve the response of the system, while from the results of the 

study it is agreed that the excitation force amplitude is not constant across the machine 

operating frequency range. Moreover, the excitation force magnitude is estimated at 

resonance according to test measurements data in which could be larger than actual value. 

Also, the effective modal mass variation of the rotor is kept constant during the calculation 

which has effect on natural frequencies and consequently in vibration velocity amplitude 

computation.  

The machine vibration response at resonance is highly dependent on the ratio of the system 

stiffness to the air-gap stiffness. Since the air-gap stiffness is acting as a negative stiffness 

and has a direct relation with equivalent stiffness of the rotor line, has major effect to reduce 

the natural frequency of the system. On the other hand, it might change when the machine 

is start to rotate. It may explain the dropped natural frequency from stationary state modal 

and vibration measurement test. Also, the increase of rotor line stiffness shifts the first 

natural frequency at higher level up to 24 Hz but the second one continues to rise moderately. 

The reason of lower vibration levels of the short bearing span setups it might refer to lesser 

static eccentricity result of larger rigidity and leading to lower shaft deflection. Lower static 

eccentricity consequently reduces the dynamic air-gap variation during the machine 

operation. On the other hand, the excitation force amplitude may depend on changes in the 

dynamic air-gap caused by the rotor's dynamic eccentricity, vibration velocity changes 

triggered on by changes in flux density as a source of UMP, or even a blend of the two 

(mixed). Thereby, it may assume that excitation force amplitude, result of dynamic air-gap 

is at higher lever than its amplitude in long bearing span configuration. Also, the excitation 

force development in short bearing span setup rises moderately with respect to lower 

dynamic air-gap variation, to compare with long bearing span setup.  

It has been demonstrated that the excitation force amplitude does not remain constant across 

the operational frequency range and that as one approaches the system's the first natural 
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frequency. It starts to progress most likely in a nonlinear way. Furthermore, there were 

noticeable shifts to higher level in the vicinity of the first natural frequency. Moreover, the 

linear changing behaviour of excitation force through operational speed frequencies, leading 

to endless levels of vibration and continuous growth of the dynamic air-gap fluctuation. In 

other words, the linear variation in excitation force amplitude as a function of dynamic air-

gap acting as negative damping, indicates that the vibration amplitude does not decay and 

increases indefinitely. Therefore, the excitation force does not grow linearly until infinity. 

Also, from the test measurements data, excitation force amplitude at resonance is 

approximated iteratively in which given that the test results it represents 1xLF excitation. Its 

amplitude is calculated by three presumption of progression relation according to 

measurements vibration levels. It might conclude that the excitation force amplitude 

increases non-linearly to a specific point and then almost constantly continue until close to 

the system's next natural frequency. As a result, the excitation force is likely to be 

proportional to the dynamic air-gap. 
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8  Conclusions 

The electromagnetic vibration analysis of the permanent magnet shaft generator is carried 

out. with the aim of determination of minimum stiffness of the rotor line as a design 

parameter. In addition to the vibration response of the machine at resonance with respect to 

the equivalent stiffness of the system, the excitation force amplitude at resonance is 

investigated. Finally, the effect of initial eccentricity and of dynamic air-gap in excitation 

force amplitude are examined to explain the reason of presence or absence of elevated 

vibration levels during the tests. The main focus of the study was on lateral vibration due to 

static and dynamic eccentricity resulting in air-gap variation and consequently leading to 

UMP. Torsional vibration was not considered in the analysis.  

Since the source of electromagnetic vibration of study was one times line frequency (1xLF) 

as an excitation force when is coincided with rotor shaft horizontal natural frequency in 

which the main cause of 1xLF is not distinct and it was present in some situations and it 

somehow related to parallel root of windings. So, because of this lack of transparency, the 

amplitude of 1xLF as an excitation force is examined through reverse engineering with 

mathematical modeling and FE analysis.  

Accordingly, shaft generator vibration mathematical model is created by simplifying the 

machine to single, two, and four DOFs systems. Additionally, the FE model was created for 

harmonic response analysis. mathematical models are verified by test results and by FE 

model simulation.  Moreover, mathematical models are solved via both analytically to 

calculate natural frequencies and modes, and numerically (time integration method) to solve 

the response of the system. Furthermore, test measurements data were analyzed to find key 

observations. Excitation force amplitudes at certain frequencies are approximated 

corresponds to measured vibration velocity data using both mathematical and FE models. 

Accordingly, excitation force development and progression trend are investigated using 

mathematical model. Also, the relation of excitation force amplitude progression to dynamic 

air-gap variation and with respect to vibration velocity is constructed in both mathematical 

and FE model. Likewise, the excitation force amplitude changing is studied by prediction of 

its growth trend by solving the response of the system using time integration method.  

Moreover, excitation force amplitude at resonance is estimated iteratively through using 
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relation of excitation force amplitude as a function of vibration velocity. Finally, the 

minimum required equivalent stiffness of the rotor shaft is determined by harmonic response 

of the system.   

Accordingly, it concluded that:  

¶ Air-gap stiffness might change as machine rotate, it somehow explain the dropped 

natural frequency of the rotor shaft during the machine operation to compare with 

modal test when machine is not rotating.  

¶ The excitation force is not constant through machine operation frequency, it 

seemingly behaves in non-linear manner particularly by approach to first natural 

frequency.  

¶ The linear variation in excitation force amplitude as a function of dynamic air-gap 

acting as negative damping with infinity amplitude. Therefore, the excitation does 

not rise linearly and the slope of the progression decreases. 

¶ The relation of the excitation force amplitude as a function of dynamic air-gap and 

also as a function of vibration velocity is established. 

¶ Lower shaft deflection result of higher rigidity reduces the dynamic eccentricity of 

the machine when it rotates. Consequently, UMP decreases meaning that the 

vibration level is lower.   

¶ The increase of rotor line stiffness shifts the first natural frequency at higher level up 

to 24 Hz but the second one continues to rise moderately. 

¶ The rotor line's minimum rigidity is calculated higher than stiffness of short bearing 

span setup which is needed to perform test and resonance data is needed.   

8.1  Future developments 

Given, the excitation force is approximated using reverse engineering method, to evaluate 

the results of the study and improve the model accuracy, this research might proceed with 

the following proposals:  
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¶ Collecting vibrational data for rotor in operation using Laser doppler vibrometer 

(LDV) in operation frequency range to compare the results.  

¶ Performing similar study according to short bearing span setup vibration levels to 

compare the results. 

¶ Calculation of electromagnetic force according to (Li et al. 2018) and evaluation of 

findings together.  
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Appendix 1. Modal mass coefficient of free-free shaft 

Modal mass coefficient is obtained using FEM by comparison between distributed mass 

shaft and shaft with point mass concentrated on rotor location. Applied constraints on the 

shafts with a) distributed mass, and b) point mass concentrated on rotor location are defined 

as: A: all translational constrained, B: vertical and horizontal translations constrained, C: 

vertical translation constrained. 

 

Results of horizontal natural frequency and modal mass, a) and c) corresponded to 

distributed mass, b) and d) point mass. 
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Case Mass [kg] First horizontal natural frequency [Hz] 

Distributed mass shaft 3296.6 42.647 

 

 

Case  
Iterated Point mass at rotor 

location [kg] 

Obtained first horizontal natural 

frequency corresponds to 

distributed mass shaft [Hz] 

Concentrated point mas shaft 1623.5 42.648 
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γ = 
mpoint

mdist

 (65) 

 

Where, γ is modal mass coefficient related to simply supported beam, mpoint is point mass 

[kg], and mdist is distributed mass [kg]. 
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Appendix 2. Centre flange stiffening effect study using FEM 

Center flange stiffening effect on shaft deflection is studied based on variation of center 

flange thickness, diameter and shaft bearing span is performed and results are gathered 

below.  
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Center flange influence on shaft deflection in relation to long and short bearing span shafts. 

Test setup 

Shaft deflection  

without center flange 

[mm] 

Shaft deflection  

with center flange 

[mm] 

Center flange stiffening 

factor 

Long bearing span 0.37255 0.36558 1.019 

Short bearing span 0.1442 0.14547 0.991 

 

Center flange effect on deflection for long bearing span, a) center flanged shaft and b) shaft 

without center flange. 

 

  

Center flange effect on deflection for short bearing span, a) center flanged shaft and b) shaft 

without center flange. 
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Appendix 3. Determination of stator and pedestal stiffness using FEM    

Stiffness and modal mass coefficients of stator and pedestal are calculated from FE model 

according to first horizontal and vertical natural frequencies. Stator and pedestal first natural 

frequencies and modes, a) stator in horizontal, b) stator in vertical, c) pedestal in horizontal, 

and d) pedestal in vertical directions. 

 

Modal mass coefficients of stator and pedestal calculated from FEM in horizontal and 

vertical directions, a) stator, b) pedestal. 
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According to modal mass coefficients and natural frequencies obtained from FEM for stator 

and pedestal in horizontal and vertical directions, their stiffnesses are calculated. 

 

a) 

 

b) 
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First horizontal and vertical natural frequencies and modes corresponded to symmetry 

modelling (Kurvinen et al. 2020). a) supported in horizontal, b) supported in vertical, c) free-

free in horizontal, and d) free-free in vertical directions.   
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