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ABSTRACT

This research paper presents an investigation of the local
flow instability known as inlet recirculation in a high-speed
industrial centrifugal compressor. This phenomenon might
appear when a compressor operates at a lower than the design
mass flow rate and approaches the surge line. The study
combines experimental measurements with a 3D steady-state
Reynolds-Averaged Navier-Stokes (RANS) computational fluid
dynamics (CFD) model using the k-« Shear Stress Transport
turbulence model. The single-passage CFD model was validated
against the experimental data for the design speed line. A
detailed mesh independence study was conducted to estimate the
discretization uncertainty and evaluate grid refinement at the
design point. The results indicate that as the mass flow rate
decreases and approaches the surge line, the inlet recirculation
phenomenon is observed. The inlet recirculation is quantitatively
analyzed, and the blockage it causes is determined. It was found
that inlet recirculation can account for approximately 9% of the
compressor mass flow rate and can block up to 38% of the flow
area at the impeller inlet. Also, the expansion of the inlet
recirculation zones was growing in two phases, showing
significant radial and streamwise growth as the inlet blockage
increased. For lower inlet blockage, the radial growth
dominated the streamwise growth. While the streamwise growth
increased significantly with relatively constant radial expansion
at the higher inlet blockage.
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NOMENCLATURE

Variables

A

area [m?]

blockage [—]

E maximum relative
uncertainty [—]

N rotational  speed
[rev/s]

p pressure [kPa]

Q mass flux
[kg/(mZ.s)]

qm mass flow rate
[kg/s]

Ru relative humidity
(-]

T temperature [K]

y+ dimensionless
near-wall distance
(1

n 1sentropic
efficiency [—]

3 pressure ratio [—|

Abbreviations

BCs Boundary
conditions

CAD Computer-Aided

Design
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CFD Computational  Fluid
Dynamics

GCI Grid Convergence
Index

IR Inlet recirculation

RANS Reynolds-averaged
Navier-Stokes

SST Shear Stress Transport

3D Three-dimensional

Subscripts

inlet impeller inlet region

max maximum

ref reference

re- re-admitted flow in

admitted inlet recirculation

reversed reversed flow in inlet
recirculation

stage compressor stage

ts
tt

total-to-static
total-to-total
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1. INTRODUCTION

At low mass flow rates, compressors are prone to a form of
global instability called surge which is challenging to predict and
manage [1]. It affects not only the compressor but also the other
components of the compression system. It is identified by
periodic changes in mass flow that occur at a specified
frequency, coupled with the pulsation of pressure and system
vibrations [2]. During the surge cycle, the flow pattern inside the
compressor constantly swings between stalled and un-stalled
conditions [3]. At certain stages of the surge cycle, the quantity
of fluid entering the compressor may not be sufficient to operate
the elevated pressure beyond the impeller. Consequently, the
flow reverses, exiting through the inlet. Surge can inflict
significant damage to the compressor components as well as the
elements positioned upstream of the compression system.

Another known flow instability is the stall, which happens
locally when the flow separates [4]. Flow separation occurs
when fluid flow may decelerate to the extent that it cannot
continue to move along the surface, resulting in the separation of
streamlines and the emergence of reverse flow areas along the
wall surface [5]. In centrifugal compressors, the rotating stall is
formed of stalled channels that cover a limited number of blades
and rotate at a fraction of rotor speed in the same direction as the
rotor [6]. Each region of reduced flow velocity is often referred
to as a cell, and the phenomenon of rotating stall typically
consists of numerous stall cells [7]. Kaemmerer and Rautenberg
[8] conducted a study on a centrifugal compressor equipped with
a vaneless diffuser to investigate the fluid flow behavior at
various speeds across the stall limit. They identified three distinct
types of stall phenomena: non-periodic stall accompanied by
fluid recirculation at the impeller inlet which has many
similarities with the inlet recirculation, along with two types of
periodic stall at higher speeds.

Compressors can undergo a local flow reversal at their inlets
in the form of a recirculating bubble near the shroud. This bubble
is produced by the fluid being discharged from and subsequently
re-entering the impeller passage, which causes continuous
recirculation [9]. As the recirculating bubble expands, it
progressively merges to form a cohesive structure in the annular
region and creates a stable blockage at the impeller inlet region,
referred to as inlet recirculation [10]. Unlike a rotating stall, the
recirculating bubble is non-periodic, fluctuating, and lacks a
well-defined frequency. The compressors typically maintain
steady operation despite the existence of inlet recirculation.

The inlet recirculation has been originally observed in
centrifugal pumps [11] but it is now known to be also present in
centrifugal compressors. Andersen et al. [3] used thermocouples
positioned at various axial locations along the inlet pipe to
quantify the augmentation of inlet recirculation in the impeller.
Ribaud [12] conducted a comprehensive analysis to provide a
more refined categorization of the many instabilities that are
often encountered in centrifugal compressors. In his
experimental investigation of several centrifugal compressors,
he observed the presence of two distinct forms of recirculation:
one occurring at the inlet region and the other at the exit region
of the impeller.

Qiu et al. [13] developed meanline model corrections to
predict inlet recirculation losses during the early design stages.
Their model was validated using experimental data and CFD
simulations. The model treated recirculation as an area blockage
and separated the inlet region into an active flow and a blocked
flow region. The model was unable to describe the origin of the
inlet recirculation. Harley [14] enhanced the Qiu model and
delved into the inlet recirculation by conducting steady-state
simulations and analyzing experimental data. The findings
indicate that the critical area ratio during recirculation does not
exhibit a consistent behavior, contrary to the assumption made
by Qiu. Harley also developed a model that accounts for the
increased inlet temperature caused by inlet recirculation and the
altered inlet velocity triangle, which enables the effects to be
considered during the preliminary design process [15]. Several
other experiments and computational models have confirmed
that the existence of inlet recirculation is a notable feature of
centrifugal compressors regarding inlet recirculation sizes, range
in maps, and influence on the operation. According to Schreiber
[16] the actual origin of inlet recirculation is located within the
rotor channel, close to the splitter blade pressure side.

The mechanisms underlying the occurrence of inlet
recirculation in the impeller inlet region remain mainly
unknown. It appears mostly in blowers and hydraulic pumps.
Appearance of recirculation requires the presence of two
conditions as defined by Gulich [17]: first, the flow must
undergo local separation; and second, there must be significant
pressure gradients that are perpendicular to the primary flow
direction. Additionally, the initiation and magnitude of inlet
recirculation are subject to the influence of various other factors,
such as the boundary layer and force balance within the rotor.
These variables are influenced by the rotor operational
parameters and its geometry.

Schleer [18] performed an experiment that indicated the tip-
leakage vortex as the phenomenon that causes inlet recirculation.
The compressor experiences inlet recirculation when the tip-
leakage vortex reaches the leading edge of the next blade at a low
mass flow rate. Furthermore, as suggested by Qiu et. al. [13],
recirculation is triggered by the boundary layer separation at the
leading edge near the tip. It develops in this location and remains
in the shroud region because of a significant radial pressure
gradient. They also determined that radial machines would not
experience inlet recirculation, which was confirmed numerically
as well as experimentally. Their simulations showed substantial
outlet recirculation as well. Turbocharger impellers, as axial-
radial machines, have the potential for both forms of
recirculation.

Tamaki [19] suggested a new recirculation control method
that affects the flow field by injecting flow with negative pre-
swirl at the impeller inlet region. This results in the suppression
of blockage extension, created by the shock encounter with tip
leakage flow. Another quantitative study was carried out by Lin
et al. [20] to evaluate the impact of inlet recirculation on
compressor overall performance. Their outcomes reveal that in
the initial stage, inlet recirculation played a positive role in
minimizing losses associated with incidence, tip clearance, and
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blade loading, leading to an increase in compressor
effectiveness. Nevertheless, during the subsequent phase, the
detrimental consequences of recirculation surpassed the benefits,
resulting in a decline in efficiency. In another study, Tamaki et
al. [21] used three distinct experimental and numerical
techniques to verify the presence of inlet recirculation by using
PIV measurement. Their measurements revealed the presence of
low-frequency pressure fluctuations, particularly during surge
conditions. They also determined that inlet recirculation is an
unsteady phenomenon characterized by broadband spectra in
frequency. The research additionally demonstrated that the inlet
recirculation region constitutes the primary location of returning
flow during surge which was also confirmed by a CFD study
made by Kulak et al. [22].

The purpose of this paper is to numerically explore the
presence and size of inlet recirculation in design and off-design
operating situations. A systematic approach has been formulated,
which includes a thorough assessment of inlet recirculation in an
industrial centrifugal compressor. The main objectives are to: (a)
conduct experimental measurements at the design rotational
speed for various mass flow rates, (b) carry out a comprehensive
3D steady-state computational fluid dynamics (CFD)
investigation to examine the impacts of inlet recirculation in a
high-speed compressor, (c) compare the experimental and
simulation results and validate the numerical model, and (d)
quantitatively analyze blockage due to the inlet recirculation.

2. METHODS

2.1 Experimental measurements

Experimental measurements were conducted in the
Laboratory of Fluid Dynamics at LUT University, Finland on a
high-speed centrifugal compressor equipped with active
magnetic bearings. The compressor, located in a closed-loop test
facility, underwent testing at varied speeds and a range of mass
flow rates. The primary design parameters have been listed in
Table 1.

TABLE 1: TEST COMPRESSOR MAIN DESIGN PARAMETERS.

Component  Parameter Dimension
inlet pipe total axial length 320 mm
diameter at the domain inlet 214 mm
No. of main blades 9
No. of splitter blades 9
impeller blade back sweep at the impeller 40°
outlet
blade height at the impeller exit 11.7 mm
impeller outlet radius 271 mm
tip clearance 1 mm
diffuser diffuser outlet radius 542 mm
height 12.7 mm
efficiency 0.786
design point  rotational speed 461 rps
pressure ratio 2.312
mass flow rate 1.8 kg/s

The performance measurements followed ISO 5389
standards, and parameters such as flow rate, pressure, and

temperature were recorded in front and behind the compressor.
The inlet static pressure and temperature were measured in the
inlet pipe, 62 mm, and 42 mm in front of the inlet cone,
respectively. The outlet static pressure and temperature were
measured in the outlet pipe, and the measurement locations were
82 mm (pressure) and 100 mm (temperature) behind the flange
connecting the volute/exit cone and the piping. Both the pressure
and temperature were measured in four different radial positions
aligned every 90°. The obtained results were averaged when the
performance was assessed. The temperature and pressure
measurement points were displaced by 45°. The K-type
thermocouples used for the temperature measurements were
inserted into a metal cone which was inserted into the pipe. Both
the inlet and outlet pipes were insulated. The mass flow rate was
measured with two flowmeters located in front and behind the
pressure and temperature measurement points. Figures 1 and 2
show the test stand layout and mentioned instrumentation.

During the measurements, the compressor performance was
evaluated at multiple operating points, starting from the choke
line, and progressing toward the surge line. The measurements
were stopped before reaching the surge line to prevent potential
damage caused by excessive vibrations or overheating. At the
design rotational speed of 461 rev/s, measurements were done in
10 operating points. Sufficient time was allocated for the system
to achieve stability and establish steady-state conditions at the
new operational point before conducting measurements.

-2 A /.qﬂu‘r;}-'- £
FIGURE 1: COMPRESSOR TEST STAND AT LUT, WITH A)
COMPRESSOR, B) SETTLING TANK, AND C) HEAT
EXCHANGER.
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The LabView application was used to do uncertainty
estimations for a selected set of determined parameters. The
calculations were conducted using established methodologies for
uncertainty assessment following standard procedures [23]. The
maximum relative uncertainty values were 0.45% and 1.52% for
pressure ratio and isentropic efficiency respectively. The
uncertainty estimates for total-to-total and total-to-static
isentropic efficiencies vary only owing to the inclusion of the
total temperature uncertainty derivation in the calculation for
total-to-total isentropic efficiency. Hence, it is justifiable to argue
that the maximum uncertainty values of both entities were almost
equal in size.

The aforementioned statement holds for both the static-to-
static and total-to-total pressure ratios. To maintain the
repeatability of the measurements, measured values obtained
from the test stand were adjusted to reference values using
equations 1 and 2 due to the variability in ambient air conditions.

_ Dtiref ’ Tt1R 1

qm,ref Im Pt1 Tt1refRref ( )
_ Tt1refRref

Moy = N [0 ®)

where the reference total pressure was equal to pei, ref = 101.3
kPa, the reference total temperature was equal to Tt1 ref = 288 K,
and the reference relative humidity was equal to Ry = 60%.
Values without the "ref" subscript indicate the experimentally
measured values.
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FIGURE 2: TEST STAND PROCESS INSTRUMENTATION
CHART. F FLOW, H RELATIVE HUMIDITY, N ROTATIONAL
SPEED, P PRESSURE, PE ELECTRIC POWER, T TEMPERATURE.

2.2 CFD analysis

The computational analysis of the high-speed industrial
compressor followed the methodology illustrated in Figure 3.
The validated numerical CFD model in ANSYS CFX 2021 R2
was used to solve the three-dimensional, steady-state,
compressible, and turbulent flow using the Reynolds-averaged
Navier-Stokes (RANS) equations [24]. The model accuracy was
verified against the experimental data under design conditions,
followed by investigations of off-design conditions near the
surge limit line.

7 : >
[ Geometry (SolidWorks) ] . .
I ¥ I CFD simulation stages
—H Meshing (Pomtwise) ] I / — — — —
2
o 7 Setup ) \

I Pre-Processing

I Solver (Ansys CFX) I
*  Steady-state

L ¢ Turbulence modeling (SST k-o)

Boundary conditions I I
Interfaces (Frozen rotor) Y, / I

*  Discretization scheme

*  Convergence criteria (10°6)

N~ —_— — — —
I
()
Solver

I

¥ I

I

I

— — — —

Solution
+  Computational algorithm

" v

s ™~
—{ Mesh independence analysis ]

+  Performance analysis Post_Processin I
+  Experimental validation 2 l
N———=>

FIGURE 3: METHODOLOGY FLOW CHART FOR NUMERICAL
SIMULATION OF THE COMPRESSOR.

2.2.1 Computational domain

The numerical model was prepared to reproduce the
impeller of an industrial high-speed centrifugal compressor
located in the Laboratory of Fluid Dynamics at LUT University,
Finland. The 3D geometry of the impeller with splitters and its
cross-section are presented in Figure 4. The inlet tip blade angle
is 54°. The tip gap of 1 mm is constant along the whole impeller.

FIGURE 4: 3D GEOMETRY OF THE IMPELLER AND ITS
CROSS-SECTION.

Figure 5 depicts the computational domain which consists
of 1) an inlet pipe; 2) a rotating impeller and 3) a vaneless
diffuser, while the volute was not modeled.
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Inlet and outlet BCs
=yellow

Periodic BCs = violet
Blades = red

Inlet pipe = green
Impeller = blue
Diffuser = gray

FIGURE 5: SINGLE PASSAGE COMPUTATIONAL DOMAIN OF
THE COMPRESSOR.

2.2.2 Mesh processing

Proper mesh sizing is essential to accurately replicate the
complicated flow fields in the centrifugal compressor stationary
and rotating components. The Pointwise software, based on the
CAD files of the respective parts, was utilized to mesh the inlet,
impeller, and vaneless diffuser, providing a well-structured mesh
with high quality and robustness. To reduce computational
complexity and time, a single passage of the compressor was
simulated. This approach helped to simplify the simulation
process and optimize computational resources. Figure 6 exhibits
various grid densities in the vicinity of the impeller main blade
leading edge, corresponding to different mesh sizes.

FIGURE 6: DETAIL OF THE COMPUTATIONAL MESHES NEAR
THE MAIN BLADE LEADING EDGE. THE MESHES CONSIST OF
0.6, 1.1, 2.8, AND 7.8 MILLION ELEMENTS, ARRANGED IN A
CLOCKWISE MANNER STARTING FROM THE TOP LEFT.

2.2.3 Solver setup

The Shear Stress Transport (SST) turbulence model was
utilized similarly as in [22], [25]. The non-dimensional distance
y+ was maintained at a value around 1 for the majority of the
surfaces. At the inlet boundary (the yellow region in Figure 5),
the total pressure of 101.325 kPa and the total temperature of 288

K were defined to represent the experimentally measured data.
The turbulence intensity had been set at a level of 5%. The fluid
was modeled as an Air Ideal Gas. At the outlet boundary (the
yellow region in Figure 5), a mass flow rate (per passage) was
established and systematically altered throughout the
simulations [26]. To account for the adjacency of simulated
passages, periodic boundary conditions were implemented, as
depicted by the violet region in Figure 5. The adiabatic, smooth,
non-slip walls were assigned to the inlet pipe wall, hub, and
shroud surfaces, as well as the impeller blades. The frozen rotor
methodology was selected for the interface connecting the
stationary components (inlet pipe and diffuser) with the rotating
component (impeller).

2.2.4 Mesh Independence Study

A mesh independence study was conducted using four
different grid sizes: coarser (552 674 elem.), coarse (1 115 254
elem.), medium (2 773 706 elem.), and fine (7 823 288 elem.).
The Richardson Extrapolation method was employed to estimate
the discretization uncertainty and evaluate grid refinement [27].
The mesh independence investigation primarily centered on
conducting steady-state simulations at the design point. The
objective was to monitor key parameters, including pressure
ratio and isentropic efficiency, to evaluate the convergence of the
simulations.
TABLE 2. MESH INDEPENDENCE ANALY SIS AT THE DESIGN
POINT.

Parameters @ = Pressure @ = Isentropic

ratio efficiency

Ni, N2, N3, N4, 7.8, 2.8, 1.1, 0.5 (million elem.)

hi, h2, h3, hy 0.00056, 0.00079, 0.0010, 0.0013 m (avg.

cell size)

ra1 1.41 1.41

r32 1.35 1.35

D 2.457 0.864

D; 2.456 0.861

D;3 2.392 0.840

Dy 2.350 0.838

)2 1.398 0.993

D oy 2.458 0.867

e’y (approximate 0.0004% 0.003%

relative error)

&lo  (extrapolated 0.0004% 0.003%

relative error)

GCPfine (Grid 0.0005% 0.004%

Convergence Index)

Table 2 displays the most significant outcomes of the
procedure. The pressure ratio and isentropic efficiency achieved
very good mesh convergence levels of 0.0005% and 0.004%,
respectively. When comparing the size of the fine mesh (7.8
million elem.) to the medium mesh (2.8 million elem.), it can be
observed that the medium mesh has a 64% lower number of
elements than the fine mesh. In contrast, the pressure ratio value
differs only by 0.040% and isentropic efficiency by 0.30%.
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Considering this small difference and significant reduction of the
computation time, the medium mesh was chosen for the
validation process and future simulations.

2.25 Validation

The experimental data has been utilized to validate the
numerical model of the centrifugal compressor, in particular its
performance characteristics of pressure ratio and isentropic
efficiency. The steady-state numerical model results are
compared to the experimental results in Figures 7 and 8 for the
compressor design speed line of 461 rev/sec. To calculate the
overall performance, the numerical results were mass flow
averaged.

The compressor isentropic efficiency is defined as follows:
i)

p1

Ns=—fpm (3)
where T and p are the measured temperatures and pressures at
the compressor inlet and outlet and y is the ratio of specific heat
capacity (air was treated as an ideal gas). 1 and 2 refer to the
compressor inlet and outlet, respectively. The static temperature
and pressure are measured and if total-to-total or total-to-static
efficiencies are considered, they are converted to the total
temperatures and pressures. The inlet pressure and temperature
were measured at the inlet boundary of the inlet pipe, while the
outlet pressure and temperature were measured at the diffuser
outlet boundary.

The numerical model overpredicts the experimental
measurements for both pressure ratio and isentropic efficiency
throughout the entire speed line. However, the experimental
results, as well as the values predicted by the numerical model
show a consistent trend. The significant disparity observed
between the numerical and experimental results can be attributed
to the limited scope of the simulations. In these simulations, the
performance of the impeller and diffuser components was
predicted only while neglecting the flow in the volute, outlet
pipe, and a longer portion of the inlet pipe. Flow throttling and
dissipation in these elements could explain the overprediction of
the compressor performance.
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FIGURE 7: PRESSURE RATIOS VS. MASS FLOW RATES FOR
461 REV/S SPEED LINE.
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FIGURE 8: ISENTROPIC EFFICIENCIES VS. MASS FLOW
RATES FOR 461 REV/S SPEED LINE.

Additionally, differences in the pressure ratio changes at low
mass flow rates could be because steady-state simulations are
unable to fully capture flow characteristics in the proximity of
the surge region, where transient behavior starts to play an
important role. Partially artificial stabilization of the flow would
explain the underprediction of the energy dissipation and the
higher pressure ratio and efficiency.

The results might also be influenced by several other
variables, such as a combination of turbulence modeling,
assumed parameters in boundary conditions, and solver settings.
Despite these limitations, the data shows constant and good
agreement across the entire speed range. As at the design point,
the relative changes between the numerical and experimental
values are about 12% and 8% for the total-to-total pressure ratio
and efficiency, respectively.

3. RESULTS AND DISCUSSION

3.1 Inlet recirculation boundary

To establish the aerodynamic boundary of inlet
recirculation, the method based on mass flow balance is
employed. The radius at which the total mass flow within the
inlet recirculation region becomes zero is used to define the
boundary between the inlet recirculation (IR) and the active flow.
This approach was also used by Qiu [13] and Harley [14] to
calculate the inlet recirculation boundary for mean line modeling
calculations.

Figure 9 shows an example of determining the boundary of
the inlet recirculation for the strong inlet recirculation case.
Firstly, the mass flux Q is determined with the axial velocity
component and density. It is further nondimensionalized with the
maximum mass flux and plotted in Figure 9 (a). Based on the
mass flux, the integrated mass flow rate qm is calculated which
has been nondimensionalized with the stage mass flow rate. Its
distribution along the span from hub to shroud is illustrated in
Figure 9 (b). The inlet recirculation boundary is established as
the span above where the negative and positive mass flow rates
are balanced, which is located at about 0.72 of the span for the
lowest mass flow rate of qm = 0.80 kg/s. According to the flow
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direction, the flow within the IR area is further parted into the re-
admitted flow (from 0.72 to 0.86 span) and reversed flow (0.86
to 1 span).

[ \ i Reversed flow -
1= —— 0 — — — — — =
0.8 - \ Re-admitted flow
=
N 0.6 4
<
: A
Z 04 Lz
g =
W [ ;
0.2 1
(a)
0 Ao : R T T 1 R, : el ; f S
-0.6 -0.3 0 0.3 0.6 0.9 1.2
/1y [-]
1
Reversed flow i -
0.8 - T T T T T T Ty T T T =)= Tr =
ST Re-admitted flow i
g 06 1
=l
»
5 r2
g 3
02 § 2
(b)
0 R T T 1 : R T T 1 : R T T 1 : P T T 1 : PR R 1 I T T 1
0 0.2 0.4 0.6 0.8 1 1.2

Integrated q, /Qugage [-]

FIGURE 9: SPANWISE DISTRIBUTION OF THE MASS FLUX
AND INTEGRATED MASS FLOW RATE PROFILES IN THE
INLET PLANE FOR gm = 0.80 KG/S.

3.2 Fluid flow fields

Figure 10 provides an overview of the velocity flow fields
observed in the inlet cross-sections of the impeller, at various
operating points. The position of the inlet cross-sections is taken
9.15 mm in front of the leading edge of the blades, to avoid the
effects of the impeller cap and interface between the inlet pipe
and impeller. The velocity flow fields display the axial velocity
component scaled with legends located on the left-hand side. The
positive values indicate regular flow (active flow and re-
admitted flow), while negative values represent backflows
(reversed flow). The impeller hub and blades are depicted in light
grey color for clarity. The numerical results were simulated for a
single passage of the compressor. However, the results were
replicated for the entire domain. A similar method was
implemented by Schreiber [16] in his study of a radial
compressor. At the flow rate of qm = 1.2 kg/s, Figure 10 (a)
illustrates that the inlet velocity profile is without reversed flow
in the inlet region of the impeller, i.e. the IR did not form. With

the lowering of the flow rate and moving towards the surge limit,
the onset of IR appeared at the flow rate of qm = 1 kg/s (see
Figure 10 (b)). In this case, a weak IR, just above the leading
edge of the impeller blades is observed, where the blue
circumferential area comprised reversed flow.

Also, with a further decrease of the flow rate to qm = 0.95
kg/s, the IR occupied the inlet region of the impeller and formed
a circumferential ring at the shroud. In this case, an established
IR [16] is observed as shown in Figure 10 (c). The flow entering
the impeller is partitioned into two zones: an active flow zone
and an IR zone which is also presented in Figure 9. One can
notice strong circumferential changes in recirculation size and
the magnitude of the backflow velocity with multiple blue zones
in the lowest flow rate of qm = 0.80 kg/s (see Figure 10 (d)).

(a) No IR@1.2 kg/s

Inlet velocity

130
17
104
191
79

(b) Weak IR@1 kg/s

Inlet velocity:

130
17
104
r91
79
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(c) Established IR@0.95

(d) Strong IR@0.80 kg/s

Inlet velocity
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| 104
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FIGURE 10: VELOCITY FIELDS AT THE IMPELLER INLET FOR
DIFFERENT MASS FLOW RATES.

3.3 Quantitative estimation of Inlet recirculation
blockage

The impact of inlet recirculation on the operation of the
compressor stage is highly significant. It causes an aerodynamic
blockage indicated by a blue and light green ring in Figure 10,
which influences the inflow to the compressor. This blockage B
at the impeller inlet can be estimated quantitively by equation 4,
which determines the area influenced by the inlet recirculation
(Arr) to the total inlet area (Ainlet)-

B= AIR/Ainlet (4)

The values of B for the design and off-design flow rates are
presented in Figure 11. Up to the flow rate of 1.1 kg/s, it is zero
as the IR is not observed. The reversed flow in the inlet region
increased linearly with increasing the values of B as shown in
Figure 12. For the simulated cases in this research, the highest
reversed flow occurred at B = 0.38, which accounts for
approximately 9% of the compressor mass flow rate flowing in
the positive direction. According to Lin findings [20], the
recirculation flow increased with increasing B and up to 45% of
the impeller can be blocked by an inlet recirculation bubble.
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Mass flow rate g, [kg/s]

FIGURE 11: BLOCKAGE B VALUES AT THE IMPELLER INLET
FOR VARIOUS MASS FLOW RATES.
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FIGURE 12: NORMALIZED REVERSED MASS FLOW RATE AT
THE IMPELLER INLET.

Table 3 presents a further breakdown of the inlet
recirculation flow at lower mass flow rates. This representation
aims to provide details about the fraction of IR and reversed
flows at different flow conditions. The IR flow which comprised
of reversed and re-admitted flow, increased with increasing
blockage B. Also, at the impeller inlet, the highest reversed flow
of 0.070 kg/s occurred at the highest blockage B value of 0.38.
It also gives a detailed breakdown of the onset of the IR flow and
reversed flow at the spanwise location. Most of the span is
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occupied by the inlet recirculation flows with decreasing mass
flow rates.

TABLE 3: DETAILED BREAKDOWN  OF
RECIRCULATION FOR LOWER MASS FLOW RATES.

INLET

Qm B[] QIR (Qreverseda  Spanwise location [-]
[kg/s] [kg/sl  [keg/s] IR Reversed

flow flow
0.80 0.381 0.139 0.070 0.723 0.864
085 0375 0.139 0.069 0.729 0.865
0.90 0256 0.088 0.044 0.834 0.915
095 0.164 0.033 0.016 0.912 0.962
1 0.119 0.013  0.007 0.947 0.977
1.2 0.000 0.000 0.000 0.000 0.000

3.4 Circumferentially averaged meridional velocity
contours

Figure 13 presents the circumferentially averaged
meridional velocity contours at four different operating points.
One can observe, that as described earlier, at mass flows of 1 kg/s
and lower, the inlet recirculation extends to the impeller inlet.
For a higher mass flow rate, a smooth flow without recirculation
is observed at the impeller inlet. However, a reversed flow zone
can be seen within the impeller (Figure 13 (a)). The black vertical
lines show the location of the impeller blade leading edge. The
meridional velocity contours are also plotted in a part of the inlet
pipe length for better comparative visualization. The active flow
and recirculating flow regions are visible in all contours. The
development of the inlet recirculation zone is divided into two
stages. When B is smaller than around 16%, the recirculating
zone grows mostly in the circumferential direction, and so B
grows fast as the flow rate drops. Meanwhile, the growth in the
streamwise direction is rather limited, as seen by the meridional
velocity contours in Figure 13 (b-¢). The radial growth relatively
remains constant, whereas the streamwise expansion accelerates
dramatically when B increases over 16% (see Figure 11 & Figure
13 (d)). The recirculating flow (negative values of velocity)
extends far inside the inlet pipe for the lowest flow rate. This is
in agreement with the results of [28], [15], and [20], in which the
recirculating flow reaches far upstream to the inlet pipe.

Velocity (a) B=0 @ 1.2 kg/s

140
122

Vek:t‘:‘itg' (b) B=0.119 @ 1 kg/s

ekt (¢) B=0.164 @ 0.95 kg/s

Vek:t:,tigy (d) B=0.381 @ 0.80 kg/s

-

FIGURE 13:
MERIDIONAL VELOCITY CONTOURS FOR FOUR DIFFERENT
OPERATING POINTS.

CIRCUMFERENTIALLY AVERAGED

Inlet recirculation is not viewed as a severe danger to
compressor functioning, and the phenomenon has received little
attention in the literature. The inlet recirculation zone can be
reasonably easily accessed by sensors or other monitoring
devices. Consequently, early detection of inlet reversed flows
can act as an indicator of the onset of other flow instabilities i.e.
surge and rotating stall, as described by Kulak et al. [22].

4. CONCLUSION

The present research focused on the experimental
investigations and numerical modeling of a high-speed industrial
centrifugal compressor subjected to design and off-design
operating conditions.
The primary findings of the current study are as follows:
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e The observed disparities between the numerical model
and experimental curves may be attributed to several
factors, including but not limited to the constraints of
the steady-state model, the exclusion of certain
modeled components, and various other considerations.
Despite these discrepancies, the overall trends and
performance characteristics were consistent.

e The results indicated the presence of separation zones
with a strong inlet recirculation at lower flow rates,
leading to decreased efficiency.

e The blockage caused by the inlet recirculation was
quantitatively analyzed, and it was found that it can
account for approximately 9% of the compressor flow
rate and can block up to 38% of the flow area at the
impeller inlet.

e The expansion and characteristics of the inlet
recirculation zone were growing in two stages, showing
significant radial and streamwise growth as the
blockage increased. Until 16% of the blockage, the
radial growth dominated the streamwise growth. After
that, the streamwise growth increased significantly with
relatively constant radial expansion.

Further development of the numerical model for the inlet
recirculation study would require investigations of the
compressor configuration with the full impeller, the volute, and
the outlet pipe. In this case, transient simulations can be carried
out which would allow for a more detailed study of the
compressor performance, especially under off-design conditions.
Additionally, more detailed measurements in the inlet
recirculation zone could be beneficial to understand this
phenomenon and perform more detailed verification of the
numerical model.
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