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Abstract—High-speed machines can provide greater power
relative to their size and weight, making them perfect for
use in space-constrained and weight-sensitive applications like
aerospace and electric vehicles. In this work design of a perma-
nent magnet synchronous machine (PMSM) with a solid circular
magnet, compressed by a shrink-fitted titanium alloy sleeve is
presented. The rotordynamic assessment, Campbell diagrams,
and unbalanced response in line with API 617 standards are
used to find critical speeds and address the need for damping.
Damping is achieved with ball bearings employing squeeze film
dampers (SFDs) that are stabilized by O-rings. The stiffness of
these O-rings, affected by frequency, is estimated using finite
element analysis and prior dynamic studies. Analysis confirms
that the rotor’s unbalance response is adequately damped with
this setup.

Index Terms—High-speed rotor, permanent magnet syn-
chronous machine, interference fit, shrink fit, rotordynamics,
squeeze film damper.

I. INTRODUCTION

High-speed electric motors deliver more power in a smaller
space than slower-speed machines of the same size, mainly
because they require less torque to achieve the same power
output. This characteristic makes them ideal for mobile ap-
plications [1] or scenarios that demand high speeds, such as
in small gas turbines or compressors. On the downside, they
are subjected to high inertial forces. Also, the rotor dynamics
become more challenging as the critical speeds need to be
higher. Damping is required if the rotor’s critical is below the
maximum speed. Studies have been conducted on this type
of use case, and the findings from [2] indicate that a layout
featuring impellers on both ends, with an electrical machine
in the middle and bearings positioned between the impellers
and the electrical machine, is stable. Furthermore, research
by [3] has shown that ball bearings can reduce friction by
50% compared to journal bearings in turbochargers operating
at similar speeds to the machine discussed in the paper. Recent
research has focused on bearing cartridges with squeeze film
dampers (SFDs) in turbochargers. Notably, this system lacks a
centering spring [4]. Gaseous cavitation is commonly observed
in journal bearings, but it is generally not detrimental, as these
bearings rely on an oil film to provide damping similar to that
of squeeze film dampers (SFDs) [5]. Research has also been
conducted on ring magnets, through which the shaft passes,

focusing on the anisotropic coefficient of thermal expansion
of the magnets in small, shrink-fitted rotors [6]. They chose
Inconel® 718 for their sleeve material, because of its high
coefficient of thermal expansion and NdFeB magnets for more
anisotropic behavior.

This study focuses on the design of a high-speed electric
motor, specifically examining the mechanical aspects of the ro-
tor. The rotor features a concentric cylindrical magnet housed
within a titanium shaft, as illustrated in Fig. 1. The analysis
includes calculations of the stresses on the rotor as well as its
dynamic response.
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Fig. 1: Cross-section of rotor

II. METHODS

This section provides an overview of the design of a
permanent magnet synchronous machine (PMSM). The study
is part of a larger research where two 27 kW electric machines
are designed to operate at 100 000 RPM. The rotor design must
include calculations for the shrink fit additionally, an analysis
of the dynamics is necessary to avoid critical frequencies
and to ensure adequate damping for the rotor. High-speed
ball bearings with SFDs are selected to provide support and
damping. Material selection also plays a crucial role, as it
affects both the interference fit and the dynamics of the system.

A. Interference fit

Temperature change ∆T is needed for a desired surface
overlap δ. Meanwhile, during use, temperature changes can
affect surface overlap. This change can be calculated as:

δT = (αi − αo)∆T b (1)

where b is the radius of the interference point and αi and αo

are the coefficient of thermal expansion of the inner and outer
surfaces at the interference point. The effective interference
δeff , considering thermal expansion and radial deformation,
is calculated as:



δeff = δT + δ + ui(b)− uo(b) + uaci − uaco (2)

where δT represents the change in interference due to thermal
expansion, δ is the initial designed interference, ui(b) and
uo(b) are the interference point’s b radial displacements of
the inner and outer surface respectively, and, uaci and uaco

are radial displacements caused by axial force of the inner
and outer surfaces respectively. The radial displacements can
be for thin disks calculated as: [7]
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where ρ, Ω, E, v, ri and ro are density, angular velocity,
Young’s modulus, Poisson’s ratio, inner radius and outer radius
respectively. If disk is significantly thicker than its diameter,
v must be replaced with 1

v−1 for angular velocity related
equations. To increase the interference without increasing the
needed temperature in assembly the magnet is compressed
with threaded joint between sleeve and the shaft. The radial
displacements caused by axial force can be calculated accord-
ing to generalized Hook’s law as:

uac =
Favb

AE
(4)

where Fa is axial force and A is cross-section area. The
stresses created by angular velocity for radial (σr), tangential
(σt) and axial (σa) directions are calculated as: [8], [9]
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where r is radius where stresses are calculated. Contact
pressure p can be calculated from effective interference δeff
as:

p =
δeff
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where, a is inner radius of magnet in this case zero and c
is outer radius of sleeve. This pressure also creates stresses
which are calculated as:
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where pi is zero and po is contact pressure for the magnet
and vice versa for the sleeve. These equations give us all the
needed stress components.

The finite element method is done with Ansys and geomet-
rically nonlinear model is used because of nonlinear contact,
the contact is modeled as frictionless contact. The rotor has
angular velocity as the load and magnet has compressive force
and sleeve has tensile force. The model is done with solid
elements and uses symmetry conditions to reduce model size.
Rotational symmetry is achieved using tangential constraints
on both sides of rotor slice. And axial symmetry is achieved
with axial constraint in middle of the rotor shown in Fig 2.

Axial constraints Tangential constraints
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Fig. 2: Boundary conditions

B. Rotordynamics

The system governing equations of motion for a rotor-
bearing system is obtained by assembling all the components’
equations of motion. The assembled system equations of
motions with a constant rotational speed Ω are:

Mq̈+ (C+ΩG)q̇+Kq = Fg + Fub. (11)

where M, C, G and K are the mass, viscous damping,
gyroscopic, and stiffness matrices. Vector q contains the
displacements to be solved, and Fub is the force due to
unbalance mass. This equation of motion is used modeled the
rotor with finite element method in MATLAB.

The machine uses bearing cartridges on both sides of rotor.
The bearing cartridge has two bearings, one at each side of
the cartridge. These bearings are connected from the outer
race, the inner races have a small small gap between them.
Allowing them to be preloaded. The outer race is modeled as
beam elements with gyroscopic matrix set to zero. The bearing
have stiffness shown in Fig 3.

C. Squeeze Film Dampers

Both bearing cartridges have two bearing lands on the outer
surface, where SFDs are acting. Unlike in [10], where the
SFDs are modeled with only centering springs, this study
employs O-rings for centering the SFDs. The SFD used is
assumed to have π film, based on the possibility of cavitation
or trapped air in the oil [4]. If we were to assume there is no
cavitation in the oil film, we would instead use a 2π, which,
as the name implies, assumes double the damping effect. It is



Fig. 3: Used bearing stiffness

important to note that only the oil film is considered to provide
damping, which is estimated from the work of Friswell [11].
In this work, the damping coefficient cd is given as:

cd =
πµRL3

2C3
(12)

were η is the oil viscosity, R is the damper radius, L is the
damper length, and C is the damper radial clearance.

III. RESULTS

The results show allowed SFD values to avoid critical
speeds in the operating range. And the analytical method of
calculating interference fit stresses is compared to FEM.

TABLE I: Material properties of NdFeB and SmCo magnets

Properties NdFeB Sm2Co17

Density (kg/m3) 7500 8400
Young’s modulus (GPa) 152 120

Poisson’s ratio 0.24 0.27
Tensile strength (MPa) 80 34.5
Flexural strength (MPa) 240 110

CTE perpendicular to magnetic field (1/10−6 K) -4.8 12
CTE parallel to magnetic field (1/10−6 K) 3.4 10

Maximum operating temperature °C 180 250

TABLE II: Material properties of rotor sleeve

Properties Ti-Al6-4V Inconel® 718 Forta H1000

Density (kg/m3) 4430 8190 7780
Young’s modulus (GPa) 114 200 200

Poisson’s ratio 0.342 0.29 0.3
Yield strength (MPa) 880 1100 1000

CTE (1/10−6 K) 8.6 13 16

TABLE III: Main rotor geometry

Section Length (mm) OD (mm) ID (mm)

Free shaft 87.38 13 0
Step 7.5 26 0

Flange 34 40 0
Tube 60 38 30

Magnet 60 30 0
Coupling shaft 112.38 13 0

Bearing cartridge outer race 64 34.8 25

A. Rotor dynamics

The critical speeds of the rotor are illustrated in the Camp-
bell diagram shown in Fig. 4. This diagram indicates that the
rotor has critical speeds at 73.5, 109, 120.5, 127.5, and 130
kRPM. The first critical speed at 73.5 kRPM is below the
operating speed, while the critical speed at 109 kRPM is too
close to the operating speeds, lacking a sufficient separation
margin. For these reasons, damping will be necessary in the
system.
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Fig. 4: Campbell diagram

The system is analyzed according to API Standard 617,
which states that critical speeds with an amplification factor
of less than 2.5 in unbalance response can be ignored. The
required separation margin is influenced by the amplification
factor. The appropriate centering spring stiffness and damping
values are selected according to API standard 617. Based on
this analysis, acceptable values are plotted in Figure 5, where
the filled area represents acceptable stiffness and damping.
Figures 6 to 8 illustrate the responses at the corners of Figure
5. In region A, the amplification factor of lower frequencies
increases, making them critical. In regions B and C, higher
frequencies are reduced due to damping, which decreases the
separation margin. The unbalanced response is plotted with

B
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C

Fig. 5: Allowed SFD area



TABLE IV: Mass points

Mass point mass (kg) Polar inertia (10−6kgm2) Diameterical inertia (10−6kgm2)

Seals 0.025 5.9 3
Bearing cartridge inner race 0.046 2.8 1.7

Coupling 0.023 3.1 2
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Fig. 6: Region A
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Fig. 7: Region B
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Fig. 8: Region C

Sm2Co17 magnets; however, the results for NdFeB magnets
are similar since their densities and Young’s modulus do not
differ significantly.

Calculation of free-free frequencies gives modes at: 1027
Hz, 1540 Hz, and 4801 Hz. These free-free frequencies can
be used to evaluate the model by comparing them to measured
data and possibly modify the model if measured data and
calculated frequencies differ.

B. Interference fit

The analytical method has been compared with the finite
element analysis (FEM) results from ANSYS to validate the
findings. This comparison is illustrated in Fig. 9. A noticeable
increase in stress occurs at a radius of 15 mm, which corre-
sponds to the transition from Sm2Co17 to Ti-Al6-4V materials.
The results indicate that the analytical calculation method is
a useful design tool for stress determination.

During the rotor design process, it became clear that the
challenge lies not in finding a sleeve that can withstand the
stresses, but in achieving a sufficient interference fit without
damaging the magnet from heat during shrink fitting. To
address this issue, the magnet is compressed axially, which
causes it to expand radially and create friction at the ends.

Sm2Co17 was chosen as the magnet material due to its
superior temperature tolerance. For the sleeve, Ti-Al6-4V
and Inconel® 718 have comparable properties. However, the
higher coefficient of thermal expansion (CTE) and Young’s
modulus of Inconel® 718 and Forta are offset by their in-
creased density. Consequently, the use of Ti-Al6-4V results in
a lower overall mass for the rotor.

The designed interference ranges from 0.02 mm to 0.03 mm,
with an axial force of 170 kN. The stresses corresponding to
an interference of 0.02 mm at 100 kRPM are illustrated in Fig.
10. At the lower end of this range, the contact pressure and
stresses on the magnet are acceptable. However, a tighter fit
could be beneficial, as the maximum principal stress is already
exceeding the tensile strength. It’s important to note that this
scenario is closer to a flexural case since the area with high
stresses is relatively small. Increasing the interference would
lead to higher temperatures during assembly, which could risk
damaging the magnet.
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at 100 kRPM

IV. CONCLUSION

The materials considered for the rotor sleeve include Ti-6-
Al-4V, Inconel® 718, and Forta. For the magnets, Sm2Co17
and NdFeB are being evaluated. Ti-6-Al-4V was selected
for the sleeve due to its lower density, which enhances the
dynamic response. Sm2Co17 was chosen for the magnets
because of its superior temperature resistance, making it more
suitable for the shrink fitting process.

The acceptable interference range is between 0.02 mm and
0.03 mm. This range ensures that the magnet remains in
contact with the sleeve and minimizes the risk of the magnet
breaking. While a tighter interference would be safer once
assembled, it would necessitate higher temperatures during
assembly, increasing the risk of demagnetizing the magnet.

The rotor operates in an overcritical state and requires damp-
ing, which is achieved using SFDs. A suitable operating range
for these SFDs has been calculated. Ongoing experimental
analysis of the free-free modes is in progress, and future work
will involve updating the model if the results differ.
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