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This thesis investigates the performance of a steam generating heat pump (SGHP) system 

combining a closed-loop cascade high-temperature heat pump (HTHP) cycle with a 

mechanical vapour recompression (MVR) cycle. The study is motivated by the need to 

decarbonise industrial processes, where fossil fuels are still used for process heat and steam 

generation. High-temperature heat pumps offer a promising solution for electrifying 

process heat production by upgrading low-temperature waste heat into usable process 

steam with high efficiency. 

An Excel-based calculation tool using Visual Basic for Applications (VBA) macros was 

developed to model and analyse the system. Six different refrigerants, including five 

hydrocarbons and one synthetic refrigerant, are analysed under various operating 

conditions. The study focuses on system performance through the comparison of 

Coefficient of Performance (COP) values and the distribution of temperature lift between 

the HTHP and MVR cycles. The results indicate that cyclopentane achieves higher COP 

values than the other investigated refrigerants, while also enabling high condensation 

temperatures due to its high critical temperature. A configuration using cyclopentane as the 

working fluid in the high-temperature cascade cycle and butane as the low-temperature 

cycle working fluid offers good COP while keeping the cycle design feasible. 
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Tämä diplomityö tutkii höyryä tuottavan kuumalämpöpumpun (SGHP) suorituskykyä. 

Lämpöpumppujärjestelmä koostuu suljetun piirin kaskadilämpöpumpusta (HTHP) sekä 

mekaanisesta höyryn uudelleenpuristuspiiristä (MVR). Tutkimuksen taustalla vaikuttaa 

tarve teollisuuden prosessien hiilidioksidipäästöjen vähentämiselle, joissa fossiilisia 

polttoaineita käytetään yhä prosessilämmön ja -höyryn tuotannossa. Lämpöpumput 

tarjoavat lupaavan ratkaisun prosessien sähköistämiselle hyödyntämällä matalalämpöistä 

hukkalämpöä tehokkaasti prosessihöyryn tuottamiseksi. 

Järjestelmän mallinnusta ja analysointia varten kehitettiin Excel-pohjainen laskentatyökalu, 

joka hyödyntää Visual Basic for Applications (VBA) -makroja. Tutkimuksessa 

analysoidaan kuutta eri kylmäainetta, joista viisi on hiilivetyjä ja yksi synteettinen 

kylmäaine. Tarkastelun keskiössä on systeemin suorituskyvyn analysointi COP-arvoa 

vertailemalla, sekä lämpötilannousun jakautuminen kuumalämpöpumpun sekä höyryn 

puristuspiirin välillä. Tulokset osoittavat, että syklopentaani saavuttaa korkeammat COP-

arvot verrattuna muihin tutkittuihin kylmäaineiseen, mahdollistaen myös korkean 

lauhtumislämpötilan, johtuen sen korkeasta kriittisestä lämpötilasta. Systeemi, jossa 

käytetään syklopentaania kaskadipiirin korkean lämpötilapiirin kylmäaineena ja butaania 

matalan lämpötilapiirin kylmäaineena tarjoaa hyvät COP-arvot samalla mahdollistaen 

myös järjestelmän teknisen toteutettavuuden.  
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SYMBOLS AND ABBREVIATIONS  

Roman characters 

h enthalpy  J/kgK 

n rotational speed rpm 

P power  W 

p pressure  bar, Pa 

qm mass flow rate kg/s 

s entropy  J/kg 

T temperature  ºC, K 

 

Greek characters 

η efficiency  -, % 

ϕ heat power  W 

 

Dimensionless quantities 

Ns specific speed 

Ds specific diameter 

 

Subscripts 

c critical 

cond condenser 

comp compressor 

eva evaporator 

FW feedwater 



HT high temperature 

LT low temperature 

mech mechanical 

s isentropic 

sink heat sink 

 

Abbreviations 

CFC Chlorofluorocarbon 

CH Switzerland 

CHX Cascade Heat Exchanger 

COP Coefficient of Performance 

CO2 Carbon Dioxide 

ECHA European Chemicals Agency 

EED Energy Efficiency Directive 

EU European Union 

GWP Global Warming Potential 

HC Hydrocarbon 

HCFC Hydrochlorofluorocarbon 

HCFO Hydrochlorofluoroolefin 

HFC Hydrofluorocarbon 

HFO Hydrofluoroolefin 

HP Heat Pump 

HT High Temperature 

HTHP High Temperature Heat Pump 



HX Heat Exchanger 

IEA International Energy Agency 

IHX Internal Heat Exchanger 

LT Low Temperature 

MVR Mechanical Vapor Recompression 

NBP Normal Boiling Point 

OC Operating Cost 

ODP Ozone Depletion Potential 

PEC Primary Energy Consumption 

PEF Primary Energy Factor 

PFAS Per- and Polyfluoroalkyl Substances 

SG Safety Group 

SGHP Steam Generating Heat Pump 

REACH Registration, Evaluation, Authorisation and Restriction of Chemicals 

RED Renewable Energy Directive 

TFA Trifluoroacetic Acid 

TVR Thermal Vapour Recompression 

UN United Nations 

US the United States 

VBA Visual Basic for Applications 

VHC Volumetric Heating Capacity 

WI Water Injection
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1  Introduction 

The current climate targets require actions in all fields. The European Union (EU) has set an 

objective for achieving net-zero greenhouse gas emissions by 2050 (European Commission: 

Directorate-General for Climate Action 2019). In 2023, industry accounted for 23.1% of 

total energy consumption in Europe and was responsible for 14.2% of the total carbon 

dioxide (CO2) emissions (IEA 2025a). Globally, industry represents the largest energy 

consumer with its share of the total energy consumption globally being 30.1% (IEA 2025b). 

Decarbonising industries therefore requires the replacement of fossil-fuel based process heat 

with low-carbon alternatives, mainly through the electrification of industrial heating 

systems. 

Despite progress, fossil fuels still dominate industrial energy use. In Europe in 2023, 33.9% 

of total energy consumption in industries was supplied by electricity, followed by biofuels 

and waste (10.8%) and other heat sources (5.7%) (IEA 2025a). Assessing the environmental 

benefits of consuming electricity requires consideration of the electricity production 

methods. In the EU in 2025, 47.9% of electricity production was generated by renewable 

sources, meaning solar, wind, hydropower and bioenergy (Ember 2026). 23.5% of the total 

production was by nuclear energy and the remaining 28.6% fossil based. (Ember 2026). 

However, within the industrial energy consumption, fossils still continue to play a major role 

as natural gas, oil and oil products, and coal and coal products were corresponding to the 

total industrial energy consumption with shares of 29.3 %, 11.0 % and 9.0%, respectively 

(IEA 2025a). A similar pattern is observed globally, where the share of electricity is 30.0%, 

biofuels and waste 8.8% and other heat sources 6.6%, while coal and coal products account 

for 22.9%, oil and oil products 9.8% and natural gas 21.8%, meaning that the use of fossil 

fuels still remains significant (IEA 2025b). 

High-temperature heat pumps (HTHP) are seen as a promising solution for industrial 

decarbonisation. These systems can utilise the waste heat from industrial processes as a heat 

source, thereby reducing the CO2 emissions while simultaneously improving energy 

efficiency (Arpagaus et al. 2018). Industrial heat pump technology is currently undergoing 

a transition as commonly used refrigerants face restrictions of use due to fluorinated gas (F-

gas) regulations taken into action in 2024 in the EU (EU 2024/573), and potential future Per- 
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and Polyfluoroalkyl Substances (PFAS) regulations in the EU (ECHA 2025). Therefore, 

natural refrigerants, such as water, CO2, ammonia and hydrocarbons have gained attention 

in research recently. Another major ongoing development is regarding the capacity and 

increasing supply temperatures of heat pumps: whereas in 2018 some industrial heat pumps 

were able to reach supply temperatures of 120 °C, in 2024 applications with over 200 °C 

supply temperatures were already developed (Betsch 2025). Although research activity on 

this topic is currently extensive, further development is still required, particularly for 

combined high-temperature heat pump and mechanical vapour recompression (MVR) cycles 

(Arpagaus et al. 2026).  

The aim of this Master’s thesis is to develop a Microsoft Excel-based calculation tool for a 

steam generating heat pump consisting of a closed-loop cascade HTHP cycle and an MVR 

cycle, with all compressors being centrifugal. The tool is implemented using Visual Basic 

for Applications (VBA) macros to automate the calculation process. It incorporates a 

thermodynamic static model of the combined HTHP and MVR system and utilises 

thermodynamic refrigerant properties obtained from the thermodynamic and transport 

property database CoolProp (Bell et al. 2014). The primary focus is on the comparison of 

Coefficient of Performance (COP) values across different cases. In addition, the tool enables 

preliminary design of the centrifugal compressors and the analysis of their efficiencies. 

Using the developed tool, the system performance is analysed for different refrigerants 

employed in the HTHP cycle. The analysed refrigerants primarily consist of different 

hydrocarbons, supplemented by a synthetic alternative to provide comparison. In addition, 

the influence of key operating parameters is investigated, including evaporation and 

condensation temperatures, heat source and sink temperatures and steam supply pressures. 

A central research question is whether it is more beneficial to provide a higher temperature 

lift within the HTHP cycle prior to the steam compression, or to start the steam compression 

at a lower temperature level. 

The research questions and goals of the thesis can be summarised as follows: 

1. Developing an automated calculation tool for a steam generating heat pump system 

using Microsoft Excel and VBA macros. 

2. Evaluating the thermodynamic performance of each analysed refrigerant in the 

combined HTHP and MVR system, comparing also configurations with only one 

refrigerant or two different refrigerants used in the two-stage cascade heat pump. 
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3. Determining the optimal intermediate temperature between the HTHP and MVR 

cycles and identifying the key initial parameters influencing the cycle performance. 

The scope of the thesis is limited to industrial-scale steam generating heat pumps operating 

in subcritical region using pure refrigerants. Transcritical cycles or refrigerant mixtures are 

excluded from the analysis. The analysis focuses on a single system configuration under 

varying operating conditions. Direct steam generation without compression is studied for 

comparison, but otherwise the thesis does not include a comparison between different cycle 

layouts. Furthermore, the study is limited to technical evaluation of the chosen technology 

and does not include economic assessment. 

The thesis is structured as follows. First, a literature review provides background and 

establishes the relevance of the topic. This is followed by an overview of heat pump 

operating principles and steam generation with heat pumps, including different system 

configurations and compressor technologies. The state-of-the-art of research and 

commercial applications are then presented, along with criteria for refrigerant selection and 

relevant regulatory framework. Finally, the calculations methodology is described, and the 

results and conclusions of the study are presented.  



15 

 

 

2  Industrial heat pumps 

The primary distinction between residential and high-temperature heat pumps, often used in 

industries, lies in their output temperature ranges. While residential heat pumps are designed 

to maintain proper indoor temperature, the high-temperature heat pumps operate at 

significantly higher temperature ranges, the output temperatures typically exceeding 100 °C.  

Moreover, depending on sources, industrial heat pumps can be divided by the sink 

temperatures into low-temperature heat pumps with sink temperatures of 0-60 °C, medium-

temperature heat pumps (60-100 °C), high-temperature heat pumps (100-160 °C) and ultra-

high-temperature heat pumps (160-200 °C) (Ma et al. 2024; Arpagaus et al. 2018). Some 

studies present the term industrial heat pump referring to a heat pump (HP) with a sink 

temperature of 150 °C, or very-high-temperature heat pump with temperatures between 100-

160 °C (Arpagaus et al. 2018). However, in this thesis all HPs with sink temperatures above 

100 °C are referred to as HTHP. 

A key advantage of industrial heat pumps is their ability to utilise waste heat from industrial 

processes as the heat source, making them an appealing solution as a means of decarbonizing 

industries. The possibility of replacing fossil fuel-based steam generation systems with 

steam generating heat pumps (SGHP) is being investigated, and commercial 

implementations of industrial steam generating heat pumps already exist. (Klute et al. 2024.) 

2.1  Steam generation and waste heat utilization in industries 

Industrial processes utilise steam of different temperatures and pressures in several 

applications, such as drying of food products, pulp and paper production processes, 

distillation and bleaching. Traditionally, process heat has been generated with fossil fuel-

based technologies, such as coal-fired steam boilers burning and natural gas-fired boilers. 

However, achieving net-zero targets calls for a transition towards low-carbon alternatives 

and electrification of industries, meaning that other ways of steam generation need to be 

considered. Potential replacements for fossil fuel heaters include e.g. biomass-based 

solutions, electric boilers, hydrogen heaters and heat pumps (IEA 2021). Regulatory 

framework in EU suggests the transition towards electrification, several policy initiatives 
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supporting the use of heat pumps. Some examples of the regulations promoting industrial 

heat pumps include European Green Deal, Green Deal Industry Act, REPower EU, Net Zero 

Industry Act, Heat Pump Accelerator, Renewable Energy Directive (RED) and Revised 

Energy Efficiency Directive (EED) (Adamo et al. 2024). (Adamo et al. 2024; Bless et al. 

2017.) 

Heat demand and process heat temperatures vary between industries, from below 0 °C to 

over 1000 °C. Processes with a temperature requirement below 200 °C can be classified as 

low-temperature industries, while processes operating above 500 °C are high-temperature 

industries. High-temperature processes include e.g. smelting, reforming or reduction, which 

can be found for example in steel manufacturing. Lower temperature processes include e.g. 

space heating, drying, distillation or cooking. These are typical processes in industrial sectors 

such as food, paper and pulp, refinery and chemical. Generally, the low-temperature 

industries offer good opportunities for implementing heat pumps. Figure 1 illustrates the 

cumulative process heat need in different industrial sectors in EU28 countries, considering 

low-temperature processes. (Marina et al. 2021.) 

 

 

Figure 1. Cumulative process heat as function of temperature in different industry sectors 

in EU countries, considering process temperatures < 200 °C (Marina et al. 2021). 

Based on the graph presented in Figure 1, most low-temperature processes use heating at 

temperatures from slightly above 120 °C to 200 °C, and the biggest consumers seem to be 
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paper and chemical sectors. One clear advantage of HPs is the possibility to utilize low 

temperature waste heat streams as a heat source. Figure 2 presents cumulative amount of 

generated waste heat in the same industrial sectors as in Figure 1. 

 

 

Figure 2. Cumulative waste heat as function of temperature in different industry sectors in 

EU countries, considering waste heat temperatures < 200 °C (Marina et al. 2021). 

As can be seen from the data presented in Figure 2, most waste heat in presented industries 

is at low temperature range, with highest amount falling between 20 °C to 60 °C. The 

cumulative process heat and waste heat presented in Figure 1 and Figure 2 are nearly equal 

(in PJ/a), suggesting potential for meeting process heat demand via waste heat upgrading. 

Industrial energy consumption can be characterised by using primary energy consumption 

(PEC) and primary energy factor (PEF). PEC refers to the total energy demand of a process, 

consisting of final energy consumption together with related losses. The PEF indicates the 

amount of primary energy required to produce one unit of usable heat or electricity. Figure 

3 visualizes PEC of an industrial process with traditional process heat production methods 

and with heat pumps, showcasing how implying heat pumps requires less primary energy 

compared to traditional process heating, if waste heat sources are utilized. (Marina et al. 

2021.) 
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Figure 3. Changes in PEC after applying heat pump in process heating (Marina et al. 

2021). 

Some energy scenarios predict that the role of heat pumps, specifically in low-temperature 

industries, will increase in the future. The Net Zero 2050 report published by the 

International Energy Agency (IEA) in 2021 states that the share of electricity as a means of 

heating technology in light industries will increase to 40% in 2030 and 65% in 2050, 

compared to the level of 20% in 2020. According to that scenario, the main means of heating 

in low-temperature industries will be electric heaters and heat pumps, followed by biomass 

and hydrogen heaters and other heat sources. Figure 4 presents the scenario by different 

technologies and sub-sectors. (IEA 2021.) 
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Figure 4. The share of heating methods in light industries in 2020, 2030 and 2050 by sub-

sectors and heating technologies based on the IEA Net Zero 2050 scenario (IEA 2021). 

As seen from the data presented in Figure 4, larger share of the overall heat demand in light 

industries will be covered with electricity-based solutions or renewable energy. According 

to the scenario, heat pumps pose an important part in the electrification, as heat pumps will 

account for around 30% of all heat demand in 2050. Achieving this requires installing 

approximately 500 MW of new industrial heat pump capacity per month until 2050, 

indicating the importance and relevancy of the development and promotion of these systems. 

(IEA 2021.) 

Heat pumps are one of the options for replacing the fossil fuel -based steam generation 

methods, other options including e.g. electric boilers. A study conducted by Bless et al. 

(2017) compared different methods of producing saturated steam of 3 bar with 55 °C waste 

heat as a heat source, in cases where using waste heat is applicable. The case studies included 

industrial settings in Switzerland and the United States (US), and compared parameters were 

energy consumption, CO2 emissions and operating cost (OC) per produced unit of steam. 

The compared methods were natural gas-fired boilers, electrical heating, HTHPs, HTHPs 

with internal heat exchangers (IHX), HTHPs with water injection (WI), direct waste heat 

evaporation with IHX and direct waste heat evaporation with WI. The results are presented 

in Figure 5. 
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Figure 5. Energy consumption [kJ], CO2 emissions [g] and operating costs (OC) [US cent] 

per kg of saturated steam of compared steam generation methods, making distinction 

between direct heating and vapour compression. The shortening US denotes the United 

States of America, CH Switzerland, HP heat pump, HX heat exchanger and WI water 

injection. (Bless et al. 2017.) 

The results of the study presented in Figure 5 suggest that location is a major factor when 

comparing costs. At the time of the release of the study, in 2017, gas prices were much lower 

in the US compared to Switzerland, making gas-fired boilers most economic option in the 

US. In the contrary, for example in Finland, low electricity prices and high gas prices make 

heat pumps more appealing (Bertsch 2025). From energy consumption perspective, Bless et 

al. (2017) came to a conclusion that waste heat evaporation, followed by heat pumps with 

water injection, were the most efficient methods. The overall conclusion was that heat 

pumps, especially when utilising waste heat, appeared as a good option for low-temperature 

industries, while e.g. electric heating seemed to have disadvantage with CO2 emissions and 

operating costs, although heavily depending on geographical location. Similarly, de Raad et 

al. (2025) found in their research identifying techno-economic improvements for steam 
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generating heat pumps, that especially in economical comparison SGHP is likely to have an 

advantage over electrical boilers. 

2.2  Working principle of high-temperature heat pumps 

Heat pump processes are based on reversed Carnot cycle, which enables heat transfer 

between cold heat source and hot sink. In an ideal heat pump cycle, the working fluid passes 

through four main thermodynamic processes: isothermal heat absorption by evaporation, 

isentropic compression, isothermal heat release by condensation, and isentropic expansion, 

thus transferring the heat between reservoirs (IEA HTP 2023). However, in a real process 

the heat input and heat rejection are not isothermal, there are heat and pressure losses in the 

piping and components and the fluid expansion in the valve is not isentropic. Furthermore, 

compression of two-phase mixture, which would be required for an ideal reversed Carnot 

cycle, is not feasible in practical systems due to limitations in compressor durability and 

design. (IEA HTP 2023; Adamson et al. 2022.) Figure 6 presents an example of an ideal, 

subcritical heat pump process in T, s- and log p, h- charts.  

 

Figure 6. An example of a subcritical HP process using butane as refrigerant, following a 

reversed Rankine vapour compression cycle in log p, h - chart (a) and T, s- chart (b) 

(adapted from Adamson et al. 2022). 

In Figure 6, process between 1-2 presents compression, 2-3 condensation, during which heat 

is released from the system, 3-4 expansion and 4-1 evaporation, during which heat is brought 

in the system. Heat pump processes can be divided into transcritical and subcritical cycles 
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depending on whether the working fluid operates above its critical point or not. Most of the 

current heat pump cycles are subcritical, meaning that they work in conditions below the 

critical point as presented in Figure 6 (Adamson et al. 2022). There is also growing interest 

on transcritical cycles as a shift towards using natural refrigerants, such as CO2, is taking 

place.  As transcritical cycle does not include condensation of the working fluid during heat 

release, instead of a condenser a gas cooler is used. The sensible heat release of supercritical 

CO2 results in large temperature glides, meaning that the system is especially useful for 

applications requiring high supply temperatures (Chen et al. 2025). Supercritical CO2 

HTHPs have been used in e.g. district heating and high temperature drying. In this thesis, 

the focus is on subcritical processes. (Adamson et al. 2022; Chen et al. 2025.) 

The performance of a heat pump is commonly evaluated using the COP, which is defined by 

the ratio of the heat the system delivers and the electric power it requires for operation. Most 

of the electric power is consumed by compressor. COP can be described with Equation 1. 

𝐶𝑂𝑃 =
𝜙𝑠𝑖𝑛𝑘

𝑃𝑒𝑙

(1) 

where ϕsink is produced heating power [W] and Pel is electric power consumption [W]. 

Some key factors affecting the COP value of a HP process include the working fluid, 

operating conditions, cycle design and compressor design. Among the operating conditions, 

temperature ranges have a significant effect on COP. The temperature difference between 

evaporation and condensation temperatures, known as temperature lift, is particularly 

important, as high temperature lift increases compressor work reducing the system efficiency 

(Mateu-Rojo et al. 2021). The selected working fluid has a significant influence on the 

system performance due to the different thermodynamic properties of refrigerants. These 

properties determine the operating pressure levels, whereas the pressure ratio affects 

compressor performance and, consequently, the COP. Compressor type and efficiency have 

a significance as well, as compressor is the single component using most of the required total 

electric power. Different system layout designs affect the COP as well. Some optimisations 

related to system design can be e.g. the choice between single-stage and two-stage cycles 

and the application of different components improving system efficiency, such as expanders 

or internal heat exchangers. The most optimal cycle design for the specific application 

depends on the operating parameters and available refrigerant. Overall, there are many 

possible improvements for performance that can be implemented, regarding the cycle design 
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and components and working fluid selection. In addition to COP, there are other performance 

indicators to consider as well, including e.g. safety, process controllability, costs and 

component availability, and in the context of SGHP, the steam generation rate (Bless et al. 

2021). Therefore, an overall system evaluation after the thermodynamic performance 

evaluation is critical. (Sharevska et al. 2025; Bless et al. 2021.) 

High-temperature heat pumps have high supply temperatures of more than 100 °C, with 

some industrial processes having the need for temperature up to 200 °C. If the heat source 

has a relatively low temperature, the required temperature lift in the heat pump becomes 

high. High temperature lift causes losses in the process, related to e.g. throttling losses and 

high pressure ratios. As compressor pressure ratio increases, so does the requirement for 

electrical power, thus reducing the overall efficiency and COP of the system. The effect of 

temperature lift to the COP value is presented in Figure 7. (IEA HTP 2023, Dong et al. 2023; 

Hoang et al. 2023) 

 

Figure 7. The effect of temperature lift to COP value with a constant sink temperature. The 

data is presented with real examples of real industrial applications. (Arpagaus et al. 2018.) 

The reduced COP value with increasing temperature lift, illustrated in Figure 7, can be 

overcome by employing a two-stage cycle or cascade-type cycle instead of a single-stage 

layout. However, this increases the system complexity and, consequently, the overall system 

costs (Hoang et al. 2025). Although two-stage cycles also experience a decrease in COP with 
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increasing temperature lift, their COP remains higher to that of single-stage cycle 

configurations under the same conditions (Mateu-Rojo et al. 2021). 

2.3  Cycle configurations 

Several different layouts of heat pumps exist. The most straightforward conventional HP 

configuration is a single stage cycle, which only has evaporator, compressor, condenser and 

expansion valve. Typically, for HTHP, more complex system is needed to provide high 

supply temperature and large temperature lift with a sufficient COP value. In the case of a 

high temperature lift, using a single stage cycle is inefficient and therefore, the solution is 

often a two-stage cycle (Hoang et al. 2025). This can be facilitated e.g. by using flash 

intercooler between low and high temperature cycles, or by using a cascade heat exchanger. 

The cascade type provides the possibility to use different working fluids in low temperature 

(LT) and high temperature (HT) cycles as the flows are separated in the cascade heat 

exchanger, while in the flash intercooler the flows are mixed. If the goal is also to generate 

steam, applying MVR increases the possible total temperature lift even further. (Sharevska 

et al 2025; Hoang et al. 2025.) 

Possible improvements for a single-stage cycle include adding ejectors, multi-stage 

compression, internal heat exchangers, expanders and economizers. Internal heat exchanger 

can improve performance as it cools down the liquid before the expansion valve, decreasing 

the enthalpy in that state and preheats the vapor before compression, therefore also ensuring 

that the fluid is in the superheated gas phase before entering the compressor. While ensuring 

that the fluid does not enter the compressor in two-phase region is crucial with certain 

compressors, it simultaneously increases the required compression work as the inlet 

temperature increases (Sharevska et al. 2025). The efficacy of using IHX depends on the 

refrigerant, as those with a positive slope in the saturated vapour curve require superheating 

before compression, to avoid ending the compression in two-phase area (IEA HTP 2023). 

Figure 8 presents a schematic illustration of a single-stage HP with IHX.  
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Figure 8. Single-stage heat pump with internal heat exchanger (adapted from IEA HTP 

2023). 

The cycle layout presented in Figure 8 could also be executed as a multi-stage compression 

cycle instead of the one-stage compression cycle presented. The benefits a multi-stage 

compression in series include e.g. reduced pressure ratio per stage and improved energy 

efficiency (Mateu-Rojo et al. 2021). Another possibility to facilitate efficient two-stage 

compression is by using an economizer. A small portion of refrigerant leaving condenser is 

separated as a slip stream that is expanded to an intermediate pressure with an expansion 

valve and then lead to an economizer (IEA HTP 2023). There, the slip stream absorbs heat 

from the remaining refrigerant stream, evaporating fully. This evaporated stream is injected 

in between the compression stages, and the remaining stream is lead to evaporator (IEA HTP 

2023). Compression in this process requires less electric power compared to a conventional 

cycle, and the vapour injection reduces the compressor discharge temperature (Mateu-Rojo 

et al. 2021). Figure 9 presents an example of a heat pump cycle configuration with 

economizer and two-stage compression. (Mateu-Rojo et al. 2021; IEA HTP 2023.) 
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Figure 9. Heat pump layout with a two-stage compression and economizer (adapted from 

Mateu-Rojo et al. 2021). 

Two-stage HP system consist of two HP cycles with an intermediate component, such as a 

flash tank, flash intercooler or cascade heat exchanger positioned between them. This 

configuration can be realised through e.g. a cascade heat pump cycle, which utilises a 

cascade heat exchanger between two separate HP cycles. Some research has been carried out 

regarding suitable temperature lift limit when using a cascade cycle becomes profitable over 

a single-stage system. Dong & Wang (2024) determined the temperature lift of 70 K to be 

the boundary when cascade cycle becomes feasible over single-stage configurations. Cases 

with a temperature lift under 50 K might be best suited with single-stage cycles with 

economizer and parallel compression (Mateu-Rojo et al. 2021). Dong & Wang (2024) 

simulated a cascade HP cycle with different synthetic working fluids, and concluded that 

overall, with a low temperature heat source, a cascade cycle is the most feasible cycle layout 

to provide high supply temperature. Figure 10 presents an example of a cascade HP cycle, 

using a cascade heat exchanger and internal heat exchangers in both LT and HT cycles. 

(Mateu-Rojo et al. 2021.) 
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Figure 10. Cascade heat pump with two internal heat exchangers (adapted from Uusitalo et 

al. 2024). 

For cases with especially high temperature lifts, Joule cycles, also known as reversed 

Brayton cycles, can be implemented. In contrary to other presented cycle designs, Joule 

cycle is a gas compression cycle with no phase change occurring during the process. The 

COP value remains often relatively low and therefore, with lower supply temperature 

requirement, often different configuration is preferred. The used refrigerants also differ from 

the other presented cycles, as often reversed Brayton uses e.g. air, argon, nitrogen or CO2 as 

a gaseous refrigerant. (Sharevska et al. 2025; IEA HTP 2023) 

All of the cycle presented above are based on mechanical compression cycles. Another 

concept of HP is thermal-driven cycles, meaning sorption machines which can be further 

divided into absorption and adsorption machines. In sorption machine there is no mechanical 

compression, but instead reversible sorption and desorption processes of the fluid. In 

absorption a fluid, sorbate, is absorbed into a volume of sorbent, e.g. gaseous working fluid 

(sorbate) is absorbed into a liquid sorbent. In adsorption the sorbate is bonded on the surface 

of the sorbent. Sorption is exothermic process and desorption endothermic process. While 
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sorption-based HPs have some advantages over compression-based cycles, such as no 

mechanical compression, they also have lower COP and higher capital costs due to complex 

system. (IEA HTP 2023.) 

2.3.1  Steam generating heat pumps 

Steam generating heat pump refers to industrial, high-temperature heat pump that are used 

to generate process steam. The main division is between open- and close-loop cycles. With 

open-loop cycles, the working fluid in heat pump process is the process medium itself instead 

of a refrigerant. In the context of industrial heating processes, the working medium is often 

steam. Closed-loop systems comprise compression and sorption heat pump cycles, the 

designs following the previously presented example configurations. Figure 11 sums up the 

different types of SGHP. (Klute et al. 2024.) 

 

Figure 11. Division of different types of steam generating heat pumps (adapted from Klute 

et al. 2024). 

Klute et al. (2024) identified five different concepts of SGHP based on whether the cycle is 

open or closed, if there is direct steam generation or multiple cycles topping each other and 

if the cycles include flash cycle or not. Closed-loop system in the context of SGHP refers to 

a HTHP cycle in which the HP process is a closed cycle with a refrigerant that is separated 
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from the generated steam. Therefore, the working fluid in the HP cycle can be any suitable 

refrigerant, unlike in an open-loop system where working fluid is the also the end-product. 

The heat source for a closed-loop system can be e.g. any waste heat stream, such as 

condensate from a process or air. On top of the HP cycle is a separate cycle for steam 

generation. There are a few different ways to implement that. One option is to directly 

generate steam on the heat sink side of the closed-loop HP condenser or gas cooler. In Klute 

et al. (2024) this is referred to as SGHP concept A (SGHP-A), and it is the most common 

type of SGHP. Commonly used cycles include e.g. sub- and supercritical gas and vapour 

compression cycles and absorption cycles. With SGHP-A the target pressure is reached in 

the condenser or gas cooler. In some cases, reaching that pressure requires steam 

compression, which is done by adding an open-loop cycle on top of the closed-loop HP, 

including one or several steam compression stages with potential water droplet separation 

by e.g. adding a superheater. This combination of close-loop HP and open-loop steam 

compression is referred to as SGHP-B. (Klute et al. 2024.)  

Third concept, SGHP-C generates hot, pressurised water in the HP condenser. The steam 

cycle has either a flash tank or evaporator which further evaporates the fluid generating 

steam. With flash tank, the steam cycle is open-loop and generated steam is in the saturation 

pressure. With evaporator, the cycle is closed, and the generated steam may reach 

superheated region. Concept SGHP-D is based on the same design as SGHP-C, but it has an 

additional open-loop cycle for steam compression. Therefore, it can provide higher supply 

pressures and temperatures compared to the SGHP-C concept. (Klute et al. 2024.) 

The only open-loop concept in the categorisation by Klute et al. (2024) is SGHP-E. Open-

loop concepts include mechanical vapour recompression and thermal vapour recompression 

(TVR). The main idea with both is to upgrade process media, e.g. exhaust steam back to the 

temperature and pressure level the process requires. For this, MVR uses a compressor and 

TVR ejectors. The most common fluid for MVR an TVR processes is steam, but other fluids 

can be implemented as well depending on the process requirements (IEA HTP 2023). In 

general, MVR cycle can be either open or semi-open. In open system the process medium is 

directly compressed and in semi-open heat is first transferred to the medium with an 

evaporator (IEA HTP 2023). The specific concept of SGHP-E presented by Klute et al. 

(2024) refers to a semi-open cycle. As the cycle only consists of MVR or TVR cycle topping 

an evaporator, the technology is suitable for especially high temperature sources, and is often 
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applied to energy-intensive processes, such as distillation, refining and paper and pulp 

industry. MVR can reach high COP values as it has maximum of one heat exchanger, and 

temperature lifts also stay relatively low (IEA HTP 2023). Sharevska et al. (2025) concluded 

that with a temperature lift of 20-30 K, COP values of 10-15 can be reached with MVR, and 

with even smaller temperature lift of 5 K, COP values of 47-58 are possible. COP 

comparison between MVR and TVR is not recommended due different driving form of 

energy (Klute et al. 2024). All the presented SGHP cycle configuration concepts are 

summarised in Figure 12. (Sharevska et al. 2025; Klute et al. 2024; IEA HTP 2023.) 

 

Figure 12. Different concepts of steam generating heat pumps (adapted from Klute et al. 

2024). 

The presented concepts SGHP-B, C, D and E include or may include further steam 

compression with compressors. The compressor design for water vapour differs from those 

of different refrigerants, like hydrocarbons. The thermodynamic properties of water, such as 

low molecular mass, low specific cooling capacity, high normal boiling point and large 

specific volume cause it to have high volumetric flows (Šarevski, M.N. & Šarevski, V.N. 

2017). The shape of the water vapour saturation slope causes high superheating after 

compression, thus increasing discharge temperatures. Some options of commonly used 

steam compressors include centrifugal compressors, roots compressors and screw 

compressors (Ma et al. 2024). Out of these, especially centrifugal compressors can handle 

high volumetric flows. The characteristics of a centrifugal steam compressor stage affecting 
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the design often include low Reynolds number and high superheating at the outlet, due to 

the shape of the saturated vapour slope of water (Šarevski, M.N. & Šarevski, V.N. 2017). In 

multistage compression, intercooling between compressor stages can be used if materials 

start creating limitations due to the high superheat (Šarevski, M.N. & Šarevski, V.N. 2017). 

Despite the issues regarding centrifugal compressor in water vapour applications, it still 

offers benefits over roots and screw compressors. The efficiency of roots-type steam 

compressor reduces considerably in applications with high temperatures and large pressure 

ratios, even when cooling methods, such as steam injection are employed. While screw 

compressors (single and twin screws) offer high reliability, high pressure ratios, and good 

performance over a wide range of pressure ratios, they cannot facilitate as high volumetric 

flows and the performance decreases in high temperatures (Ma et al. 2024). Centrifugal 

compressors can reach high efficiencies with high rotational speeds and have also compact 

design reducing the physical size of the system, making them an attractive option for water 

vapour compression in SGHP. (Ma et al. 2024; Šarevski, M.N. & Šarevski, V.N. 2017.)  

2.4  Compressors 

Compressors typically used in heat pumps can be divided into two main categories, positive 

displacement compressors and dynamic compressors. Furthermore, positive displacement 

compressors can be divided into reciprocating and rotary types, with reciprocating 

comprising of piston compressor and rotary comprising of screw (single screw, twin screw 

and rolling pin screw), roots, scroll and rotary vane compressors. Dynamic compressors are 

either axial or centrifugal; however, axial compressors are not seen on HP applications. In 

the context of HTHP, rotary vane compressors are not used due to their restricted pressure 

ratios. However, they are popular in smaller domestic applications. Within industrial HPs, 

the main compressor types seem to be reciprocating piston compressors and scroll 

compressors (El Samad et al. 2024). As required heating capacities increase, the main two 

options are screw compressors and centrifugal compressors (El Samad et al. 2024). Figure 

13 presents roughly the heating capacity scales of different compressors, when using one 

compressor. By using multiple compression stages, the capacity can be increased with 

different compressor types. (Sharevska et al. 2025; El Samad et al. 2024.) 
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Figure 13. The heating capacities in kilowatts of different types of compressors used in 

heat pumps (adapted from El Samad et al. 2024). 

The current research of HTHP is mainly focused on scroll, reciprocating piston and screw 

compressors, with also centrifugal compressors gaining increasing attention (Ma et al. 2024; 

El Samad et al. 2024). Scroll compressors are based on compressing gas in chambers with 

spiral-shaped moving and stationary scroll discs (IEA HTHP 2023; Ma et al. 2024). The gas 

enters at the periphery of the moving scroll and exits from the centre. Scroll compressors 

offer relatively high volumetric efficiency, especially compared to reciprocating 

compressors. Other benefits include smooth operation, low noise, and relatively simple 

design. The design can also be made oil-free, although these designs are still more rare. 

There is also possibility to use vapor injection scroll compressors to reduce compression 

work and thereby, enhance the performance. An illustration of scroll compressor is presented 

in Figure 14. (Ma et al. 2024; El Samad et al. 2024.) 
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Figure 14. The working principle and structure of a scroll compressor (Sung et al. 2020). 

The main challenges affecting the suitability of scroll compressors for high-temperature 

applications include leakage, sealing effectiveness, scroll profile design, axial force balance, 

and internal flow characteristics (Ma et al., 2024). Performance is strongly influenced by 

refrigerant choice, suction conditions, and operating temperatures, with the compressor often 

being the main source of irreversibility in the system (El Samad et al. 2024). These 

compressors typically operate at high rotational speeds, resulting in compact and lightweight 

designs. However, their sealing performance is constrained by the limited allowable 

movement between scroll elements, which restricts the achievable compression ratio. Their 

performance tends to deteriorate at high pressure ratios and temperature lifts where leakages 

and thermal effects become more prominent. Consequently, scroll compressors are generally 

better suited for HTHP applications operating at relatively low capacities and moderate 

compression requirements. The current research focuses on improving scroll geometry, 

sealing technologies, and thermal fluid performance to extend their applicability in high-

temperature applications. (Ma et al. 2024; El Samad et al. 2024.) 

Reciprocating piston compressors are commonly used in various applications, including heat 

pumps, due to their reliability, simple design and low cost (El Samad et al. 2024). The 

compression is achieved by change in control volume caused by the reciprocating motion of 

the piston, which is driven by a crankshaft. An illustration of the working principle of a 

piston compressor is presented in Figure 15. The typical temperature lift for these 

compressors is around 50 °C, with some systems reaching up to a 100 °C temperature lift 
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and they can achieve sink temperatures up to approximately 180 °C (El Samad et al. 2024). 

Reciprocating piston compressors might be especially suitable for working fluids with low 

vapor volume and low molecular mass. A key technical challenge in these compressors is 

maintaining an effective seal between the piston and cylinder. Several established sealing 

technologies are available, including gap seals, labyrinth seals, block seals, and piston-ring 

seals, out of which especially labyrinth seals are a point-of-interest in development work, 

alongside some new sealing methods (Ma et al. 2024). (El Samad et al. 2024; Ma et al. 2024.)  

 

Figure 15. Working principle of a piston compressor (Lu et al. 2023). 

Screw compressors are used in a variety of applications, in industrial use commonly as air 

compressor and in refrigeration cycles (El Samad et al. 2024). Screw compressors comprise 

of two separate technologies, single screw compressor and twin-screw compressor: out of 

these, twin-screw is more common in HTHP applications (Ma et al. 2024). It has two 

meshing rotors that are rotated with a motor. The process has three stages, suction, 

compression and discharge. Figure 16 illustrates the working principle of a twin-screw 

compressor. (Ma et al. 2024; El Samad et al. 2024.) 
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Figure 16. The structure of a twin-screw compressor (Ma et al. 2024). 

Typically, some fluid, often oil, is injected in the compressor to act as a coolant and sealant. 

If the process requires absolutely no trace of oil in the compressed gas, oil-free technologies 

exist as well. However, these require different technology as a gear is needed to drive the 

second rotor while in oil flooded technologies the main rotor rotates the second rotor. Oil-

free twin-screw compressors have a shorter operating life and lower maximum pressure than 

those using oil (Ma et al 2024). The main advantages of twin-screw compressor include high 

efficiency in a wide pressure range, reliability due simple design and a few wearing parts, 

long operating life and compactness. They can also handle a variety of working fluids well. 

Main disadvantages in the context of HTHP include limitations to maximum volumetric flow 

rate due to rotor size and tip speed related manufacturing constraints. (El Samad et al. 2024; 

Ma et al. 2024.) 

One point of interest in research is centrifugal compressors, or turbo-compressors, especially 

since the focus shifts towards higher temperature lifts and sink temperatures. The 

compression is based on change of flow velocity in impeller: the rotating impeller increases 

the flow velocity, diffuser chamber accelerating the flow, and increasing the pressure and 

temperature. Figure 17 presents the structure and working principle of a centrifugal 

compressor. (Ma et al. 2024.)  
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Figure 17. Illustration of a centrifugal compressor working principle (Ma et al. 2024). 

The reason why centrifugal compressors have not reached wide popularity yet on heat pumps 

is mostly related to their higher investment cost compared to positive displacement 

compressors, narrower operating range and higher rotational speeds, which increases the 

costs for electrical drives controlling the compressor (El Samad et al. 2024). However, 

centrifugal compressors have some advantages over e.g. screw compressors, which would 

be the other popular option for high temperature applications. Centrifugal compressors can 

reach high efficiencies, in real operation typically over 80 % and even 90% of the design 

point efficiency, and they are especially suitable for applications of high heating capacity 

(Sharevska et al. 2025). The connection between refrigerant and compressor design is 

prominent in all compressor types, including centrifugal compressors. One property to 

consider is the molecular mass of the refrigerant. With high molecular mass fluids, the 

limiting factor for centrifugal compressor operation is the peripheral Mach number. This is 

because of the low speed of sound of such fluids leading to high Mach numbers even with 

moderate flow velocities. Respectively, for low molecular mass fluids, the issue is impeller 

peripheral speed. The density of the fluid and operating temperature affect the required 

impeller diameter. The volumetric heating capacity (VHC) of the refrigerant has also an 

impact on compressor type. If VHC is moderate or low, but the heating capacity is required 

to be on a certain level as with higher VHC fluids, it leads to high volumetric flows 

(Sharevska et al. 2025). This could be problematic for positive displacement compressors, 

but centrifugal compressors offer good performance in these cases. The possibility of making 
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centrifugal compressor completely oil free increases interest. For example, screw 

compressors require oil for lubrication and sealing, which can cause problems in HTHP as 

commercially available lubricant oils face degradation in high temperatures (El Samad et al. 

2024; Sharevska et al. 2025). Centrifugal compressors require oil only in the bearings, and 

some existing oil-free bearing designs, such as magnetic bearings, make the compressors 

completely oil-free, eliminating the oil-related limitations to the upper temperature (Kepsu 

2022).  (Ma et al. 2024; El Samad et al. 2024; Sharevska et al. 2025). 

2.5  State-of-the-art of HTHP and SGHP 

A lot of research regarding both steam generating and overall high-temperature heat pumps 

have been conducted in the recent years. Focus on recent studies has been in testing and 

optimizing different systems with future-proof refrigerants, optimising the compressor 

design, finding most efficient configurations and ways to produce steam for industry with 

varying temperatures needs. Some major challenges include compressor design, as the 

compressor electrical power consumption limits the COP of the HP cycle, and high pressure 

ratios with some refrigerants and high temperature lifts often related to HTHP. Other barriers 

are for example the price of electricity compared to fossil-based alternatives, such as gas, 

and high up-front costs of heat pumps. Currently, as there is no standardisation of industrial 

heat pumps, each system is custom-made for the specific application. Public awareness and 

the lack of it limits the use of industrial heat pumps as well. More pilot projects showcasing 

the advantages of the technology could increase the investments and enable the widespread 

of the technology. (Hamid et al. 2023; Bertsch 2025.) 

A study conducted by Liu et al. (2025) compared two SGHP configurations using 

R1233zd(E) as a working fluid. The first configuration being compared was direct steam 

generation with HTHP, where water is heated to a saturated steam directly in the HTHP 

condenser. The other configuration includes a flash cycle, that produces saturated water and 

saturated steam. Both configurations were tested with and without additional steam 

compression. All four configurations were based on a closed-loop HP cycle with two-stage 

compression using screw compressors, evaporator, economizer and steam generator, and a 

feedwater preheater in the steam cycle. They concluded that while flash cycle increased the 

steam production by 3.7%, the COP of steam production was on average 0.17 lower than 
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with the direct steam production method. Additionally, they found that adding a steam 

compressor increased the system energy efficiency significantly, when comparing cases 

under same conditions. Furthermore, they found that lower temperature in steam compressor 

resulted in lower compressor power consumption and thus, higher efficiency. The most 

energy-efficient way to produce steam according to the study was to generate saturated steam 

of 100 °C with the heat pump and elevate it to the desired supply temperature with the steam 

compressor. Overall, it seemed that in their system, the closed-loop heat pump cycle 

consumed more than 85% of the total electric power, so optimizing the HP cycle will lead 

to more improvements on the whole system efficiency.  

In addition to several studies, commercial applications of HTHP and SGHP exist. The 

development of HTHP market has been rapid, as in 2018 there were around 25 HTHP models 

with maximum supply temperatures of 90-165 °C, while by 2024 the amount had doubled 

and maximum supply temperatures ranging from 100 °C to 280 °C (Bertsch 2025). A 

selection of commercial HTHP (supply temperature over 100 °C) with compressor type and 

heating capacity is presented in Figure 18.  
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Figure 18. A compilation of HTHP market in 2024 arranged by maximum supply 

temperature [°C], heating capacity [MW] and compressor type (Bertsch 2025). 

The data in Figure 18 shows that currently the majority of industrial HTHPs are within the 

120 °C maximum supply temperature, while some technologies reaching the maximum 

supply temperature of 280 °C already exist as well.  
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3  Refrigerants 

The heat pump process is based on phase changes of a working fluid. Thus, the properties 

of the fluid have a significant impact on the process. The refrigerant affects operating 

parameters such as possible temperature ranges, pressure ratios, COP, compressor design, 

safety of the process and environmental impact of the heat pump. The selection of the 

refrigerant is therefore important for system performance and design feasibility. 

3.1  Selection criteria 

The thermophysical properties of the working fluid have a great impact on the heat pump 

performance and design. The critical temperature and pressure are examples of properties 

that create boundaries to the process design. Especially the critical temperature of the 

working fluid has a high impact on the COP of the heat pump, as it determines the upper 

limit for the subcritical heat pump cycle. As the difference between saturated vapour and 

liquid enthalpies in a certain pressure become smaller the closer to the critical point the 

process operates, the lower the COP will be as the enthalpy change in condenser will be 

reduced (Sulaiman et al. 2023). For this reason, the maximum theoretical COP of HTHP is 

obtained when the condensation temperature of the process is approximately 20 °C lower 

than the critical temperature of the refrigerant (Hoang et al. 2025). Furthemore, as the 

required temperature levels in HTHP are high, the refrigerant should also have a high critical 

temperature to ensure good performance. However, too high temperatures will cause 

problems with the compressor cooling. (Hoang et al. 2025; Ma et al. 2024; Arpagaus et al. 

2018; Sulaiman et al. 2023.) 

Another aspect to consider is the molecular structure and molar mass of the refrigerant. 

Molecular weight of the refrigerant affects compressor design – whether a high or low 

molecular weight is beneficial, depends on the compressor type (Sharevska et al. 2025). 

Another factor impacting the compressor type and design is the volumetric heating capacity 

of the refrigerant. Assuming the same required heating capacity, lower VHC of the working 

fluids leads to higher volumetric flows compared to a fluid with higher VHC, and higher 

volumetric flow rates further leading to the increase of the size of the components and piping 
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(Sharevska et al. 2025). One aspect influencing the cycle design and compression is the 

minimum required superheat for the compression. This depends on the shape of the T, s -

curve of the saturated vapour: if the slope is positive, this results in wet compression if 

refrigerant is not superheated before compression (Sulaiman et al. 2023). The number of 

atoms and molecular structure of the fluid also influence heat pump performance. Uusitalo 

et al. (2024) found in their study that hydrocarbons with cyclic structure reach higher COP 

values compared to other molecular structures, and especially iso-molecules resulted in 

lower COP values than cyclic or linear structures. (Jouhara et al. 2024; Sharevska et al. 2025; 

Uusitalo et al. 2024.)  

While thermodynamic properties of the fluid and effects on cycle design and performance 

have a high importance when choosing a suitable refrigerant, there are some environmental 

and regulatory aspects to consider additionally. Regarding the environmental aspects, two 

characteristic values, Ozone Depletion Potential (ODP) and Global Warming Potential 

(GWP), have a high importance in refrigerant selection. ODP tells the impact to the ozone 

layer when a substance is released to the atmosphere. The reference level to ODP value is 

for refrigerant CFC-11, which has ODP value of 1. Lifetime in the atmosphere is an attribute 

that complements the ODP by telling how long the degradation of the substance takes in the 

atmosphere. GWP expresses the global warming potential of a greenhouse gas in a relation 

of equal emission of CO2, for a 100-year term. In the context of industrial heat pumps, the 

ODP value of the refrigerant must be zero, while GWP may be greater than 1, however as 

low GWP as possible is favourable. Among the key regulatory considerations are also the 

EU regulations governing fluorinated greenhouse gases (F-gases). F-gases refer to synthetic 

fluorinated compounds, like hydrofluorocarbons (HFC), perfluorocarbons and sulphur 

hexafluoride, which are strong greenhouse gases. These restrictions originate from the 

United Nation’s (UN) Montreal Protocol. The agreement was first made in 1987 to ban 

substances that damage the ozone layer once released into the atmosphere, including 

chlorofluorocarbons (CFCs). The Montreal amendment caused the phase out of 

hydrochlorofluorocarbons (HCFCs), and Kigali amendment in 2016 the phasing out of 

hydrofluorocarbons (HFCs). While the first goal of the Protocol was to reduce the use of 

ozone depleting substances, it simultaneously started the phase out of high GWP substances 

as many of these ozone depleting refrigerants are also strong greenhouse gases. (IEA HTP 

2023; Regulation (EU) 2024/573; Arpagaus et al. 2018; Bless et al. 2017; UNEP n.d; 

ASHRAE 2018.) 
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Another aspect to consider is the potential upcoming EU regulations addressing per- and 

polyfluoroalkyl substances. These substances are especially harmful for health. The main 

issue regarding these substances is their slow degradation process in the environment, hence 

the nickname “forever chemicals”. Therefore, European Chemicals Agency (ECHA) has 

proposed restrictions on the use of substances containing PFAS. In the case of these 

regulations coming into effect, current hydrofluoroolefin (HFO) and hydrochlorofluorolefin 

(HFCO) refrigerants with low GWP would be restricted from use, as one of their degradation 

products in the atmosphere is trifluoroacetic acid (TFA), which is classified as PFAS. 

(ECHA 2025; Ma et al. 2024; Jeßberger et al. 2024.) 

In addition to performance and environment related aspects, safety of the refrigerant is also 

considered. Safety classification, which is defined in ANSI/ASHRAE Standard 34 (2016b), 

tells the flammability and toxicity of the fluid. Toxicity is marked with letters A and B, A 

being non-toxic and B being toxic. Flame propagation is classified by categories 1, 2L, 2 

and 3 with 1 meaning no flame propagation and 3 high flammability. Therefore, e.g. A1 

means a non-toxic, non-flammable fluid and B3 toxic and highly flammable fluid.  While 

safety classification is important to consider depending on a specific case, especially in 

industries more weight lays on environmental aspects, as the process rooms are secured 

according to relevant specifications according to standard EN378 (SFS-EN 378-1:2016 + 

A1:2020). The overall costs of the system can however be reduced by choosing a non-

flammable working fluid, as there is no need for the costly safety equipment. (ASHRAE 

2018; IEA HTP 2023; Arpagaus et al. 2018.) Main criteria for selecting a suitable refrigerant 

for HTHP applications are concluded in Table 1. 
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Table 1. Selection criteria for HTHP working fluid (adapted from Arpagaus et al. 2018 & 

IEA HTP 2023, with additional data from Regulation (EU) 2024/573 & ECHA 2025). 

Category Properties 

Thermal suitability - High critical temperature (> 150 °C) allowing subcritical 

heat pump cycles 

- Low critical pressure (< 30 bar) 

- Pressure at standstill > 1 atm 

- Low pressure ratio 

Environmental compatibility - ODP = 0 

- GWP < 10 

- Short atmospheric lifetime (< 30 days) 

- Future-proof according to F-gas regulations (EU 2024/573) 

and possible PFAS restrictions 

Safety - Non-toxicity 

- No or only low flammability 

Efficiency - High efficiency (COP) at high temperature lifts 

- Minimal superheat to prevent liquid compression 

- High volumetric heating capacity (VHC) 

Availability - Available on the market 

- Low price 

Other factors - Satisfactory solubility in oil 

- Thermal stability of refrigerant-oil mixtures 

- Lubricating properties at high temperatures 

- Material compatibility with aluminum, steel and copper 

 

From industrial perspective, one of the criteria for choosing the refrigerant are environmental 

aspects, as often the reason for integrating HP systems is climate targets, and compliance 

with current and possible future regulations, to ensure long lifetime for the application 

(Sutter 2025). This applies mainly for new systems, as already existing HPs are allowed to 

use also potentially restricted refrigerants over the transition period (ECHA 2025). 

Moreover, as each system is quite different in terms of temperature and pressure ranges, 

heating capacity and compressor type, the refrigerant must be chosen separately for each 

specific application.  
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3.2  Types of refrigerants 

Refrigerants can be divided firstly into pure refrigerants and mixtures. Furthermore, pure 

refrigerants can be divided further into natural refrigerants and synthetics. Natural 

refrigerants refer to water (R718), ammonia (R717), carbon dioxide (R744) and 

hydrocarbons (HC). Synthetic refrigerants include halocarbons and hydrocarbons, those 

being chlorofluorocarbons (CFC), hydrochlorofluorocarbons (HCFC), hydrofluorocarbons 

(HFC), hydrofluoroolefins (HFO) and hydrochlorofluorolefins (HCFO). Mixtures refer to 

blends of different refrigerants, such as HC mixed with some synthetic refrigerant. (Ma et 

al. 2024.) 

As per the phase out of previously commonly used F-gas refrigerants, the natural alternatives 

have gained more attention in research. R717 would have favourable thermodynamic and 

environmental properties, but safety becomes a problem especially in high-pressure and 

high-temperature applications. It also causes health-related hazards and material limitations, 

restricting the wide introduction of the refrigerant. R718 would be extremely cost-effective 

and easily available, but pressure ratios and vapour volumetric flow rates often rise high 

causing issues. R744 has a low critical temperature of 31.0 °C meaning that in high 

temperature applications it cannot be used in subcritical cycles. However, it has otherwise 

outstanding thermodynamic properties, so the research concentrates mainly on transcritical 

cycles. (Ma et al. 2024; Arpagaus et al. 2018.) 

Hydrocarbons contain purely hydrogen and carbon atoms. Some examples of hydrocarbons 

include butane (R600), isobutane (R600a) and pentane (R601). HCs have ODP of 0, very 

low GWP values and high critical temperatures, making them attractive options for industrial 

scale heat pumps. The main problem hindering the use of HCs is that they are highly 

flammable, thus creating the need for extensive safety equipment. Compared to other natural 

alternatives, HCs pose a better option for replacing other working fluids in already existing 

systems, due to more similar properties. (Ma et al. 2024; Arpagaus et al. 2018.) 

Hydrofluorocarbons became a replacement for previously common chlorinated 

hydrocarbons that were phased out by reason of their high ODP. Commonly used HFCs 

included for example refrigerants R152a, R245fa and R245ca, as with their zero ODP and 

relatively high critical temperatures those were seen as good working fluids for many 

applications. However, the GWP of HFCs is high, and therefore they will be phased out 
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according to restrictions based on Montreal Protocol and F-gas regulations. As HFCs, 

HCFCs are in a phase-out stage, the reasons being their high ODP and GWP values and 

chlorine content. (Arpagaus et al. 2018; Ma et al. 2024.) 

Hydrofluoroolefins and hydrochlorofluorolefins are synthetic refrigerants that appear as 

another promising option alongside natural refrigerants and HCs. HFOs and HFCOs have 

low or zero ODP and GWP values and high critical temperature, making them appealing for 

HTHP. An advantage compared to natural refrigerants is that the requirements for 

installation and safety are similar to previously commonly used HFCs, making these a 

feasible replacement during the transition period. However, as both HFOs and HFCOs form 

TFA as degradation product in the atmosphere, the possible prohibition of PFAS substances 

in EU would impede the use of these refrigerants in the future. Some examples of HFOs 

include R1234ze(Z) and R1234ze(E) with low flammability and non-flammable 

R1336mzz(Z) and R1336mzz(E), all of those with zero ODP. Examples of HFCOs include 

R1233zd(E) and R1336mzz(E), both with very low atmospheric lifetime and therefore 

almost negligible ODP, even though they contain chlorine. The thermal properties, such as 

critical temperature are favourable, making these refrigerants a point of interest in many 

studies. (Ma et al. 2024; Jeßberger et al. 2024.) Table 2 presents properties of some pure 

refrigerants, some of them being previously popular and now in phase-out, and some holding 

future potential.  
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Table 2. Properties of pure refrigerants suitable for HTHP applications. Tc refers to the 

critical temperature, pc to the critical pressure, NBP to normal boiling point at 1.013 bar 

and SG to safety group. (Data compiled from Arpagaus et al. 2018; IEA HTP 2023; Ma et 

al. 2024; The Engineering Toolbox 2018.) 

Type Refrigerant Description 
Tc 

[°C] 

pc 

[bar] 

NBP 

[°C] 
ODP GWP SG 

Natural 

R718 Water 373.9 220.6 100.0 0 0 A1 

R717 Ammonia 132.3 113.3 -33.3 0 0 B2L 

R744 Carbon dioxide 31.0 73.8 -78.5 0 1 A1 

HC 

R601 n-Pentane 196.6 33.7 36.1 0 5 A3 

R601a Isopentane 187.8 33.8 -0.5 0 4 A3 

R600 n-Butane 152.0 38.0 -11.8 0 4 A3 

R600a Isobutane 134.7 36.3 -42.1 0 3 A3 

R290 Propane 96.7 42.5 -47.6 0 3 A3 

HFO 

R1336mzz(Z) 1,1,1,4,4,4-Hexafluoro-

2-butene 
171.3 29.0 33.4 0 2 A1 

R1234ze(Z) cis-1,3,3,3-Tetrafluoro-

1-propene 
150.1 35.3 9.8 0 < 1 A2L 

R1336mzz(E) trans-1,1,1,4,4,4,-

Hexafluoro-2- butene 
130.4 27.8 7.5 0 18 A1 

R1234ze(E) trans-1,3,3,3-

Tetrafluoro-1-propene 
109.4 36.4 -19.0 0 < 1 A2L 

R1234yf 2,3,3,3-Tetrafluoro-1-

propene 
94.7 33.8 -29.5 0 < 1 A2L 

HCFO 

R1233zd(E) 1-chloro-3,3,3-

Trifluoro-propene 
166.5 36.2 18.0 3.4E-4 1 A1 

R1224yd(Z) 1-chloro-2,3,3,3-

Tetrafluoro-propene 
155.5 33.3 14.0 1.2E-4 < 1 A1 

HFC 

R365mfc 1,1,1,3,3-

Pentafluorobutane 
186.9 32.7 40.2 0 804 A2 

R245fa 1,1,2,2,3-

Pentafluoropropane 
154.0 36.5 14.9 0 858 B1 

R134a 1,1,1,2-

Tetrafluoroethane 
101.1 40.6 -26.1 0 1300 A1 

R152a 1,1-Difluoroethane 113.3 45.2 -24.0 0 138 A2 

HCFC 

R123 2,2-Dichloro-1,1,1-

trifluoroethane 
183.7 36.6 27.8 0.03 79 B1 

R21 Dichlorofluoromethane 178.5 51.7 8.9 0.04 148 B1 

R124b 1,1-Dichloro-1-

fluoroethane 
137.1 40.6 -10.0 0.065 782 A2 

R124 1-Chloro-1,2,2,2,-

tetrafluoroethane 
126.7 37.2 -12.0 0.03 527 A1 

 

Based on the properties presented on Table 2 it is clear why natural refrigerants, HCs, HFOs 

and HCFOs are being promoted at the moment, as other groups have very high ODP and 
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GWP values. The data also shows the similarities between the properties of HCs and 

synthetic refrigerants, especially regarding critical temperatures and pressures, implying the 

possibility for easier replacement if PFAS regulations are taken into action. 

3.3  Future trends 

With the current F-gas regulations (Regulation (EU) 2024/573) and possible PFAS 

restrictions in the EU driven by European Chemicals Agency (ECHA) as a part of the 

Registration, Evaluation, Authorisation and Restriction of Chemicals (REACH) programme 

(ECHA 2025), many currently used refrigerants will be phased out and the focus will shift 

to natural refrigerants, including HCs, and novel mixtures. Figure 19 illustrates the evolution 

of refrigerants over time. 

 

Figure 19. Evolution of refrigerants (adapted and compiled from Jouhara et al. 2024 and 

Ma et al. 2024). 

Figure 19 illustrates the timeline of refrigerant development. Natural refrigerants have 

existed since the invention of vapour compression process in 1834. From 1930s, new 

synthetic refrigerants were created, including e.g. CFCs and HCFCs. Both of those were 

later restricted due to F-gas regulations appointed on Montreal Protocol. The transition 

refrigerant after CFCs and HCFCs were HFCs, but the increasing concern on global warming 

pushed for the use of low GWP fluids. In the end, also HFCs were restricted by both the 

Montreal Protocol and EU F-gas regulations. HFOs and HCFOs became the new alternative, 
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however, the potential future PFAS regulations will phase out these refrigerants as well. 

Currently, the focus on research is back to natural refrigerants, alongside with HCs and novel 

mixtures. These mixtures mainly refer to different blends of e.g. existing HCFCs, HCs and 

HFCs. (Ma et al. 2024.) 

Similarly, as with different HP layouts, plenty of research has been conducted to find the 

most optimum refrigerants for different HP systems. Andersen et al. (2024) created a 

portfolio for best performing refrigerants in different applications, focusing on future-proof 

options. Based on their findings, considering COP, Lorenz efficiency, VHC and economical 

aspects, butane, pentane, hexane, ammonia, water and CO2 seem to be the best options for 

many HTHP applications. Hexane (R602) and R718 resulted in best Lorenz efficiencies in 

many temperatures, while natural fluids yielded in best COP in industrial applications. 

A study of a similar topic was conducted by Frate et al. (2019), where a selection of 

refrigerants was simulated in a single-stage heat pump. The considered properties were COP, 

VHC, practicality regarding overall system size, and safety and environmental aspects. The 

most optimal operating temperature ranges for each refrigerant were identified as well. The 

best compromise between all considered factors seemed to be R1233zd(E). Some HCs, such 

as cyclopentane, showed also good performance, but high flammability and thereby, reduced 

safety, affected the overall results. 

A number of studies have been published regarding cascade cycles with different working 

fluids in LT cycle and HT cycle. Mota-Babiloni et al. (2018) found using butane or isobutane 

in the LT cycle and R1336mzz(Z) or pentane in the HT cycle most promising. They also 

made a note that LT cycle refrigerant seemed to have a higher impact on performance 

compared to HT cycle working fluid. Hoang et al. (2025) examined a cascade HP cycle with 

internal heat exchangers for spray drying applications of over 200 °C sink temperatures. The 

highest COP value of 2.42 was achieved with neopentane as the LT refrigerant and acetone 

or ethanol as the HT refrigerant. Dong et al. (2024) compared different refrigerants for a 

cascade HP with a high temperature lift. The main findings were that a low GWP refrigerant 

pair of R1234ze(E) in LT cycle and HP-1 in HT cycle resulted in 3.05% higher COP under 

the same working conditions, compared to conventional refrigerants R134a/R245fa. HP-1 is 

a low-GWP refrigerant blend of R1234ze(Z) and R1336mzz(E) (Wang et al. 2024).   
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Another research topic on refrigerants is creating mixtures of already exiting fluids. These 

blends can be azeotropic, quasiazeotropic or zeotropic. Azeotropic mixtures act as a single 

pure substance during evaporation and condensation, maintaining constant composition and 

boiling point in at a fixed temperature, the boiling point being lower than of any of the 

individual components (Jouhara et al. 2024). Quasiazeotropic mixtures behave quite similar 

to azeotropes but exhibit a slight temperature glide (Jouhara et al. 2024). In a contrary to the 

other mixture types, in zeotropic mixtures the components evaporate and condensate at 

different rates creating a temperature glide (Jouhara et al. 2024; Ganesan & Eikevik 2023).  

A study by Ganesan & Eikevik (2023) examined zeotropic mixtures based on CO2 in HP 

applications with supply temperatures up to 180 °C. Study was conducted for a cascade type 

HP cycle, with blends of R744/R600 in LT cycle and R744/R601 in HT cycle. Different 

mass fractions were tested, and especially a blend of 5% of CO2 with 95% of butane and 

respectively, 5% of CO2 with 95% of pentane resulted in good performance. 
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4  Calculation methods 

Main calculations are carried out in Microsoft Excel. The fluid properties are acquired from 

thermodynamic and transport property database CoolProp (Bell et al. 2014). There are 1089 

cases to be investigated and therefore, the calculations are automatised by using VBA 

Macros.  

4.1  Investigated cases 

The chosen configuration consists of a closed-loop cascade HTHP cycle with an MVR cycle 

on topping the HTHP cycle. The HTHP has internal heat exchangers in both low temperature 

and high temperature cycles, to avoid wet compression. HTHP compressors are centrifugal 

and situated on the same shaft, therefore powered by the same motor. Heat source is a waste 

heat stream from water, and different temperature levels are investigated while the 

evaporator heat rate is kept as constant. 

In the steam generation cycle, feedwater of 90 °C is fed to the HT condenser, where it 

evaporates. Before entering the HT condenser, feedwater pressure is elevated to match the 

saturation pressure corresponding to the saturation temperature of water in the HT 

condenser.  Condenser also includes a superheating part, making 5 K of superheating before 

compression. The formed steam is compressed with two centrifugal compressor stages up to 

the desired supply pressure. In between the compressors, water is injected into the flow, 

cooling the steam down to have 2 K of superheat at the 2nd steam compressor inlet and 

increasing the mass flow rate slightly. The pressure of the injection water is the same as the 

intermediate pressure after steam compressor 1. Figure 20 illustrates the process diagram. 
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Figure 20. Steam generating heat pump with a closed-loop cascade HTHP cycle and MVR 

with two-stage compression for steam generation. LT refers to low temperature, HT to 

high temperature and IHX to internal heat exchanger. 

The effects of refrigerant are investigated with six different fluids, that are chosen based on 

environmental analysis and regulatory framework affecting EU area, referring to F-gas 

regulations, GWP values and potential future PFAS restrictions. Therefore, five different 

HCs are selected for comparison, but also one HCFO is examined to see how much a 

performance of a synthetic refrigerant deviates from the performance of HCs. Some cases 

with different working fluids in LT and HT cycles are also tested is also tested, to see how 

much difference this kind of set-up creates. Safety aspects, mainly flammability or toxicity 

are not considered as it is assumed that safety of the system in an industrial setting can be 
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ensured following the standard EN378 (SFS-EN 378-1:2016 + A1:2020). Economic aspects 

are omitted from comparison as well. Out of HCs, a variety of fluids are chosen based on 

different molecular structures and thus varying properties and performances. The 

refrigerants chosen for comparison are butane R600, isobutane R600a, pentane R601, 

isopentane R601a and cyclopentane. Propane R290 was excluded from comparison, due to 

its low critical temperature of 96.7 °C. The chosen synthetic refrigerant is R1233zd(E). 

Figure 21a presents a T, s -diagram of these fluids, and Figure 21b a log p, h -diagram. 

 

                    (a)           (b) 

Figure 21. T, s – (a) and log p, h -diagrams (b) of investigated refrigerants. 

The main thermodynamic properties of these fluids are presented in Table 3. 

Table 3. Thermodynamic properties of the chosen refrigerants. The data is from CoolProp 

(Bell et al. 2014).  

Refrigerant Critical temperature, [°C] Critical pressure, [bar] 

Butane 152.0 37.96 

Isobutane 134.7 36.29 

Pentane 196.5 33.68 

Isopentane 187.2 33.78 

Cyclopentane 238.6 45.83 

R1233zd(E) 166.5 36.24 
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Using the configuration presented in Figure 20, a few different refrigerants are tested in 

different temperature and pressure conditions. The evaporator heat rate is constant, 2 MW. 

The evaporation and condensation temperatures of the refrigerant are changed. The 

intermediate temperature in cascade heat exchanger is kept as the mean value of evaporation 

and condensation temperatures, resulting in a similar temperature lift in LT an HT cycles. 

The water evaporation temperature is determined by setting a pinch of 5 °C between the 

working fluid and water temperatures. The water saturation pressure is acquired from 

CoolProp as a function of saturation temperature – in the end, the steam will be superheated 

after compression stages, but the pressure level is determined by these saturation levels. 

These steam cycle initial values are presented in Table 4. In the initial calculations the 

configuration is kept the same to generate comparable results. Some of the chosen steam 

outlet pressures, however, are quite low, and therefore a few of these cases are also calculated 

using only one steam compressor to see how this affects COP, steam generation and steam 

outlet parameters. As one of the goals is to determine the suitable temperature lift after which 

steam compression becomes beneficial, some cases with direct steam generation are assessed 

in addition. 

Table 4. Initial values that are looped through to create 75 combinations for each 

investigated working fluid, that have high enough critical temperature. 

Evaporation 

temperature, [°C] 

Condensation 

temperature, [°C] 

Steam outlet saturation 

temperature, [°C] 

Steam outlet pressure, 

[bar] 

20 110 130 2.7 

30 120 140 3.6 

40 130 150 4.8 

50 140 160 6.2 

60 150 170 7.9 

  

To evaluate how the condensing temperature of the HT refrigerant affects the COP of the 

whole system, different temperatures are tested with a constant temperature lift inside the 

HP cycle. A temperature lift of 100 K is chosen, and four different condensing temperatures 

and five steam supply pressures are tested. The initial values for these cases are presented in 

Table 5. 
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Table 5. Initial values for cases with a constant temperature lift. 

Evaporation 

temperature, [°C] 

Condensation 

temperature, [°C] 

Steam outlet saturation 

temperature, [°C] 

Steam outlet pressure, 

[bar] 

20 120 130 2.7 

30 130 140 3.6 

40 140 150 4.8 

50 150 160 6.2 

- - 170 7.9 

 

The parameters given in Table 5 are combined so that the temperature lift is always 100 K. 

The steam supply conditions are tested so that the steam saturation temperature is always 

higher than the HP refrigerant condensation temperature, meaning that with evaporation 

temperature of 20 °C and condensing temperature of 120 °C, all steam outlet conditions can 

be tested, and with evaporation temperature of 50 °C and condensing temperature of 150 °C 

only steam outlet saturation temperatures of 160 °C and 170 °C can be tested. The same 

logic applies to the initial values presented in Table 4. Furthermore, refrigerant critical 

temperatures, seen in Table 3, create limitations to highest possible condensation 

temperature, so all the cases cannot be calculated with all refrigerants. 

4.2  Calculations 

The calculations include a thermodynamic analysis of the cycle presented in Figure 20. The 

compressors are calculated a bit more in detail to obtain initial evaluation of the performance 

and geometry, whereas heat exchangers are examined only in simple heat transfer point of 

view, without taking into account more detailed design aspects. Assumptions that are 

considered in the calculations are listed below. 

- Steady state conditions. 

- Pressure and heat losses are neglected in all pipelines and components. 

- Superheating is 5 K in all cases. 

- Subcooling 3 K. 

- All compressors and pumps have a mechanical efficiency of 90%. 
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- Feedwater pump has an isentropic efficiency of 70%. 

- Water that is used as a waste heat source has a constant specific heat and mass flow 

rate. 

- Steam compressors share an equal pressure ratio. 

The thermodynamic states of the fluids at different points through the cycle are solved from 

mass and energy balances. The fluid properties required for calculations are determined, 

when two parameters, such as temperature and pressure, or enthalpy and pressure, are 

known. The mass flow rate in LT evaporator (𝑞𝑚,𝐿𝑇) is solved with the known heating power 

according to the Equation 2. 

𝑞𝑚,𝐿𝑇 =
𝜙𝑒𝑣𝑎

ℎ1 − ℎ6

(2) 

where 𝜙𝑒𝑣𝑎 is evaporator heat power [kW] and h is enthalpy [kJ/kgK]. 

The heat power of the cascade heat exchanger (CHX) is solved with the LT fluid mass flow 

rate, according to the Equation 3. 

𝜙𝐶𝐻𝑋 = 𝑞𝑚,𝐿𝑇(ℎ3 − ℎ4) (3) 

With the evaporator heat power, mass flow rate in the HT loop can be solved with Equation 

4. 

𝑞𝑚,𝐻𝑇 =
𝜙𝐶𝐻𝑋

ℎ10 − ℎ9

(4) 

Furthermore, HT condenser heat rate can be solved from Equation 5. 

𝜙𝑐𝑜𝑛𝑑 = 𝑞𝑚,𝐻𝑇(ℎ9 − ℎ10) (5) 

The feedwater mass flow rate can then be calculated with Equation 6. 

𝑞𝑚,𝐹𝑊 =
𝜙𝑐𝑜𝑛𝑑

ℎ15 − ℎ14

(6) 

The acquired mass flow rates are used in the compressor calculations. The compressor outlet 

temperatures are calculated via isentropic compression, from which the real outlet 

temperature is calculated using the compressor efficiencies. These are solved and iterated 
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from compressor losses, according to the methodology presented in Uusitalo et al. (2024). 

The compressor electric power consumption is calculated with the Equation 7. 

𝑃𝑒𝑙 = 𝜂𝑚𝑒𝑐ℎ𝑞𝑚Δℎ (7) 

where 𝜂𝑚𝑒𝑐ℎ is mechanical efficiency [-], 𝑞𝑚 the mass flow rate of the fluid for each 

compressor [kg/s] and Δℎ the enthalpy difference between compressor inlet and outlet states 

[kJ/kgK]. 

The overall system COP is calculated with Equation 8, using the total heating power and the 

total electric power consumption of the compressors. 

𝐶𝑂𝑃 =
𝜙𝑠𝑖𝑛𝑘

𝑃𝑒𝑙,𝑡𝑜𝑡

(8) 

To increase efficiency, steam is cooled to have 2 K of superheating based on current pressure 

between the steam compression stages by spraying water to the flow. Injection water 

temperature is constant, 90 °C, but the mass flow rate is changed according to the steam 

temperature and pressure after the first steam compressor. The equipment needed for mass 

flow rate control is not taken into account in the calculations. 

The intermediate pressure for steam compression is determined via pressure ratios – the 

pressure ratio is same for both compressors and outlet pressure is given as an initial value. 

The evaporation heat source temperatures are calculated so that the water outlet temperature 

is 5 °C higher than the set refrigerant evaporation temperature, and the water inlet 

temperature is 20 °C higher than the outlet temperature. The specific heat and mass flow rate 

of the water are constant, thus keeping the evaporation heat rate constant. The compressor is 

designed according to the principles and equations presented in Uusitalo et al. (2024). The 

initial parameters for compressor design are presented in Table 6. 
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Table 6. Initial values for compressor design calculations, for all HP and steam 

compressors (Uusitalo et al. 2020). 

Number of blades [-] 18 

Blade thickness [mm] 2.0 

t [mm] 0.5 

D1tip/D2 [-] 0.5 

D1hub/D1tip [-] 0.3 

Ns [-] 0.9 

Cu2/U2 [-] 0.65 

Cr2/U2 [-] 0.3 

 

Other initial values in calculations are listed in detail in Appendix 1. 

4.3  Calculation tool 

The calculation tool is created in Microsoft Excel. In one round of calculations, the tool 

loops through all the combinations of the chosen HTHP cycle evaporation and condensation 

temperatures and steam supply pressures, for the chosen refrigerant. Therefore, one round 

of calculations can consist of e.g. five evaporation temperatures, five condensation 

temperatures and five steam supply pressures, resulting in 125 different cases for this 

refrigerant. The same loop can be calculated for any refrigerant that can be found in the 

CoolProp database, and all the initial values and the number of investigated temperature and 

pressure levels can be altered. 

The first sheet includes a selection of case initial values and buttons for running macros. The 

next sheet has all the detailed initial values listed, which can also be changed if user wants 

to e.g. alter the initial values for some compressor or change feedwater temperature. Iterative 

calculations are also presented in the same sheet. The file has heat pump process, LT 

compressor, HT compressor, steam cycle, steam compressor 1 and steam compressor 2 in 

separated sheets. The iterated values consist of compressor specific speed Ns for all 

compressors, compressor efficiency, flow velocity at rotor inlet, rotor outlet pressure at the 

static state and rotor losses. For the steam cycle, also feedwater temperature after feedwater 

pump is also iterated, as well as compressor intercooling injection water mass flow rate. For 
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iterations, initial guesses are estimated. This is done automatically inside the macros, and 

initial guesses are reset after each calculation round, meaning that reset is done when initial 

values change. The flowchart presented in Figure 22 illustrates how the calculation proceeds.  
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Figure 22. Flowchart of the calculation process. 
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Figure 22 presents the main idea of the iteration process, all the required input values are 

presented in more detail in Appendix 1. First, the HTHP model is calculated and iterated. 

From initial calculations, e.g. mass flow rates and fluid state points are determined using the 

initial guesses, which then affect the compressor calculation results that need to be iterated. 

In the iteration process, the difference between initial guess and calculated value is set to as 

close to zero as possible, the tolerance being 0.001. Once this tolerance is met for all the 

iterations for the HTHP model, calculation process moves to the MVR cycle. The HT 

condenser heat rate is solved in the HTHP calculations, which is then used as an input for 

the MVR cycle calculations. Similarly, the mass flow rates and initial fluid state points are 

solved with initial guesses and then iterated to match the tolerance. 

The iterations are done by either secant or bisection method. Secant method is chosen as the 

main means of iteration, as it proved to solve the cases faster than bisection method, and still 

reach the set tolerance. Bisection method is used as a fallback in case other ways fail. The 

total number of iteration rounds per one calculation is 20, after that the fallbacks are the 

mentioned bisection method, resetting initial guesses and recalculating specific speed for 

compressors separately. 
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5  Results and discussion 

In this section, calculation results of different cases are presented. The first results include a 

SGHP configuration with cascade type HTHP, using the same refrigerant in both LT and HT 

cycles. Then, the same configuration is analysed using different refrigerants in LT and HT 

cycles. The MVR cycle has initially two compression stages, but some cases are examined 

with only one compression stage and direct steam generation, with no steam compression at 

all. The thermodynamic performance of each configuration is analysed, and the effect of 

different operation conditions are tested. The feasibility of the design is considered by 

analysing the technical constraints of cycle and especially compressor design. 

5.1  SGHP with two-stage compression 

The first results indicate that the main parameters, alongside the chosen refrigerant, affecting 

the overall system COP are the temperature lift in the heat pump and steam discharge 

pressure – the lower the temperature lift and pressure, the better the COP value. These 

observations are in line with literature findings, as increasing temperature lift lowers the 

system COP, for example due increased compressor electric power consumption. All 

hydrocarbons perform quite similarly, cyclopentane resulting in the highest COP and 

isobutane the lowest. Figure 23a and b present the dependency of COP and HT condenser 

temperature (in the refrigerant side) in constant steam outlet pressure, presented cases being 

the lowest (2.7 bar) and highest (7.8 bar) investigated pressures. These pressures correspond 

to steam outlet saturation temperatures of 130 °C and 170 °C, respectively. The actual 

temperatures are much higher than the saturation temperatures due to the superheat during 

compression. The evaporator temperature is set to 50 °C, leading to temperature lifts of 60 

K, 70 K and 80 K in the closed-loop heat pump process. The total temperature lift from the 

heat source up the generated steam outlet is higher, but in these calculations, the temperature 

lift refers specifically to the temperature difference between HTHP evaporator and 

condenser, as this parameter is interesting from the closed-loop HTHP performance 

perspective. Figure 23c and d present COP as a function of steam outlet pressure, with 
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temperature lift being constant. Again, the presented cases are the lower and upper 

boundaries, lowest temperature lift being 50 K and highest 110 K. 

 

  (a)   (b) 

 

  (c)   (d) 

Figure 23. Overall COP as a function of condenser temperature with steam outlet pressure 

of 2.7 bar (a), with steam outlet pressure of 7.9 bar (b), overall COP as a function of steam 

outlet pressure with a heat pump temperature lift of 50 K (c), and with a temperature lift of 

110 K (d). 

The COP values vary depending on the steam outlet pressure, ranging from 3.01 to 3.74 at a 

steam outlet pressure of 2.7 bar, and from 2.46 to 2.84 at 7.8 bar. These results indicate the 

effect of increasing the steam supply pressure on system performance. The higher steam 

supply pressure leads to greater MVR compression ratio, which significantly increases the 

electrical power demand of the steam compressor and consequently reduces the system 

overall COP. In both cases, the highest COP values are obtained with lower condenser 

temperature. This is because the evaporator temperature is kept as constant, 50 °C. 
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Therefore, the temperature lift increases as the condenser temperature increases, decreasing 

the COP. Same effects, the decrease due increased temperature lift and steam outlet pressure 

are illustrated with Figure 23c and d. The COP values in those are ranging from 2.95 to 4.30 

with 50 K temperature lift, and from 1.95 to 2.50 with a 110 K temperature lift. It could be 

argued that using a temperature lift of 50 K in a cascade cycle is not justified as the system 

complexity and therefore costs increase, and often studies, for example Dong & Wang 

(2024) suggest that the most beneficial way is to cover  temperature lifts from 70 K up with 

cascade layouts and that temperature lift of less than 70 K should rather be covered with 

different single-stage configurations. However, for example Mateu-Rojo et al. (2021) state 

that single-stage layouts are the most feasible for temperature lifts under 50 K, so there is 

also variance on the optimum boundary temperature between studies.  Here, 50 K lift is 

presented to emphasize the difference a temperature lift creates. To visualise the process 

flow and the effect of refrigerant, cases with cyclopentane and isobutane are presented in T, 

s- and log p, h -planes in Figure 24 and Figure 25. In these presented cases, evaporator 

temperature is 50 °C and condenser temperature 120 °C. Steam supply pressure is 2.7 bar; 

however, steam cycle is not presented in these figures. 

 

Figure 24. HTHP process in T, s -plane (a) and log p, h -plane (b) with cyclopentane as a 

working fluid. Blue marks LT cycle and red HT cycle. 



64 

 

 

 

Figure 25. HTHP process in T, s -plane (a) and log p, h -plane (b) with isobutane as a 

working fluid. Blue marks LT cycle and red HT cycle. 

The Figure 24 and Figure 25 present especially well the difference in operating pressures 

under the same operating temperatures. Cyclopentane operates at significantly lower 

pressure range (1.04-6.52 bar) than isobutane (6.85-28.37 bar). The COP of the HTHP 

process in the presented case with cyclopentane is 4.15 and with isobutane 3.62. When 

considering also the MVR cycle, the COP values are 3.67 and 3.26, respectively.  

The data presented above does not indicate yet the optimal temperature between the HP cycle 

and MVR, as the increasing condensing temperature and consequently, temperature lift, 

decreases COP. Therefore, the effect of increasing condensation temperature with keeping 

temperature lift constant, 100 K, is analysed as well with 79 cases. The results presented in 

Figure 23 indicate that cyclopentane has the best performance compared to the other 

analysed refrigerants. This is due to its higher critical temperature and favourable 

thermophysical properties. Therefore, cyclopentane is used to present the results of constant 

temperature lift calculations. The same calculations were performed with the whole 

refrigerant selection, and the performance of those followed the findings of previous results 

presented in Figure 23, meaning that cyclopentane, pentane and isopentane perform better 

than R1233zd(E), butane and isobutane. The resulting COP values with cyclopentane are 

presented in Figure 26, as a function of condenser temperature in refrigerant side. The graphs 

present the results by different steam supply pressures.  
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Figure 26. COP as a function of HT condenser temperature, with a constant temperature 

lift of 100 K and using cyclopentane as refrigerant. 

The results presented in Figure 26 confirm the previous conclusion of lower steam supply 

pressure leading to a better COP. It should be noted that not all HP condenser temperatures 

were possible to be tested in combination of all steam supply pressures, as e.g. with the 

pressure of 2.7 bar the supply saturation temperature is 130 °C and therefore, only HP 

condenser temperatures up to 120 °C were used in calculation. Overall, it now seems that as 

condenser temperature increases, so does the COP, in contrary to the results in Figure 23, 

where higher condenser temperature and thus, higher temperature lift, resulted in worsening 

of COP values. When the temperature lift of the closed-loop heat pump is kept constant, 

increasing the HT condenser temperature simultaneously increases LT evaporator 

temperature. This increases the LT compressor suction pressure, leading to reduced 

compression ratio and electrical power consumption. Additionally, the temperature 

difference between water side temperature in the HT condenser and steam supply 

temperature decreases, reducing the work required by the steam compressors. As a result, 

the overall system COP increases within increasing condenser temperature.  

Overall, the results indicate the presence of an optimal intermediate temperature between the 

HTHP and MVR cycles, where the combined compressor work of both cycles is minimised. 

The optimum is highly dependent on operating parameters and favoured steam supply 
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parameters. In real operation, the available waste heat source determines the evaporation 

temperature, which affects the optimal condensation temperature. If the condensation 

temperature is too low compared to the steam supply temperature, the work required from 

steam compressors increases, decreasing overall COP. If the evaporator temperature is low 

and condensation temperature high, yielding in high temperature lift, the work required from 

HP compressors increases, again decreasing COP. Therefore, the optimal intermediate 

temperature is very dependent on the operating parameters. 

In all the cases presented above, the heat pump is using only one working fluid. 375 cases 

are also calculated with using different working fluids in LT and HT cycles. As in previous 

cases cyclopentane had the best performance over other options, it is chosen as the other 

refrigerant. Due to its thermal properties, it is decided to be the HT refrigerant, and other 

refrigerants are tested for the LT cycle. The results are presented in Figure 27. The LT 

evaporator temperature is constant, 20 °C and steam supply pressure 2.7 bar. The COP values 

are presented as a function of a HT condenser temperature. 

 

Figure 27. COP as a function of HT condenser temperature for different LT and HT fluid 

combinations. The steam supply pressure is 2.7 bar and evaporator temperature 20 °C.  

Based on the data presented in Figure 27, it seems that pentane or isopentane combined with 

cyclopentane yields in the best COP, both having a performance very close to each other. 
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Again, the lowest COP is produced by isobutane. To evaluate whether the performance is 

enhanced by using a different fluid in LT and HT cycles, compared to using the same fluid 

in both cycles, COP values for these cases under same operating conditions are compiled to 

Table 7. In the presented cases, LT evaporator temperature is 20 °C, HT condenser 

temperature is 120 °C and steam supply pressure is 2.7 bar.  

Table 7. COP values of using different refrigerants under same operating conditions. 

Second column presents COP values, when HT fluid is cyclopentane and LT fluid the one 

listed in the first column, and the third column presents cases where HT fluid is the same 

as LT fluid listed in the first column. 

LT fluid HT fluid cyclopentane HT fluid same as LT fluid 

R600 2.56 2.46 

R600a 2.54 2.37 

R601 2.58 2.55 

R601a 2.58 2.54 

Cyclopentane - 2.58 

R1233zd(E) 2.57 2.50 

 

The data presented in Table 7 shows that in all of these cases, using cyclopentane as HT 

fluid improves COP. The effect is the most prominent with those refrigerants that have the 

lowest performance overall, such as isobutane, as pentane and isopentane already have 

similar performance to cyclopentane. Another observation is that using just cyclopentane 

results in the same COP as using cyclopentane as HT fluid and pentane or isopentane as LT 

fluid. To visualise the process, cascade cycle with different refrigerants in T, s – and log p, 

h -planes are presented in Figure 28. The evaporator temperature is 20 °C and condenser 

temperature 120 °C. The steam supply pressure is 2.7 bar. In this example, butane is the LT 

cycle working fluid and cyclopentane HT cycle working fluid. 
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  (a)   (b) 

Figure 28. HTHP process in T, s -plane (a) and log p, h -plane (b) with butane as LT cycle 

working fluid and cyclopentane as HT cycle working fluid. Blue marks LT cycle and red 

HT cycle. 

The graphs in Figure 28 illustrate the process for the HTHP process with different working 

fluids. Especially the log p, h -diagram shows how different fluid properties affect the 

working conditions regarding pressure levels, as the LT cycle operates in higher pressures 

than HT cycle. 

5.2  Compressor design 

In addition to the cycle thermodynamic performance other design aspects should be 

considered. In the calculations, the compressor design was considered more in detail than 

other components. Table 8 presents more detailed results of the HTHP cycle with both 

configurations, using one and two refrigerants. The presented results include HT condenser 

heat rate, LT and HT compressor electric power, refrigerant mass flow rates, pressure ratios 

for HT and LT cycles and LT evaporator and HT condenser pressures. LT evaporator heat 

rate is constant, 2000 kW in all cases and the COP values are already presented in Table 7, 

so those are left out of the Table 8. The evaporation temperature is 20 °C, refrigerant 

condensation temperature 120 °C and steam supply pressure 2.7 bar. It should be noted that 

in the case of using one refrigerant, the compressors are on the same shaft, and LT 

compressor defines the rotational speed. With different fluids in LT and HT cycles, the 

compressors are separated. 
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Table 8. Results from HTHP cycle for different refrigerants. 

Refrigerant 

HT 

condenser 

heat rate 

[kW] 

Compressor 

power, 

LT / HT 

[kW] 

Refrigerant 

mass flow rate, 

LT / HT 

[kg/s] 

Pressure ratio, 

LT / HT 

[-] 

Pressure 

peva / pcond 

[bar] 

R600 3036.3 538.2 / 613.2 6.57 / 10.4 3.90 / 2.74 2.08 / 22.1 

R600a 3109.3 551.3 / 681.1 7.37 / 12.8 3.60 / 2.61 3.02 / 28.4 

R601 2977.8 527.7 / 558.8 6.39 / 9.25 5.01 / 3.20 0.57 / 9.07 

R601a 2985.5 527.9 / 567.1 6.82 / 10.0 4.65 / 3.05 0.77 / 10.9 

Cyclopentane 2958.8 524.7 / 540.7 5.55 / 7.70 5.52 / 3.41 0.35 / 6.52 

R1233zd(E) 3011.2 536.5 / 587.0 12.4 / 18.9 4.73 / 3.08 1.08 / 15.7 

R600/C5H10 2969.1 538.7 / 538.1 6.57 / 7.74 3.90 / 3.41 2.08 / 6.52 

R600a/C5H10 2938.1 551.8 / 540.6 7.37 / 7.78 3.60 / 3.41 3.02 / 6.52 

R601/C5H10 2957.3 527.7 / 536.0 6.39 / 7.71 5.01 / 3.41 0.57 / 6.52 

R601a/C5H10 2957.5 527.9 / 536.0 6.82 / 7.71 4.65 / 3.41 0.77 / 6.52 

R1233zd(E) /C5H10 2966.8 536.5 / 537.7 12.4 / 7.74 4.73 / 3.41 1.08 / 6.52 

 

The data presented in Table 8 shows that cyclopentane has the lowest compressor power in 

both LT and HT compressors, which is one of the reasons to why it results in the best COP 

values. The data also shows that all hydrocarbons have rather similar mass flow rates while 

R1233zd(E) has clearly higher values, which is due different thermodynamic properties, 

such as density. A possible design issue is revealed when examining the LT evaporator and 

HT condenser pressure levels. With pentane, isopentane and cyclopentane the pressures are 

significantly lower than with other refrigerants. With higher temperatures in HT condenser, 

this is an advantage as lower pressure means lower pressure ratio and thus, lower compressor 

power demand. However, with this chosen evaporation temperature, pentane, isopentane and 

cyclopentane have evaporation pressures lower than normal atmospheric pressure. This 

creates potential issues with leakages and sealing: as the system is on underpressure, air can 

leak into the system. Hence, choosing e.g. butane as the LT working fluid resolves this 

problem, even though it means a reduction to the overall COP. Using R1233zd(E) would 

result in slightly improved COP compared to butane, but potential future PFAS regulations 

would impede the use of that refrigerant. Nonetheless, whether this issue exists or not it 
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directly related to the evaporation temperature. For example, when looking at evaporator 

temperatures of 20 °C, 30 °C, 40 °C and 50 °C, isopentane operates over the normal 

atmospheric pressure at 30 °C, pentane at 40 °C and cyclopentane at 50 °C. Therefore, the 

best possible working fluid combination depends on the initial parameters, in this case, the 

temperature of the available waste heat source. When the heat pump is not in operation, the 

system temperature approaches the ambient temperature. For example, if the ambient 

temperature is 20 °C, the system will eventually stabilise at that temperature, with pressure 

level changing accordingly. In such a case, there is a risk of air leaking into the system. 

Another aspect of interest is how the compressor design and efficiency vary between 

different refrigerants, and how the design is for steam compressors. A comparison of 

compressor results is presented in Table 9. In the comparison, both compressors are located 

in the same shaft, so the rotational speed is the same. The compared cases have an evaporator 

temperature of 20 °C and condenser temperature of 120 °C. 

Table 9. Heat pump compressor design for different refrigerants. 

Refrigerant Rotational 

speed 

[rpm] 

Specific speed 

Ns 

LT / HT 

[-] 

Isentropic 

efficiency 

LT / HT 

[%] 

Outer diameter 

LT / HT 

[mm] 

Specific 

diameter Ds 

LT / HT 

[-] 

R600 26 370 0.90 / 0.71 84.90 / 87.03 0.25 / 0.21 3.03 / 3.71 

R600a 28 509 0.90 / 0.78 85.33 / 87.03 0.22 / 0.18 3.02 / 3.39 

R601 15 031 0.90 / 0.60 83.45 / 85.77 0.43 / 0.36 3.05 / 4.37 

R601a 16 316 0.90 / 0.62 83.97 / 86.06 0.39 / 0.32 3.04 / 4.15 

Cyclopentane 13 538 0.90 / 0.55 82.57 / 84.60 0.52 / 0.43 3.06 / 4.75 

R1233zd(E) 12 547 0.90 / 0.63 84.06 / 86.22 0.38 / 0.31 3.04 / 4.08 

 

The data presented in Table 9 reveals that even though cyclopentane creates the best COP, 

compressor design might be problematic as the impeller diameter increases to 0.52 m. 

Typically centrifugal compressors have impeller diameters of smaller than 0.5 m (Uusitalo 

et al. 2024). The large diameter is due to the density of cyclopentane: when evaporator 

temperature is only 20 °C, the density of the fluid becomes low, which increases the required 

volumetric flow rate, which is moreover compensated with a larger compressor. Similar 

issue was noted earlier from the results presented in Table 8, where cyclopentane, pentane 

and isopentane operated in underpressure in the evaporator with this example temperature 
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of 20 °C. The observation regarding the compressor impeller diameter further confirms the 

conclusion that with low evaporation temperatures, choosing a cascade configuration using 

e.g. butane as LT fluid and cyclopentane as HT fluid might be more feasible option. This 

configuration maintains relatively good thermodynamic performance, as the COP with the 

chosen initial parameters is 2.56, compared to R601/cyclopentane with COP of 2.58, while 

reducing the required LT compressor impeller diameter and ensuring feasible operation 

pressures. 

Steam cycle results are examined based on different steam supply pressures in the similar 

way as HTHP cycle results. In all cases, the feedwater temperature is 90 °C and pressure 1 

bar, steam evaporation temperature is 115 °C and compression is in two stages. In this 

example, the closed-loop HTHP uses pentane as LT fluid and cyclopentane as HT fluid. The 

temperature lift inside the HTHP loop is 100 K, resulting in condenser heat rate of 2957.3 

kW. Evaporator heat rate is 2000 kW. The results are presented in Table 10 and Table 11. 

Table 10. Steam cycle results for different supply parameters. 

Steam supply 

pressure, 

[bar] 

Steam 

compressor 

power, 

1 / 2 

[kW] 

Steam outlet 

mass flow 

rate, 

[kg/s] 

Steam 

compressor 

pressure ratio, 

[-] 

Steam outlet 

saturation 

temperature, 

[°C] 

Steam outlet 

temperature, 

[°C] 

2.7 56.44 / 68.61 1.29 1.26 130.0 147.0 

3.6 100.2 / 116.0 1.30 1.46 140.0 168.3 

4.8 143.7 / 164.7 1.32 1.68 150.0 189.7 

6.2 186.7 / 214.6 1.33 1.91 160.0 211.0 

7.9 229.5 / 265.7 1.34 2.16 170.0 232.2 
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Table 11. Steam compressor 1 and 2 design for different supply pressures. 

Steam 

supply 

pressure, 

[bar] 

Rotational speed 

1 / 2 

[rpm] 

Specific speed 

Ns 

1 / 2 

[-] 

Isentropic 

efficiency 

1 / 2 

[%] 

Outer diameter 

D2 

1 / 2 

[m] 

Specific 

diameter Ds 

1 / 2 

[-] 

2.7 19 603 / 24 423 0.90 / 0.90 89.51 / 89.37 0.24 / 0.21 2.94 / 2.94 

3.6 29 799 / 37 794 0.90 / 0.90 89.02 / 88.83 0.21 / 0.18 2.95 / 2.95 

4.8 38 555 / 51 147 0.90 / 0.90 88.49 / 88.26 0.20 / 0.16 2.96 / 2.96 

6.2 46 358 / 64 701 0.90 / 0.90 87.94 / 87.64 0.19 / 0.14 2.97 / 2.97 

7.9 53 443 / 78 536 0.90 / 0.90 87.38 / 87.00 0.18 / 0.13 2.98 / 2.98 

 

The data presented in Table 10 shows how significantly the required compressor electrical 

power increases with increasing outlet pressure: with 2.7 bar the combined compressor 

power is approximately 125 kW, and with 7.9 bar 495 kW, which is almost four times more. 

However, the change in mass flow rate is not so significant, the difference between the 

lowest and highest value being 0.05 kg/s. The results presented in Table 11 indicate that with 

steam, the compressor rotational speeds increase to a high level, while the impeller diameter 

remains small. The efficiencies vary between 87.0% to 89.5%. 

The data presented in Table 10 indicated quite large difference between the intended 

saturation temperature and resulting actual outlet temperature in the corresponding pressure. 

This is due to the high superheat, which is achieved during the steam compression, as a result 

of water vapour thermodynamic properties, especially the shape of the saturated vapour 

curve. This phenomenon is illustrated in Figure 29. In the example presented in Figure 29, 

the HTHP refrigerant is cyclopentane in both cycles, with the evaporator temperature being 

20 °C and condenser temperature 120 °C in the refrigerant side.  
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(a)   (b) 

Figure 29. Steam cycle presented in T, s (a) – and log p, h (b) -planes. The HTHP cycle 

working fluid is cyclopentane in both cycles, the evaporator temperature is 20 °C and 

condenser temperature 120 °C in the refrigerant side. The steam supply pressure is 4.8 bar. 

In the Figure 29, the feedwater initial temperature is 90 °C and pressure 1 bar. The pressure 

is increased with a feedwater pump before the HT condenser, consequently increasing the 

temperature slightly. The intermediate pressure between the compression stages is 2.8 bar. 

Temperature after the first compressor is 171 °C, which is then cooled down to 134 °C. The 

outlet temperature after the second compressor is 190 °C and pressure 4.8 bar. The T, s -

diagram shows the shape of the water vapour saturation curve, which explains the amount 

of superheat after compression. By adding more compression stages and incorporating water 

injection in several phases during the compression, the outlet temperature would end closer 

to the saturation temperature. Without intercooling of the steam, the supply temperature 

would be even higher than now, which in some cases could be beneficial for the process heat 

needs, but the possible limitations to materials and compressor design feasibility must be 

taken into consideration.  

5.3  Direct steam generation and one-stage compression 

In addition to the cases with two-stage steam compression, 185 cases are calculated with 

using direct steam generation, where steam is produced with the closed-loop HTHP 

condenser. The HT condenser temperature determines directly the steam supply temperature: 

the temperature difference between the refrigerant and steam saturation temperatures is 5 K, 

and the steam side includes superheater that creates 3 K of superheat. This is illustrated in 
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the HT condenser thermal diagram in Figure 30. In the example, the water evaporation 

temperature is 125 °C and refrigerant condensation temperature 130 °C. 

 

Figure 30. Thermal diagram of the HT condenser. 

The results of the direct steam generation are presented in Figure 31 for different refrigerants. 

The HP evaporator temperature is constant, 30 °C. COP is presented as a function of HP 

condenser temperature, which is varied between 110 °C-180 °C.  
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Figure 31. COP comparison of direct steam generation with HP condenser, using different 

refrigerants. 

As seen in Figure 31, the COP of direct steam generation is dependent on the condenser 

temperature: the higher the temperature, the lower the COP. With lower temperatures the 

COP is relatively high, as there is no additional compression work for the steam. As the 

steam temperature increases, so does the steam pressure. In the direct steam generation case, 

the pressure is facilitated only with the feedwater pump, making high steam supply 

temperature ineffective, possibly even unfeasible. Therefore, this method can be beneficial 

for the case if the requirement for steam outlet pressure and temperature is not particularly 

high. However, the results also depend on the other parameters. Here, the temperature lift 

increases with condenser temperature as the evaporator temperature remains constant. If the 

required temperature lift in the heat pump grows large to supply certain temperature for the 

steam, it is more beneficial to incorporate steam compression to cover the rest of the total 

temperature lift. An important note regarding the data presented in Figure 31 is that the 

horizontal axis presented HTHP condenser temperature, from the refrigerant side. As the 

water side temperature in the HTHP is 5 K lower than the refrigerant condensing 

temperature, and the condenser superheats the steam by 3 K, the actual temperature of the 

produced steam is 2 K lower than the presented condenser temperature. Previously presented 
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results in Figure 23, Figure 26 and Figure 27 including the MVR part on top of the closed-

loop HTHP also show the refrigerant side temperature of the HTHP condenser in the 

horizontal axis. In these cases, due to the superheat in steam compression, the steam supply 

temperature is significantly higher than in the direct steam generation. To compare the 

resulting COP by using direct steam generation with closed-loop HTHP, to the combined 

HTHP and MVR configuration, the overall system COP as a function of steam supply 

temperature is illustrated in Table 12. In the presented cases, cyclopentane is used as a 

refrigerant in both LT and HT cycles. With MVR, several different outlet pressure levels 

were analysed in all the calculations: 2.7 bar, 3.6 bar, 4.8 bar, 6.2 bar and 7.9 bar. Here, three 

different outlet pressures are presented for all the cases. 
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Table 12. Comparison of steam generation directly with closed-loop HTHP, and a 

combined HTHP and MVR configuration. The presented parameters are evaporator and 

condenser temperatures on the working fluid side, steam saturation temperature in the 

HTHP condenser, steam supply temperature (either after the condenser or after steam 

compression), steam supply pressure and resulting overall COP. 

Configuration 
Teva, wf 

[°C] 

Tcond, wf 

[°C] 

Tsteam,sat 

[°C] 

Tsteam,out 

[°C] 

psteam,out 

[bar] 

COP 

[-] 

HTHP 40 110 105 108 1.2 4.05 

HTHP + MVR 40 110 105 160 2.7 3.30 

HTHP + MVR 40 110 105 205 4.8 2.90 

HTHP + MVR 40 110 105 249 7.9 2.60 

HTHP 40 120 115 118 1.7 3.59 

HTHP + MVR 40 120 115 147 2.7 3.23 

HTHP + MVR 40 120 115 190 4.8 2.86 

HTHP + MVR 40 120 115 232 7.9 2.58 

HTHP 40 130 125 128 2.3 3.22 

HTHP + MVR 40 130 125 135 2.7 3.14 

HTHP + MVR 40 130 125 177 4.8 2.80 

HTHP + MVR 40 130 125 218 7.9 2.54 

HTHP 40 140 135 138 3.1 2.93 

HTHP 40 150 145 148 4.2 2.69 

HTHP 40 160 155 158 5.4 2.48 

HTHP 40 170 165 168 7.0 2.31 

HTHP 40 178 175 178 8.9 2.15 

 

The data presented in Table 12 shows the clear differences between the actual steam outlet 

temperatures, when comparing the direct steam generation method to steam compression 

method. With MVR the supply temperature can be increased significantly, but the additional 

steam compression stages reduce COP comparing to the cases without steam compressors. 

The most optimum method depends on the desired steam supply parameters. If for example 

the goal is to produce steam of around 178 °C, with direct steam method the resulting COP 

is only 2.15, while a similar temperature of 177 °C can be achieved for example with one 

HTHP and MVR case presented in Table 12 marked in bold. In that case, the HTHP 

condenser temperature is 130 °C, steam outlet pressure 4.76 bar and COP 2.80, hence 

resulting in a slightly higher COP. However, the feasibility of this comparison is 
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questionable, as in the direct steam method the feedwater pump alone facilitates the pressure 

rise, and it is only modelled in thermodynamic perspective to find the enthalpy change over 

it, without considering design details or even feasibility.  

One example consisting of 75 cases is calculated with a single-stage steam compression. 

This is executed with a cascade cycle with butane as LT fluid and cyclopentane as HT fluid. 

Figure 32 presents a comparison between cases of two-stage and single-stage steam 

compression. Evaporator temperature is 20 °C and condenser temperature on refrigerant side 

120 °C. COP is presented as a function of steam supply pressure. 

 

Figure 32. Comparison of single-stage and two-stage steam compression with different 

steam supply pressures, using R601 as LT cycle working fluid and cyclopentane as HT 

cycle working fluid in the HTHP cycle. 

As presented in Figure 32, two-stage steam compression outperforms single-stage at all 

target pressures. The difference decreases with lower pressures, but even with the lowest 

analysed steam supply pressure, incorporating two compressors is beneficial from COP 

perspective. However, the difference is small and therefore, to decide whether to have one 

or two steam compressors for a certain system, the costs and compressor design feasibility 

need to be considered. Some compressor design indicators, such as rotational speed and 
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compressor electric power are compared in Table 13 for the same cases that were presented 

in Figure 32. In the case of two-stage compression, both the total and individual compressor 

powers are presented and rotational speeds as steam compressor 1 / steam compressor 2. 

Table 13. Comparison of compressor design features between single-stage and two-stage 

configurations. 

Number of 

compression 

stages 

pout 

[bar] 

Tsteam,out 

[°C] 

Pel 

[kW] 

Pel,tot 

[kW] 

n 

[rpm] 

COP 

[-] 

1 2.7 165.2 128.0 128.0 35 523 2.58 

2 2.7 147.0 56.45 / 68.61 125.1 19 603 / 24 423 2.58 

1 3.6 200.8 225.1 225.1 52 710 2.45 

2 3.6 168.3 100.2 / 116.0 216.2 29 799 / 37 794 2.46 

1 4.8 237.8 326.9 326.9 67 752 2.34 

2 4.8 189.7 143.7 / 164.7 308.3 38 555 / 51 147 2.36 

1 6.2 276.5 434.1 434.1 81 177 2.24 

2 6.2 211.0 186.7 / 214.6 401.3 46 358 / 64 701 2.27 

1 7.9 317.1 547.9 547.9 93 377 2.14 

2 7.9 232.2 229.5 / 265.7 495.2 53 443 / 78 536 2.18 

 

The compressor design data presented in Table 13 shows that the difference in COP and total 

compressor power between the single-stage and two-stage compression cases is in line, as 

the difference in COP increases along with the increasing total compressor electric power. 

Another aspect to consider is the rotational speeds. The single-stage case reaches relatively 

high rotational speeds compared to the two-stage case. For example, with the highest 

presented outlet pressure of 7.9 bar, the single-stage compressor reaches a rotational speed 

of 93 377 rpm with electric power being 547.9 kW. With two compressors, the rotational 

speeds are 53 443 rpm and 78 536 rpm for first and second stage, the power consumptions 

being 229.5 kW and 265.7 kW, respectively. As the single-stage compressor does not 

involve intercooling, the outlet temperatures differ also, with the single-stage system 

resulting in remarkably higher discharge temperatures. It should be noted that with the 

intercooling, which is done with spraying water droplets to the steam flow between the two 

compression stages, the mass flow rate in the second compressor increases slightly. 
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5.4  Analysis of the results 

Based on the results of the calculations, cyclopentane systematically yields in the best COP 

values in all cases. Pentane and isopentane also result in good performance, R1233zd(E) 

falls in the middle and butane and isobutane create the lowest COP values, isobutane having 

the worst performance in all analysed cases. This is in line with literature, as e.g. Uusitalo et 

al. (2024) compared different hydrocarbon refrigerants for a HTHP system using centrifugal 

compressors. They found that cyclic molecules with five and four carbon atoms, such as 

cyclopentane and cyclobutene, yielded in better performance comparing to iso-molecules. 

Linear molecules, such as butane, also performed better than the iso-molecules, like 

isobutane. This same conclusion is seen in the results of this thesis, as consistently, 

cyclopentane results in the best performance and isobutane the worst. One explanation for 

this is the critical temperatures and chosen operating ranges, especially in the HT cycle. The 

critical temperatures and pressures for each analysed refrigerant are listed in Table 3. 

Cyclopentane has the highest critical temperature of 238.6 °C and isobutane the lowest, 

134.7 °C. The investigated HT condenser temperatures were varying between 110 °C up to 

180 °C. Typically, the shape of the T, s - and log p, h -curves is narrower near the critical 

point, leading to smaller enthalpy difference between saturated liquid and saturated vapour 

states. Another aspect to consider is the operating pressures. Figure 24 and Figure 25 

illustrate the difference in pressure levels between the best and worst performing 

refrigerants, with isobutane operating in significantly higher pressures compared to 

cyclopentane. Overall, hydrocarbons have high molecular weight and high vapour density, 

which is beneficial for centrifugal compressor performance (Ma et al. 2024; Sharevska et al. 

2025). 

Another point is the effect of temperature lift and steam supply parameters. Increasing 

temperature lift between HP evaporator and HP condenser decreases COP. This follows 

results from literature: e.g. Mateu-Rojo et al. (2021) and Dong & Wang (2024) mention the 

same effect. Another point is regarding the steam supply parameters: increasing the outlet 

temperature and consequently, the outlet pressure, also lowers the COP. Both phenomena 

are explained by increased compressor work and therefore, electric power consumption. In 

addition, one-stage steam compression and direct steam generation with no steam 

compression were analysed. These results, presented in Figure 31 and Figure 32, showcase 
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how much initial parameters and requirements for supply steam affect the best performing 

system. Overall, the difference in obtained COP values between single-stage and two-stage 

system is minor, the largest difference being 1.8% in the case of highest steam supply 

pressure. However, especially with higher desired supply pressures, the compressor design 

is more feasible with two-stage design. Direct steam generation without additional 

compression could be feasible in cases that require lower supply temperature. In the case of 

direct steam generation, the main limiting factor is the critical temperature of HT cycle 

refrigerant: if the critical temperature is low, the additional temperature lift can be attained 

with steam compression. The evaporator temperature, steam outlet parameters and chosen 

layout and refrigerant all determine, which intermediate temperature between HTHP and 

MVR result in the best performance. Additionally, the feasibility of the design has to be 

considered, meaning e.g. compressor design, the required size of components and prevention 

of leakages. 

The obtained results reveal some main design constraints. Cyclopentane as refrigerant results 

in the thermodynamic optimum, but especially if the evaporator temperature is low, around 

20 °C, the LT cycle performance suffers from that. In these conditions the cycle design in 

practise becomes unfeasible as the compressor impeller size increases and evaporator will 

be working under the normal atmospheric pressure, creating possible issues with sealing to 

prevent air from entering the system. To overcome this problem, a cascade HTHP system 

using butane in the LT cycle and cyclopentane in HT cycle could be the practical 

compromise. With slightly higher evaporation temperatures, pentane and isopentane as LT 

working fluids become feasible options, reaching to better COP than butane. In the HT cycle 

the pressures are higher, so the issues regarding sealing and increasing compressor 

dimensions do not occur in the same way. Consequently, based on the results presented in 

this thesis, cyclopentane seems to pose good potential to offer a good performance when 

used as HT working fluid, or as the only fluid, depending on the evaporation temperature. 

An important detail to take into account is that these obtained results and conclusions only 

apply to this particular SGHP set up. One of the main factors to consider is that both HTHP 

and MVR have centrifugal compressors, which in general can reach very high isentropic 

efficiency (Sharevska et al. 2025). Compressor efficiency is one major attribute influencing 

overall system COP, as in the research conducted by Sharevska et al. (2025) a decrease in 

the compressor efficiency from 0.8 to 0.7 caused a 14% decrease in COP, regardless of the 
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refrigerant. Therefore, changing compressor type and design to less efficient one would 

cause a decrease in COP. Another factor affecting the high COP values is that no heat or 

pressure losses were considered in the calculations, and the feedwater pump is only modelled 

to show the enthalpy rise to provide the needed saturation pressure. Therefore, in a real 

system, the COP would be lower than those presented in this thesis, however, it is assumed 

that the decrease would be small and would not affect the main conclusions and observations 

made based on the calculation results.  
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6  Conclusions 

In the Master’s thesis, an analysis of a steam generating high-temperature heat pump with 

different refrigerants and operating parameters, and a literature review of the topic were 

conducted. Literature review presented that the topic of high-temperature heat pumps is 

increasing currently attention, with refrigerant selection focusing on natural alternatives due 

to the relevant regulatory framework. The trend seems to be to further increase the supply 

temperatures, and already during the recent years the maximum supply temperatures have 

increased from approximately 120 °C to 200 °C and further. As the temperature levels 

increase, especially compressor selection and design require attention. It seems, that 

centrifugal compressors, alongside screw compressors, are gaining interest in research and 

commercial products. Several studies also compare different cycle layouts to find ones with 

the best performance in different operating conditions. Steam generating systems are 

especially interesting for decarbonizing industries, as low-temperature steam is used in 

several applications in variety of industrial sectors. According to Arpagaus et al. (2026), 

more simulation data is needed from system layouts consisting of closed-loop HTHP 

combined with steam compression cycle. Therefore, the layout studied in this thesis seems 

to be a topical issue.  

The investigated cycle consisted of a closed-loop cascade type high-temperature heat pump 

operating in subcritical region, and a steam generation and compression cycle. Refrigerant 

selection was found to be a critical factor influencing system performance. Among the 

analysed fluids, cyclopentane, followed closely by isopentane and pentane, demonstrated 

strong thermodynamic performance, resulting in high COP values in all the analysed cases, 

while using isobutane created the lowest COP values. These findings are in line with existing 

research on this topic. The synthetic refrigerant included in the analysis provided a useful 

benchmark, highlighting the trade-offs between performance, safety, and environmental 

considerations. Future research could expand the analysed refrigerant selection to include 

refrigerant mixtures, as the literature review suggested that especially zeotropic mixtures are 

of particular interest in current research. 

Some cycle design modifications were investigated to support the decision to have a two-

stage compression in the MVR cycle, and to compare the benefits of steam generation 
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without additional steam compression. Having two steam compression stages instead of just 

one increased the COP value as compression per stage requires less electrical power input. 

Direct steam generation with the HT condenser proved to be beneficial in some cases, the 

limiting factor being the critical temperature of the chosen refrigerant, as it determines the 

upper boundary for HT condenser temperature. The closed-loop HTHP cycle was analysed 

with using the same refrigerant in both LT and HT cycles, and by using separate refrigerants. 

While the performance of using only cyclopentane resulted in the highest COP under 

different operating conditions, the design feasibility needs to be considered as with low LT 

evaporator temperatures, the evaporation pressures fall below 1 bar. Therefore, the most 

feasible configuration might be using e.g. butane as the LT cycle working fluid and 

cyclopentane as the HT cycle working fluid. 

One of the key findings of this thesis relates to the distribution of temperature lift between 

the HTHP and MVR cycles. The analysis shows that the optimum intermediate temperature 

between the HTHP and MVR cycles depends heavily on the temperature lift in HTHP. If the 

waste heat source temperature is relatively low, it is more beneficial to start the steam 

compression at a lower temperature level, thereby shifting more of the temperature lift to the 

MVR cycle, as the HTHP temperature lift seemed to be more limiting for COP improvement 

compared to the MVR cycle. However, this benefit must be balanced against practical 

considerations such as compressor design limits. Therefore, the optimal intermediate 

temperature is case-specific and depends on both process requirements and component 

performance. In addition to the temperature lift inside the closed-loop HTHP cycle, the steam 

supply parameters and chosen refrigerant in the closed-loop HTHP cycle were found to be 

the parameters influencing the system performance the most. 

One of the goals of the thesis was to create an automatic calculation tool for the described 

steam generating heat pump system. The tool was implemented in Microsoft Excel, and 

automatization was done with VBA Macros. The tool enabled fast evaluation of large 

number of cases, providing early-stage thermodynamic evaluation of the cases. For the 

future, it would be useful to define boundary conditions, process inputs and desired supply 

parameters more precisely, for example by using real data from an industrial process with 

potential of applying such heat pump system. The overall calculation was also quite 

simplified as some of the losses were neglected, including heat and pressure losses. The 

calculations of the feedwater pump and evaporator, condenser and cascade HEX were also 
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simplified, only considering the thermodynamics and neglecting any design considerations. 

In reality, the COP values would therefore be lower than presented in this theoretical study. 

The next step in this research would be to create a dynamic model of the same configuration 

to create more realistic and detailed data of the system performance. 

In conclusion, steam generating heat pumps based on a closed-loop cascade HTHP and MVR 

configuration present a promising solution for decarbonising industrial steam production, as 

the technology enables efficient utilisation of low-temperature waste heat. This Master’s 

thesis contributes particularly to understanding how the temperature lift distribution between 

a cascade HTHP and MVR cycle affects overall system performance under varying waste 

heat source conditions, providing data of the system performance with a selection of 

hydrocarbons and one synthetic refrigerant. The results provide data of performance and 

design of the centrifugal compressors used in the cycle, suggesting good suitability for the 

configuration. The results demonstrate the importance of the refrigerant selection and the 

influence of the operating conditions to the system performance as well as the design 

feasibility.   
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Appendix 1. Initial values for calculations  

Some initial values are inputs from user; some are changed with iterations. 

LT and HT compressors on the same shaft: 

 

Process inputs     
Saturated vapor in LT evaporator, °C 50  
Saturated vapor at the LT condenser (cascade 
HE), °C 85  
Saturated vapor in HT condenser, °C 120  
Superheating in LT evaporator 5  
Superheating in HT evaporator 0,0001  
Saturated vapor at the HT evaporator (cascade 
HE), °C 85  
Suction vapor heat exchanger effectiveness (LT 
cycle) 0,7  
Suction vapor heat exchanger effectiveness (HT 
cycle) 0,7  
Subcooling in LT condenser, K 0,0001  
Subcooling in HT condenser ,K 3  
     
Cooled fluid (LT evaporator)    
Isobaric heat capacity 4,2  
Temperature in 75  
Temperature out 55  
mass flow rate 23,80952381  
Compressor inputs    
LT Compressor     
De haller number 0,714223764  
velocity ratio Cu2/u2 0,637936085  
Number of blades 18  
Tip clearance height 0,5  
beta 1,tip 58  
Dhub/Dtip 0,3  
Diameter ratio diffuser outlet/inlet 1,6  
Rotational speed 16144,09393 rpm 
Volute pressure loss, %  0  
Volute outlet velocity 0 m/s 
Diffuser pinch 0,95  
Rotor blade thickness 0,002 m  
Impeller axial length/rotor diameter 0,4  



2 

 

 

Motor and mechancial efficiency 0,9  
   
HT Compressor     
De haller number 0,714223764  
velocity ratio Cu2/u2 0,695397804  
Number of blades 18  
Tip clearance height 0,5  
beta 1,tip 58  
Dhub/Dtip 0,3  
Diameter ratio diffuser outlet/inlet 1,6  
Rotational speed 16144,09393 rpm 
Volute pressure loss, %  0  
Volute outlet velocity 0 m/s 
Diffuser pinch 0,95  
Rotor blade thickness 0,002 m  
Impeller axial length/rotor diameter 0,4  
Motor and meachancial efficiency 0,9  
   
Loss Correlations   
LT Compressor     

LOSS MODELS 
1=used, 0=not 
used  

tip clearance loss 1  
skin friction loss 1  
blade loading loss 1  
mixing loss 1  
diffuser loss 1  
leakage loss 0  
disk friction loss 1  
recirculation loss 1  
Rotor friction factor 0,006  
Relative wake coverage 0,25  
diffuser friction coeff. 0,015  
   
HT Compressor     

LOSS MODELS 
1=used, 0=not 
used  

tip clearance loss 1  
skin friction loss 1  
blade loading loss 1  
mixing loss 1  
diffuser loss 1  
leakage loss 0  
disk friction loss 1  
recirculation loss 1  
Rotor friction factor 0,006  
Relative wake coverage 0,25  
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diffuser friction coeff. 0,015  
   
STEAM CYCLE INPUTS    
Fluid water  
Temperature of heated fluid inlet, °C 90  
Feedwater pressure, bar 1  
Pinch temperature, K 5  
Steam compression 1 0 = 1-stage, 1 = 2-stage 
Pressure change in the pump, bar 1  
Pump mechanical efficiency, - 0,9  
Pump isentropic efficiency, - 0,7  
Superheat in HT condenser, K 3  
Steam Compressor 1   
De haller number 0,714223764  
velocity ratio Cu2/u2 0,637936085  
Number of blades 18  
Tip clearance height 0,5  
beta 1,tip 58  
Dhub/Dtip 0,3  
Diameter ratio diffuser outlet/inlet 1,6  
Rotational speed 21087,36612 rpm 
Volute pressure loss, %  0  
Volute outlet velocity 0 m/s 
Diffuser pinch 0,95  
Rotor blade thickness 0,002 m  
Impeller axial length/rotor diameter 0,4  
Motor and mechanical efficiency 0,9  
Compressor outlet pressure 2,138378113 bar 

   
Steam compressor 1, loss correlations   

LOSS MODELS 
1=used, 0=not 
used  

tip clearance loss 1  
skin friction loss 1  
blade loading loss 1  
mixing loss 1  
diffuser loss 1  
leakage loss 0  
disk friction loss 1  
recirculation loss 1  
Rotor friction factor 0,006  
Relative wake coverage 0,25  
diffuser friction coeff. 0,015  
   
Steam Compressor 2   
De haller number 0,714223764  
velocity ratio Cu2/u2 0,637936085  
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Number of blades 18  
Tip clearance height 0,5  
beta 1,tip 58  
Dhub/Dtip 0,3  
Diameter ratio diffuser outlet/inlet 1,6  
Rotational speed 26270,34915 rpm 
Volute pressure loss, %  0  
Volute outlet velocity 0 m/s 
Diffuser pinch 0,95  
Rotor blade thickness 0,002 m  
Impeller axial length/rotor diameter 0,4  
Motor and mechanical efficiency 0,9  
Compressor outlet pressure 2,702799768 bar 

   
Steam compressor 2, loss correlations   

LOSS MODELS 
1=used, 0=not 
used  

tip clearance loss 1  
skin friction loss 1  
blade loading loss 1  
mixing loss 1  
diffuser loss 1  
leakage loss 0  
disk friction loss 1  
recirculation loss 1  
Rotor friction factor 0,006  
Relative wake coverage 0,25  
diffuser friction coeff. 0,015  
   
Injection water inputs   
Amount of superheating of the SC2 inlet steam, 
°C 2  
Injection water temperature, °C 90  
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