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ABSTRACT

Arttu Reunanen
Experimental and Numerical Analysis of Different Volutes in a Centrifugal Compressor
Lappeenranta 2001
150 p.
Acta Universitatis Lappeenrantaensis 118
Diss. Lappeenranta University of Technology
ISBN 951-764-607-0, ISSN-1456-4491

In a centrifugal compressor the flow around the diffuser is collected and led to the pipe system
by a spiral-shaped volute. In this study a single-stage centrifugal compressor with three
different volutes is investigated. The compressor was first equipped with the original volute,
the cross-section of which was a combination of a rectangle and semi-circle. Next a new
volute with a fully circular cross-section was designed and manufactured. Finally, the circular
volute was modified by rounding the tongue and smoothing the tongue area. The overall
performance of the compressor as well as the static pressure distribution after the impeller and
on the volute surface were measured. The flow entering the volute was measured using a
three-hole Cobra-probe, and flow visualisations were carried out in the exit cone of the volute.
In addition, the radial force acting on the impeller was measured using magnetic bearings.

The complete compressor with the circular volute (inlet pipe, full impeller, diffuser, volute
and outlet pipe) was also modelled using computational fluid dynamics (CFD). A fully 3-D
viscous flow was solved using a Navier-Stokes solver, Finflo, developed at Helsinki
University of Technology. Chien's k-� model was used to take account of the turbulence.

The differences observed in the performance of the different volutes were quite small. The
biggest differences were at low speeds and high volume flows, i.e. when the flow entered the
volute most radially. In this operating regime the efficiency of the compressor with the
modified circular volute was about two percentage points higher than with the other volutes.
Also, according to the Cobra-probe measurements and flow visualisations, the modified
circular volute performed better than the other volutes in this operating area.

The circumferential static pressure distribution in the volute showed increases at low flow,
constant distribution at the design flow and decrease at high flow. The non-uniform static
pressure distribution of the volute was transmitted backwards across the vaneless diffuser and
observed at the impeller exit. At low volume flow a strong two-wave pattern developed into
the static pressure distribution at the impeller exit due to the response of the impeller to the
non-uniformity of pressure.

The radial force of the impeller was the greatest at the choke limit, the smallest at the design
flow, and moderate at low flow. At low flow the force increase was quite mild, whereas the
increase at high flow was rapid. Thus, the non-uniformity of pressure and the force related to
it are strong especially at high flow. The force caused by the modified circular volute was
weaker at choke and more symmetric as a function of the volume flow than the force caused
by the other volutes.

Keywords: centrifugal compressor, volute, computational fluid dynamics, radial force
UDC 621.515
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NOMENCLATURE

Capital letters

A area, m2

C� coefficient in the k-� turbulence model, dimensionless
C1 coefficient in the k-� turbulence model, dimensionless
C2 coefficient in the k-� turbulence model, dimensionless
Cpr static pressure recovery coefficient, dimensionless
E total energy per volume, J/m3

F force, N
F, G, H flux vectors in x-, y- and z-directions
I electric current, A
KE exit cone loss coefficient by Weber and Koronowski, dimensionless
Kp total pressure loss coefficient, dimensionless
Kr radial force coefficient, dimensionless
KT volute loss coefficient by Weber and Koronowski, dimensionless
N rotational speed, 1/s
Ns specific speed, dimensionless
P production of the kinetic energy of turbulence per volume, W/m3

Q source term vector
R specific gas constant, J/(kgK)
Ra surface roughness, �m
S surface, area of the surface S, m2

S swirl number, dimensionless
T temperature, K
Tu turbulence intensity, dimensionless
U vector of conservative variables
V volume, m3

V
�

velocity vector
X, Y co-ordinates of the magnetic bearings

Small letters

a distance between the radial bearings, m
b diffuser height, m
b distance in general, m
c distance of the force of the motor from the lower bearing, m
c absolute velocity, m/s
cp specific heat capacity in constant pressure, J/(kgK)
cv specific heat capacity in constant volume, J/(kgK)
d diameter, m
e specific internal energy, J/kg
h specific enthalpy, J/kg
i imaginary unit
k kinetic energy of turbulence, J/kg
l length, m
n
�

unit normal vector
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p pressure, Pa
qi heat flux in i direction, W/m2

qm mass flow rate, kg/s
qv volume flow rate, m3/s
r radius, m
s specific entropy, J/(kgK)
t time, s
t clearance between the impeller and the tongue of the volute, m
u� friction velocity, m/s
u, v, w velocity components in x-, y- and z-directions, m/s
ui velocity component in i-direction, m/s
x, y co-ordinates of the volute
x, y, z Cartesian co-ordinates (in general)
yn normal distance from the wall, m
y+ non-dimensional normal distance from the wall, dimensionless

Greek letters

� absolute flow angle measured from axial/radial direction, �
� ratio of the specific heats � = cp/cv , dimensionless
� Kronecker's delta function
� difference
� dissipation of the kinetic energy of turbulence, W/kg
�
~ dissipation of the kinetic energy of turbulence in Chien's model, W/kg
� efficiency, dimensionless
� circumferential angle of the volute, � � [0, 360], �
� swirl parameter � = cu/cr , dimensionless
� dynamic viscosity, kg/(ms)
�T turbulent viscosity, kg/(ms)
�k diffusion coefficient of k, kg/(ms)
�� diffusion coefficient of �, kg/(ms)
� friction loss coefficient, dimensionless
	 pressure ratio, dimensionless
	 ratio of the circumference and diameter of a circle 	 � 3.14, dimensionless

 density, kg/m3

�k coefficient in the k-� turbulence model, dimensionless
�� coefficient in the k-� turbulence model, dimensionless
� shear stress, N/m2

 flow coefficient, dimensionless
 angle of the radial force in x, y (volute) co-ordinates,  � [-180, 180], �
� angle of the radial force in X, Y (magnetic bearing) co-ordinates, � � [-180, 180], �
� angular velocity, rad/s
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Subscripts

0 zero load
1 compressor inlet
2 impeller outlet / diffuser inlet
3 diffuser outlet / volute inlet
3�3.5 fictive quantity at point 3 based on the conditions at 3.5
3�4 fictive quantity at point 3 based on the conditions at 4
3.5 in the volute at the point where 50% of the mass flow is collected
4 volute 360�
4' exit cone at the volute tongue
5 exit cone outlet
d upper bearing
des design
e exit cone
f friction
h hydraulic
i impeller
i index
i, j, k grid co-ordinate directions
ij ij-component of a matrix
in inlet
k kinetic energy of turbulence
m electric motor
mvdl meridional velocity dump loss
n component normal to the surface
n index
n lower bearing
out outlet
p pull
r radial component
ref reference state
s isentropic
swirl swirl
T turbulent, turbulence
t total state
t-s total-to-static
t-t total-to-total
through through flow
tvdl tangential velocity dump loss
u tangential component
w wall
v viscous
X, Y (components) in the direction of the X- and Y -axes
x, y, z (components) in the direction of the x-, y- and z-axes
� dissipation of the kinetic energy of turbulence
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Superscripts

^ convective value
'' fluctuating component
¯ averaged quantity
� vector

Abbreviations

AC alternating current
ASME The American Society of Mechanical Engineers
CFD computational fluid dynamics
CPU central processing unit
DDADI diagonally dominant alternating direction implicit (time integration method)
DIN Deutsches Institut für Normung e.V.
DNS direct numerical simulation
exp. experiment, experimental
HUT Helsinki University of Technology
ISA International Federation of the National Standardizing Associations (ISA was

succeeded by ISO in 1946)
ISO International Standardization Organization
LES large eddy simulation
LUT Lappeenranta University of Technology
MUSCL monotone upwind schemes for conservation laws
PC personal computer
RANS Reynolds-averaged Navier-Stokes
VDI Verein Deutscher Ingenieure
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1   INTRODUCTION

Centrifugal compressors are used in applications where gas has to be compressed

continuously to a higher pressure, for example in process industry, oil and gas industry,

refrigeration plants, compressed air networks, turbochargers and aeration plants. High

compressor efficiency is naturally required in order to save energy and to keep the operating

costs low, but often a wide operating range and good efficiency also at off design conditions is

of utmost importance. Thus a suitable balance between high peak efficiency and adequate off-

design performance has to be established. On the other hand, in several applications cheap

manufacturing costs and compact size are required. Then a suitable compromise between

performance and costs has to be found.

This study focuses on one component of a radial compressor, the volute. In a radial

compressor the flow behind the diffuser has still a reasonably high velocity (usually 100 - 150

m/s). This flow has to be collected and led to the pipe system with minimum losses and

preferably so that a part of the remaining kinetic energy can be recovered. This is usually done

by a spiral shaped volute also known as a scroll.

It could be argued that the volute is only the third important component of the compressor

after the impeller and the diffuser. Probably due to this reason not so much research had been

focused on the volute earlier. In the 1990s, however, the volute has been the subject of

numerous research projects. The reason for this is simple. The volute strongly affects the

overall performance of the compressor. Stability, operating range and the location of the best

efficiency point are influenced by the volute design. The radial force on the impeller is a result

of the pressure non-uniformity caused by the volute. In addition, the volute is the bulkiest

component of the compressor and thus manufacturers are seeking for more compact designs

for the volute.

On the other hand, centrifugal pump volutes were studied fairly frequently during the 20th

century. The performance of the pump is more strongly affected by the volute than the

performance of the compressor, since pumps do not generally have a diffuser between the

impeller and the volute. Naturally there exists a strong analogy between the pump and

compressor volutes, as both are radial flow machines. This study, however, is limited to

single-stage centrifugal compressors only. Pump volutes are not investigated in detail, but
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some important pump studies are presented, because the results and research methods are

analogous and can to some extent be applied for the compressor volutes as well.

In this study a single-stage centrifugal compressor with three different volutes is investigated.

The test compressor was first equipped with the original volute, the cross-section of which

was a combination of a rectangle and semi-circle. Next a new volute with a fully circular

cross-section was designed and manufactured. Finally, the circular volute was modified by

rounding the tongue and smoothing the tongue area. The experimental survey of the volute has

been carried out using static pressure measurements, two-dimensional three-hole probe

measurements, flow visualisations and magnetic bearing force measurements. Three-

dimensional flow measurements have not been done due to the available resources.

As a part of the study the complete compressor with the circular volute (inlet pipe, full

impeller, diffuser, volute and outlet pipe) has also been simulated using computational fluid

dynamics. A fully 3-D viscous flow has been solved using a Navier-Stokes solver, Finflo,

developed at Helsinki University of Technology.

The aim of this study is to:

1. Gain further understanding on the volute flow.

2. Gain further understanding on the effect of the volute asymmetry on the performance

of the compressor and the radial forces.

3. Compare the different volute geometries.

4. Improve the compressor performance especially at high mass flow.

Several studies concerning the volute have been investigated, see chapter 2.3. The present

work supplements the earlier research in the following ways: In this work a standard industrial

compressor is investigated at its design speed and pressure ratio. Special attention is paid to

the effects of the tongue shape, tongue gap and the interaction between the volute and the exit

cone. The radial forces caused by the volute are measured using magnetic bearings and

investigated together with the volute flow. In addition, the numerical analysis is

comprehensive because the flow in the complete compressor has been calculated as viscous

and turbulent.
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2   RADIAL COMPRESSOR AND VOLUTE

2.1   Radial compressor

The main components of a radial compressor and the notations used in this work are shown in

figure 1. First, the flow enters the impeller, which transfers energy to the gas. After the

impeller the flow has high velocity and thus high kinetic energy. The flow is then decelerated

in the diffuser, which increases the static pressure but causes some unavoidable total pressure

loss. After the diffuser the flow has still a reasonably high speed, about 100 - 150 m/s. This

high speed flow has to be collected around the circumference of the diffuser and led to the

pipe system with minimal losses, and preferably so that a part of the remaining kinetic energy

can be recovered. Most often this is accomplished with a volute, which is shown in grey in

figure 1.

1

2
3

Impeller Volute

    Impeller

Diffuser

Volute
�  5

3
�

180�

90�270�

360�

Tongue

�

4
�

4'

�

Figure 1.   The main components of a radial compressor and the notations used in this work.

The compression is assumed to be adiabatic in the calculations as well as in the analyses of

experimental data. The isentropic efficiency of the compressor is defined by comparing the

actual compression to the ideal i.e. isentropic compression. Two different assumptions can be

made while doing this. The compression can be examined either from the total inlet state to

the total outlet state or from the total inlet state to the static outlet state. The first approach

assumes that the kinetic energy after the compressor is accounted as useful energy, whereas

the second approach assumes that the kinetic energy after the compressor is lost. The total-to-

total isentropic efficiency �s t-t is defined with equation (1),

15
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tst
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�

�
�

� (1)
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and the total-to-static isentropic efficiency �s t-s with equation (2)

15
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tt

ts

tt

ts
sts TT

TT
hh
hh

�

�

�

�

�

�
�

� (2)

where h is the specific enthalpy and T the temperature with subscript t referring to the total

state and subscript s referring to the isentropic compression. In experimental analysis the

specific heat and enthalpy of the moist air is calculated from a third degree polynomial fit

(Backman 1996), and thus the calculation of the efficiency is done in the exact way using the

enthalpies. In numerical analysis a constant specific heat cp is given, and thus the efficiency is

calculated using the temperatures in equations (1) and (2). This simplification is negligible in

comparison to other inaccuracies in the numerical calculation.

The outlet temperature of the isentropic compression needed in equations (1) and (2) is

calculated from the measured or numerically predicted pressure ratio as follows:

pc
R

t

t

t

st

p
p

T
T

��
�

�
��
�

�
�

1

5

1

5 (3)

pc

R

tt

s

p
p

T
T

��
�

�
��
�

�
�

1

5

1

5 (4)

where p is the pressure and R the specific gas constant. In equations (3) and (4) an average

specific heat pc between the inlet and outlet state is used. Equations (1) - (4) can be used

between any states of the compressor, for example to determine the efficiency of the impeller

(1�2) or the impeller diffuser combination (1�3).

The performance of the compressor depends on the inlet state. Reference values must be used

in order to compare the measurements done at different ambient conditions with each other

and with the numerical data. The reference mass flow qm ref and reference speed Nref are

calculated according to equations (5) and (6).

refreft

t

t

reft
mrefm RT

RT
p

p
qq

1

1

1

1
� (5)

RT
RT

NN
t

refreft
ref

1

1
� (6)
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where qm is the mass flow and N is the rotational speed in the actual conditions, and the

quantities with the subscript ref the values in the chosen reference conditions. In industrial

applications volume flow is often used instead of mass flow. This is well suited for vacuum

compressor applications, since the radial compressor is a volume flow machine by nature. The

volume flow qv is scaled to the reference conditions according to equation (7).

RT
RT

q
p

RT
q

q
q

t

refreft
v

reft

refreft
refm

ref

refm
refv

1

1

1

1

1

���

�
(7)

where � is the density.

2.2   Volute

The grey part in figure 1 contains two distinct parts. Between states 3 and 4 is the volute,

which collects the flow around the diffuser, and between states 4 and 5 is the exit cone, which

further decelerates the flow before is enters the pipe system. The beginning of the exit cone

between states 4 and 4' is partially connected to the diffuser and to the small volute channel

through the tongue gap. The term volute is used in the literature to mean either only the part

between states 3 and 4 or the whole grey part between states 3 and 5. In this work the term

volute means only the part between states 3 and 4. The volute and the exit cone have to be

examined closely together, however, since the performance of the exit cone greatly depends

on the flow field produced by the volute and especially on the flow disturbances originating

from the tongue area. In addition, the whole grey part is most often cast as a single piece, so it

can be considered as a single component from the manufacturer's point of view.

The volute is often designed according to one-dimensional calculation, in which the flow in

the volute is assumed to be frictionless and incompressible. The radial and tangential velocity

components after the diffuser, cr3 and cu3, are calculated first. The through flow velocity in the

volute cross-section is then calculated assuming constant angular momentum. The area of the

cross-section in each circumferential position is calculated using the continuity equation so

that the through flow velocity stays constant as more flow enters the volute at velocity cr3. In

this way the static pressure in the volute is constant around the circumference. (Larjola 1988,

Eck 1957)
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When the compressor operates outside its design point, the through flow velocity in the volute

cannot stay constant any longer. At small mass flow less fluid enters the volute than at the

design point. This leads to a decrease of the through flow velocity and to an increase of the

static pressure, since the area of the cross-section grows more rapidly than needed.

Accordingly, at high mass flow the through flow velocity speeds up and the static pressure

falls down along the circumference. This velocity and pressure non-uniformity may be present

even at the design flow, if the volute has been poorly designed. When a vaneless diffuser is

used, the non-uniform pressure distribution acts back on the diffuser and the impeller, and can

be noticed even at the leading edge of the impeller blades (Sorokes et al. 1998). This causes

pressure, velocity and flow angle oscillations in the diffuser and in the impeller blade

passages, which leads to a decrease in efficiency and additional noise. The stable operating

range of the compressor is also decreased (Ayder 1993). The pressure non-uniformity also

causes radial force on the impeller and unsteady forces on the blades, which can lead to

excessive loadings on the bearings and to blade vibrations. Diffuser vanes considerably

attenuate the effect of the volute pressure distortion on the impeller (Cui 2000).

According to Stiefel (1972) the matching of the impeller, vaneless diffuser and volute

becomes a challenging task, since the pressure ratio of a single-stage radial compressor can

vary greatly depending on the operating point. Thus one has to consider the whole design

domain of the compressor instead of a single point. In an overpressure compressor a constant

static pressure distribution in the volute is achieved at different flows at different pressure

ratios, but at any pressure ratio there is only one flow rate, which produces constant pressure

distribution.

The overall performance of the volute can be analysed using the total pressure loss and static

pressure recovery coefficients. The total pressure loss coefficient is defined as follows:

inint

outtint
p pp

pp
K

�

�

� (8)

and the static pressure recovery coefficient as follows:

inint

inout
pr pp

ppC
�

�

� (9)

where pt in is the total pressure and p in is the static pressure at the inlet of the component under

investigation, and pt out and p out are the total and static pressures at the outlet. The coefficients
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Kp and Cpr can be calculated for example for the volute alone (3�4) or for the volute and exit

cone combination (3�5). Their value varies depending on the operating point of the volute,

and thus the coefficients are sometimes presented as a function of mass flow (Fahua et al.

2000), volute inlet flow angle �3 (Hagelstein et al. 2000) or volute inlet swirl parameter �3

(Japikse 1996), which is defined as a ratio of the tangential and radial velocity at the volute

inlet, equation (10).

3

3
3

r

u

c
c

�� (10)

The swirl parameter �3 that Japikse uses describes the intensity of the swirl in relation to the

rotational axis of the compressor. However, the radial velocity that enters the volute forces the

flow to the swirl inside the volute channel. Therefore, from the volute point of view, the

inverse of the swirl parameter better describes the swirl that develops into the volute channel.

Thus for example Ayder (1993) presents the overall performance of the volute as a function of

1/�.

Typically, the total pressure loss of the volute increases together with the mass flow, since the

flow angle at the volute inlet becomes more radial, resulting in stronger swirl inside the

volute, and the velocities increase, resulting in higher friction losses. Simultaneously the static

pressure recovery of the volute decreases rapidly due to the flow acceleration and increased

losses. Figure 2 shows the overall performance of the volute measured by Ayder (1993) and

Hagelstein et al. (2000). The results of Ayder (1993) have been obtained between states 3 and

4', so they describe the performance of the volute alone. The results of Hagelstein et al. (2000)

contain the performance of both the volute and exit cone (states 3�5), which explains the

clearly higher static pressure recovery.

When the mass flow decreases well below the design flow, some authors, such as Ayder

(1993), report still decreasing total pressure loss. However, depending on the volute and exit

cone design, the loss might also increase at low flow, like Hagelstein et al. (2000) and Fahua

et al. (2000) report. This is typically a result of flow separation either in the volute itself or in

the exit cone.
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Figure 2.   Typical overall performance of the volute at different operating points. The measurements of Ayder
(1993) on the left and Hagelstein et al. (2000) on the right.

2.3   Literature survey on the volute

In the field of radial compressor research fairly little work had focused on the volute in

comparison to the other components prior to mid 1980's. The lack of information on the

volute flow was recognised, which resulted in a considerable increase in publications on the

volute in the late 1980's and the 1990's. The literature survey on the volute is divided into four

main categories in this work:

1. The overall performance of the volute and its effect on the performance of the

compressor

2. Theoretical prediction of the overall performance of the volute

3. The mechanical effects of the volute to the compressor (radial forces, vibrations etc.)

4. Detailed flow field investigations in the volute

The above categorisation has been adapted from Ayder (1993). Publications concerning

centrifugal pumps are included in this work to a lesser degree, and are reviewed only in cases

where they bring substantial additional information.
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2.3.1   The overall performance of the volute and its effect on the performance of the

compressor

According to Ayder (1993) the overall performance of the volute is affected mainly by the

following five geometric parameters:

1. Area of the cross-section

2. Shape of the cross-section

3. Radial location of the cross-section

4. Location of the volute inlet

5. Tongue geometry

2.3.1.1   Area of the cross-section

Correct circumferential increase in the area of the cross-section provides uniform through

flow velocity in the volute and uniform distribution of the flow variables at the diffuser exit,

when the volute operates at the design pressure and at the design flow. At any other flow rate,

or when the volute is poorly designed, a non-uniformity of the flow variables exists, which

has numerous effects on the compressor.

Bowerman and Acosta (1957) have investigated a centrifugal pump with three different

double volutes, one designed for 75%, one for 100% and the third for 120% of the nominal

flow of the impeller. The volutes were two-dimensional (i.e. the volute height was the same as

that of the impeller flow passage) so the circumferential increase in the cross-sectional area

was controlled solely by the form and location of the volute outer wall. Figure 3 shows the

overall performance of the pump with the different volutes. It is clearly seen how the point of

maximum efficiency can be shifted towards lower flow by decreasing the volute area and

towards higher flow by increasing it.

Bowerman and Acosta (1957) have also measured the performance of the impeller. The

curves resemble very much those in figure 3. On the basis of the impeller and torque

measurements the authors comment that: "The significant result is that the performance is

controlled by the influence of the volute shape on the impeller operation rather than by the

addition of losses to the fluid within the volute." The loss inside the volute itself is found to be

relatively small.
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Figure 3.   The effect of the volute cross-sectional area on the pump overall head and efficiency. (Bowerman and
Acosta 1957)

Stiefel (1972) has investigated a large number of different impeller - diffuser - volute

configurations. He shows that the area of the cross-section of the volute has a major influence

on the shape of the performance map and on the stable operating range of the compressor. A

larger volute, designed for a compressor pressure ratio pt5/pt1 = 3.8 according to the

frictionless flow, gives the highest compressor efficiency around the pressure ratio of 2, see

the left side of figure 4. It also gives reasonably wide operating range at pressure ratios up to

3.5, but causes unstable operation, if the pressure ratio exceeds 4. The stable operating range

is extended up to the pressure ratio of 7.2, when the same compressor is equipped with a

smaller volute, which is designed for a pressure ratio of 6.0, see the right side of figure 4. The

smaller volute also shifts the maximum efficiency of the compressor to the pressure ratio of

3.5 and considerably increases the efficiencies at higher pressure ratios. Simultaneously the

use of the smaller volute shifts the whole operating map towards lower flow and narrows the

range of operation.

Stiefel (1972) also claims that generally the best compressor efficiency is achieved, when the

volute cross-sectional area is 10 - 15% smaller than the area calculated according to the

frictionless flow.
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Figure 4.   The effect of the volute cross-sectional area on the compressor performance map. (Stiefel 1972)

Whitfield and Roberts (1983) present a study in which two alternative volutes to a standard

turbocharger compressor were manufactured and measured. Because the vaneless diffuser

could not be further improved, a proposal was made to improve the overall diffusion by

transferring a part of it from the diffuser to the exit cone of the volute or to the volute itself.

The first new volute, P1, was designed so that it did not allow any diffusion in the volute, but

the diffusion took place in the exit cone. To enable this the cross-sectional area of the volute

P1 was smaller than the area of the standard volute. The radius ratio of the vaneless diffuser

was reduced from 1.625 to 1.4 for the volute P1. The second new volute, P2, had a larger

cross-sectional area than the standard volute to allow diffusion inside the volute, and the

radius ratio of the diffuser increased along the circumference from 1.4 to 1.625 for the volute

P2.
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Figure 5.   Performance maps of the compressor with volute P1 (left) and volute P2 (right) and comparison to the
standard configuration. (Whitfield and Roberts 1983)

Figure 5 shows the performance maps of the compressor with the new volutes and comparison

to the standard configuration. It is seen that both of the new configurations have a negative

effect on the performance. The compressor with the volute P1 is reported to produce a lower

pressure ratio mainly due to the increased losses in the volute, because it has to collect the

flow around the diffuser at high velocity. The compressor with the volute P2 delivers an

almost equal pressure ratio, but the stall limit is shifted towards higher flow. This is mainly

due to the greatly increased non-uniformity of the pressure distribution at off-design

conditions. The notable decrease in the performance with both new volutes at high flow can

be attributed to the increased pressure non-uniformity. Whitfield and Roberts (1983) give also

the difference in the tongue geometry as a possible reason for the poor performance of the new

volutes.

Mishina and Gyobu (1978) have carried out an experimental survey on the performance of a

single-stage centrifugal compressor. Their experiments included seven different volutes

shown in figure 6. The parameters investigated were the circumferential area distribution, the

cross-sectional shape and the radial position of the cross-section. The circumferential static
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pressure distribution at the design flow is presented for the volutes s-1, s-6 and s-7 in figure 7

on the left. It is seen how the static pressure increases along the circumference with the volute

s-1 indicating that the cross-sectional area grows more rapidly than needed for the uniform

flow. The area distribution of the volute s-6 leads to more uniform through flow velocity at

the design flow rate, although some diffusion is observed in the volute s-6 as well. Oddly

enough, a rather constant static pressure distribution is reported with the constant area

collector s-7.

      

Figure 6.   Different volutes tested by Mishina and Gyobu (1978).

    

Figure 7.   Circumferential static pressure distribution (left) and loss coefficient (right) of the different volutes
tested by Mishina and Gyobu (1978).

The measured loss coefficients of the different volutes are shown in figure 7 on the right. The

circular volute s-1 has clearly smaller losses than the circular volute s-6 due to the bigger

increase in the cross-sectional area in the volute s-1. This is an interesting observation
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showing how the over-dimensioned increase in the cross-sectional area leads to low losses

inside the volute. Unfortunately no information is presented about the overall performance of

the compressor, so no conclusion can be made about the possible negative effects of the static

pressure distortion caused by the volute over-sizing.

Brown and Bradshaw (1947) examined a mixed flow compressor, and report a notable

increase in the efficiency (3-12 percentage points), a substantial increase in the pressure

coefficient and extension of the operating range towards high flow, when a constant area

collector was replaced by a volute with a circumferentially increasing cross-sectional area.

Hagelstein et al. (1997) have analysed the effect of circumferential static pressure non-

uniformity on the compressor flow. They show how a collecting chamber with a constant area

of cross-section produces a substantial pressure distortion even at nominal flow. This pressure

distortion propagates backwards through the vaneless diffuser and is clearly seen near the

impeller exit. It can be attenuated by diffuser vanes or a throttling ring at the end of the

vaneless diffuser. When a volute with an increasing cross-section is used, the pressure

distribution is uniform at the design flow. At off-design conditions the volute produces a

pressure distortion of the same order of magnitude as the collecting chamber. Asymmetrically

adjusted diffuser vanes are shown to have a favourable effect on the non-uniform pressure

field.

Sorokes et al. (1998) have made experiments and numerical simulations on a six-stage

centrifugal gas re-injection compressor operating at over 400 bar pressure. They show that the

pressure non-uniformity originating from the volute of the third stage of the compressor is

fairly analogous to the one observed in a single-stage machine by Hagelstein et al. (1997).

Non-uniformity is observed at the impeller inlet as well.

Qi et al. (1996) have presented a two-dimensional inverse method for the design of the volutes

of centrifugal fans. According to their findings, the conventional design resulted in a non-

uniform distribution of the flow parameters (e.g. p3, c3, �3 etc.) at the volute inlet due to non-

axisymmetrical volute geometry and the influence of the tongue. With the method developed

by them the area distribution of the volute could be redesigned. Figure 8 shows how in their

case the area of the cross-section had to be increased in the beginning of the volute. The new

inverse method allowed a uniform flow angle �3 distribution at the volute inlet to be achieved
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at the design point. The redesign of the volute resulted in a slight increase in the efficiency

and in a considerable reduction in the noise throughout the whole operating range.

Figure 8.   The redesign of the volute according to Qi et al. (1996)

Hillewaert and Van den Braembussche (1999) have developed a numerical code to study

impeller - volute interaction in a centrifugal compressor. The method couples a three-

dimensional unsteady flow calculation in the impeller with a three-dimensional time-averaged

flow calculation in the volute through an iterative updating of the boundary conditions on the

interface of both calculation domains. An inviscid flow solver with correction terms to take

account for the effects of friction has been used, and only one blade passage of the impeller

has been modelled in order to save computing time and memory.
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Figure 9.   Circumferential variation of the static pressure (left) and total pressure (right) in the vaneless diffuser
at high flow. (Hillewaert and Braembussche 1999)

The simulation made by Hillewaert and Van den Braembussche (1999) at high mass flow

shows a static pressure variation with one wave along the circumference and no phase shift in

this wave between the vaneless diffuser inlet and outlet, see the left side of figure 9. The

calculation indicates that the strongest static pressure distortion is located around the tongue
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region, which creates a separated flow into the exit cone onto the suction side of the tongue.

The circumferential variation of the total pressure shows a phase shift between the diffuser

inlet and outlet. Also additional weaker waves with two and four periods per rotation are

observed, see the right side of figure 9. Fatsis et al. (1997) explain the two-wave pattern to be

a result of pressure waves that travel back and forth in the impeller blade passages and reflect

from the leading edges of the full blades. The weaker four-wave pattern is reported to be a

result of the same phenomenon with the splitter blades.

2.3.1.2   Shape of the cross-section

Brown and Bradshaw (1947) have made experiments with different volutes and diffusers on a

mixed flow compressor. They designed four double volutes with different cross-sectional

shapes, figure 10, and manufactured them by sand casting. The aim, a constant circumferential

pressure distribution at the design point, was achieved. In addition, a fifth volute similar to the

volute (b) in figure 10 was manufactured by plaster casting in order to investigate the effect of

the surface roughness. The volutes were tested with a mixed flow impeller and a vaneless

diffuser, and the overall performance of the compressor was reported. Brown and Bradshaw

(1947) conclude that both the cross-sectional shape and the surface quality have a negligible

effect on the performance of the compressor.

Figure 10.   Different volute cross-sections tested by Brown and Bradshaw (1947).

Mishina and Gyobu (1978) have investigated the effect of shape of the volute cross-section on

the total pressure loss of the volute. Although they comment that the effect of the cross-

sectional shape is relatively small, one can still see a clear trend in the results, see figures 6

and 7. The volute s-1 with a circular cross-section has the lowest loss. The volute s-2 with a

square cross-section has somewhat increased loss and the volute s-3 with a rectangular cross-

section the highest loss among the external volutes.
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Ayder (1993) reports that the shape of the volute cross-section should be symmetric. If the

height and width of the volute channel are unequal, then the swirl velocity inside the volute

has to accelerate and decelerate in turns, which causes additional losses. Ayder also concludes

that a volute with an elliptic cross-section is more efficient than a volute with a rectangular

one.

2.3.1.3   Radial location of the cross-section

The radial location of the cross-section has a strong influence on the performance of the

volute. According to the conservation of the angular momentum, the tangential velocity in a

swirling flow is inversely proportional to the radius. If the volute channel is located above the

diffuser at a smaller radius than the diffuser outlet, then the tangential velocity inside the

volute channel is higher than at the diffuser outlet. In other words, the flow which is first

decelerated in the diffuser, is accelerated again in the volute. This causes additional losses and

undesired static pressure drop.

Mishina and Gyobu (1978) measured three volutes: s-2, s-4 and s-5 with identical cross-

sectional shape and area distribution but different radial location, see figure 6. The results

presented in figure 7 show clearly that the radial location of the volute channel has a strong

effect on the volute loss. The volute s-4 has high and the volute s-5 very high loss, because

these volute channels are located at small radii.

Stiefel (1972) reports measurements carried out using two different volutes with almost

circular cross-sections, see the left side of figure 11. Although the difference in the radial

position of the volute channel was fairly small, the effect on the performance of the

compressor was big. The optimum efficiency of the compressor was about 4 percentage points

lower with the volute I, which had the channel at a smaller radius than the volute II, see the

right side of figure 11.



30

I

II
        

Volute  I

Volute  II

�s [%]

Compressor pressure ratio   �t-t

Figure 11.   Left: different volutes tested by Stiefel. Right: optimum efficiency of the compressor as a function of
the pressure ratio with the different volutes. The performance with the volute I is lower, because it is located at a
smaller radius. (Stiefel 1972)

Ayder (1993) gives the following reasons for the poor performance of the internal volutes:

� The reduction of the radius of the volute cross-section causes a re-acceleration of the

fluid and partially destroys the static pressure rise achieved in the diffuser.

� The accumulation of the low energy fluid on the volute inner wall and the decreasing

curvature radius of the inner wall favour flow separation in the volute.

� Apart from the operation at high flow, a part of the low energy fluid on the inner wall

recirculates in the volute through the tongue gap, which augments the above mentioned

tendency for separation.

2.3.1.4   Location of the volute inlet

Lendorff and Meienberg (1944) report results from numerous product development tests

carried out in multi-stage centrifugal compressors. The volute of the final stage was one of the

investigated items. Figure 12 shows three different volute shapes and the performance of the

final stage with those volutes. It is seen how the volute with tangential inlet (overhung volute)

gives favourable performance in comparison to the symmetric volutes. However, the area of

the cross-section varies as well, so it is not certain whether the improvement is caused by the

location of the volute inlet alone.
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Figure 12.   Different volute cross-sections tested by Lendorff and Meienberg (1944). The volute with the
tangential inlet (c) gives the best performance.

Hübl (1975) has investigated a single-stage radial compressor. The tests with two different

circular volutes, see figure 13, show clearly that the tangential inlet works better than the

symmetric one.

Symmetric
inlet

Tangential
inlet

               

 Tangential inlet

 Symmetric inlet

qv

qv /qv des

�s

hs

Figure 13.   The volutes with tangential and symmetric inlet tested by Hübl (left) and the overall performance of
the compressor with the different volutes (right). The tangential inlet gives higher efficiency. (Hübl 1975)
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2.3.1.5   Tongue geometry

The flow around the tongue region has been widely investigated in radial flow pumps. Pumps

usually do not have a diffuser between the impeller and volute, so the impeller-volute

interaction and the effect of the tongue on the performance is far stronger than in compressors.

Lipski (1979) has made experiments on a single-stage centrifugal pump equipped with a

movable and easily changeable tongue of the volute, see the left side of figure 14. According

to Lipski the pump head and efficiency strongly depend on the position and shape of the

tongue, see the right side of figure 14. Also the force acting on the tongue depends on the

operating point of the pump and the tongue angle. The force on the tongue becomes zero close

to the point of maximum efficiency.

             

Figure 14.   Left: the movable and changeable tongue of the volute of the pump tested by Lipski. Right: the
effect of the tongue angle on the pump head, efficiency and force on the tongue. (Lipski 1979)

Lipski proposes that the pump could be controlled by adjusting the tongue angle or tongue

length. Lipski also recommends the following possibilities for the improvement of efficiency

in pumps:

� The tongue location and angle should also be changed to the optimum if the operating

characteristics of the pump are adjusted by turning the impeller in a lathe.



33

� The tongue should be shortened if efficient operation in off-design conditions is

desired. The improvement in efficiency is gained especially at high flow. In Lipski's

experiments the efficiency at the design point was also increased slightly by shortening

of the tongue, which indicates that the volute or the tongue were slightly mismatched

with the impeller.

� The angle of the tongue could automatically be adjusted as the operation point changes.

Dong et al. (1997) have experimentally investigated the effect of the tongue shape on the

performance, pressure fluctuations and noise in a centrifugal pump. The five different tongue

geometries studied are shown in figure 15 on the left and their effect on the overall

characteristics of the pump on the right. It is seen how the head of the pump can be increased

both at low and high flows by retracting and rounding the tongue. Only the very much

shortened tongue number 5 with a 27% gap between the impeller and tongue decreases the

performance at high flow. Dong et al. (1997) also report a reduction in noise when the tongue

was moved away from the impeller. The attenuation was notable when the tongue gap was

increased from 7% to 11% or 18%, but insignificant when the gap was further increased.

   

Figure 15.   Different tongue shapes (left) and their effect on the overall performance of the pump (right). (Dong
et al. 1997)

Ayder (1993) has carried out flow visualisations in the tongue region of a centrifugal pump

volute. The visualisations show the well-known behaviour of the tongue flow at different

mass flows sketched into figure 16. At the design flow the incidence angle at the tongue is

approximately zero, at low mass flow the flow recirculates from the exit cone and end of the

volute back to the beginning of the volute, and at high mass flow the flow from the beginning
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of the volute tries to escape to the exit cone resulting in a high incidence angle at the tongue

and flow separation in the exit cone.

Design

High

Low

Figure 16.   Typical flow direction in the tongue region of a centrifugal machine at low, medium and high flows.

Lee and Bein (1997) have investigated the flow in the volute of a radial compressor of an air

conditioning system. In the numerical study Navier-Stokes equations were solved for the

volute using the k-� turbulence model. For the verification of the simulation 40 static pressure

taps, 5 total pressure probes and 3 dynamic pressure transducers were installed to the diffuser

and volute of the compressor. The measurements and calculations were carried out at the

design flow for two different tongue geometries:

1. Closed tongue, which does not allow recirculation.

2. Open tongue, which allows recirculation.

The measured compressor isentropic efficiency is reported to be 0.5 percentage points higher

with the open tongue volute. Lee and Bein (1997) have found that a low-pressure zone near

the tongue is present both with closed and open tongue volutes. Further they state that the

largest total pressure loss occurs in the beginning of the volute downstream of the tongue. A

comment can be made concerning the analysis of Lee and Bein (1997). They state that the

investigation was done at the design point, but the measured and calculated static pressure

distribution shows some increase along the circumference. Thus the flow seems to be smaller

than the design flow of the volute.

Hosangadi et al. (2000) report a study in which the volute of Lee and Bein (1997) was further

examined using a hybrid unstructured CFD-code. Flow losses are reported to be generated in

the tongue region, where a strong local flow acceleration and a low-pressure region was

observed. Also the transition from the diffuser to the volute is reported to generate strong

vorticity and probable loss.
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Dilin et al. (1998) have examined a centrifugal fan with two different rectangular volutes, one

with a closed tongue and another with a cut back tongue that allows some recirculation of the

flow. The volute with the closed tongue is reported to give higher pressure rise at low flow,

whereas the volute with the cut back tongue performs better at high flow. A similar trend has

been observed by Lipski (1979) and Copley et al. (1962) in pump volutes. At high volume

flow a separated flow in the exit cone behind the tongue is reported by Dilin et al. (1998). The

shortening of the tongue is shown to reduce this separated area.

Yadav and Yahya (1980) report a survey carried out in a two-dimensional volute, for which

the inlet flow was produced through a swirl generating device instead of an impeller.

Particular interest was paid to the tongue length and position. A long tongue located at 10�

circumferential position gave the best static pressure recovery, when the flow at the volute

inlet was quite tangential, representing a situation at low flow. The more radial the flow at the

volute inlet turned, the shorter the optimal tongue length became. At an inlet flow angle

corresponding to high flow, a tongue at 30� location was found to give the highest static

pressure recovery. At high volume flow a separated flow was observed behind the tongue at

the inlet of the exit cone. A shortening and rounding of the tongue reduced this separated area.

The cross-sections of the small volute channel and the exit cone intersect in the tongue area, if

the volute cross-section is located at a smaller radius than the diffuser outlet. Stiefel (1972)

reports that this deformation in the tongue area leads to a decrease of compressor efficiency,

see figure 17.

� s  [%]

Compressor pressure ratio  � t-t

Figure 17.   Decrease of the compressor efficiency due to poor tongue as a result of the intersection of the exit
cone and small volute channel. (Stiefel 1972)
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2.3.2   Theoretical prediction of the overall performance of the volute

Japikse (1982) presents a simple one-dimensional method for the prediction of the volute total

pressure loss and static pressure recovery. The method was later complemented by Weber and

Koronowski (1986). According to them the volute losses can be divided into the following

categories:

1. Meridional velocity dump loss �pmvdl

2. Skin friction loss �pf

3. Tangential velocity dump loss �ptvdl

4. Exit cone loss �pe

The flow is assumed to be incompressible. It is assumed that the kinetic energy related to the

radial velocity at the volute inlet is completely lost to the swirling inside the volute. This

forms the meridional velocity dump loss �pmvdl

2
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1
rmvdl cp ��� (11)

The skin friction loss �pf accounts for the friction losses on the volute inner surface.
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where l is the average path length of the fluid particles inside the volute channel and dh the

mean hydraulic diameter of the channel. The friction coefficient � can be found for example

from Moody's chart. According to Japikse (1982) the friction loss can be neglected, but Weber

and Koronowski include it in the model. Only the tangential velocity cu3 is used in equation

(12), since the kinetic energy associated with radial velocity was already assumed to be lost

according to equation (11) (Ayder 1993).

According to Japikse (1982) the tangential velocity dump loss �ptvdl occurs only when the

flow decelerates in the volute. In that case the dump loss is assumed to be equivalent to the

total pressure loss in a sudden expansion.
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where A is the area of the flow path and � the swirl parameter defined with equation (10).

Weber and Koronowski (1986) introduce a more complicated method for calculating the

tangential velocity dump loss. An intermediate station in the volute channel, denoted with 3.5,

is determined at the point where 50% of the mass flow is collected by the volute. First the real

through flow velocities in stations 3.5 and 4 are calculated
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Then two fictive tangential velocities at the diffuser exits cu 3�3.5 and cu 3�4 are calculated

using the conservation of the angular momentum and the real velocities c3.5 and c4.
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where r3 is the radius of the diffuser outlet and r3.5 and r4 are the radii of the centre of the

volute channel measured from the impeller shaft. The tangential velocity dump loss is then

calculated in two parts.
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where the coefficient KT = 0.5 for volutes and KT = 1.0 for plenums. Finally the tangential

velocity dump loss is obtained by adding the two components.

45.3 tvdltvdltvdl ppp ����� (18)

The exit cone loss �pe could be calculated according to any appropriate diffuser performance

prediction method presented for example by Japikse (1984). Weber and Koronowski (1986)

propose a standard gradual expansion model
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� �2542
1 ccKp Ee ��� � (19)

in which the exit cone loss coefficient KE ranges from 0.15 for exit cones with an opening

angle of about 10� up to 1.1 for exit cones with an opening angle of 60�. In a well-designed

exit cone the opening angle should not exceed 10�, so a constant value of 0.15 is proposed by

Weber and Koronowski (1986).

Finally the overall total pressure loss of the volute and exit cone is obtained by adding the

different components together.

etvdlfmvdl ppppp ���������
�53 (20)

Van den Braembussche et al. (1999) have developed a more sophisticated model for the

analysis of the performance of volutes. It predicts the non-uniformity of the flow variables

around the circumference and takes into account the vortical structure of the flow inside the

volute channel. The model includes the following components:

� Rotor response calculation to predict the circumferential velocity distribution at the

impeller outlet (cr2 and cu2 ) as a result of the non-uniform static pressure distribution.

� Diffuser flow calculation to predict the circumferential distribution of the flow

variables at the diffuser outlet.

� Volute flow calculation to approximately calculate the three-dimensional flow inside

the volute. It predicts the volute losses, static pressure rise and the static pressure

distribution along the circumference.

� Impeller outlet pressure calculation to predict the circumferential total pressure

distribution at the impeller outlet.

� Exit cone flow calculation to predict the performance of the exit cone. The model

takes into account the swirling, non-uniform flow at the exit cone inlet.

The calculation is done at several positions around the circumference (typically 36). In

addition, each cross-section of the volute channel is divided into several co-centric ellipses,

which are further divided into four quadrants, see figure 18. Mass and momentum balances

are constructed for each control volume obtained using the above-mentioned discretisation.

The different parts of the model are iterated until a convergence is reached. Only the exit cone
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flow calculation is performed once, after the volute calculation is finished. The model has

been tested with several different volutes, both internal and external, and is reported to predict

the overall performance of the volute well. (Van den Braembussche et al. 1999)

         

Figure 18.   The discretisation of the diffuser and volute in the volute flow model of Van den Braembussche et
al. (1999).

2.3.3   The mechanical effects of the volute on the compressor

The non-uniformity of the flow caused by the volute has mechanical effects on the

compressor, such as radial force and vibrations. According to Stepanoff (1957) the radial

force Fr of a centrifugal pump can be calculated from

22bdpKF outtrr � (21)

where pt out is the total pressure at the pump outlet, d2 the diameter of the impeller and b2 the

height of the impeller. The non-dimensional coefficient Kr varies from pump to pump and can

be determined experimentally. For a pump with a volute Stepanoff suggests
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where qv is the volume flow in the operating point in question and qv des the volume flow at the

design point. Equations (21) and (22) yield to a zero force at the design flow and maximum

positive force at zero flow, whereas equations (21) and (23) result in a null force at shut off

and maximum force at high flow. Other researchers (Agostinelli et al. 1960, Moore and

Flathers 1998) have shown that Kr cannot be expressed in such a simple manner only as a

function of the volume flow as Stepanoff proposes. Thus the above mentioned equations for

the coefficient Kr are not suitable for a compressor analysis without modifications. However,

equation (21) describes the main parameters influencing the radial force quite well.

Moore and Flathers (1998) present an experimental technique to quantify the radial force in

turbomachinery operating on fluid film bearings. They have used this method to measure the

radial loads of a centrifugal pipeline boost compressor equipped with oil lubricated titling pad

bearings both in a laboratory and on the field. The radial force is found to be the highest at

low flow close to the surge. As the flow rate is increased, the force is reduced until a

minimum force is reached somewhat above the design flow. The force rises again towards the

choke line, but stays well below that of the surge line at all conditions.

Flathers and Bache (1996) present a numerical study of the centrifugal pipeline boost

compressor that was measured by Moore and Flathers (1998). The shrouded impeller, the

vaneless diffuser and the volute was modelled with a commercially available CFD-code,

TASCflow. The solution was obtained by time averaged, fully 3-dimensional, viscous

calculation utilising the standard k-� turbulence model. The aerodynamic performance of the

compressor (pressure ratio and efficiency) was predicted well. The results of the force

calculation were of correct order of magnitude, but showed moderate difference between the

measured and calculated values. The authors conclude that the radial force was difficult to

predict correctly and explain it partially by the fact that the inlet volute was not included in the

model.

Strain gage and mechanical vibration measurements were made in a six-stage centrifugal

compressor by Sorokes et al. (1998). The strain gages on the impeller showed a peak response

at 1.0 times the compressor running speed. The blades were excited by the pressure non-

uniformity caused by the volute, which was found to be the strongest at high mass flow. This

was suspected to be one possible cause for impeller failures detected in the investigated type

of compressors.
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Hagelstein et al. (1997) have also shown how a change in the circumferential pressure

distribution influences the impeller blade vibrations. Asymmetrically adjusted diffuser vanes

have been shown to have a favourable effect on the pressure field and blade vibrations.

Fatsis et al. (1997) present a time-accurate computational method for analysing the flow and

forces in radial impellers under non-uniform outlet conditions produced for example by the

volute. The impeller force was calculated in two different ways: by integrating the pressure

forces over the impeller surface and by applying the pressure and momentum balance over a

control volume, which contained the space between the impeller inlet and outlet. The first

method allowed the calculation of the oscillating force in single blades, whereas the latter

method allowed the division of the net force into components caused by the non-uniformity of

the static pressure, radial momentum and tangential momentum. Fatsis et al. (1997) have

calculated two different centrifugal compressor impellers at high mass flow, one with radial

ending blades and the other with 40� backward lean angle. They found that the integration of

the static pressure distribution at the impeller outlet gave a good approximation of the net

radial force for the impeller with backward leaned blades. However, for the impeller with

radial ending blades, the force of the radial momentum compensated the pressure force to a

great extent. Thus the pressure measurement alone is not suitable for determining the radial

force of impellers with radial ending blades.

Antila et al. (1996) describe the design of a single-stage centrifugal compressor equipped with

active magnetic bearings. The properties of the bearings and impeller force measurements

using magnetic bearings are reported. Axial force is found to vary almost linearly with the

pressure ratio, which is typical for a centrifugal compressor. The measured radial force is

found to be a function of the mass flow, but independent of the rotational speed. The radial

force is the highest at choke and decreases toward small flow, reaching the minimum

somewhat below the design flow. Close to the stall limit the radial force increases slightly

again. A comment is due here: the reported radial force certainly is independent of the

rotational speed, when the flow is considered as a relative flow rate between the choke and

stall limits. Naturally the absolute mass flow varies with the speed, so in that sense the radial

force cannot be held totally independent of the speed.
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Baun and Flack (1999) report the design and test run of a plexiglass research pump equipped

with magnetic bearings for hydraulic force measurement. The axial and radial magnetic

bearings, their control system and the data acquisition system were designed especially for

static and dynamic force measurements. The axial force was found to be the highest at shut

off. From there it decreased steadily towards higher flow (smaller head) with the exception of

two local maxima located at 0.75 and 1.0 times the design flow coefficient. The radial force

was also found to be the highest at shut off and to decrease steadily until the minimum was

reached at the design flow. At flow rates higher than the design flow, the net radial force

increased again.

2.3.4   Detailed flow investigations in the volute

The flow structure in the volute is strongly affected by the vortex flow that forms into the

volute channel as a consequence of the radial velocity at the volute inlet. Different vortex

patterns are observed in the volute depending on the shape and operating point of the volute.

In vortex flows two basic vortex structures can be distinguished:

� Solid body vortex i.e. forced vortex, left side of figure 19.

� Free vortex flow, right side of figure 19.

Often in a real flow a combination of the above mentioned vortex structures is present.

Figure 19.   The two basic vortex structures: forced vortex i.e. solid body vortex on the left and free vortex flow
on the right.

Van den Braembussche and Hände (1990) report a study, where static pressure measurements

and three-hole probe traverses were made in a straight conical pipe representing a volute

channel. Also an analytical model for the flow in a straight volute is presented. The authors

found that the fluid entering the volute close to the tongue at a small radius filled the centre of

the volute. New fluid entering the volute further downstream at a larger radius wrapped

around the upstream fluid. Thus the swirl velocity was approximately constant in the outer

part of the cone, and no free vortex type of flow was observed. In the centre of the cone a
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forced vortex flow was seen. The through flow velocity showed a large crosswise variation,

having a maximum at high flow and minimum at low flow in the volute centre. The strongly

increased through flow velocity in the volute centre is reported to explain the odd-sounding

observation of Stiefel (1972) that the volute should be designed with a negative blockage, i.e.

that the area of the cross-section should be 10 - 15% smaller than the frictionless computed

one.

Ayder (1993) has thoroughly investigated the flow inside three different volutes: a rectangular

external volute of a pump, a rectangular internal volute of a compressor and an elliptic volute

of a compressor. The results of measurements made in a rectangular compressor volute are

also reported in Ayder and Van den Braembussche (1991) and measurements carried out in an

elliptic compressor volute in Ayder et al. (1993). A numerical survey of the elliptic

compressor volute is presented also in Ayder and Van den Braembussche (1994). According

to all these studies a forced vortex flow is present in the volute channel. In the beginning of

the volute (at a small circumferential angle) a forced vortex forms due to shear stresses in the

middle of the channel, which results in high losses in that position. At the bigger

circumferential angles two separate mechanisms are reported to be responsible for the forced

vortex flow. At high volume flow the forced vortex further in the volute is a result of the

increasing radial velocity along the circumference and the way the volute is filled with the

fluid. As the new fluid with a higher radial velocity wraps around the fluid already in the

volute, the forced vortex forms automatically. Thus it is not caused by energy dissipation due

to the shear stresses in the middle of the channel. This results in smaller losses in the middle

of the volute channel than one could assume at a first glance. At low flow, however, a

different mechanism is present. Because the radial velocity stays practically constant along the

circumference, the shear stresses in the middle of the volute channel must mainly be

responsible for the forced vortex flow. This causes high total pressure loss in the volute

channel. (Ayder et al. 1993)

The static pressure distribution in the volute is affected mainly by the centrifugal forces due to

swirl velocity and those due to through flow velocity (Ayder 1993). At high flow the strong

swirl velocity is dominant, and causes a low static pressure into the middle of the volute cross-

section. At low flow the swirl velocity and centrifugal forces caused by it are weak. Thus the

through flow velocity together with the circumferential curvature of the volute channel result

in a low static pressure close to the inner wall of the volute. The maximum through flow
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velocity was observed close to the volute centre or inner wall depending on the operating

point. This corresponds to the low static pressure zones observed in the volute. (Ayder et al.

1993)

Secondary vortices in rectangular volutes have been reported by Ayder (1993). In the external

pump volute a counter-rotating vortex formed next to the lower outer corner, left side of

figure 20. In the internal compressor volute a secondary vortex was observed close to the

inner wall above the diffuser, right side of figure 20. Both vortices are explained to be caused

by the radial pressure gradient, which is the result of the centrifugal force caused by the

circumferential curvature of the volute channel and through flow velocity. When the low

energy fluid in the boundary layer is subjected to the radial pressure gradient, it can no longer

follow the main swirl direction, but turns back towards the lower pressure. (Ayder 1993)

Corner vortices

Figure 20.   The corner vortices observed in the rectangular volutes by Ayder (1993). External pump volute on
the left and internal compressor volute on the right.

Ayder (1993) discusses also the leakage flow through the tongue gap. The axial height of the

volute channel was constant in both of the rectangular volutes examined by Ayder, because

the variation in the cross-sectional area was obtained merely by increasing the radial width of

the channel along the circumference. This leads to a high tongue gap, through which a

substantial leakage flow is able to pass. At low flow the low energy fluid that is accumulated

close to the inner wall of the volute flows through the tongue gap and fills up to 50% of the

beginning of the volute. This shifts the centre of the typical forced vortex in the small

circumferential angles especially with the internal volute. (Ayder 1993)

In the numerical work of Ayder and Van den Braembussche (1994), fully three-dimensional

flow in the elliptic compressor volute was simulated using a modified Euler solver. To

estimate some of the friction effects, wall shear stress forces and second-order dissipation

were added to the Euler solver, but otherwise the flow was treated as frictionless. The

numerical results confirmed the filling mechanism of the volute presented in Van den
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Braembussche and Hände (1990). Also the main flow structure observed in the experiments

was captured by the model. Only the high losses in the vortex core in the beginning of the

volute channel were not reproduced.

Hagelstein et al. (2000) report an experimental and numerical investigation of a rectangular

external compressor volute. Five-hole probe measurements were made in the volute channel

to obtain the main flow structure, which was found not to be very much different from the one

reported by Ayder (1993). The static pressure and through flow velocity distributions were

seen to have the same basic structure as the ones observed by Ayder. The local total pressure

loss coefficient is reported to be high particularly in the centre of the volute cross-section, due

to accumulation of the low energy fluid into the vortex core as a result of the static pressure

gradient. The swirl velocity distribution, however, showed some difference to Ayder (1993).

Instead of linear increase of the swirl velocity, as in the plain forced vortex flow, a strong

increase in the vortex core, but only a mild increase in the outer part of the cross-section was

seen. Thus the swirl distribution approached the one reported by Van den Braembussche and

Hände (1990). The corner vortices apparently present in the rectangular volute are given as

reasons for the observed swirl pattern by Hagelstein et al. (2000).

The numerical study presented by Hagelstein et al. (2000) was made with the same modified

Euler solver as the work of Ayder and Van den Braembussche (1994). The calculation domain

included the vaneless diffuser, volute and exit cone. The simulation slightly over-predicted the

static pressure non-uniformity caused by the volute. The flow structure inside the volute is

reported to be quite close to the measured one apart from the loss in the vortex core in the

volute centre, which was not fully captured. The numerical simulation showed also distinct

flow separation in the end of the volute and in the exit cone. (Hagelstein et al. 2000)

Hübl (1975) reports a thorough analytical and experimental investigation of different

compressor volutes. Two circular external volutes were measured, one with a tangential inlet

and another with a symmetric inlet. The flow at the vaneless diffuser outlet was measured in

15 circumferential locations, and the three-dimensional flow in the volute was measured with

a four-hole probe in seven circumferential locations at four different mass flows.

Hübl (1975) observed the following flow pattern in the circular volute with the tangential

inlet, see the left side of figure 21. A forced vortex type of swirl was present at low flow apart
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from the small area in the beginning of the volute. At a slightly higher mass flow rate the flow

pattern resembled the one reported by Hagelstein et al. (2000) i.e. a sharp increase of the swirl

velocity in the middle and a mild increase in the outer part of the volute channel. At high mass

flow the swirl pattern was close to the one observed by Van den Braembussche and Hände

(1990), in which the swirl velocity increases very sharply in the middle of the channel and

stays constant in the outer part of the channel. The through flow velocity profile had a

maximum between the inner wall and the middle of the volute channel. At low flow the

profile was relatively flat, whereas at high flow a strong acceleration in the middle was

observed. The total pressure distribution showed a minimum in the middle of the channel at

all flows. The static pressure distribution showed as well a minimum in the middle. The more

the mass flow increased, the more sharply the static pressure decreased towards the middle.

Hübl (1975) draws attention to the high velocity gradient at the volute inlet, where new fluid

with high radial velocity enters the volute and mixes with the more slowly swirling flow

already in the volute. This is assumed to cause considerable loss by Hübl.

In the circular volute with the symmetric inlet, see the right side of figure 21, quite a different

flow structure has been reported by Hübl (1975). The swirl pattern consisted of two counter-

rotating forced vortices with each of them having a linear swirl velocity profile, see figure 21.

The static pressure distribution was almost constant across the volute cross-section. Also the

total pressure showed quite a constant distribution with a small local increase in the middle

and two weak minima at both sides of the peak close to the vortex cores. The through flow

velocity profile was constant at low flow. At high flow two distinct peaks were observed in

the through flow velocity in the same locations where the vortex cores were, and a local

minimum was seen in the middle.

                        

Figure 21.   The vortex structures in the volutes measured by Hübl (1975). The single vortex in the volute with a
tangential inlet on the left and the double vortex in the volute with a symmetric inlet on the right.
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Fahua et al. (2000) have used a commercial CFD-code to study the flow in a vaneless diffuser

and volute of a pipeline compressor. The investigated volute had almost circular cross-section

and a tangential inlet. The flow was calculated as viscous and three-dimensional, and the

standard k-� turbulence model with a wall function was used. Only one blade passage of the

impeller was modelled and the flow quantities at the impeller exit were averaged in the

circumferential direction. This prevents detailed examination of the phenomena caused by the

circumferential non-uniformity of the volute, but offers a relatively simple and quick analysis

of the complete compressor. Special attention was paid to the flow structure in the volute and

to the axial distortion of the flow quantities in the diffuser. At low and design mass flows a

forced vortex was observed in the volute channel. At the design flow a narrow zone of free

vortex flow was also seen on the wall in few circumferential locations. At high mass flow

quite a different double vortex flow pattern is reported in the beginning of the volute up to the

180� circumferential position. Although the volute had a tangential inlet, the flow in this

region resembled quite much the one measured by Hübl in a symmetric volute. The static

pressure recovery and total pressure loss of the diffuser are reported to have an axial i.e.

spanwise variation. Both the static pressure recovery and total pressure loss are stronger on the

shroud side and weaker on the hub side of the diffuser. This is reported to be an indication of

the upstream effect of the volute. (Fahua et al. 2000)

Dilin et al. (1998) report an investigation of two rectangular fan volutes with symmetric inlets,

one with a closed tongue and another with a cut back tongue that allows recirculation. In fans

the diffuser is often omitted, as in pumps. In this case, however, a short vaneless diffuser with

a radius ratio of 1.37 was used. In the numerical part a commercial CFD code was used to

analyse the viscous incompressible flow. The k-� model with a wall function was used to

model the turbulence. Circumferentially uniform boundary condition was given at the diffuser

inlet. In the experimental part the three-dimensional flow structure in the volute channels was

measured with a five-hole probe in numerous circumferential positions. Also flow

visualisations in the tongue region were performed. According to Dilin et al. (1998) the flow

structure in the volute channel depends on the flow rate and tongue configuration. In the

volute with the closed tongue, two counter-rotating vortices were seen like in the experiments

of Hübl (1975), see the right side of figure 21. In the volute with the cut back tongue, a similar

twin vortex pattern was present at high and medium flows. At low flow, however, a single

vortex just as in the volutes with tangential inlet, left side of figure 21, was seen. This is likely

to be caused by the recirculation of the flow. At low mass flow the pressure gradient pushes
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fluid from the end of the volute and from the exit cone back into the beginning of the volute.

This recirculating fluid fills the beginning of the volute and affects strongly the development

of the vortex structure.
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3   EXPERIMENTAL FACILITIES

3.1   Test compressor

The test compressor was a single-stage radial compressor originally designed for producing

vacuum for paper and pulp mills, see figure 22. In its design point the compressor produces 50

kPa vacuum at the inlet and exhausts into ambient air pressure.

The compressor is driven directly by a 175 kW high speed electric motor that is supplied with

variable frequency AC-current by a 200 kW inverter. No gearbox is needed in this single shaft

construction and the use of an inverter allows variable speed control from zero rpm to full

speed. The compressor is totally oil free as active magnetic bearings are used. The compressor

shaft lies vertical in order to minimise radial bearing loads.

       
Figure 22.   Test compressor. Photo: Petri Sallinen / LUT

The specific speed of the compressor, defined according to equation (24), is Ns = 0.90.
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where � is the angular velocity, qv1 the inlet volume flow and �hs the isentropic enthalpy rise.

The unshrouded impeller has got seven full blades and seven splitter blades with 30 degrees

backsweep at the trailing edge measured from the radial direction. The diameter of the

impeller is d2 = 309 mm. An unpinched vaneless diffuser with a diameter ratio of d3 /d2 = 1.90

and constant height b = 20.4 mm is used to connect the impeller to the volute.
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3.2   Volutes

3.2.1   Original volute

The original volute was designed for easy and cost effective industrial assembly. The shape of

its cross-section was rectangular in the bottom and semi-circular in the top. The area

distribution of the cross-section was designed for a constant static pressure at the design point

assuming frictionless flow. Figure 23 shows a photo of the original volute taken from the exit

cone and the shape of the cross-section at the 96� and 180� circumferential locations. The

tongue, which was located at � = 33�, is seen in the lower left corner of the photo. The tongue

shape is simple, since the intersection of the small and big volute channel is simply a vertical

line. The volute was made of stainless steel by casting and the inner surface was left

unpolished. The surface roughness was measured to be approximately Ra = 6 - 9 �m.

Tongue

Mounting hole for
the Cobra-probe

Figure 23.   Original volute and its cross-sections at different circumferential locations. Photo: Petri Sallinen /
LUT

3.2.2   Circular volute

The circular volute was designed in order to find out the influence of the square edged bottom

to the volute flow. The shape of the cross-section was chosen to be as close to a circle as

possible and can be seen in figure 24. Because the new volute had to be fitted to the original

compressor, the diameter ratio of the vaneless diffuser had to be increased by 6.8% to

d3 /d2 = 2.03. The circular volute had the same variation in the cross-sectional area as the

original one.
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Tongue

Cobra-probe

Figure 24.   Circular volute and its cross-sections at different circumferential locations. Photo: Timo Mikkola /
LUT

The shape of the tongue of the circular volute was let to have the form which is created when

a small and a big circular volute channel intersect. Thus the tongue became semi-elliptic and

sharp-edged and was located at � = 30�, see figure 25. It was anticipated that the small

"hump" at the lower part of the tongue and the sharp edge would not be the optimal shape,

especially at off design conditions. However, the tongue was left as it was, because no exact

information about the optimum shape was available at that time and it is always easier to

remove material than to add it afterwards. The circular volute was cast from aluminium, since

it was to be used only in the test compressor operated with clean air. The surface was left

unpolished, but due to the difference in material and casting method, the surface was

somewhat rougher than in the original volute. The average measured surface roughness in the

volute was Ra = 16 - 19 �m and in the exit cone Ra = 13 �m.

Tongue

"Hump"

Figure 25.   Semi-elliptic and sharp-edged tongue of the circular volute.
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3.2.3   Modified circular volute

The circular volute was later modified in order to investigate the effect of the shape of the

volute tongue on the performance of the volute. The sharp and semi-elliptic tongue was

rounded and the "hump" from the lower part of the tongue was removed. The modified tongue

of the circular volute is shown in figure 26. The shape of the tongue is almost linear and the

thickness is considerably increased especially at the lower and upper parts of the tongue. Only

in the middle of the tongue a relatively sharp edge still exists. In the modification the tongue

was moved slightly further into the 32.5� circumferential position, being now at about the

same location as the tongue of the original volute. The slightly shortened and rounded tongue

was assumed to tolerate larger incidence angles resulting in increased performance at off

design conditions. In addition, the circular volute was smoothened in order to allow fair

comparison of the original and circular volutes. The average surface roughness was

Ra = 5 - 8 �m after the smoothing.

Rounded
tongue

      

Tongue

Figure 26.   The tongue region of the modified circular volute (left) and a view from the vaneless diffuser
towards the tongue (right). Photo: Petri Sallinen / LUT

3.3   Measuring equipment and data acquisition

3.3.1   Compressor test stand

The experiments were carried out in the Laboratory of Fluid Dynamics at Lappeenranta

University of Technology. The lay-out of the test facility can be seen in figure 27. The open

loop test stand has two throttling valves, valve A upstream and valve B downstream of the
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compressor, in order to allow measurements of both vacuum and overpressure compressors. In

this study the measurements were done in the vacuum mode i.e. valve B was fully open and

the compressor was throttled using valve A. The outlet pipe of the test stand was insulated to

ensure correct temperature measurement.

electric motor

inverter

compressor

volute

Figure 27.   Compressor test facility.

The overall performance of the compressor was measured using the instrumentation of the test

stand, which allows the measurement of ambient temperature, pressure and humidity, mass

flow, inlet total temperature and total pressure, outlet total temperature and total pressure,

rotational speed and input power, see figure 27. The mass flow was measured at the beginning

of the inflow pipe according to VDI 2041 with an ISA 1932 nozzle made according to DIN

1952. The analogue signals of the thermoelements, pressure transducers, humidity meter,

tachometer and power analyser were collected into a Fluke Hydra data logger, which was

connected to a PC via an RS-232 serial cable. With an in-house developed data acquisition

program the compressor can be monitored on-line and the necessary data can be saved. The

instrumentation of the test stand and the performance calculations were made according to the

following standards: ISO 5389, ASME PTC 10 and VDI 2045 Part 1 and 2.
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3.3.2   Pneumatic probe and static pressure taps

The flow inside the compressor was measured using a miniature three-hole Cobra-probe

manufactured by Concepts ETI. The probe head, the left side of figure 28, was about 2 mm

wide and less than 1 mm high, so it barely disturbed the flow. The Cobra-probe allows the

measurement of static pressure, total pressure and flow direction on a plane. During the

measurement the probe was first nulled i.e. turned directly towards the flow, after which the

pressures in each hole were recorded. The probe was calibrated by the manufacturer and the

calibration sheet is attached in appendix A.

A manual traversing gear was used to position the probe in the desired location, the right side

of figure 28. It allowed the probe to be moved axially and rotated about its axis. The axial

position could be read from the instrument with an accuracy of 0.05 mm and angular position

with an accuracy of 0.2� The Cobra-probe was traversed at the diffuser exit in three different

circumferential positions: 90�, 180� and 360� for the original volute and 78�, 168� and 348�

for the circular and modified circular volutes. The reason for the different traversing positions

for the different volutes is that the traversing gear needs a certain room for its attachment. The

difference in the radius of the diffuser was not enough, so the mounting holes had to be

separated also circumferentially. The circumferential location of 270�/258� was left out

because it was impossible to fit the traversing gear there because of the compressor

mountings.

          

Figure 28.   The head of the Cobra-probe (left) and the traversing gear installed onto the diffuser hub wall
(right). Photo: Petri Sallinen / LUT
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The static pressure distribution on the volute and exit cone surface was measured using seven

static pressure taps positioned at the volute top. The static pressure distribution at the impeller

exit / diffuser inlet was measured using eight static pressure taps located on the shroud surface

of the vaneless diffuser at diameter ratio d/d2 = 1.014. The static pressure tap and Cobra-probe

traversing positions can be seen in figure 29.

3.3.3   Flow visualisation

The flow in the beginning of the exit cone was visualised using tufts. Pliant, fluorescent

orange tufts were taped with heatproof aluminium tape on the exit cone surface in three rows

denoted with letters A, B and C. The tuft rows were located 200, 250 and 300 mm away from

the 0�/360� line, see figure 29. The first row A was at the level of the tongue in the original

and modified circular volutes and about 20 mm downstream from the tongue in the circular

volute. The tuft positioning and numbering in the different volutes is shown in figure 30. In

the original volute an additional tuft was positioned next to row 3 due to the longer periphery

of the square edged inner lower corner. In addition, an internal flow visualisation was made.

To enable this one tuft was attached to a thin-tipped stick and was traversed across the exit

cone from bottom to top starting from the position of the surface tuft B5.

Two holes were made on the exit cone wall in order to allow the observation of the tufts. One

hole was used to insert an borescope into the exit cone while the other one was housing a

small halogen light bulb to provide necessary illumination. The movement of the tufts was

recorded with a digital video camera through the borescope. Only one tuft could be seen at a

time due to the limited viewing angle of the borescope.
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Figure 29.   Location of the static pressure taps, Cobra-probe traverses and flow visualisation tufts.
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Figure 30.   Location of the flow visualisation tufts in the original volute (left) and in the circular and modified
circular volutes (right). Photo: Juha Haikola / LUT
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4   EXPERIMENTAL RESULTS

4.1   Performance map of the compressor

The performance map of the compressor was measured with all the three different volutes.

The volute and the exit cone were insulated with mineral wool in order to rule out the effect of

different heat transfer properties of the stainless steel and aluminium volutes. The

measurement was carried out at six different speeds: 0.68, 0.80, 0.90, 1,00, 1.08 and 1.13

times the design speed. The compressor was first allowed to warm up at the lowest speed near

the choke line. The measurement was then begun at the highest flow at the lowest speed. The

operation point was adjusted and the temperature was allowed to stabilise before the

measurement was made. Then the compressor was throttled from the inlet and the next point

at the same speed was measured. The whole constant speed curve was measured in this

manner until the stall line was reached. Then the speed was increased and the next constant

speed curve was measured starting again from the highest flow. In this manner the pressure

ratio and the temperature were constantly increasing during the measurement. Although the

temperature was allowed to stabilise at each point for a reasonably long time, a slight transient

condition may still have existed during the measurement resulting in an overestimate of the

measured isentropic efficiency by approximately 0.3 - 0.5 percentage points. As all the

performance map measurements were carried out in the similar way, they are fully

comparable.

The determination of the stall limit is not straightforward in a vacuum compressor, since

stalling begins fairly smoothly especially at a low pressure ratio. As the flow is throttled, the

pressure ratio increases until a maximum is reached. When the flow is further throttled, the

pressure ratio begins to fall, but the operation of the compressor is still stable. After still

further throttling small fluctuations in the pressure ratio and slight vibrations in the

compressor are observed. The stall limit shown in the performance maps is located at this

point. If the flow was further throttled, the compressor would enter into full surge. The

determination of the right side of the performance map was more ambiguous. In general, the

measurement of each constant speed curve was begun around the point where the compressor

isentropic efficiency was 50%, since it makes little sense to operate the compressor at a higher

flow. However, at higher speeds the maximum flow was limited by the power limitation of the
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electric motor, so the 50% efficiency could not be reached. For these reasons clear

aerodynamic choking (vertical operation curve) cannot be observed in the performance maps.

During the measurement the speed and mass flows of each point were scaled to the chosen

reference conditions according to equations (5) and (6). When a vacuum compressor is being

measured, the outlet pressure stays constant while the inlet pressure varies according to the

pressure ratio. For this reason the reference temperature and humidity were given at the inlet,

but the reference pressure pt5 ref at the outlet. The inlet pressure needed for equation (6) was

calculated from the measured pressure ratio

2

1
51

t

t
reftreft p

ppp � (25)

In all performance maps the mass flow and the rotational speed have been made non-

dimensional by dividing them by the mass flow and the speed at the design point of the

original configuration. Figure 31 shows the non-dimensional performance map of the original

compressor using a mass flow -based x-axis. The shape of the map looks odd at first but is

typical for a vacuum compressor. As the pressure ratio increases, the inlet pressure decreases,

because the outlet pressure is kept constant in the vacuum application. This results in decrease

of the density which shifts the points at the upper part of the map towards lower mass flow.

Figure 31.   Performance map of the compressor with the original volute. Non-dimensional mass flow on the
horizontal axis.
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Figure 32 shows the same performance map as figure 31, but with a volume flow -based x-

axis. The volume flow at the reference conditions is calculated using equation (7), so only the

inlet temperature and gas composition are needed. The volume flow has been non-

dimensionalized by dividing it by the volume flow at the design point. The map in figure 32

looks like a conventional compressor map, because the varying inlet pressure does not affect

the scaling.

X

X

X
low

design

high

Figure 32.   Performance map of the compressor with the original volute. Non-dimensional volume flow on the
horizontal axis.

During the measurements the operating point of the compressor was always set using the

reference speed, equation (6), and reference volume flow, equation (7). The compressor

produces slightly different pressure ratio with the different volutes, so the mass flow -based

scaling would lead to erroneous reference mass flow, when the reference pressure is given at

the outlet. For this reason all of the results in this work are presented using the reference

volume flow.

Three operating points at the design speed were selected for detailed analysis. The points at

0.65, 1.00 and 1.17 times the design flow, denoted with low, design, and high are also

indicated in figure 32. The volume flow -based non-dimensional performance map of the
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compressor with the circular volute is shown in figure 33 and that with the modified circular

volute in figure 34.

Figure 33.   Performance map of the compressor with the circular volute.

Figure 34.   Performance map of the compressor with the modified circular volute.
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Fairly small differences are seen when the performance maps measured with the different

volutes are compared. Only minor changes in the stall limit are observed, but taking into

account the uncertainty in the determination of the stall limit, no differences between the

volutes can be determined. The choke limit remains unchanged as much as from the end of the

0.9 speed curve can be seen. Also the pressure ratio as a function of the rotational speed is

practically the same. The reason for the small differences is clear. The area of the cross-

section of the different volutes was the same, so the stall and choke lines as well as the shape

of the constant speed curves should be the same.

In the efficiency curves, however, some differences can be found. The modified circular

volute seems to have higher efficiency especially at the low speeds and high flows. For

example at the operating point qv/qv des = 1.00 and � = 1.50 the isentropic efficiency of the

compressor is two percentage points higher with the modified circular volute than with the

other volutes. The reasons for this are discussed in the following chapter.

4.2   Efficiency of the compressor

The total-to-total isentropic efficiency of the compressor was measured in the whole operating

regime during the performance map measurement as described above. Figure 35 shows the

total-to-total isentropic efficiencies obtained during the performance map measurement with

different volutes.

The efficiency was also measured in the three selected operating points at the design speed by

letting the compressor to run for 1 - 1½ hours at each point. This ensured that the steady state

conditions were achieved and allowed numerous measurements at each point to be made. The

efficiencies shown in table 1 are the mean values of those measurements.
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Table 1.   Isentropic total-to-total efficiency of the compressor with the different volutes at the design speed.

Low flow Design flow High flow
Volute �s t-t

[%]
�s t-t
[%]

�s t-t
[%]

Original 73.9 76.0 69.1
Circular 74.2 76.0 68.8
Modified circular 75.1 75.9 69.6
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Figure 35.   Isentropic total-to-total efficiency of the compressor with the different volutes at different speeds.
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The uncertainty of the efficiency measurement is about �1.2 percentage points in a single

measurement (Sallinen 1999). The differences in the measured efficiency with the different

volutes are bigger than the uncertainty only in the lower right quadrant of the performance

map. Thus the performance comparison has to be treated with some caution. However, in the

detailed efficiency measurements 50 - 100 single measurements were made at each point and

the average value was calculated. Also the repeatability of a measurement is better than its

absolute accuracy, and in this case all of the measurements were made on the same test stand

using the same instrumentation. Thus at least some kind of comparison between the

measurements is justified even if the differences are below the absolute uncertainty.

According to table 1 practically no differences between the volutes exist in the design point.

This is also seen in figure 35. It is apparent that at the design point the incidence angle of the

flow to the tongue of the volute is approximately zero. Thus the tongue does not disturb the

flow very much regardless of its shape.

At high flow the modified circular volute performs best and the circular worst, see table 1.

The same tendency is observed in figure 35 and is the strongest at 0.68 and 0.80 speeds. In

these operating points the flow at the volute inlet is the most radial. Thus the swirling

component inside the volute channel is strong in comparison to the through flow velocity, and

the incidence angle at the tongue of the volute has a large positive value. The good

performance of the modified circular volute is explained by the circular shape, which is the

most optimal for the swirling flow, and the rounded and slightly shortened tongue, which

tolerates large incidence variations with small losses. The performance of the original volute

suffers from the rectangular corner, which causes an additional corner vortex (Reunanen et al.

2000), and also from the possible flow separation in the exit cone (see chapters 4.3 and 4.4).

The poor performance of the circular volute at high flow results from the sharp-edged tongue

and rough surface, which produce more loss than the circular shape of the cross-section is able

to reduce in comparison to the original volute.

At low flow the modified circular volute performs best and the original worst according to

table 1. According to figure 35 the modified circular volute is again the best, but the circular

volute seems to be the worst at most speeds. The discrepancy is explained by the measurement

accuracy, since the 0.3-percentage-point-difference between the original and circular volutes

(table 1) is within the measurement uncertainty. The good performance of the modified
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circular volute at low flow is most likely due to the rounded tongue, which tolerates large

incidence variations. The exit cones of the circular and modified circular volute seem to have

a tendency to flow separation at low flows (see chapters 4.3 and 4.4), which together with the

sharp tongue is the most likely cause for the somewhat lower performance of the circular

volute.

4.3   Static pressure distribution in the diffuser, volute and exit cone

The static pressure distribution at the impeller exit i.e. diffuser inlet was measured using eight

static pressure taps mounted on the diffuser shroud wall. The measured pressures have been

made non-dimensional by dividing them by the total pressure at the compressor inlet. Figure

36 shows the pressure distribution at various volume flows at the design speed and figure 37

at the 0.8 speed. Only the pressures measured using the original volute are shown, since the

differences in the pressure distribution with the different volutes are small and could hardly be

visible with the current scaling of the axes.

The pressure non-uniformity caused by the volute is clearly visible at the diffuser inlet. At

high flow the static pressure drops along the circumference. The pressure is almost constant at

the design flow at the design speed. However, a small decrease is observed indicating that the

design flow of the volute is slightly lower than the design flow of the impeller. At 0.8 speed

the pressure distribution is naturally constant at the lower flow of about 0.65. At low flow the

static pressure rises along the circumference on the average, but the rise is characterised by

two distinct waves. The waves are strong at the design speed and become weaker at 0.8 speed,

yet being still clearly visible. The most likely reason for this two-wave pattern is the impeller

response to the non-uniform static pressure distribution caused by the volute. This kind of

behaviour has also been reported by Young (1992) and Hagelstein et al. (1997), but has not

been observed by some other researchers such as Ayder (1993). Also Fatsis et al. (1997) have

calculated a bimodal behaviour of the main flow variables at the impeller outlet. They explain

this to be a result of a static pressure wave travelling back and forth in the impeller blade

passage. According to Young (1992) and the present measurements the waves become weaker

as the speed and pressure ratio gets smaller. The experiments by Ayder (1993) were carried

out at the pressure ratio 1.1 - 1.3, which could explain the two-wave pattern not being present

in those experiments.
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Figure 36.   Static pressure distribution at the diffuser inlet at radius ratio r/r2 = 1.01 at the design speed with the
original volute.
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Figure 37.   Static pressure distribution at the diffuser inlet at radius ratio r/r2 = 1.01 at 0.8 speed with the
original volute.

In an earlier time-accurate simulation of the compressor at the design flow (Pitkänen et al.

1999) a two-wave pattern was observed in the mass flow of a single blade passage as it rotated

one revolution. The reason for this two wave-pattern could not then be explained and it was

thought to be erroneous. For example some kind of resonance due to a relatively small

calculation domain was suspected to be one possible cause. The present measurements prove

that there exists a two-wave pattern in the pressure distribution at low flow. There is good
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reason to believe that this pressure distribution would cause the mass flow to oscillate in a

similar manner. Thus the reason for the two-wave oscillation in the previous time-accurate

calculation could be that the calculation over-predicted the oscillation and it was present

already at the design flow.

Figure 38 shows the differences in the static pressure distributions at the diffuser inlet with the

different volutes. The results are shown at low, design and high flow for the design speed and

at 0.46, 0.74 and 1.09 times the design flow for the 0.8 speed. The measured static pressures

are again divided by the total pressure at the compressor inlet and the scaling of the axes is

chosen so that the differences are seen. Although the offset of the pressure is different, the

range of the y-axis in the different figures is the same to enable easy comparison.

The first conclusion from figure 38 is that the differences between the volutes are small. This

is natural, since the circumferential distribution of the area of the cross-section was designed

to be the same with the different volutes. It is seen in figure 38 that the static pressure at the

impeller exit is the highest with the original and the lowest with the modified circular volute.

Also the two-wave pattern at low flow seems to be slightly stronger with the original volute

that with the circular volutes. The exact reason for the differences is uncertain, but the small

difference in the radius ratio of the vaneless diffuser (1.90 for the original and 2.03 for the

both circular volutes) could be one explaining factor.
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Figure 38.   Static pressure distribution at the diffuser inlet at radius ratio r/r2 = 1.01 at low, design and high flow
at speed 1.00 (left) and at 0.46, 0.74 and 1.09 flow at speed 0.8 (right) with the different volutes.
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The static pressure distribution on the volute and exit cone surfaces was measured using seven

static pressure taps positioned on the volute and exit cone top walls. The pressure distribution

in the original volute at various volume flows at the design speed is seen in figure 39. The

corresponding distribution at 0.8 speed is shown in figure 40. The measured pressures are

again non-dimensionalized by the total pressure at the compressor inlet. Here the length of the

exit cone is transformed to angles in order to allow the data of the volute and exit cone to be

drawn in the same figure. The length of the exit cone in angles is the angle of an arc, whose

length at the radius of the volute centre at � = 360� is equal to the length of the exit cone.
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Figure 39.   Static pressure distribution in the original volute and the exit cone at the design speed.
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Figure 40.   Static pressure distribution in the original volute and the exit cone at 0.8 speed.
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A typical pressure distribution of the volute is observed. At high flow the static pressure drops

along the circumference, at the design flow the distribution is fairly constant and at low flow

the pressure increases. Only one wave per 360� is present in the volute even at low flow. Thus

the two-wave behaviour at the diffuser inlet is not caused by the volute pressure distribution

alone, but is a result of the pressure non-uniformity caused by the volute and the impeller

response to that.

In the exit cone a desired static pressure rise is observed. At high flow, however, a small fall

in the rising trend at 392 position is present, especially at 0.8 speed. This indicates that the

exit cone is no longer working as an efficient diffuser.

A detailed view of the pressure distribution in the different volutes is shown in figure 41. The

same flows, speeds and axis scaling criteria as in the pressure distribution analysis of the

diffuser are used. Again the differences between the volutes are small due to the equal area of

the cross-section of the different volutes. At low flow the static pressure rise in the end of the

exit cone at 425� drops in the circular and modified circular volutes. This indicates flow

separation in that part of the exit cone. At the design flow the pressure in each volute drops

slightly in the circumferential direction confirming that the design flow of the volutes is a

little too small. At high flow at 0.8 speed the already mentioned drop in the performance of

the exit cone of the original volute at 392� is seen. At all flows the pressure in the 360�

position drops most in the circular and second most in the modified circular volute.
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Figure 41.   Static pressure distribution in the different volutes and exit cones at low, design and high flow at
speed 1.00 (left) and at 0.46, 0.74 and 1.09 flow at speed 0.8 (right).
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4.4   Results of the Cobra-probe measurements at the volute inlet

A three-hole Cobra-probe was traversed across the diffuser in three different circumferential

locations at the diffuser outlet in order to obtain information of the flow entering the volute.

The probe allowed the measurement of the static pressure, total pressure and flow angle. The

temperature was not measured, and thus the local flow velocity cannot be calculated

accurately. The results of the flow traverses are shown in figures 42, 43 and 44 for the

original, circular and modified circular volutes, respectively. All pressures are non-

dimensionalized by the total pressure at the compressor inlet and the flow angle is measured

from the radial direction.

The static pressure distribution across the diffuser is almost constant with each volute at all

positions and flows. Only a very slight decrease close the shroud is observed especially at high

flow. The total pressure distribution is typical for the vaneless diffuser. The total pressure is

high in the middle and decreases towards the walls due to the boundary layer. Also the flow

angle distribution is typical. The flow is more radial in the middle and turns more into the

tangential direction near the hub and shroud.

A direct comparison between the volutes is difficult since the traverses were made at slightly

different circumferential positions. One point can be made, however. At low flow the total

pressure profile at the 180� position with the original volute and at the 168� position with the

circular and modified circular volutes is considerable flatter than the corresponding profiles at

different locations. Also the level of the total pressure in these measurements is low. This

phenomenon is more pronounced with the original volute than with the circular or modified

circular volutes.

The pressure and angle distributions in each circumferential location were averaged spanwise

across the diffuser using mass flow -based weighting. This enables the circumferential

distribution of the quantities to be examined, see figure 45. Of course, an accurate

circumferential distribution can not be presented using only three points, but the results have

been collected to figure 45 in order to present all the information that is obtainable from the

current measurements.
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Figure 42.   The static pressure, total pressure and flow angle distributions at the volute inlet in three different
circumferential positions with the original volute.
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Figure 43.   The static pressure, total pressure and flow angle distributions at the volute inlet in three different
circumferential positions with the circular volute.
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Figure 44.   The static pressure, total pressure and flow angle distributions at the volute inlet in three different
circumferential positions with the modified circular volute.
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Figure 45.   Circumferential distribution of the spanwise averaged static pressure and total pressure at the volute
inlet with the different volutes.
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Clear and expected trends are seen in the static pressure distribution in circumferential

direction in figure 45. At low flow the static pressure increases, at the design flow it decreases

slightly and at high flow it decreases more strongly. Thus the static pressure distribution at the

volute inlet follows well the static pressure distribution measured from the volute top. When

the different volutes are compared, hardly any differences can be seen.

The total pressure distribution, see figure 45, is more complicated. At low flow the total

pressure is considerably low around the 180� location. This is a direct result from the

relatively flat and low total pressure profile in that measurement point. The notch in the

circumferential total pressure distribution is clearly stronger with the original volute than with

the circular or modified circular volutes. Since only three measurement points in the

circumferential direction were available, the extent of the low total pressure zone cannot be

determined. At the design flow a slight and fairly constantly decreasing trend is observed. At

high flow a decreasing trend is also seen, but a small bend to the opposite direction from that

of low flow is seen.

Hagelstein et al. (2000) have measured the total pressure distribution at the vaneless diffuser

outlet in six circumferential locations, see figure 46. They report an exactly similar notch in

the total pressure distribution at low flow around the 120� location. Hagelstein et al. explain

the notch to be the result of the impeller response to the static pressure perturbation caused by

the tongue of the volute. The formation mechanism of the local low pressure is demonstrated

in figure 47. The low static pressure in the beginning of the volute (at the 40� - 90� location) is

transmitted directly across the diffuser and causes a low static pressure at the impeller exit at

the same circumferential position. This is shown also by the present measurements, see figure

36. Due to the low static pressure, the impeller produces a low total pressure in this

circumferential location. This low total pressure fluid then flows through the diffuser along

the logarithmic streamline and hits the diffuser outlet around the 180� position. In the

experiments of Hagelstein et al. the tongue was located at � = 0� and the radius ratio of the

diffuser was only 1.4, so the low total pressure wake was observed already at � = 120�.

The phenomenon is weaker with the circular and modified circular volute, because the radius

ratio of the diffuser is slightly greater and the traversing point of the Cobra-probe is at a 12�

smaller angle with the circular and modified circular volute than with the original volute, see

figure 47. Thus the low total pressure zone hits the Cobra-probe directly when the original
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volute is used, but partially misses the probe when the circular or modified circular volute is

used.

pt3 / pt1

Circumferential angle

qm/qm des = 0.40

qm/qm des = 1.00
qm/qm des = 1.35

Figure 46.   Circumferential distribution of spanwise averaged total pressure at the diffuser outlet measured by
Hagelstein et al. (2000)

Low static
pressure

Impeller response:
Low total pressure

Original
volute Circular

volute
Location of the
Cobra-probe

Figure 47.   Formation mechanism of the local low total pressure at the diffuser outlet of the test compressor at
� = 180� at low volume flow.

4.5   Overall performance of the volute and exit cone

The overall performance of the volute and exit cone combination (states 3�5) was analysed

using the total pressure loss and static pressure recovery coefficients defined by equations (8)
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and (9). The static and total pressures p5 and pt5 after the exit cone were obtained from the

compressor test stand instrumentation. There is a 1500 mm long smooth pipe between the exit

cone and the pressure measurement position, which provides some room for the highly

swirling flow to stabilise before the measurement is made. The pressure loss in this pipe

calculated according to the pipe flow pressure loss equation and Moody's chart (Schlichting

1979) is 20 Pa, 50 Pa and 80 Pa for the low, design and high flows respectively, so it can be

considered negligible.

The static and total pressures p3 and pt3 at the volute inlet were obtained from the Cobra-probe

measurements. The measured pressures were first averaged spanwise in each traversing

position using mass flow weighting. The average pressures were then averaged

circumferentially using mass flow weighting in order to get only one value for the pressures p3

and pt3. The validity of the circumferential averaging can be questioned, since the

measurements were made only in three different circumferential locations and the

measurement at the 168�/180� location includes uncertainties discussed above. It is certain

that an exact value for the pressures p3 and pt3 cannot be calculated on the basis of the

measurements. However, some kind of averaging was unavoidable so that the overall

performance of the volutes could be calculated and their performance be compared. Thus two

different circumferential averagings were made. In method 1 all three points were included

with the point at 90�/78� being responsible for 25% of the flow area and the points at

180�/168� and 360��348� being responsible for the rest (i.e. 37.5% each). The averaging

method 2 was similar apart from the low flow, where the point at 180�/168� was left out due

to the local notch in the total pressure. In that case the remaining two points were both

responsible for 50% of the flow area. Method 2 can be justified on the basis of the

measurements by Hagelstein et al. (2000). They report the notch in the total pressure to be

rather local and to occur at low flow only. Apart from the notch at the low flow the pressure

distributions are reported to be rather linear.

Figure 48 shows the total pressure loss coefficient and figure 49 the static pressure recovery

coefficient of the different volutes and exit cones as a function of the volume flow using the

averaging method 1 (left) and the averaging method 2 (right). It is seen that the total pressure

loss of the volute and exit cone combination is at minimum at the design flow. At high flow

rate the flow enters the volute more radially resulting in strong swirl and high losses inside the

volute (Ayder 1993). This is observed as increased Kp in figure 48. At low flow rate the flow



79

enters the volute more tangentially, which, according to Ayder (1993), should result in low

losses. However, the Kp in figure 48 increases towards low flow. This can be explained by the

increased losses in the exit cone. At low flow the swirl inside the volute is weak, and thus

cannot stabilise the diffusion in the exit cone as well as at higher flows. It is also possible that

the separation begins already in the volute channel.
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Figure 48.   Total pressure loss coefficient of the different volutes and exit cones as a function of volume flow
using averaging method 1 (left) and averaging method 2 (right).
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Figure 49.   Static pressure recovery coefficient of the different volutes and exit cones as a function of volume
flow using averaging method 1 (left) and averaging method 2 (right).
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The differences between the volutes are seen in figure 48. At high flow the modified circular

volute has lower losses than the other volutes - a trend which was observed also in the

efficiency measurements. It is evident that the modified circular volute tolerates the radial

flow better than the other volutes due to the circular cross-section and the rounded tongue. At

the design flow, too, the modified circular volute has lower total pressure loss than the other

volutes according to figure 48. This was not brought out by the efficiency measurements. The

reasons for the discrepancy could be inaccuracies in the circumferential averaging,

uncertainties in the efficiency measurements and the possibility that the small decrease in the

volute loss is compensated for example by a small increase in the diffuser loss. At low flow

the differences between the averaging methods 1 and 2 become clear. When the measurement

point at 180�/160� is left out, the measured loss at low flow increases. Also the differences

between the volutes become smaller. Nevertheless the original volute has the lowest total

pressure loss at low flow according to figure 48. This is contradictory to the efficiency

measurement, which showed the compressor efficiency to be the highest with the modified

circular volute. The reasons for the discrepancy could be the same as at the design flow.

Especially the circumferential averaging is the most uncertain at low flow. Also the internal

flow visualisation and the static pressure measurements show that the circular and modified

circular volutes exhibit some problems in the exit cone at low flow. Perhaps this comes better

into view in the Cobra-probe measurements than in the efficiency measurements. The

behaviour of the static pressure recovery coefficients is opposite to that of the total pressure

loss coefficient and can be explained by the same reasons.

The ratio of the outlet dynamic pressure to the inlet dynamic pressure can be expressed in

terms of the Kp and Cpr according to equation (26). If this ratio is above the unity, the flow

accelerates and if it is below one, the flow decelerates.

� �prp
t

t CK
pp
pp

���

�

� 1
33

55 (26)

This ratio for the different volutes and exit cones is plotted in figure 50 using the averaging

method 1 (left) and the averaging method 2 (right). Practically no differences are seen

between the averaging methods. Figure 50 shows significant diffusion at all volume flows.

The deceleration takes place mainly in the exit cone, since the volute was designed for a

constant through flow velocity at the design flow. This extensive diffusion in the exit cone

explains the rather high static pressure recovery coefficients shown in figure 49. The

deceleration is greatest at low flow, when it takes place inside the volute as well.
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Figure 50.   Ratio of the outlet dynamic pressure to the inlet dynamic pressure of the different volutes and exit
cones as a function of volume flow using averaging methods 1 (left) and 2 (right).

4.6   Flow visualisation in the exit cone

The flow in the exit cone was visualised using tufts. First the tufts were taped on the exit cone

surface and the movement of each tuft was recorded with a video camera one at a time, while

the compressor was running at the design speed at different volume flows. Figure 51 shows

two typical views observed on the video. On the left the movement of the tuft is fairly small�

which is an indication of a steady turbulent flow (Yadav and Yahya 1980). The tuft on the

right exhibits a much stronger whipping motion, which implies that some instabilities exist.

The angle of the whipping motion was recorded for each tuft as indicated in figure 51. This

angle was used to qualify the flow and is presented in figure 52 for each tuft in the different

volutes at different flows.

The whipping motion of a tuft can be caused by two distinct reasons. The desired motion is

caused by the instability of the flow under investigation, but the tufts have under certain

conditions also a tendency to develop undesired, self-excited unstable motion (Crowder

1989). It is important to distinguish between these two types. The tufts used in the present

experiments were first tested in a laminar flow wind tunnel, during which self-excited motion

was not observed, but this does not guarantee stable tuft operation at all conditions in a

turbulent flow. The tuft movement observed in the video in several occasions resembles

somewhat the self-excited motion described by Crowder (1989). For this reason there is a risk
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that a small part of the whipping motion may be a result of a self-exited instability. However,

the present tufts can qualitatively be used to determine the flow stability, since the motion of

each tuft clearly depends on the flow conditions in that point. This is shown by the fact that

the motion of the tufts changes in a sensible way as the volume flow or the shape of the

tongue is altered. Thus the motion of the tufts depends mainly on the flow conditions and less

on self-excitation.

   

Figure 51.   View of a surface tuft on the video. Steady turbulent flow on the left and unstable flow on the right.

The angle of the whipping motion of each tuft is presented in figure 52. Negative angles

indicate a fixed reverse flow. The interpretation of the tuft motion has been adapted from

Moore and Kline (1958) and Yadav and Yahya (1980), whose descriptions are presented in

appendix B. In the present study the flow is considered as steady turbulent flow, when the

angle is below 25� - 30�. As the angle of the oscillation increases, the more turbulent and

unstable the flow at that point becomes.

At low volume flow the static pressure in the beginning of the volute is lower than in the exit

cone as shown by the pressure measurements. This causes recirculation of the flow from the

exit cone back to the volute and is seen as steady reverse flow in tuft A2 in the original volute

and in tuft A3 in the modified circular volute. Tuft A3 in the circular volute points

downstream only because it is not located directly on the tongue, but some 20 mm further

downstream due to the longer tongue of that volute. In the original volute tufts B2 and C2 are

sucked to the small gap between the volute and the bottom plate due to the same pressure

difference.
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At low volume flow moderate instabilities are present in the original volute. It is easily

noticed that the tufts close to the rectangular lower inner corner exhibit the largest motions. In

the circular volute the flow is fairly steady apart from the wake of the tongue, which is seen as

increased movement in tufts A4, B5 and C6. In the modified circular volute the flow is steady

according to the surface visualisation, apart from the recirculation around the tongue.

Low  Design   High

A B C A B C A B C

6 50* 45* 50 6 35* 30* 35 6 30* 25* 45
5 30 35* 40* 5 30 30* 30* 5 30 30* 35*

Original 4 30 25 40* 4 25 25 25* 4 30 30 40*
volute 3 50 35 60 3 25 20 20 3 25 30 50

2 -10 G G 2 20 15 20 2 30 30 90
1 70 70 65 1 20 25 25 1 25 25 35
0 40 50 50 0 20 25 25 0 25 25 30

A B C A B C A B C

7 30 25 7 25 25 7 35 45
6 25 30 45 6 25 30 30 6 35 45 65

Circular 5 20 40 35 5 30 35 30 5 25 60 40
volute 4 45 30 30 4 45 30 25 4 150 45 35

3 35 30 30 3 25 30 25 3 50 45 30
2 30 30 30 2 30 30 25 2 35 40 35
1 30 30 30 1 25 30 30 1 30 35 35

A B C A B C A B C

7 25 7 25 7 35
Modified 6 20 20 25 6 25 30 30 6 30 38 35
circular 5 25 25 25 5 30 30 25 5 30 30 30
volute 4 25 25 30 4 33 25 30 4 30 30 30

3 -10 35 30 3 30 30 25 3 35 30 30
2 35 30 25 2 30 25 30 2 35 30 30
1 30 30 25 1 25 30 25 1 30 30 35

* The flow is locally disturbed by an uneven joint between the volute and bottom plate.
G The tuft was sucked into the gap between the volute and bottom plate.

Figure 52.   The results of the surface flow visualisation in the exit cone. The numbers indicate the angle of the
whipping motion of each tuft.



84

At the design volume flow the surface visualisation shows fairly steady flow in each volute. In

the original volute slight local disturbances exist close to the uneven joint between the volute

and compressor bottom plate. In the circular volute a small vortex is dispatched from the

hump of the sharp tongue, which is seen as increased motion in tufts A4 and B5.

At high volume flow instabilities and considerable differences between the volutes arise. In

the original volute the flow is stable on tuft rows A and B but becomes more unsteady on row

C. The biggest disturbances occur next to the rectangular inner corner close to tufts C2 and

C3, but all of the tufts still point constantly downstream. In the circular volute clear

disturbance is dispatched from the sharp tongue due to the large incidence angle. This is

indicated by tuft A4, which oscillates violently and is on the edge of pointing upstream. The

vortex moves downstream along the swirling streamline hitting next tuft B5 and then tuft C6.

This disturbance is almost completely eliminated in the modified circular volute, in which the

tuft motion at high flow is only slightly increased in comparison to the design flow.

After the surface flow visualisation was carried out the surface tufts were removed and an

internal flow visualisation was made. A tuft was attached to the end of a thin stick and was

traversed across the exit cone starting from the position of the surface tuft B5. The movement

of the tuft was recorded and interpreted in a similar manner as that of the surface tufts. The

results of the internal flow visualisation are presented in table 2.

Table 2.   The results of the internal flow visualisation in the exit cone. The height is measured from the bottom
of the exit cone, and the numbers indicate the angle of the whipping motion of the tuft attached to the end of the
stick.

Original volute Circular volute Modified circular volute
Height Low Design High Low Design High Low Design High

0.80 30 30 25 45 35 30 360 25 -
0.75 35 35 35 60 35 35 360 30 30
0.50 45 35 45 360 35 50 360 45 45
0.25 40 30 25 50 15 35 70 25 25
0.00 35 20 25 30 25 40 30 25 30

The internal flow visualisation (table 2) reveals additional information on the flow. At the

design flow rate the flow in the exit cone is fairly steady in all volutes, as the surface

visualisation already showed. A small increase in the whipping angle is observed in the

middle of the cone. This is a result of two factors: firstly the shear stress and total pressure
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loss present in the vortex core is likely to cause some instability and additional turbulence, and

secondly the tuft begins to swirl with the flow when its attachment point is in the vortex core.

This swirling motion is seen as an increased angle of oscillation.

At high flow rate the flow behaviour resembles quite much that observed already in the

surface visualisation. The flow is fairly steady in the original volute apart from the somewhat

increased tuft movement in the middle of the cone. In the circular volute moderate

disturbances are observed throughout the exit cone. These disturbances are almost eliminated

in the modified circular volute. The increased tuft movement in the vortex core in all the

volutes is a direct result from the increased swirl velocity at high volume flow.

At low volume flow clear differences are seen in comparison to the surface visualisation. In

the circular volute the flow is very unstable in the middle of the exit cone and at times the tuft

even points upstream in the vortex core. This unsteadiness is increased in the modified

circular volute, where steady forward flow is seen only close to the bottom wall of the exit

cone. For some reason the exit cone of the circular and modified circular volutes stalls at low

flow according to the internal flow visualisation. The same tendency was also observed in the

static pressure measurements shown in figure 41. In the original volute some disturbances are

also present, but their order of magnitude is small.

4.7   Conclusions from the experimental work

A radial compressor with three different volutes was analysed experimentally. The overall

performance of the compressor as well as the static pressure distribution after the impeller and

on the volute surface were measured. The flow entering the volute was measured using a

three-hole Cobra-probe, and flow visualisations were carried out in the exit cone of the volute.

Only small differences in the performance of the compressor with the different volutes exist

according to the performance map and efficiency measurements. All the volutes performed

equally at the design point. The biggest differences were observed at low speeds and high

volume flows, i.e. when the flow entered the volute most radially. In this operating regime the

efficiency of the compressor with the modified circular volute was about two percentage

points higher than with the other volutes.
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The circumferential static pressure distribution measured on the volute surface showed a

typical behaviour for the volute. The pressure increased at small flow, stayed almost constant

at the design flow and decreased at high flow. The small decrease observed in the pressure at

the design flow indicates that the volute was slightly too small for the design flow of the

impeller.

The non-uniform static pressure distribution of the volute was transmitted backwards across

the vaneless diffuser and was observed at the impeller exit. At low volume flow a strong two-

wave pattern developed into the static pressure distribution at the impeller exit due to the

response of the impeller to the non-uniformity of pressure.

The static pressure measurements in the exit cone showed a desired pressure rise in the exit

cones of all volutes at most operating points. However, two small problem areas were found.

The pressure rise fell short from the desired in the end of the exit cone of the circular and

modified circular volutes at low volume flow and in the beginning of the exit cone of the

original volute at high flow.

The flow field at the volute inlet was measured in three circumferential locations with a three-

hole Cobra-probe. The circumferential static pressure distribution at the volute inlet followed

well the distribution measured on the volute surface. The distribution of the total pressure, in

turn, was noticed to be more uneven and a notch in the total pressure was found at the 180�

circumferential position at low flow. For these reasons the circumferential averaging of the

total pressure using only three points is questionable, but was performed in order to get an

estimate for the average static and total pressures at the volute inlet.

In order to judge the overall performance of the volutes and exit cones the total pressure loss

and static pressure recovery coefficients were calculated using the average pressures at the

volute inlet and exit cone outlet. The total pressure loss in each volute was seen to be lowest

at the design flow and to increase at high and low flows. When comparing the pressure loss of

the different volutes with each other, the modified circular volute was seen to perform best at

high and design flows, while the original volute had the smallest loss at low flow.

The surface flow visualisation in the exit cone showed steady turbulent flow at the design

volume flow in all volutes. Only a small vortex behind the sharp tongue of the circular volute
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was seen. At high volume flow some unsteadiness was seen in the original volute. In the

circular volute a notable disturbance originating from the sharp tongue was clearly present,

while the flow behind the rounded tongue of the modified circular volute was fairly steady. At

low volume flow the recirculation of the flow from the exit cone back to the beginning of the

volute was seen, but otherwise the flow was steady in all volutes.

The results of the internal flow visualisation were quite close to those of the surface

visualisation apart from the behaviour at low volume flow. At low flow the unsteady flow in

the exit cone of the circular and modified circular volutes was clearly demonstrated by the

violently oscillating tuft at the end of the stick.
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5   NUMERICAL CALCULATION

5.1   General

The compressor was analysed also numerically in the course of this study. This was done to

get a more detailed picture of the flow inside the compressor and volute than what could be

obtained experimentally. The computational domain consisted of the entire compressor

including the inlet pipe, inlet cone, full impeller, vaneless diffuser, volute, exit cone and the

exit pipe. Thus the boundary conditions could be given in the same locations where the

instrumentation of the test stand was. The analysis was performed only for the compressor

equipped with the circular volute. Therefore the computational results can be used to analyse

the flow in the compressor and volute, but not to compare the different volutes with each

other. The main targets of the numerical analysis were to find out reasons for the not so

optimal performance of the circular volute and to gain more information on effect of the

volute on the compressor and impeller flow.

The fully three-dimensional, viscous, turbulent flow was calculated using Finflo, a Navier-

Stokes solver developed at Helsinki University of Technology (HUT). The program was

obtained from the Laboratory of Applied Thermodynamics at HUT as a working package, so

the author of this thesis has not contributed to the programming of the flow solver.

The simplest way to calculate a radial impeller would have been to model one blade passage

only and to use periodic boundary conditions. This approach, however, cannot account for the

circumferentially varying conditions due to the volute, and therefore was not selected for the

present research.

The flow in this study was calculated using a so called quasi-steady approach, in which the

entire compressor was modelled. This accounts for the circumferentially varying conditions,

but demands a massively larger grid and more computational time than the analysis of one

blade passage only. The rotation of the impeller is accomplished by calculating the moving

parts in a rotating co-ordinate system. In other words the co-ordinate axes rotate, but no part

of the grid rotates. For this reason this method is sometimes called also frozen rotor

calculation. The drawback of the quasi-steady method is that no time-dependent phenomena
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can be calculated. In addition, strong wakes of the blades are present in stationary parts. In

reality the flow would be naturally mixed out in the diffuser as the impeller rotates.

The most accurate and complicated method would have been a time-accurate analysis, in

which the entire compressor would have been modelled. In that method the rotor mesh

actually rotates and the moving and stationary parts of the grid are connected using a sliding

mesh technique. In this way large scale time dependent phenomena can be captured. The

calculation is, however, time averaged as regards to the calculation of turbulence, since

Reynolds-averaged Navier-Stokes equations and an appropriate turbulence model are used.

The time-accurate method has been incorporated in Finflo and some calculations have already

been performed (Pitkänen et al. 1999, Reunanen et al. 2000). However, the requirement for

computational time is huge, and thus the use of that method is still limited. The quasi-steady

calculation performed in this work serves as a starting point for the time-accurate analysis,

because the grid is the same and the quasi-steady solution is used as an initial guess in the

time-accurate analysis. The purpose is to calculate the same case with the time-accurate

method in the near future.

5.2   Governing equations and their solution method

Finflo solves Reynolds-averaged Navier-Stokes equations (RANS-equations) utilising the

Finite Volume Method in a Cartesian co-ordinate system. Only an overview of the governing

equations and their solution mechanism is presented here. More details can be found for

example in Siikonen and Pan (1992), Siikonen (1995), Kaurinkoski and Hellsten (1998) and

Rautaheimo et al. (1999).

The RANS equations and the equations for the kinetic energy and dissipation of turbulence

can be written in a conservative form
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where the solution vector U is a vector of conservative variables
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and the inviscid fluxes are
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Here � is the density, u, v, and w are the absolute velocity components in a Cartesian co-

ordinate system, p is the pressure, E is the total energy, k is the kinetic energy of turbulence

and � the dissipation of the kinetic energy of turbulence. The co-ordinate system rotates

around the x-axis with an angular velocity �. Thus the rotational speed of the domain is

� �TyΩzΩrΩ ,,0 ���

�

�

(30)

The convective i.e. relative speeds are given by

� �iii rΩuu
�

�

���� (31)

thus the individual components of the relative speeds are
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The total energy E is defined as

kwvueE ��� �
��
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(33)

where e is the specific internal energy. The pressure is calculated from the equation of state of

perfect gas

� � ep �� 1�� (34)

where � is the ratio of specific heats. The source term Q on the right hand side of equation

(27) is a vector of conservative variables.

� �Tk QQvΩwΩQ
�

�� ,,0,,,0,0 �� (35)
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It has got non-zero components for the equations of y- and z-momentum due to the rotation.

Also the equations of turbulence need source the terms Qk and Q�, which are described in

chapter 5.3.

The viscous fluxes in equation (27) are
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where qi is the heat flux, �k is the diffusion coefficient of k, �� is the diffusion coefficient of �

and the viscous stress tensor is
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where � is molecular viscosity and ''''
ji uu�  the Reynolds Stresses. The Kronecker's Delta

function �ij is defined as
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For the finite volume method, equation (27) is written in an integral form for a fixed region V

with a boundary S

� � ��� ���

VSV

dVQSdUFdVU
dt
d ��

(39)

where U is the vector of conservative variables defined in equation (28) and )(UF
�

is the flux

vector. A discrete form of equation (39) is obtained by performing the integrations for a

computational cell i

ii
faces

i
i QVFS

dt
dU

V ��� � � (40)

where S is the area of the cell face and the sum is taken over the faces of the computational

cell i. The flux F� for each face is defined by
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� � � � � �vzvyvx HHnGGnFFnF ������
� (41)

where nx, ny and nz are the x-, y- and z-components of the unit normal vector. F, G and H are

the inviscid and Fv, Gv and Hv the viscous fluxes in the x, y and z-directions as defined by

equations (29) and (36).

The inviscid i.e. convective fluxes F, G and H are evaluated using Roe's flux difference

splitting in a moving grid (Roe 1981). A MUSCL-type approach has been adopted for the

evaluation of the primary flow variables (�, u, v, w, p) on the cell surfaces (Siikonen 1998).

The viscous i.e. diffusive fluxes Fv, Gv and Hv are evaluated using a thin-layer approximation

(Siikonen 1998). The thin-layer model is activated in all co-ordinate directions.

Equation (40) is integrated in time implicitly by applying the DDADI-factorization (Lombard

et al. 1983). The resulting implicit stage consists of a backward and forward sweep in every

co-ordinate direction. The boundary conditions are treated explicitly, and a spatially varying

time step is utilised. Furthermore, a multigrid acceleration of convergence is used. Hence, the

integration is not accurate in time, but provides an iterative way to approach the steady-state.

5.3   Turbulence modelling

The calculation of turbulence is the most problematic part of computational fluid dynamics. In

practical engineering calculations direct numerical simulation (DNS) is out of question and

large eddy simulation (LES) practically impossible due to the vast amount of computational

resources required. Reynolds-stress models are complicated and require also extensive

computational power. The simpler methods, like two equation models or algebraic models, are

often too simple and inaccurate in describing turbulence.

Rautaheimo et al. (1999) have compared the following three different turbulence models in a

radial compressor calculation:

- Algebraic model of Baldwin and Lomax (1978)

- Two equation k-� model of Chien (1982)

- Reynolds-stress model of Speziale et al. (1991)
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Rautaheimo et al. (1999) conclude that the overall performance of the compressor was well

predicted with the Baldwin-Lomax and Chien's k-� models, whereas the Reynolds-stress

model slightly under-predicted the pressure ratio and efficiency. However, the vortices due to

the tip clearance flow were best captured using the Reynolds-stress model. An interesting

conclusion is that Chien's k-� model predicted the overall performance of the compressor

relatively correctly even with a very coarse grid. The Reynolds-stress model is reported to be

the most sensitive to grid size. All of the comparisons were made at the design point and no

separation of the flow was observed. This contributes to the good results and small differences

observed between the models.

Turunen-Saaresti (2001) has calculated the present case with the Baldwin-Lomax and Chien's

k-� models. He concludes that in general Chien's k-� model gave better results than the

Baldwin-Lomax. This was observed both in the overall performance of the compressor and in

the pressure distribution and pressure loss of the volute. The Baldwin-Lomax model was also

found to be more sensitive to grid size than Chien's k-� model.

For the above-mentioned reasons the final results for the present case were calculated using

Chien's k-� model and only those results are presented in this work. Chien's k-� model is a low

Reynolds number turbulence model, which means that the flow is calculated all the way to the

surface i.e. no wall functions are used. This approach requires the grid to be dense near the

surface, since the velocity gradients in a turbulent flow are strong close to the walls. The

number of computational cells in the boundary layer should be 20 - 30 and the non-

dimensional height of the first cell y+ � 1, if the boundary layer is to be calculated correctly. In

the model the Boussinesq approximation i.e. the eddy-viscosity assumption is made for the

Reynolds-stresses.
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where �T is the turbulent viscosity. The source terms for equation (35) in Chien's model are
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where yn is the normal distance from the wall and y+ is the non-dimensional distance from the

wall defined as

w

w
n

w
n yuyy

�

��

�

�
�

��
� (44)

where u� is the friction velocity, �w is the molecular viscosity on the wall and �w is the shear

stress on the wall. In Chien's model �~  is solved instead of the commonly used �. �~ is defined

so that it obtains zero value on the wall and the normal dissipation � can be solved from

22~
ny

k
�

�
�� �� (45)

The production of turbulent kinetic energy P is modelled using the Boussinesq approximation
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In the k-� model the turbulent viscosity �T is calculated from

�

�
�

� ~
2kCT � (47)

In order to avoid unphysical growth of the turbulent viscosity, the production of turbulent

kinetic energy is limited as suggested by Menter (1994)

� ���~20,min PP � (48)

The diffusion coefficients �k and �� used in the viscous fluxes, see equation (36), are

calculated as
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The empirical coefficients used in the equations for k and � are
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where the turbulence Reynolds number is defined as ���
~Re 2kT � . More details on the

application of Chien's k-� model in Finflo are given in Siikonen (1995).
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5.4   Geometry and grid

As already mentioned, the calculation domain included all parts between the inlet and outlet

measurement planes of the test stand. In other words the inlet boundary was located 1.05 m

before the impeller and the outlet boundary 1.60 m behind the exit cone of the volute. The

geometry was modelled and the grid generated in the Laboratory of Applied Thermodynamics

at Helsinki University of Technology.

The main geometrical parameters of the compressor and circular volute were described in

chapter 3. Some details of the geometry are shown in figure 53. The inner diameters of the

inlet and exit pipes are 10 mm greater than the corresponding diameters of the inlet and exit

cones, because the compressor mounting requires the outer diameters to be the same and the

cast parts have greater wall thickness than the pipes. This causes a small step at the

compressor inlet and outlet and was taken into account in the computational model as shown

in figure 53. For simplicity, the impeller tip clearance was not modelled. Also, the hub surface

at the impeller exit is located slightly higher than the diffuser hub wall due to the

manufacturing tolerances in the test compressor. Thus the impeller blade passage height is

17.5 mm, but the vaneless diffuser height is 20.4 mm. The difference in height was assumed

to be wholly on the hub surface in the computational model and was modelled as a step at the

impeller exit, figure 53 on the right.

     Step at the inlet   Step at the outlet   Step at the impeller exit

        

Figure 53.   Three details of the geometry. From left to right: forward facing step at the inlet cone inlet, backward
facing step at the exit cone outlet and backward facing step at the impeller exit.

The grid is structured and constructed of 33 different blocks, see figure 54. The inlet pipe and

inlet cone were modelled with blocks 1 - 13, the impeller was modelled with blocks 14 - 27,

the diffuser with blocks 28 and 29, the volute with block 30, the exit cone with block 31 and

the exit pipe with blocks 32 and 33. The grid size was about 5 000 000 computational cells on
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the finest i.e. on the first grid level. The surface grid on the coarsest i.e. on the third level is

shown in figure 55. A view of the diffuser and volute grid on the first level at the 360�

location is seen in figure 56. All of the calculations in this work were first calculated on the

third, then on the second and finally on the first level. In this way a rather accurate initial

guess was quickly calculated for the large grid of the first level. The detailed information on

the grid size in different blocks and on different levels is given in appendix C.
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Figure 54.   The location of the different blocks of the grid.
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Figure 55.   Surface grid of the whole computational domain on the third i.e. coarsest grid level.

Figure 56.   Grid of the volute and diffuser cross-section on the first i.e. finest grid level at the 360�
circumferential position. The step at the impeller exit is seen in the bottom right corner.
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The grid was clustered on the surfaces in all blocs except in the volute and the exit cone. The

grid of the volute was constructed of one H-type block only due to the complexity of the

volute and tongue modelling, thus it could not be clustered on the surfaces. The adjoining

block of the exit cone had to be constructed in a similar way. The grid density on the surfaces

is shown in figure 57 using the non-dimensional distance y+ defined by equation (44). The y+

is taken from the design flow calculation on the first grid level in the following locations:

- inlet pipe wall at the 0� circumferential location
- inlet cone wall at the 0� circumferential location
- impeller full blade suction side in block 14 about half way between the hub and shroud

(at about 0� circumferential location)
- diffuser shroud wall at the 0� circumferential location
- volute top along the circumference
- exit cone top
- exit pipe top

0
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150

200

250

300

350

distance from inlet

inlet pipe

inlet
cone

impeller

diffuser

volute exit cone exit pipe

y+

Figure 57.   Surface y+ throughout the computational domain.

The y+ is around 10 in the inlet pipe, 10 - 20 in the inlet cone, 20 - 30 in the impeller, 30 - 50

in the diffuser, 100 - 300 in the volute, 50 - 200 in the exit cone and 50 - 200 in the exit pipe.

The grid density near the surfaces would be adequate except in the volute, exit cone and exit

pipe, if a high Reynolds number turbulence model with a wall function were used. For a low

Reynolds number model the grid is far too coarse. It is evident that the boundary layer cannot

be calculated correctly with the current grid density, since the low Reynolds number k-�

turbulence model used in the calculations requires y+ to be about 1. The coarse grid causes

problems especially in the diffuser, volute and exit cone, because the boundary layer tends to

separate due to the pressure gradient. Also the effect of the backward facing step at the

impeller outlet and exit cone outlet cannot be estimated correctly due to the coarse grid.
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However, the grid was generated in this way in order to get a sufficiently good qualitative

result with the computational resources available. The number of cells is already big and the

computational time relatively long. Also the results from Rautaheimo et al. (1999) show that it

is possible to get relatively good results even with a coarse grid using the selected turbulence

model. Naturally this is by no means a guarantee that the calculation would always work with

a coarse grid.

5.5   Boundary conditions and numerical parameters

The inlet boundary condition was given 1.05 meters before the impeller leading edges. The

mass flow, total enthalpy and flow direction were given as the boundary conditions. The inlet

static pressure was extrapolated from the calculated flow field and the density was calculated

using the static pressure and the given total enthalpy. The turbulence intensity was assumed to

be Tu = 2% and the non-dimensional turbulent viscosity �T/� = 10. The flow was assumed to

be fully axial and the velocity as well as the turbulence quantities were assumed to have a

constant distribution at the inlet. The velocity and turbulence profiles will develop a natural

form before the impeller thanks to the relatively long inlet pipe.

The outlet boundary condition was defined at the end of the exit pipe 1.60 meters downstream

from the exit cone of the volute. A constant distribution of static pressure was given as the

outflow boundary condition. The rest of the flow variables were assumed to have a constant

gradient at the outlet. The use of the rather long exit pipe allows a non-uniform distribution of

the flow variables to exist at the end of the exit cone.

Each calculation was started with the first order discretisation of the convective fluxes, to

increase robustness. When the solution had converged enough, second, and finally third order

discretisation was used in all calculations. The Courant number, which controls the local time

step, was varied according to the convergence between 1 and 2. Multigrid acceleration in

levels 1 - 3 was used in all blocks.
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6   NUMERICAL RESULTS

6.1   Calculated cases and convergence

The calculation was performed at the design speed at three volume flows denoted with low,

design and high. Originally, the same volume flows that were used in the measurements were

selected. However, during the calculation it was noticed that the calculation at low flow did

not converge at all. For this reason the volume flow for the low flow calculation was increased

from qv/qv des = 0.65 to qv/qv des = 0.74. This specific flow was chosen because the radial force,

diffuser static pressure and volute static pressure measurements were also carried out at that

flow. Thus only the Cobra-probe and detailed efficiency measurements were not available for

direct comparison at low flow.

Figure 58 shows the convergence history of the calculations at low, design and high flows.

The convergence criterion was based on the L2-norm of the residuals of density, L2-norm of

the residuals of momentum in y-direction, averaged pressure and averaged temperature. In

practise is has been observed that the averaged temperature is usually the last quantity to reach

a constant value in compressor calculations. The number of iteration cycles required was

about 14 000 for the design, 24 000 for the high and 45 000 for the low flow. The computation

was performed at CSC - Scientific Computing Ltd with a Silicon Graphics Origin 2000

equipped with R12000 processors. The calculation was run in a parallel mode with six

processors. The computational time was about one minute for one cycle, thus the total wall

clock time required was as much as 230 hours for the design, 400 hours for the high and 750

hours for the low flow. Naturally the overall CPU-time consumed was about six times greater.

It can be seen that the solution at the design and high flows is reasonably well converged, but

at low flow oscillations still exist. An attempt was made to dampen the oscillations by

switching on the flux limiters after 24 000 cycles. This was of little help, as the convergence

history shows, so the limiters were switched off at 31 000 cycles and the calculation was let to

converge as much as possible. This attempt partially contributes to the requirement of large

number of iterations at low flow. It has to be concluded, however, that the calculation at low

flow is not fully converged and the result must treated with extreme caution.
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Low Design High

  

  

  

  

Figure 58.   Convergence history of the density residual, momentum residual, averaged pressure and averaged
temperature at low, design and high flow.

The presumable reason for the oscillations at low flow can be seen in figure 59. The step at

the impeller exit causes the flow to separate on the hub surface at the diffuser inlet. Due to the

far too coarse grid in the diffuser, the separation and re-attachment of the flow cannot be

calculated correctly. At low flow the pressure gradient in the diffuser is so strong that a large

area of reverse radial velocity forms onto the hub wall of the diffuser. According to the
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monitor file, the biggest residuals at low flow were always in this region, which indicates that

the solution oscillated in the separated area.

Figure 59.   Radial velocity vectors in the diffuser and volute at the circumferential location of 180� at low,
design and high flow.

Certainly the step causes a small separation in the reality as well, but such a large area of

negative radial velocity is not supported by the measurements made at the diffuser outlet (see

chapter 4.4). The separated region becomes the smaller the higher the flow is, but it is over-

predicted at all flows. This results in an incorrect volute inflow condition. Contrary to the
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reality, the radial velocity at the volute inlet increases as the volume flow decreases, since the

reverse flow blocks most of the diffuser flow area and forces the forward flow close to the

shroud wall to a narrow high speed jet. As a result of this the swirl inside the volute is too

strong at low flow. The intensity of the swirl can be characterised by the non-dimensional

swirl number, S, which is defined as a ratio of the axial flux of swirl momentum to the axial

flux of axial momentum (Gupta et al. 1984).
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where � is the density, cthrough the through flow velocity, cswirl the swirl velocity, r the radius

from the centre of the volute cross-section to each point, rw the radius from the centre of the

cross-section to the volute wall and p the static pressure. If the contributions of the fluctuating

components and the pressure gradient to the momentum fluxes are assumed to be negligible,

equation (51) can be simplified to
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The swirl number in the whole volute channel calculated according to equation (52) is 0.054

at low flow, 0.043 at the design flow and 0.046 at high flow. Figure 60 shows the swirl

number in the different volute cross sections for the low, design and high flows. It is seen that

the swirl is the strongest at low flow and about equally strong at the design and high flows.
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Figure 60.   Swirl number in the different volute cross-sections at low, design and high flow.
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6.2   Overall performance of the compressor and the volute

In order to calculate the overall performance of the compressor and its specific parts, the

numerical results were averaged using mass flow -based weighting

�
� �
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iinii

cA
xcA

x
�

�
(53)

where xi is the quantity to be averaged, �i the density, Ai the area and cni the velocity normal to

the area Ai in each computational cell i. The mass flow averaged values were calculated for

the compressor inlet and outlet as well as for the states 2, 3, 4 and 4'.

Table 3 shows the calculated and measured overall isentropic total-to-total efficiency and

pressure ratio of the compressor at three volume flows. The measured values in table 3 are

taken from the detailed efficiency measurements described in chapter 4 except for the low

flow, which is higher than the low flow in the detailed measurements. Thus the measured

overall performance of the compressor for the calculated low flow is taken from the

performance map by interpolating the required point.

Table 3.   Calculated and measured isentropic total-to-total efficiency and pressure ratio of the compressor at
low, design and high flow.

qv ref    [ - ] ���� t-t      [ - ] ����s t-t     [%]
CFD measured CFD measured CFD measured

Low flow 0.74 0.74 2.07 2.12 76.1 76.3
Design flow 0.99 1.00 2.01 2.01 79.3 76.0
High flow 1.15 1.17 1.87 1.85 76.5 68.8

It is seen that the pressure ratio is predicted extremely well at the design and high flows and

reasonably well at low flow. The isentropic efficiency is correct at low flow, but is over-

predicted at the design and high flow. The discrepancies are most likely due to the too coarse

grid especially near the surfaces and in the volute. The over-predicted efficiency and correct

pressure ratio at high and design flows indicate that the temperature rise is slightly under-

predicted in the calculation. As the flow rate decreases, the increased loss in the diffuser due

to the flow separation compensates this. At low flow the pressure ratio falls short of the

measured one due to the high loss in the diffuser. This together with a slightly under-predicted

temperature rise results in correct efficiency at low flow.



105

The numerical calculation and averaging allows the different components and their parts to be

examined separately. A good overview of the overall performance of the compressor and its

different components can be seen in the h,s-diagram presented in figure 62. The calculated

performance of the diffuser, volute and exit cone is presented in table 4 using the static

pressure recovery coefficient and the total pressure loss coefficient. In addition, figure 61

shows the overall performance of the volute and the exit cone as a function of the volume

flow, as well as comparison to the experimental data.

The following conclusions can be made from table 4 and h,s-diagrams:

� The impeller performance is high at the design and low flows (the most vertical line in the

h,s-chart) and decreases at high flow.

� The diffuser (2�3) is not performing very well, and the losses in the diffuser increase as

the flow decreases. The phenomenon is mainly due the flow separation on the hub surface

and is exaggerated in the calculation.

� The calculated loss of the volute (3�4) is the highest at low flow and has an equal value

at the design and high flows. This is contradictory to the trend reported for example by

Ayder (1993), but corresponds well with the calculated swirl number in the volute. When

the performance is examined between states 3 and 4', the losses increase only slightly at

low and design flows, but moderately at high flow indicating that the tongue region causes

additional losses at high flow. When the exit cone is added to the examination, the main

increase of losses occurs at high flow and a moderate increase at low flow. Thus the

calculated total pressure loss in the volute and exit cone combination (states 3�5) is the

highest at low flow, the smallest at the design flow and moderate at high flow. This kind

of behaviour differs somewhat from those reported by other researchers, see figure 2, due

to the incorrect swirl. The calculated loss corresponds fairly well with the measured one,

however, although the level of the loss is slightly under-predicted. This is most likely due

to the far too coarse grid in the volute, especially near the surfaces.

� The static pressure in the volute (3�4) increases at low flow, stays practically constant at

the design flow and decreases at high flow as expected. When the volute and the exit cone

are analysed together (3�5), the static pressure rises at all flows due to the pressure

recovery of the exit cone. Also, the variation of the pressure rise as a function of the

volume flow is smaller than for the volute alone. The calculated trend follows reasonably
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well the measured one, although the calculation slightly over-predicts the static pressure

rise between states 3 and 5.

� The static pressure rises considerably in the beginning of the exit cone (4�4') at all

volume flows. This part is, however, connected to the diffuser through the tongue gap,

causing this high pressure to significantly increase the static pressure non-uniformity

around the diffuser circumference.

Table 4.   Calculated total pressure loss and static pressure recovery coefficients of the diffuser, volute, exit cone
beginning, exit cone end and volute-exit cone combination at low, design and high flow.

Total pressure loss, Kp Static pressure recovery, Cpr

Component States Low Design High Low Design High

Diffuser 2�3 0.36 0.30 0.27 0.39 0.50 0.56

Volute 3�4 0.32 0.21 0.21 0.32 0.04 -0.37

Exit cone beginning 4�4' 0.07 0.02 0.05 0.56 0.60 0.48

Exit cone end 4'�5 0.32 0.11 0.17 0.49 0.67 0.63

Exit cone total 4�5 0.19 0.06 0.13 0.74 0.86 0.78

Volute + exit cone beg. 3�4' 0.34 0.22 0.27 0.53 0.49 0.19

Volute + exit cone total 3�5 0.39 0.25 0.36 0.59 0.69 0.53
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Figure 61.   The calculated overall performance of the volute (3�4), the volute + exit cone beginning (3�4')
and the volute + exit cone (3�5) as well as comparison to the experimental data.
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Figure 62.   Calculated h,s-diagram of the compressor at low, design and high flow.
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6.3   Circumferential distribution of the flow variables in the diffuser and the volute

The calculated total and static pressures at the vaneless diffuser inlet and outlet were averaged

spanwise across the diffuser height using mass flow -based averaging in order to examine the

circumferential distortion caused by the volute.

Figure 63 shows the circumferential distribution of the spanwise averaged static and total

pressure at the diffuser inlet at radius ratio r/r2 = 1.01. The static pressure measured on the

shroud wall is shown for comparison. Both the calculated and measured pressures are made

non-dimensional by dividing them by the total pressure at the compressor inlet. The wakes of

the 14 blades are distinct both in the static and total pressure. The calculated static pressures

agree well with the measured ones, although straight comparison is slightly difficult, since the

measured static pressure is time averaged. The non-uniformity of the volute can be seen at the

diffuser inlet. The static pressure along the circumference is almost constant at the design

flow, decreases at high flow and increases at low flow, when the individual wakes are filtered

out. The same trend can be found in the total pressure as well, but the strong wakes make it

difficult to see. It is also seen that the two-wave pattern of the static pressure at low flow is

not captured by the calculation. The reason for this is most likely the inability of the quasi-

steady calculation to capture the time-dependent phenomena, which determine the impeller

response to the non-uniform pressure distribution.
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Figure 63.   Circumferential distribution of the spanwise averaged non-dimensional static and total pressure at
the vaneless diffuser inlet at radius ratio r/r2 = 1.01. The static pressure measured on the shroud wall is shown for
comparison.



109

The circumferential distribution of the calculated spanwise averaged static and total pressure

at the diffuser outlet at radius ratio r/r2 = 2.02 is shown in figure 64. The spanwise averaged

static and total pressures measured with the Cobra-probe are shown for comparison, but it has

to be remembered that the low flow during the measurement was smaller than during the

calculation. The wakes have been attenuated considerably in the diffuser. It is interesting to

note that only 7 wakes corresponding to the number of full blades can be seen in the total

pressure. The wakes are clearly smaller in the static pressure, as was the case at the inlet of the

diffuser as well. The calculated static and total pressures agree very well with the measured

ones at high flow, at the design flow the agreement is still fairly good, but at low flow

discrepancies exist. The calculated static pressure rise falls short from the measured one due

to the incorrect flow separation in the diffuser. The difference is enhanced by the fact that the

flow in the calculation was 14% bigger than during the measurement.

The non-uniformity of the static pressure is clearly seen at the diffuser outlet. At high flow the

static pressure is at the highest in the beginning of the volute and decreases steadily along the

circumference until a rise just before the 360� location begins. At low flow the static pressure

is at the lowest around the tongue and increases first strongly and then moderately along the

circumference. At the design flow the static pressure is fairly constant apart from a small peak

in the area between 350� and 45�. This peak is caused by the strong diffusion in the beginning

of the exit cone (states 4�4'). Since the beginning of the exit cone is connected to the

diffuser, the local pressure rise is transmitted over to the diffuser. This phenomenon augments

the circumferential pressure gradient in the same location at low and high flows as well.
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Figure 64.   Circumferential distribution of the spanwise averaged non-dimensional static and total pressure at
the vaneless diffuser outlet at radius ratio r/r2 = 2.02.
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The total pressure decreases at high flow, stays fairly constant at the design flow, and

increases slightly at low flow, as expected. However, the peak point is no longer situated in

the same location as the peak of the static pressure. This phase shift is discussed below in

connection with figure 66.

The calculated and measured distribution of static pressure on the volute and exit cone top

surface is shown in figure 65. The length of the exit cone is transformed into angles in order to

present the pressures in the same figure, thus the angles between 0 and 360� represent the

volute and the angles between 360� and 457� represent the exit cone. The pressure is again

non-dimensionalized by dividing it by the total pressure at the compressor inlet. The

agreement between the calculated and measured pressures is very good except at low flow. At

low flow the trend is correct, but the pressure level in the volute is too low due to the too

small static pressure rise in the diffuser. The separation observed already in the experiments in

the exit cone of the circular volute at low flow is seen as poor static pressure rise also in the

calculation. The non-uniformity of the pressure at off design conditions is clearly seen on the

volute top, too. The beginning of the exit cone, which is connected to the diffuser, is located

between 360� and 389�. Static pressure rise in this area is evident, and it increases the pressure

asymmetry at the diffuser outlet. It is interesting to note that the calculated pressure drops

sharply in the 360� location. The same drop is seen in the measurements, but more weakly.

The apparent reason for the local pressure drop is the rather sharp transition from the volute to

the exit cone.
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Figure 65.   Circumferential distribution of the non-dimensional static pressure on the volute and exit cone top.
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Figure 66 shows the calculated static and total pressures at the impeller exit at r = r2 and at the

vaneless diffuser outlet at r/r2 = 2.02 at low, design and high flow. The pressures at the

diffuser outlet are spanwise averaged, and are the same ones as presented in figure 64. The

pressures at the impeller exit are averaged in each blade passage, thus only 14 values are

presented along the circumference. In this manner the wakes are eliminated and the

circumferential variation is seen better. It can be noted that only a small variation in the static

pressure between the adjacent blade passages is present. The total pressure, however,

fluctuates more between the neighbouring passages. A small difference between the full and

splitter blade would be physically viable, but such a large variation as observed at low flow is

an indication of poor convergence.

The distribution of the static pressure is transmitted from the volute across the diffuser to the

impeller exit without a phase shift. In other words the high and low static pressures are located

at the same angles both at the impeller and diffuser outlets. The distribution of the total

pressure, in turn, shows a phase shift between the impeller exit and diffuser outlet. The high

static pressure at the impeller blade passage exit causes that blade passage to produce high

total pressure. The high total pressure released at the impeller exit hits the diffuser outlet

about 150� later at low flow, some 90� later at design flow and approximately 50� later at high

flow. This delay corresponds to the shape of the logarithmic spiral stream lines in the diffuser,

and is actually a result of the same phenomenon as shown in figure 47. The same behaviour

has also been reported by Hillewaert and Van den Braembussche (1999). In the present

analysis only time averaged simulation was performed, and thus not all the time-dependent

phenomena were captured as was the case in Hillewaert and Van den Braembussche (1999).

Also the strong wakes in the total pressure due to the quasi-steady analysis make the phase

shift more difficult to see.
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Figure 66.   Circumferential distribution of the static and total pressure at the impeller and diffuser outlet. The
pressure at the impeller outlet is mass flow averaged in each blade passage and the pressure in the diffuser outlet
is spanwise averaged.
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Figure 67.   Static pressure at the vaneless diffuser inlet (left) and outlet (right).
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Figure 68.   Total pressure at the vaneless diffuser inlet (left) and outlet (right).
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Figure 69.   Isentropic total-to-total efficiency at the vaneless diffuser inlet (left) and outlet (right).
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Figure 70.   Static pressure (left) and total pressure (right) in the volute and exit cone at low flow.

 

Figure 71.   Static pressure (left) and total pressure (right) in the volute and exit cone at the design flow.

 

Figure 72.   Static pressure (left) and total pressure (right) in the volute and exit cone at high flow.
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Figures 67 - 69 show detailed distribution of the flow variables at the vaneless diffuser inlet at

r/r2 = 1.01 and outlet at r/r2 = 2.02. The cylinder surfaces are transformed to a plane in such a

manner that the view is from inside out and the impeller rotates from left to right. A full blade

is located at 0� and a splitter at 25.7�.

Figure 67 shows the static pressure. In the hub-shroud direction the highest static pressure at

the diffuser inlet is near the hub surface. This is due to the curvature of the flow as it turns

from axial to radial direction in the impeller. This distribution evens out in the diffuser

resulting in a fairly constant distribution in the hub-shroud direction at the diffuser outlet,

which was also confirmed by the measurements (see chapter 4.4). In the circumferential

direction the non-uniformity caused by the beginning of the exit cone and volute is clearly

seen at the diffuser outlet and inlet. At the diffuser inlet the variation between the pressure and

suction sides of the 14 blades is also easily seen. The static pressure is at the lowest on the

suction side of the splitter blade near the shroud. The individual wakes are evened out very

much in the diffuser.

Figure 68 shows the total pressure. At the diffuser inlet the backward facing step is seen as a

low total pressure zone near the hub surface. The step causes the boundary layer on the hub

wall to grow and the flow to funnel towards the shroud, which is seen as a high total pressure

near the shroud at the diffuser outlet. This phenomenon is exaggerated in the calculation,

since the measurements (chapter 4.4) show almost symmetric distribution of the total pressure

in the hub-shroud direction at the diffuser outlet. At the diffuser inlet two maxima in the total

pressure can be seen in the hub-shroud direction. The total pressure is high near the hub wall

above the step, as the static pressure is high in that area. However, the total pressure is at the

highest on the suction side of a splitter blade near the shroud. This is an indication of a high

velocity in that area. The well-known behaviour of a radial impeller is that the relative

velocity becomes almost zero or in some cases even negative near the suction side at the

impeller exit (Japikse 1996). This results in a high absolute velocity as the local flow velocity

becomes almost equal to the pheripherical speed of the impeller.

Figure 69 shows the total-to-total isentropic efficiency. The step at the impeller exit and the

boundary layer growth and separation due to the step is seen as low efficiency zones near the

hub. At the diffuser inlet the efficiency is low on the blade suction side near the shroud, as

expected. The efficiency on the suction side of the splitter blade seems to be slightly lower
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than on the suction side of the full blade. However, at low flow another low efficiency zone

develops onto the suction side of a full blade near the hub. It is uncertain whether the impeller

really operates in this way or whether it is only a result of incorrect diffuser calculation and

convergence problems. In the circumferential direction the effect of the individual blades can

easily be seen, but it is interesting to note that the efficiency varies fairly little along the

circumference. At high flow the efficiency decreases and at low flow increases along the

circumference, but as already mentioned, the variation is small. The volute distorts the

pressure distribution, but the total temperature distribution follows quite well the total

pressure distribution, resulting in fairly average total-to-total efficiency along the

circumference.

Contrary to the above result, Ayder et al. (1993) report a circumferentially constant tangential

velocity distribution, which is an indication of circumferentially constant energy input of the

impeller. Since the total pressure varies along the circumference, Ayder et al. (1993) conclude

that the impeller efficiency varies along the circumference. However, the measurements of

Hübl (1975) show a clear variation in the tangential velocity along the circumference. In the

areas of low total pressure also the tangential velocity is reported to be lower. The

measurements of Hagelstein et al. (2000) also show that the circumferential variation of the

total pressure and total temperature follow each other quite well. These findings support the

result of a rather constant impeller efficiency along the circumference.

6.4   Flow structure in the volute and the exit cone

The distribution of the static and total pressure inside the volute and the exit cone at different

volume flows is presented in figures 70, 71 and 72. Five cross-sections of the volute channel,

marked with the angle �, are seen on the left and four cross sections of the exit cone, marked

with the distance from the cone origin, on the right side of each figure. Also a small part of the

very beginning of the volute channel is seen next to the cross-section of the exit cone at the

200 mm position. That part is not, however, correctly projected to the plane of the paper.

The static pressure variation is seen on the left. The radial pressure gradient caused by the

through flow velocity and the circumferential curvature of the volute is clearly seen in the

volute channel. The lowest static pressure is always close to the inner wall. The pressure
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gradient caused by the swirl in the volute channel is far weaker. A few circular-like contours

in the volute cross section are present in the beginning of the volute only.

In the straight exit cone the radial static pressure gradient naturally disappears. Thus the weak

pressure gradient caused by the swirl (i.e. low static pressure in the middle and high static

pressure close to the walls) can be observed. At high flow the disturbance of the sharp tongue

is seen also in the static pressure distribution as a low-pressure zone.

The total pressure distribution is seen on the right. First, a comment must be made concerning

the present quasi-steady calculation method. The wakes of the impeller full blades are distinct

at the volute inlet, see figure 64. This is also seen in the total pressure distribution of the

volute. For example a high-pressure wake enters the volute at � = 45� at low flow, at � = 90�

and at � = 180� at the design flow and at � = 90�� at � = 180� and at � = 270� at high flow.

This fluid with high total pressure is wrapped around the volute cross section and carried

through the volute by the swirl and through flow velocities. For this reason no exact

comparison between the consecutive cross-sections can be made.

A low total pressure zone is always present in the middle of the volute channel. At the design

flow the total pressure distribution seems to be more uniform than at low and high flows.

In the exit cone a very co-centric distribution of total pressure is seen at low flow. The low

total pressure zone in the middle of the cone corresponds to the area of the highest

unsteadiness observed in the internal flow visualisation. The low total pressure zone caused

apparently by the separation at the tongue is seen right in the beginning of the small volute

channel at low flow.

At the design flow the total pressure distribution in the exit cone is fairly constant apart from

the low-pressure zone in the lower and left side of the cone. At high flow this area of low total

pressure grows considerably and leads to unstable flow in the upper left part of the exit cone

at the end of the cone. Also, the sharp tongue causes a small area of low total pressure behind

the tongue at high flow. This is seen clearly in the bottom of the cross sections of 200 mm and

300 mm. However, it is interesting to note that the low total pressure zone originating from

the tongue is far smaller than the other low total pressure zone in the exit cone.



118

The swirl velocity vectors in the volute and the exit cone are shown in figures 73 - 75.

However, the vectors in the very beginning of the volute (next to the cross-section of the exit

cone at the 200 mm position) should not be considered, since they are falsely projected. The

same comment that was made for the total pressure applies for the swirl velocity as well. At

certain cross sections a high swirl velocity wake enters the volute, which makes the vector

plot to look a little uneven.

The swirl velocity vectors correspond relatively well with the swirl number presented in figure

60. At low flow the swirl for example at � = 180� and at � = 360� is stronger than at the

design or high flows. A single vortex is observed in all cross-sections at all flow rates, which

is typical for a volute with a tangential inlet (Hübl 1975, Ayder 1993, Hagelstein et al. 2000).

In most cross-sections a forced vortex flow is seen. The deviation from it at low flow and in

some cross-sections at the design and high flows is very likely due to the high and low swirl

wakes that enter the volute. At high flow the disturbance of the tongue is seen in the exit cone

as a reverse swirl next to the tongue in the 200 mm cross-section and as a locally reduced

swirl in the bottom of the 300 mm cross-section.

Figure 73.   Swirl velocity vectors in the volute and exit cone at low flow.
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Figure 74.   Swirl velocity vectors in the volute and exit cone at the design flow

Figure 75.   Swirl velocity vectors in the volute and exit cone at high flow.
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6.5   Conclusions from the numerical analysis

The complete compressor with the circular volute (inlet pipe, full impeller, diffuser, volute

and outlet pipe) was analysed using computational fluid dynamics (CFD). A fully three-

dimendional viscous flow was solved using a Navier-Stokes solver, Finflo, developed at

Helsinki University of Technology. The simulation was made at three different flow rates, and

was based on the quasi-steady i.e. frozen rotor approach, in which the whole grid is stationary,

but the co-ordinate axes rotate. Chien's k-� model was used to take account of the turbulence.

The modelling of the entire compressor required a large grid of about 5 000 000

computational cells, but even then the grid was too coarse in the boundary layers particularly

in the diffuser, volute and exit cone. This led to over-predicted separation of the flow in the

diffuser and convergence problems especially at low flow rate. The problems in the diffuser

calculation reflected also to the volute, since the volute inflow condition is produced by the

diffuser.

The overall pressure ratio of the compressor was very well predicted at high and design flows,

but under-predicted at low flow due to the separation in the diffuser. The overall efficiency of

the compressor was slightly over-predicted at high and design flows but correctly calculated at

low flow.

The total pressure loss of the volute and exit cone combination (states 3�5) was the highest

at low flow, the lowest at the design flow and moderate at high flow. The trend corresponds

well with the measured one, although the level of the loss was slightly under-predicted. The

static pressure rises in the volute and exit cone combination at all flow rates due to the

diffusion in the exit cone. The static pressure rise was the highest at the design flow and the

lowest at high flow. Again the predicted trend followed well the measured one, but the level

of the pressure rise was slightly over-predicted. The small discrepancies were mainly due to

the too coarse grid in the boundary layer and inaccurate volute inflow condition at low flow.

The modelling of the entire compressor allowed the non-uniformity caused by the volute to be

examined. The circumferential distribution of static pressure at the diffuser inlet, diffuser

outlet and in the volute showed increase at low flow, almost constant distribution at the design

flow and decrease at high flow. No phase shift was seen in the static pressure distributions at
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the diffuser inlet and outlet. The trend corresponded very well with the measured one. At low

flow, however, the two-wave pattern observed in the measurements was not reproduced by the

calculation, most likely because the quasi-steady method cannot account for time-dependent

phenomena that determine the impeller response to the static pressure non-uniformity. At the

design and high flows the level of the static pressure was also correct, but at low flow the

pressure level at the diffuser outlet and in the volute was under-predicted due to the separation

in the diffuser.

The calculated circumferential total pressure distribution at the diffuser inlet followed the

trend of the static pressure distribution. Between the vaneless diffuser inlet and outlet,

however, a phase shift was observed. A peak in the total pressure at the diffuser inlet was seen

as a peak at the diffuser outlet at a bigger circumferential angle. The delay corresponds to the

logarithmic flow paths of the fluid particles in the diffuser.

The isentropic total-to-total efficiency at the impeller outlet was seen to vary along the

circumference only little, because the total temperature distribution followed that of the total

pressure.

The flow structure in the volute channel consisted of a single vortex at all cross sections at all

flow rates. Mainly a forced vortex was present. The observed deviations from the forced

vortex flow were probably due to the high and low swirl velocity wakes that entered the

volute at the different circumferential positions. In the static pressure distribution the effect of

the through flow velocity was strong and the effect of the swirl velocity weak. Thus the lowest

static pressure was close to the inner wall of the volute and only a few co-centric pressure

contours were seen. The total pressure distribution showed a minimum in the middle of the

volute channel. At high flow rate the disturbance of the tongue was seen in the beginning of

the exit cone as a local reverse swirl and total pressure loss.
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7   RADIAL FORCES

The non-uniform pressure distribution in the circumferential direction causes a radial force on

the impeller as described in chapter 2. This radial force can cause blade vibrations or noise

(Fatsis et al. 1997), or excessive bearing loading (Moore and Flathers 1998), and should thus

be minimised. In this research compressor, however, the radial force is very small, as a result

of the low operating pressure typical for a vacuum compressor. Anyhow, the existence of even

a small radial force is an indication of non-uniformity of the flow, which in turn has a negative

effect on the aerodynamic performance of the compressor. The aim of the radial force

measurement in this case was to investigate the aerodynamic behaviour of the compressor

through the force measurement.

7.1   Force measurement using magnetic bearings

7.1.1   Magnetic bearings as force measuring devices

The compressor is equipped with active magnetic bearings, which are controlled by an

analogue control unit. The radial bearings are located at both ends of the electric motor. Each

bearing consists of two pairs of pulling actuators. The bearing close to the compressor wheel

is denoted with "d" and the one in the bottom end of the shaft with "n". The axial bearing is

divided in two pulling magnetic actuators, which are located close to the radial ones. A sketch

of the rotor is presented in figure 76.

radial bearing n

axial bearingcooling fan

radial bearing d
compressor
 impellerelectric motor

Figure 76.   The rotor of the compressor and the locations of the bearings.

The force of the magnetic bearing depends almost linearly on the control current of the

actuator pair, provided that the location of the shaft and the actuator (air gap) is unchanged.

Thus the force F can be calculated from the following simple equation.
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� �0IIfF �� (54)

Where I is the control current of the actuator and I0 is the control current of the actuator at

zero load. The function f is found by calibration. The currents of the bearings were measured

and recorded by the control unit, which was connected to a personal computer via RS-232

serial cable in order to process and save the bearing data. Only time averaged values of the

current could be saved with the analogue version of the control unit, thus the force

information was updated every 2 - 3 seconds. This was accepted to be satisfactory, since the

bearing currents or voltages are difficult to measure by any external device due to

considerable electro-magnetic disturbances caused by the inverter, electric motor and the

magnetic bearings themselves.

7.1.2   Calibration of the magnetic bearings

The co-ordinate axes of the radial bearings are shown in figure 77 on the left. The view is

from above the volute. It is seen that the axes of the bearings are rotated 45� clockwise in

comparison to the axes commonly used in volute analyses.

0�360�

270� 90�

180� X

Y wire

Weights
attached
to the rod

Figure 77.   Direction of the co-ordinate axes in the magnetic bearing force measurement (left). The pulley
mechanism used for the calibration of the magnetic bearings (right). Photo: Petri Sallinen / LUT

For the calibration the volute was removed and a wire was attached to the end of the shaft at

the top of the impeller. Force was applied to the shaft by using a pulley mechanism and

calibrated weights as shown in figure 77 on the right. The exact direction of the bearing co-

ordinate axes was found by monitoring the bearing currents under a varying load while
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moving the pulley. The direction of the X-axis was established, when the Y-current stayed

constant regardless of the pull on the wire. This direction was marked on the compressor. The

direction of the Y-axis was found in a similar way.

After the pulling directions were established, the calibration was carried out. In the beginning,

the pulley mechanism was fitted to the direction of the positive X-axis. The zero load currents

were recorded at first. Then weights were added one by one and the increasing currents were

recorded each time until the maximum weight was reached. Then the weights were removed

one by one and the decreasing current was recorded. When the load was wholly removed, the

zero load currents were recorded again. At this point the pulley was quickly changed to the

opposite direction and good care was taken as not to apply any force to the shaft during this

operation. Then a similar pulling procedure was conducted to the negative direction of the X-

axis. In this manner the hysteresis of the bearings could also be found out. Finally the same

procedure was repeated for the Y-axis.

The free-body diagram of the shaft during the calibration is shown in figure 78. The force of

the pull Fp on the bearings can be solved from simple equilibrium equations. The equilibrium

of the forces is

0��� pdn FFF (55)

The equilibrium of the moments is

� � 0������ ppd FbaFa (56)

Solving for the bearing forces Fd and Fn gives
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a       bp

Fn    Fd        Fp

Figure 78.   Free-body diagram of the rotor during the calibration pull.
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The measured force of the d-bearing Fd versus the current difference I - I0 is shown in figure

79. The zero load current I0 was slightly different before and after the pull due to the

hysteresis. For this reason the average value was used. In order to calculate the bearing force

from the current measurement, a third degree polynomial function was fitted to the calibration

results by the method of least squares. The calibration curves for the lower bearing n were

found to be quite similar to those of the upper bearing d.
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Figure 79.   Calibration curves for the magnetic bearing d.

The slight difference in the increasing and decreasing currents is a sign of the hysteresis,

which is the main source of inaccuracy in the bearing force measurement. Other possible

sources of error include the warming of the electronics, which may cause drifting of the

calibration, and thermal expansion of the bearings, their support and shaft, which causes small

displacement of the parts in comparison to their locations during the calibration. For these

reasons the error in the radial force measurement is � (10 N + 5% of the measured value)

according to the calibration experiences. When calculating the force on the compressor

impeller, additional forces arising from the electric motor must be considered, too. This adds

the uncertainty of the measurement as described in the next chapter.

7.1.3   Magnetic bearing force measurement

The compressor was let to run for about a half an hour to warm up before the bearing force

measurement. Then the correct speed and volume flow were adjusted and the operation point
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was allowed to stabilise. The measurement was begun at high volume flow close to the

choking limit. At first the bearing current recording was turned on. Then the static pressures in

the volute and in the diffuser were scanned. When all of the pressures were measured, the

recording of the bearing currents was turned off. Then the compressor was throttled from the

inlet and the same procedure was repeated for a smaller volume flow. In this way over 50

current measurements in each operating point could be made and the average bearing currents

could be calculated, which increased accuracy. The measurement was carried out for all

different volute geometries at two different speeds, the design rpm and 0.8 times the design

rpm.

The radial force of the bearings can now be calculated using the calibration functions. The

force on the impeller is computed on the basis of the rotor structure shown in figure 76. It is

assumed that the force of the cooling fan is negligible since the fan is small and it exhausts in

two opposite directions. The electric motor, however, may cause a force in radial direction and

must therefore be considered. The free-body diagram of the rotor is shown in figure 80, in

which Fm is the force of the motor and Fi is the radial force of the impeller. The force Fm is

assumed to be in the centre of the motor.

a bi

c

    Fn   Fm        Fd Fi

Figure 80.   The free-body diagram of the rotor during the force measurement.

The equilibrium of the forces is

0���� idmn FFFF (58)

The equilibrium of the moments is

� � 0�������� iidm FbaFaFc (59)

Solving for the unknown forces we get
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In a simplified approach the force of the motor is assumed to be negligible. In this case the

force on the impeller Fi can be calculated using the d-bearing measurement only with equation

(61).

� � d
i

i F
ba
aF �

�

�
� (61)

The force on the impeller in both X- and Y-direction is calculated using the above described

methods. The direction of the force is then determined. The force vector is expressed as a

complex number FiX + FiY i, see figure 81.

�

FiX + FiY i

 y

 x

Y

�

 X

�

Figure 81.   Force vector, co-ordinate axes and angles used in the radial force analyses.

The argument of the complex number FiX + FiY i gives the direction � in the magnetic bearing

X,Y co-ordinates.
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iFFΦ 1tan)arg( (62)

The absolute value of the complex number gives the length of the vector i.e. the magnitude of

the force.

22
iYiXiYiXi FFiFFF ���� (63)

The direction of the force � in the volute co-ordinates x,y is found by subtraction

��� 45Φ�  (64)

Finally the components of the impeller force in the volute x,y co-ordinates can be calculated
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The direction of the force of the motor is determined in a similar manner. The results of the

radial force analyses are presented using the angle of the force � , � � [0, 360], which is

counted in the direction of the rotation starting from the exit cone origin, see figure 81.

7.1.4   Results of the magnetic bearing measurements

The results of the bearing force measurements with the different volutes at the design speed

and at 0.8 speed are shown in figures 82 and 83. The impeller force in figure 82 is calculated

according to the simplified method, equation (61), in which the force of the electric motor is

not taken into account. Figure 83 shows the force of the motor and the impeller force

calculated using equation (60), in which the force of the motor is accounted for. It is seen that

the force of the motor is considerably big in comparison to the impeller force. According to

the investigations by the motor manufacturer, the magnitude and direction of the radial force

of the motor should stay rather constant at a given speed regardless of the volume flow. Figure

83 shows that the magnitude of the motor force is fairly constant increasing only slightly

towards high flow, but the direction of the motor force varies somewhat. Most likely the

assumptions in equation (60) are so rough that the motor force calculated according to it

includes also a small amount of impeller force. However, the measured impeller force behaves

quite similarly regardless of the calculation method, so the motor force does not ruin the

impeller force measurement. Close to the design flow, however, the impeller force is so small

that reliable bearing force measurement is almost impossible due to the motor force and other

inaccuracies.

The radial force of the impeller is seen to be the greatest at the choke limit, the smallest close

to the design flow and moderate at low flow. At the 0.8 speed the minimum of the force is at

slightly smaller flow than at the design speed, as suggested already by the pressure

measurements. An interesting observation is that the force increase at low flow is quite mild,

whereas the increase at high flow is very rapid. The conclusion is that in the test compressor

the pressure non-uniformity and negative effects related to it are strong especially at high

flow. This was observed also in the static pressure distribution of the volute.
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The direction of the force can be seen from the polar plots in figures 82 and 83. It behaves in a

logical way, when compared to the static pressure measurements of the volute. The direction

of the force is about 360� at choke. The force vector then turns counter-clockwise, i.e.

opposite to the direction of the rotation of the impeller, as the flow is decreased, and points

approximately to 90� at stall. Moore and Flathers (1998) report a similar trend, but the

directions in their experiment are turned about 120� more to the direction of rotation.
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Figure 82.   Comparison of the measured radial force with the different volutes using the simplified method,
equation (61), in which the force of the motor is neglected.



130

 Design speed 0.8 speed

 20 N

 40 N

 60 N

 80 N

 100 N360�

180�

270� 90�

Motor
force

Impeller
force

Choke

Stall

         

 20 N

 40 N

 60 N

 80 N

 100 N
360�

180�

270� 90�

Motor
force

Impeller
force

Choke

Stall

0.4 0.6 0.8 1.0 1.2
0

20

40

60

80

100
Fi  [N]

q
v
 / q

v des

Original
Circular
Modified circ.

Motor
force

Impeller
force

  
0.4 0.6 0.8 1.0 1.2

0

20

40

60

80

100
Fi  [N]

q
v
 / q

v des

Original
Circular
Modified circ.

Motor
force

Impeller
force

Figure 83.   Comparison of the measured radial force with the different volutes calculated using equation (60),
which takes the force of the motor into account. The force of the electric motor is shown as well.

Some, although small, differences are seen between the impeller forces measured with the

different volutes. At high flow the original volute seems to cause the strongest radial force and

the modified circular the weakest. This indicates that the modified circular volute causes the

least non-uniformity at choke. At low flow at the design speed the modified circular volute

causes the strongest force. Overall it looks as if the behaviour of the modified circular volute

as a function of the volume flow was the most symmetric.

At the 0.8 speed the direction of the radial force with the original volute points more into the

direction of the rotation. No exact reason can be given for this phenomenon.
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7.2   Impeller force from the pressure measurements

An estimate for the radial force on the impeller can also be calculated on the basis of the

diffuser static pressure measurements. Since the static pressure distribution at the inlet of the

diffuser i.e. at the exit of the impeller is known, the force caused by the pressure non-

uniformity can be calculated. This method has been applied to centrifugal pumps for example

by Wesche (1987) and Iversen et al. (1960). According to Fatsis et al. (1997) the radial force

of a centrifugal compressor can quite accurately be determined from the static pressure

distribution at the impeller exit, if the impeller blades have high backsweep. If the impeller

has got radially ending blades, the pressure measurement alone is not adequate, since the

radial momentum contributes to the radial force to a great extent. In the present test

compressor the impeller blades have 30� backsweep, whereas Fatsis used an impeller with 40�

backsweep. Thus the radial force can be determined from the pressure distribution, if not

correctly, at least with a reasonable accuracy.

The circumference around the impeller is divided into eight equally large sectors. The static

pressure in each sector n is assumed to have a constant measured value pn. The components of

the pressure force in the volute x,y co-ordinates in each sector are
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and the total force acting on the impeller is
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Figure 84 shows the radial forces calculated from the measured static pressure distribution

with the different volutes at the design speed and at 0.8 speed. Only small differences are

observed between the volutes. The differences are, however, quite similar to those seen from

the bearing measurements. At choke the modified circular volute causes the smallest radial

force and at stall at the design speed the modified circular volute causes the strongest force. At

both speeds the direction of the force points more into the direction of the rotation with the

original volute than with the other volutes.
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Figure 84.   Radial force according to the pressure measurement with the different volutes.

7.3   Analysis of the force measurement and comparison of different methods

In order to compare the force measurements with each other and especially with the results

gained by other researchers, the effect of the compressor outlet pressure and impeller

dimensions is reduced out using the non-dimensional radial force coefficient Kr

22bdp
FK

outt

r
r � (68)

which is derived from equation (21).
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Figure 85 shows the Kr for the modified circular volute calculated from the bearing and

pressure measurements at two different speeds. For the determination of the force from the

bearing measurements, equation (60), which takes the motor force into account, is used.

Reasonable agreement is seen between the methods. Especially at 0.8 speed the agreement is

good. The minimum of the force is located at slightly lower flow when it is calculated from

the pressure measurements. Also the variation of the radial force as a function of the volume

flow is more gradual when the pressure measurements are used. At both low and high flows

the pressure measurements yield to a weaker radial force than the bearing measurements.

Perhaps the most distinct difference is seen in the direction of the forces, see figures 83 and

84. The force vector points considerably more into the direction of the rotation when it is

determined from the bearing measurements. The differences can be explained by two reasons:

Firstly, the bearing measurement includes numerous inaccuracies. Especially close to the

minimum the force is so small that accuracy is questionable. Secondly, the impeller outlet

static pressure measurement alone cannot account for all of the factors contributing to the

radial force.
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Figure 85.   Radial force coefficient with the modified circular volute calculated from the bearing and pressure
measurements.

Moore and Flathers (1998) report a somewhat different behaviour of the radial force as a

function of the volume flow, see figure 86. One can compare the trend, but not so much the

absolute values in figures 86 and 88, since the compressor size and outlet pressure was far

greater than in the present measurements and English units were used to determine the
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dimensionless coefficients by Moore and Flathers (1998). In their measurements the radial

force of the compressor was strongest at stall and increased only little from the minimum at

choke. That kind of behaviour can only partially be explained by the fact that they were

investigating an overpressure compressor, in which the outlet pressure increases as the flow

decreases. The higher outlet pressure causes a stronger force even if the non-uniformity was

the same, see equation (21). However, the non-dimensional radial force coefficient Kr reported

by Moore and Flathers (1998) reduces out the effect of the varying outlet pressure and shows

also high force at stall and relatively weak force at choke. Perhaps the compressor was not run

all the way into the choke by Moore and Flathers, or then the differences in the compressor

construction (inlet volute, inlet guide vanes and shrouded mixed flow impeller) explain the

different behaviour.

       

Figure 86.   Radial force (left) and radial force coefficient Kr (right) reported by Moore and Flathers (1998).

The effect of the rotational speed on the radial force has been addressed by Moore and

Flathers (1998). In order to reduce out the effect of the speed on the flow, the results are

plotted against the flow coefficient � as suggested by Moore and Flathers.

Nd
qv

3
2

1
�� (69)

where qv1 is the inlet volume flow, d2 in the impeller outlet diameter and N the rotational

speed. Figure 87 shows the results of the present force measurements with the modified

circular volute against the flow coefficient at the design and 0.8 speeds. The results of Moore

and Flathers are shown in figure 88 for comparison. The present measurements, see figure 87,

show that the speed indeed affects the force. At low speed the minimum of the force is located

at a smaller flow coefficient. At low speed also the force versus flow coefficient varies more

gradually than at the design speed. However, the maximum force at choke is stronger at low
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speed. This is due to the fact that at low speed the maximum attainable flow coefficient is

greater than at the design speed. At a given flow coefficient the force is stronger at the design

speed apart from the area close to the minimum force. The results of Moore an Flathers show

a partially similar trend. In their experiments the lower speed results always in a smaller force.

The variation in the slope of the force vs. flow coefficient was not observed by Moore and

Flathers.
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Figure 87.   Radial force coefficient as a function of the flow coefficient with the modified circular volute
calculated from the bearing and pressure measurements.

Figure 88.   Radial force coefficient Kr against the flow coefficient at two different speeds reported by Moore
and Flathers (1998).
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7.4   Conclusions from the radial force measurements

The radial force acting on the impeller was measured using magnetic bearings. In addition, the

radial force was estimated using the static pressure distribution measured at the impeller

outlet.

The impeller force according to the bearing measurements was the highest at choke, the

lowest at the design flow and moderate at stall. However, the exact location of the minimum

force was difficult to establish, since the force around the design flow was below the

measurement uncertainty. At low flow the force increase was quite mild, whereas the increase

at high flow was rapid. Thus, the pressure non-uniformity and force related to it was strong

especially at high flow. The force caused by the modified circular volute was weaker at choke

and more symmetric as a function of the volume flow than the force caused by the other

volutes.

The radial force determined from the pressure measurements was only slightly different from

the force obtained from the bearing measurements. The magnitude of the force was a little

smaller, the minimum of the force was at slightly lower flow rate and the variation of the force

as a function of the flow rate was more gradual, when the force was calculated from the

pressure distribution. The biggest difference was in the direction of the force. The force vector

pointed more against the direction of the rotation when it was determined from the pressure

measurements. The trend observed and conclusions made from the bearing force

measurements apply also for the pressure force measurements.

The rotational speed was seen to affect the force somewhat. At 0.8 speed the minimum of the

force was at a smaller flow rate and also at a smaller flow coefficient than at the design speed.

Also the variation of the force as a function of the flow rate and flow coefficient was more

gradual at lower speed.
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8   CONCLUSION

A radial compressor with three different volutes was analysed experimentally. The

compressor was first equipped with the original volute, the cross-section of which was a

combination of a rectangle and semi-circle. Next a new volute with a fully circular cross-

section was installed. Finally, the circular volute was modified by rounding the tongue and

smoothing the tongue area. In addition, the entire compressor with the circular volute was

analysed numerically. The detailed conclusions from the experimental and numerical as well

as from the radial force analyses are presented in chapters 4.7, 6.5 and 7.4. and thus only a

brief overall conclusion is presented here.

Only small differences in the performance of the compressor with the different volutes were

observed. According to the overall efficiency measurements the compressor performed

equally with each volute at the design point. The biggest differences were observed at low

speeds and high flow rates, i.e. when the flow enters the volute most radially. In this operating

regime the efficiency of the compressor with the modified circular volute was about two

percentage points higher than with the other volutes.

The total pressure loss and static pressure recovery coefficients were used to judge the

performance of the volutes and the exit cones. The measured total pressure loss in each volute

and exit cone was seen to be the highest at low flow, the lowest at the design flow and

moderate at high flow. A similar trend was observed also in the numerical analysis of the

compressor with the circular volute. When comparing the measured pressure loss of the

different volutes and exit cones with each other, the modified circular volute was seen to

perform best at high and design flows, while the original volute had the smallest loss at low

flow.

At off-design conditions each volute produced a non-uniform static pressure distribution,

which was observed also at the impeller exit. The distortion was moderate at stall, the smallest

close to the design flow and the strongest at choke. Even at the design flow the beginning of

the exit cone, which was connected to the diffuser through the tongue gap, caused some

pressure distortion. A trend similar to that of the pressure distortion was observed in the

measured radial force with each volute. The force caused by the modified circular volute was
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weaker at choke and more symmetric as a function of the volume flow than the force caused

by the other volutes.

By rough generalisation the three volutes can be put in the following order with the first

having the best performance:

1.  modified circular volute

2.  original volute

3.  circular volute.

The results show that the fully circular cross-section is beneficial when the radial velocity at

the volute inlet is high, i.e. when the swirl in the volute is strong. However, the through flow

velocity was higher than the swirl velocity at all the operating points that were chosen for the

detailed measurements. Thus the optimal design of the volute and exit cone in relation to the

through flow velocity was a more important factor for the performance than the optimal cross-

sectional shape of the volute. In particular, the rounding and smoothening of the tongue

improved the performance of the circular volute at off-design conditions.
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APPENDIX   A Calibration documents for the Cobra-probe       1
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APPENDIX   A Calibration documents for the Cobra-probe       2
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APPENDIX   B Guidelines for the interpretation of the tuft movements       1

Yadav and Yahya (1980) present the following guidelines for the interpretation of the surface

flow visualisation tufts.

[1] refers to Moore and Kline (1958)
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APPENDIX   C Grid size in the different blocks       1

Table C.1.   The number of computational cells in each block on the grid levels 1, 2 and 3.

Block I J K total I J K total I J K total
1 32 32 80 81 920 16 16 40 10 240 8 8 20 1 280
2 32 32 80 81 920 16 16 40 10 240 8 8 20 1 280
3 32 32 80 81 920 16 16 40 10 240 8 8 20 1 280
4 32 32 80 81 920 16 16 40 10 240 8 8 20 1 280
5 32 32 80 81 920 16 16 40 10 240 8 8 20 1 280
6 32 32 80 81 920 16 16 40 10 240 8 8 20 1 280
7 32 32 80 81 920 16 16 40 10 240 8 8 20 1 280
8 24 32 448 344 064 12 16 224 43 008 6 8 112 5 376
9 16 16 448 114 688 8 8 224 14 336 4 4 112 1 792

10 24 32 448 344 064 12 16 224 43 008 6 8 112 5 376
11 8 16 448 57 344 4 8 224 7 168 2 4 112 896
12 32 16 448 229 376 16 8 224 28 672 8 4 112 3 584
13 32 16 448 229 376 16 8 224 28 672 8 4 112 3 584
14 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
15 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
16 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
17 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
18 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
19 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
20 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
21 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
22 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
23 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
24 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
25 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
26 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
27 32 32 64 65 536 16 16 32 8 192 8 8 16 1 024
28 560 32 40 716 800 280 16 20 89 600 140 8 10 11 200
29 560 32 40 716 800 280 16 20 89 600 140 8 10 11 200
30 32 32 496 507 904 16 16 248 63 488 8 8 124 7 936
31 32 32 96 98 304 16 16 48 12 288 8 8 24 1 536
32 32 32 32 32 768 16 16 16 4 096 8 8 8 512
33 128 16 32 65 536 64 8 16 8 192 32 4 8 1 024

total 4 947 968 total 618 496 total 77 312

Level 1 Level 2 Level 3
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